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PERFORMANCE CHARACTERISTICS
OF ROAD VEHICLES

Performance characteristics ol road vehicle refer (0 its capability to accel-
enate, decelerate, and ¢ grades in a straight-ine motion. The tractive
(or braking) cfiort devcloped by the fires and the resisting forces acting on
the vehicle determine the performance potential of the vehicle, and will be
discussed in detail in this chapter. Procedures for predicting and evaluating
the performance characteristics of road vehicles wil also be presented.

3.1 EQUATION OF MOTION AND MAXIMUM TRACTIVE EFFORT

“The major extermal orces acing on a (wo-axle vehicle are shown in Fig. 3.1
In the fongitudinal dircction, they include the aerodynamic resisance Ry, roll-
ing resistance of the front and sear tres K,, and K., drawbar load Ry, grade
fesistance R, (W sin 0,). and tractive effort of the front and rear tires F, and
- For a ese-wheel-dive vehicl, F, = 0, whereas for  front-wheel veficl,
o

The equation of motion along the longitudinal axis < of the vehicle is

expressed by

- R @an

where d%/dt or a is the lincar aceeleration of the vehicle along the longi-
I exis, g is acceleration dus 1o graviy. and m and W are vehicle mass
and weight, respectively.
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Fig. 3.1 Forces acting on a two-axle wheel

By introducing the concept of inertia force, the above equation may be
rewritten as

F,+r,—(Rﬂ4k,,+x,,+nd+k,+%> 0
or
F:R,,+R,+R‘,&R‘+% (32

where F is the total tractive cffort and R, is the total rolling resistance of the
vehicle.

To evaluate the performance potential, the maximum tractive effort that the
vehicle can develop has o be determined. There are two limiting factors to
the maximum tractive cffort of a road vehicle: one is determined by the
coefficient of road adhesion and the normal load on the drive axle or axles;
the other is determined by the characteristics of the power plant and the
transmission. The smaller of these two determines the performance potential
of the vehicle.

To predict the maximum tractive effort that the tire-ground contact can
support, the normal loads on the axles have to be determined. They can be
computed readily by summation of the moments about points A and B shown
in Fig. 3.1, By summing moments about A, the normal load on the front axle
W, can be determined:
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Wi, cos o - R,h, ~ haWig  R,h, & Whsin o
PR A : BT (3.3)

where [, is the distance between the rear axle and the center of gravity of the
vehicle, A, is the height ot the point of application of the acrodynamic resis-
tance, h is the height of the center of gravity, &, is the height of the drawbar
hitch, L is the wheelbase, and 6, is the slope angle. When the vehicle is
climbing up a hill, the negative sign is used for the term Wi sin 4,

Similarly, the normal load on the rear axle can be determined by summing
moments about B:

Wi cos 0+ Kb, v haW/g v Rh, = Wh sin 0,
W, = e T 3.4)

where [, is the distance between the front axle and the center of gravity of
the vehicle. In the above expression, the positive sign is used for the term
Wh sin 6, when the vehicle is climbing up a hill.

For small angles of slope, cos 6, is approximately equal to 1. For passenger
cars, the height of the point of application of the aerodynamic resistance h,
and that of the drawbar hitch 4, may be assumed to be near the height of the
center of gravity si. With these simplifications and assumptions, Eqs. 3.3 and
3.4 may be rewrilten as

A w .
W, =2W - h (R + LR, = Wsin 6, (3.5)
L L g ‘ .
and
w, - ;‘ W ;’ (R” YR, Wi u‘) (3.6)
P P L

Substituting Eq. 3.2 into the above equations, one obtains

W, = l; W - h (rF-R) 3.1
L I
and
{ h
T - AN 3.
W, =W+ R) (3.8)

It should be noted that the first term on the right-hand side of each equation
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represents the static load on the axle when the vehicle is at rest on level
ground. The second term on the right-hand side of each equation represents
the dynamic component of the normal load or dynamic load transfer.

The maximum tractive effort that the tire—ground contact can support can
be determined in terms of the coefficient of road adhesion p and vehicle
parameters. For a rear-wheel-drive vehicle,

1, h
= =3 — + — -
qux "LWI “’ [L W L (Flllllx Rr)]
and
uW (, = £,/
T e L 3.
ﬁl\lul l _— ,,Lh/l., ( 9)

where the total rolling resistance R, is expressed as the product of the coef-
ficient of rolling resistance f, and the weight of the vehicle W. For a front-
wheel-drive vehicle,

. l h .
[’mu( = ”’Wj = K I:_Z W - Z (I'mux - Rr)]

and

b BWt fHL 310
ma T |+ whlL (3.10)
It should be noted that in deriving the above equations, the transverse load
transfer due to engine torque for longitudinally mounted engine or the lon-
gitudinal load transfer due to engine torque for a transversely mounted engine
has been neglected, and that both the right- and left-hand side tires are as-
sumed to have identical performance.

For a tractor-semitrailer, the calculation of the maximum tractive effort
that the tire-ground contact can support is more involved than a two-axle
vehicle. The major forces acting on a tractor—semitrailer are shown in Fig.
3.2. For most of the tractor—semitrailers, the tractor rear axle is drivey. To
compute the maximum tractive effort as determined by the nature of tire~
road interaction, it is necessary to calculate the normal load on the tractor
rear axle under operating conditions. This can be calculated by considering
the tractor and the semitrailer as free bodies separately. By taking the semi-
trailer as a free body, the normal load on the semitrailer axle W, and the
vertical and horizontal loads at the hitch point W,, and F,; can be determined.

The normal load on the semitrailer axle, for small angles of slope, is given
by -
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3.0

where Ry, is the acrodynamic resistance acting on the semitailer, f, is the
height of the point of application of R,.. and W, is the weight of the semi-
trailer. Other parameters and dimensions are . 3.2. When the
vehicle is climbing up a hill, the positive sign for the term W,h, sin 6, in Eq.
3.1 should be used.

If by = hy = hy. the expression for W, may be simplified as

3.13)

and the load at the hitch point is given by
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CuW, (3.14)

W= Wy - W,

By taking the tractor as a free body and summing moments about the front
tire—ground contact point, the normal load on the tractor rear axle W, can be
determined:

Wil 4 Rhy, + haW,/g + Wih
g P fehe o

0+ Fuhict Ly = d) W,

(3.15)

ing on the tractor, h,, is the height

and W, is the weight of the tractor. Other parameters

and dimensions are shown in Fig. 3.2. When the vehicle is climbing up a

hill the positive sign for the term Wi, sin 6, in Eq. 3.15 should be used.
I, = hy = hy. the expression for W, may be simplified as

Wiy & Ry +aWilg + Wy sin 0, + F,) by + (L = d) Wy,

W, - Wl R il Wlmvll Dby MW 316

By equating the forces acting on the tractor in the longitudinal direction,
the following expression for the required tractive effort F can be obtained:

FeRr, ’i:’ S Wosino bW, b W) Fa D)
From Egs. 3.16 and 3.17, the maximu tractve effort that the tie-ground
contact can support with the tractor rear axle driven can be expressed by
LW, = 1S, W, 4 W) + (L, = d)W, L,
= uh, /L,

Foue = uW,

Substiution of Eq. 3.14 into the above equation yields

_ LW - I W+ GWY) 4 Ly = d)CWL L,

Fom T= uhyJL,

.18

‘The maximum tractive effort as determined by the nature of the tire-road
nteraction imposes a fundamental limit on the vehicle performance charac-
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teristics, including maximum specd.
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eleration, gradability, and drawbar

3.2 AERODYNAMIC FORCES AND MOMENTS

With growing emphasis on fucl cconomy and on the reduction of undesirable
exhaust emissions. it has become increasingly important to optimize vehicle
power requirements. To achieve thi essary 1o reduce the aerodynami
resistance. rolling resistance. and inertia resistance, which s proportio
vehicle weight. For a typical passer wiving at o specd higher th
approximately 80 km/h (50 raphy. the power required to overcome the
odynamic resistance is greater than that required 1o overcome the rolling
resistance of the ires and the resistance in the transmission, as shown in Fig.
11. Because of ilicant effects of acrodynamic resistance on
power requirements at moderate and higher speeds, continual effort
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33 Power requirements of 4 fullxize passenger car as  function of speed.
(Reproduced with permission of the Socicty ol Automotive
3
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The aerodynamic resistance is generated by two sources: one is_the air
flow over the exterior of the vehicle body, and the other is the flow through
the engine radiator system and the interior of the vehicle for purposes of
cooling, heating. and ventilating. Of the two, the former is the dominant one,
which accounts for more than 90% of the total aerodynamic resistance of a
passenger car.

The external air flow generates normal pressure and shear stress on the
vehicle body. According to the aerodynamic nature, the external aerodynamic
resistance comprises two components, commonly known as the pressure drag
and skin friction. The pressure drag arises from the component of the normal
pressure on the vehicle body acting against the motion of the vehicle, while
the skin friction is due to the shear stress in the boundary layer adjacent to
the external surface of the vehicle body. Of the two components, the pressure
drag is by far the larger, and constitutes more than 90% of the total external
acrodynamic resistance of a passenger car with normal surface finish. The
skin friction may become more significant, however, for a long vehicle, such
as a bus or a tractor-trailer train. It should be noted that the momentum losses
of the air in the wake of the vehicle and the energy imparted to the air by
the vortices generated by the vehicle are not additional, but are an alternative
measure of the pressure drag and skin friction §3.2].

In practice. the aerodynamic resistance is usually expressed in the follow-
ing form:

R, =5 CLA,V? (3.19)

where p is the mass density of the air, C), is the coefficient of acrodynamic
resistance that represents the combined effects of all of the factors described
above, A; is a characteristic area of the vehicle, usually taken as the frontal
area, which is the projecied area of the vehicle in the direction of travel, and
V, is the speed of the vehicle relative to the wind. It is interesting to note that
aerodynamic resistance is proportional to the square of speed. Thus, the horse-
power required to overcome acrodynamic resistance increases with the cube
of speed. When the speed of a vehicle is doubled, the power required for
overcoming aerodynamic resistance increases eightfold.

It should be mentioned that atmospheric conditions affect air density p,
and hence aerodynamic resistance. For instance, an increase in ambient tem-
perature from 0° to 38°C (32° to 100°F) will cause a 14% reduction in acro-
dynamic resistance, and an increase in altitude of 1219 m (4000 ft) will lead
to a decrease in aerodynamic resistance by 17%. In view of the significant
effects of ambient conditions on the aerodynamic resistance, it is necessary
to establish a standard set of conditions to which all aerodynamic test data
may be referred. The commonly used standard conditions are: temperature
519° Rankine (15°C or 59°F) and barometric pressure 101.32 kPa (14.7 psi,
76 cm or 29.92 in. Hg). In performance calculations, the mass density of the
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air p may be laken as 1225 kg/m' (0.002378 slug/ft', and its equivalent
weight density 0.07651 Ih/11}).

The frontal area A, of the vehicle may be determined from a photograph
taken from the front if accurate drawings of the vehicle are not available, For
passenger cars, the frontal area varies in the range of 79-84% of the area
calculated from the overalt vehicle width and height. Based on data collected,
for passenger cars with mass in the range of 800-2000 kg (or 1760-4400 1b
in weight), the relationship between the frontal area and the vehicle mass may
be approximately cxpressed by

A, = 1.6 + 0.00056 (m, ~ 765) (3.20)

where A, is the rontal arca in m’ and o, is the mass of the vehicle in kg.

The coefficient of acrodynamic resistance C;, may be obtained by wind
tunnel testing of scale models or full-size vehicles. A number of wind tunnels
capable of testing full-size passenger cars are used in industry and research
centers [3.3]. While full-scale testing avoids the scaling problems with mod-
els, it requires large wind wnnels and is expensive. Consequently, scale model
testing, which is comparatively inexpensive and mose cogvenient for shape
maoditications, ts widely used in the development of new products. In the
United States, for passenger cars 3/8 scale is widely used, while in Europe
1/4 scale is the most common, though 1/5 scale is also used in small wind
tunnels. For commercial vehicles, a scale of 1/2.5 is recommended [3.3].

In wind tunnel 1esting, whether scale models or full-size vehicles are used,
two hasic problems require special attention: flow field similarity and the
modeling of the ground plane,

Flow field similarity refers to the similarity between the {flow pattern in the
wind tunnel and that under actuat driving conditions on the road. To ensure
flow field similarity in wind tunael testing of scale models, a basic require-
ment is that the Reynolds Number (RN) for the scale model be equal to that
for the full-size vehicle. The Reynolds Number is the ratio of the product of
airstream speed and the characteristic length of thg vehicle to the kinematic
viscosity of the air. To satisfy this requirement, a 3/8 scale model should,
therefore, be tested in the wind tunnel at an airstream speed of 8/3 of that

,of the full-size vehicle, In addition, the blockage ratio, which is the ratio of
the frontal area of the model (or the full-size test vehicle) to the cross-
sectional area of the wind tunnel test section, should be as small as possible,
preferably not exceeding 5% [3.31.

The proper modeling of the ground plane in wind tunnel testing is another
issue requiring careful consideration. When a vehicle is driven on the road at
zero wind speed, the air is at rest relative to the road. In a conventional wind
tunnel, the air flows with respect to the tunnel floor and a boundary layer
builds up. This may signiticantly affect the flow pattern under the scale model
(or fuil-size test vehicle). To allgviate this problem, a moving ground plane
has been used.




[image: image10.png]212 PERFORMANGE CHARACTERISTICS OF ROAD VEHICLES

The deceleration method of road testing, commonly referred to as the
coastdown test, may also be used to determine the aerodynamic resistance
[3.4, 3.5, 3.6]. Using this method, the vehicle is first run up to a certain speed,
preferably its top speed, then the driveline is disconnected from the engine
and the vehicle decelerates. The variations of vehicle speed and/or distance
traveled with time are continuously recorded. The deceleration of the vehicle
due to the combined effects of the rolling resistance of the tires, drivcline
resistance and aerodynamic resistance can then be derived from the coastdown’
test data, such as speed—time or speed—distance relations. From the derived
deceleration, and taking into account the effects of the rotating inertias of all
rotating components in the driveline, including the tires, the total resisting
force can be deduced. With the effects of the rolling resistance of the tires
and driveline resistance separated from the total resisting force, the aerody-
namic resistance can be determined.

One of the methods that can be used to determine the rolling resistance of
the tires and driveline resistance is to carry out an additional road test, in
which the test vehicle is completely enclosed within a so-called shrouding
trailer [3.7]. The trailer shrouds the entire test vehicle from any aerodynamic
force. However, the- tires of the test vehicle maintain full contact with the
road and support the entire load of the vehicle. A load cell is placed at the
hitch connecting the trailer and the test vehicle to measure the towing force
applied to it. During the test, a vehicle is used to tow the trailer together with
the test vehicle shrouded by it. The towing force measured by the load cell
is then the sum of the rolling resistance of the tires and driveline resistance
of the test vehicle, as it is shrouded by the trailer and no aerodynamic force
applies to it. Alternatively, a procedure recommended by the Society of Au-
tomotive Engineers (SAE Recommended Practice 11263) may be followed to
deduce the aerodynamic resistance and the combined tire rolling resistance
and driveline resistance from the coastdown test data.

1t has been shown that the coastdown method can yield sufficiently accurate
results on the aerodynamic resistance of road vehicles if care is taken to
determine the rolling resistance of the tires and driveline resistance. In com-
parison with wind tunnel testing, this method does not require expensive
facilities. However, it requires a straight and level road (usually not exceeding
0.5% grade) and is subject to the influence of ambient conditions.

The coefficient of aerodynamic resistance C), is a function of a number of
vehicle design and operational factors. The shape of the vehicle body, in-
cluding the forebody. afterbody, underbody, wheel-wells, drip-rails, window
recesses, external mirrors, and mud-flaps, has a significant effect on the co-
efficient of aerodynamic resistance. The values of the coefficient of aerody-
namic resistance for passenger cars with various shapes are shown in Fig. 3.4
{3.8]. and those for a select group of automobiles are listed in Table 3.1 13.9}.
The influence of shape variations on the aerodynamic resistance coefficient
of a passenger car is shown in Fig. 3.5 [3.10]. The effects of the shape of the
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Fig. 3.4 Aerodynamic resistance cocfticient for passenger cars. (a) Citroen DS 19.
(h) Oldsmobile Toronado. (¢) Mercedes-Benz 300 SE. (d) Ford Falcon Futura. (e) VW
1200. (f) Ford Mustang. (Reproduced with permission of the Society of Automotive
Engineers from reference 3.8.) ‘

forebody and afterbody of a passenger car on the aerodynamic resistance
coefficient are shown in Figs. 3.6 and 3.7, respectively [3.9, 3.10}. To improve
the aerodynamic performance of vehicles, add-on devices are often used. Fig-
ures 3.8 and 3.9 show the etfects of front and rear spoilers on the acrodynamic
resistance coefficient, respectively {3.10].

In addition to the shape of the vehicle body, the attitude of the vehicle
defined by the angle of attack (i.c., the angle between the longitudinal axis
of the vehicle and the horizontal), ground clearance, loading conditions, and
uther ++ mational factors, such as radiator open or blanked, and window open
oF o ., also affect the acrodynamic resistance coefficient. Figure 3.10
shows the effect of the angle of attack on the value of C,, for three types of
passenger car, while Fig. 3.11 shows the effect of ground clearance on the
value of C,, for different types of vehicle {3.10]. The loading conditions and
the distribution of load wmong axles may change the attitude (angle of attack)
and ground clearance of the vehicle, and hence the acrodynamic resistance
coefticient. The influence of loading conditions on the value of €, for a
passenger car is shown in Fig. 3.12 [3.10]. The influence of operational factors
on the aerodynamic resistance coctlicient of a car is shown in Fig. 3,13 13.10].

The various components of acrodynamic resistance of a representative pas-
senger car and their potential for reduction are summarized in Table 3.2 {3.2].
It can be seen that the greatest potential for reduction lies in the optimization
of the body shape. It is estimated that the component of aerodynamic resis-
tance coefficient due to body shape can be reduced from a typical value of
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TABLE 3.1 Values of Aerodynamic Resistance Coefficient and Frontal Area

for Passenger Cars

Acrodynamic Resistance

Frontal Area A,

Vehicle Type Coefficient C,, m i
Mini Cars
Fiat Uno ES 033-034 1.83 19.70
Peugeot 205GL 035-037 174 18.73
Honda Civic 1.2 037-039 1.72 1851
VW Polo Coupe 039-0.40 1.72 1851
Nissan Micra GL 0.40-0.41 178 19.16
Low Medium Size
VW Golf GTI 035-036 191 2056
VW Jetta GT 036-037 191 2056
Ford Escort 1.3 GL. 0.39-041 183 19.70
Mazda 323 1.5 0.41-0.43 178 19.16
Toyota Corolla 1300 DX 0.45-0.46 1.76 18.95
Medium Size
036-037 189 2034
038-039 1.86 2002
BMW 318i (320i) 039-0.40 186 2002
Honda Accord 1.8 EX 0.40-0.42 1.88 2024
Nissan Stanza Notchback 0.41-0.43 1.8 2024
Upper Medium Size
Audi 100 1.8 030-0.31 205 2207
Mercedes 190E (190D) 190 2045
BMW 518i (520i, 525¢) 0.36-0.38 202 2174
Saab 900 GLi 0.40-0.42 1.95 2099
Volvo 740 Gl 0.40-0.42 216 2325
Luxury Cars
Saab 9000 Turbo 16 0.34-0.36 205 22,07
Jaguar XL-S 0.40-0.41 192 20.67
Mercedes 500 SEL 036-0.37 216 2325
Peugeot 604 STI 0.41-0.43 205 22,07
BMW 728i (732i/735i) 0.42-0.44 213 2293
Sports Cars
Porsche 924 031-033 180 1938
Renault Fuego GTX 0.34-0.37 182 19.59
VW Scirocco GTX 0.38-039 174 18.73
Toyota Celica Supra 2.8i 037-0.39 183 19.70
Honda Prelude 0.38-0.40 1.84 1981

Source: Reference 3.9.
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Fig. 3.5 Influence of body shape details on acrodynamic resistance coefficient of a
passenger car. (Reproduced with permission from reference 3.10.)

77

0.28 to a practical minimum of 0.1. The total scope for reduction in aero-

dynamic resistance of a typical modern car is approximately 55%, as indicated
in Table 3.2 [3.2].

The effects of the acrodynamic resistance coefficient on the fuel economy
under steady-state conditions of a passenger car, with mass 1060 kg (2332
Ib), frontal area 1.77 m* (19 ft*), and radial tires, are shown in Fig. 3.14
[3.11]. It can be seen that at a steady speed of 96 km/h (60 mph), a reduction
of the aerodynamic resistance cox nt from 0.5 o 0.3 will improve the
fuel econoniy by approximately 23%. Figure 3.15 shows the effects of the
reduction in aerodynamic resi fficient on fuel saving of a tractor—
semitrailer under different operating conditions [3.12]. It can be seen from
Fig. 3.15 that operating on a level road at constant speeds, the reduction in
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Fig. 3.6 Influence of the shape of the front end on aerodynamic resistance coefficient
of 4 passenger car. (Reproduced with permission from reference 3.9.)

Fig. 3.7 Influence of the shape of the rear end on aerodynamic resistance coefficient
of a passenger car. (Reproduced with permission from reference 3.10.)
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erodynamic resistance coefficient has the most significant effect on fuel sav-
ing of a tractor—semitrailer

In comparison with passenger cars, heavy commer
mitrailers, and truc ilers, usually have much higher val-
ues of aerodynamic resistance coefficient. This is primarily due to their es-
sentially box-shaped body. 16 shows the variations of the
acrodynamic resistance coefficient of a tractor-semitrailer and a truck-trailer
with the yaw angle, which is the angle between the direction of travel of the
vehicle and that of the wind [3.12]. It also shows the contributions of the
tractor (or truck) and semitrailer (or trailer) to the total acrodynamic resistance
coefficient of the combination. It can be seen that for a tractor-semitraile
the aerodynamic resistance of the tractor is not sensitive to yaw angle,

I yehicles, such as
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Fig. 3.9 Influence of rear spoiler design on aerodynamic resistance coefficient and
acrodynamic lift coefficient of a passenger car. (Reproduced with permission from

reference 3.10.)
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301 Influence of ground clearance on aerodynamic resistance coefficient and
acrodynamic lift coefficient of a passenger car. (Reproduced with permission from
reference 3.10.)

that the tractor contributes approximately 60% to the total acrodynamic re-
sistance of the tractor—semitrailer combination at 0° yaw angle. For the truck-
trailer combination, the truck contributes approximately 62% to the total
aerodynamic resistance of the combination at 07 yaw angle.

Table 3.3 shows representative values of the aerodynami istance co-
efficient of passenger cars, vans, buses, tractor-semitrailers, and truck—trailers
[3.12].

To improve the acrodynamic performance of heavy commercial vehicles,
add-on devices, such as the air deflector mounted on the roof of the tractor
or truck, have been introduced. Figure 3.17 shows the effects of various types
of air deflector on the acrodynamic resistance coefficient of a tractor—
semitrailer [3.13]. It can be seen that with the best air deflector among those
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investigated (type 6 shown in the figure), the aerodynamic resistance coeffi-
cient can be reduced by 24%, in comparison with that of the baseline vehicle
(type 1). The installation of a gap seal between the tractor and semitrailer
(type 8) does not se a noticeable decrease in the aerodynamic resistance
coefficient. With rounded vertical edges in the front of the semitrailer and
with smooth, flat panels on the semitrailer body (type 9), the aerodynamic
resistance coefficient is reduced by 22%. If this is coupled with the installation
of llu best air dglkuor (l)pc Im, ato ul reduction of N'A in ‘n)d)lmlllil.

Acrodynamic lift acting on a vehicle is caused by the pressure differential
across the vehicle body from the bottom to the top. It may become significant
at moderate speeds. The acrodynamic lift usually causes the reduction of the
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TABLE 3.2 Compeonents of Aerodynamic Resistance Coefficlent and Potentinl
for Reduction

Components «;l' Acrodynamic Typical Minimum
Resistance Coefticient Value* Feasible Value
Forebody 0.055 ~0.015
Afterbody 0.14 0.07
Underbody 0.06 0.02
Skin friction 0.025 0.025
Total body drag 0.28 0.10
Wheel and wheel wells 0.09 0.07
Drip-rails 0.01 0
Window recesses 0.01 0.005
External mirror (one) 0.01 0.005
Total protuberance drag 0.12 0.08
Cooling system 0.035 0.015
Total internal drag 0.035 0.015
Overall total drag 0.435 0.195

Source: Reference 3.2
*Based on cars of 1970 and early 1980's.

normal load on the tire—ground contact. Thus, the performance characteristics

and directional control and stability of the vehicle may be adversely affected.

For racing cars. to improve their cornering and tractive capabilities, externally

mounted aerodynamic surfaces that generate a downward aerodynamic force

are widely used. This increases the normal load on the tire—ground contact.
The aerodynainic lift R, acting on a vehicle is usually expressed by

R =2cav: 321

where C, is the coeflicient of aerodynamic lift usually obtained from wind
tunnel testing. Typical values of C, for passenger cars vary in the range 0.2~
0.5 using the frontal area of the vehicle as the characteristic area. Similar to
the coefticient of aerodynamic resistance, it depends not only on the shape
of the vehicle, but also on a number of operation factors. The effects of the
shape of the afterbody on the rear axle aerodynamic lift coefficient C, , are
shown in Fig. 3.7. Figures 3.8 and 3.9 show the influence of the front and
rear spoilers on the front and rear axle aerodynamic lift coefficients, C,, and
C, , respectively. The effects of the angle of attack, ground clearance, and
loading conditions on the aerodynamic lift coefficient C, are illustrated in
Figs. 3.10, 3.11, and 3.12, respectively.
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Fig. 3.14  Effect of reduction in acrodynamic resistance coefficient on fuel economy
at different speeds for a midsize passenger car. (Reproduced with permission of the
Society of Automotive Enginecrs from reference 3,11.)

The aerodynamic pitching moment may also affect the behavior of a ve-
hicle. This moment is the resultant of the moments of the aerodynamic resis-
tance and aerodynamic lift about the center of gravity of the vehicle. It may
cause significant foad transfer from one axle to the other at moderate and
higher speeds. Thus, it would affect the performance, as well as the directional
control and stability of the vehicle.

The aerodynamic pitching moment M,, is usually expressed by

4

M =
a 2

CyA L V? (3.22)

where Cy, is the coefficient of aerodynamic pitching moment usually obtained
from wind tunnel testing and L, is the characteristic length of the vehicle.
The wheel-base or the overall length of the vehicle may be used as the char-
acteristic length in Eq. 3.22. Most passenger cars have a value of C,, between
0.05 and 0.20, using the wheelbase as the characteristic length and the frontal
area as the characteristic area.
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Fig. 3.15  Effect of reduction in aerodynamic resistance coefficient on fuel saving for
& tractor-semitrailer. (Reproduced with permission from reference 3.12.)

TABLE 3.3 Values of Aerodynamic Resistance
Coefficient for Various Types of Vehicle

Aerodynamic Resistance

Vehicle Type Coefficient C,,
Passenger cars 0.3-0.52
Vans 0.4-0.58
Buses 05-0.8
Tractor-semitrailers 0.64-1.1
Truck-trailers 0.74-1.0

Source: Reference 3.12.
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3.3 VEHICLE POWER PLANT AND
TRANSMISSION CHARACTERISTICS

As mentioned previously, there are two limiting factors to the performance
of a road vehicle: one is the maximum tractive effort that the tire—ground
contact can support, and the other is the tractive effort that the engine torque
with a given transmission can provide. The smaller of these two will deter-
mine the performance potential of the vehicle. In low gears with the engine
throttle fully open, the tractive effort may be limited by the nature of tire—
the tractive effort is usually determined by
the engine and transmission characteristics. To predict the overall performance
of a road vehicle, the engine and transmission characteristics must be taken
into consideration. In this section, the general characteristics of vehicle power
plants and transmissions will be presented.

3.3.1 Power Plant Characteristics

For vehicular applications, the ideal performance characteristics of a power
plant are constant power output over the full speed range. Consequently, the
engine output torque varies with speed hyperbolically, as shown in Fig. 3.19.
This will provide the vehicle with high tractive effort at low speeds where
demands for acceleration, drawbar pull, or grade climbing capability are high.
There are power plants that have power—torqu
the ideal for vehicular applications, such as series
steam engines. Figurc \ ”'0 \||(IW< the |un|l

DL.\plle this shortcoming, it has found the widest application in automotive
vehicles to date because of its relatively high power to weight ratio, good fuel

In addition to th continuous search for improving the efficiency, power-
to-weight ratio, size, and fucl economy of vehicle power plants, considerable
cmph‘lxls has been placed on the control and reduction of undesirable exhaust
emi in recent years. Various technological options, including further
modification of the internal combustion engine, are being investigated. In

TORQUE

POWER

SPEED
Fig. 319 Ideal performance characteri

for vel

icular power plants.
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Fig. 3.20 Torque-speed characteristics of a series-wound electric motor.

general, the two basic approaches to reducing undesirable emissions are to
prevent them from forming, and to remove them from the exhaust once
formed. Improved combustion using direct fuel injection, lean burn combus-
tion systems, and others can reduce undesirable emissions. Pollutants can also
be removed after they have left the combustion chamber by injecting air into
an exhaust manifold reactor for more complete oxidation, or by a catalytic
converter in the exhaust system of the gasoline engine. For the diesel engine,
a device that combines the features of catalyst and tilter technology can con-
siderably reduce the amount of carbon monoxide, hydrocarbons, and partic-
ulates in the exhaust gas [3.14]. Alternative fuel engines using compressed
natural gas can also reduce undesirable emissions.

Alternatives to the internal combustion engine are also being studied. They
include gas turbine engines, Rankine-cycle external combustion engines, non-
condensing external combustion (Stirling-cycle) engines, electric propulsion
systems. and hybrid power systems, such as a combination of the internal
combustion engine and electric propulsion. The gas turbine has several ad-
vantages as a vehicular power plant. It has a favorable power-to-weight ratio,
and can be used with a wide range of fuels. The carbon monoxide and hy-
drocarbon in the exhausts of a gas turbine are lower than those of an equiv-
alent gasoline engine. There is evidence to suggest that nitrogen oxide
emissions could also be reduced. The gas turbine is, however, not without
drawbacks as an automotive power plant. The greatest disadvantage is its low
efficiency and poor fuel economy under no load or partial load conditions
that constitute a significant portion of the operation of automotive vehicles.
The Rankine vapor-cycle external combustion engine has torque—speed char-
acteristics close to the ideal. Coupled with its high overload capacity, the
Rankine-cycle engine would eliminate the need for a transmission. It can use
a wide range of hydrocarbon fuels, and yet undesirable emissions including
nitrogen oxides are very low. Among the disadvantages of this kind of power
plant are the time required to put the engine into operation and a relatively
poor power-to-weight ratio. The Stirling-cycle engine utilizes alternate heating
and cooling of the working medium, such as compressed helium and hydro-
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gen gas, at constant volume to develop useful mechanical work. To date. it
has a rather poor powcr-to-weight ratio and is mechanically complex. The
emission characteristics of the Stirling engine are, however, extremely good.
Electric vehicies with fucl cells as the power source have attracted a great
deal of interest, as they offer zero undesirable cmissions, A fuel coll is an
electro-chemical device in which the energy released from a chemical reaction
is converted directly into clectricity. Ina fuel cell, hydrogen is combined with
air to produce electricity with virtwally no pollution. The emission is primarily
water vapor. With a multifuet reformer, other fuels, such as gasoline, diesel,
natural gas, and methane, may also be used for fuel cells [3.14].

Since the internal combustion engine is still the most commonly used
power plant in automotive vehicles to date, it is appropriate to review the
basic features of its churucteristics that are essential o the prediction of ve-
hicle performance. Representative characteristics of a gasoline engine and a
diesel engine are shown in Figs. 3.21 and 3.22, respectively. The internal
combustion engine starls operating smoothly at a certain speed (the idle
speed). Good combustion guality and maximum engine torque are reached at
an intermediate engine speed. As speed increases further, the mean effective
pressure decreases because of growing fosses in the air-induction manifolds,
and the engine torque ulso declines. Power output, however, increases with
an increase of speed up 1o the point of maximum power, Beyond this point,
the engine torque decreases more rapidly with an increase of speed. This
results in a decline of power output. In vehicular applications, the maximum
permissible specd of the engine is usually set just above the speed of the
maximum power output. Vehicles designed for traction, such as agricultural
and industrial tractors, usually operate at much lower engine speeds since the
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Fig. 3.21  Performance characteristics of a gasoline engine.
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Fig. 3.22 Performance characteristics of a diesel engine.

maximum torque, and not power, determines the limits to their tractive per-
formance. To limit the maximum operating speed, engines for heavy-duty
vehicles are often equipped with a governor.

It should be mentioned that engine performance diagrams supplied by man-
ufacturers usually represent the gross engine performance. It is the perform-
ance of the engine with only the built-in equipment required for self-sustained
operation, and all other installations and accessories not essential to the op-
eration are stripped off. The effective engine power available at the transmis-
sion input shaft is therefore reduced by the power consumed by the
accessories, such as the fan and water pump for the cooling system, and by
losses arising from the exhaust system, air cleaner, etc. There are also aux-
iliaries, such as the alternator, air conditioning unit, and power-assisted steer-
ing and braking, that make a demand on engine power. Figure 3.23 shows
the variation of the power consumed by the air conditioning unit, the water
pump and fan, power steering, and alternator with engine speed for a repre-
sentative full-size passenger car [3.15]. In vehicle performance prediction, the
power consumption of all accessories over the full engine speed range should
be evaluated and subtracted from the gross engine power to obtain the effec-
tive power available to the transmission input shaft.

Atmospheric conditions affect engine performance. To allow comparison

-of the performance of different engines on a common basis, reference at-
mospheric conditions are used. Various sets of reference atmospheric condi-
tions have been recommended and used. One of these sets is: T, = 520°
Rankine (15.5°C or 60°F), and barometric pressure (dry air) B, = 101,32 kPa
(14.7 psi, 76 cm or 29.92 in. Hg). For a gasoline engine at the full throttle
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Fig. 3.23  Accessory power requirements for a full-size passenger car. (Regproduced
with permission of the Socicty of Automotive Engineers from reference 3.15.)

position, the relationship between the engine power under reference atmos-
pheric conditions P, and that under given atmospheric conditions P is given

by 13.16]
P (B, - B) /
y o e el 23
J; B # (3.23a)

where B, and 7 are the barometric pressure at the engine air intake and
ambient temperature (°R) respectively. B, is the vapor pressure, which rep-
resents the effect of air humidity. Usually, it may be neglected, except under
extreme conditions. For a diesel engine, the effects of atmospheric conditions
on its performance characteristics are more complicated than those for a gas-
oline engine. As an approximation, the {ollowing relation may be used {3.16}:

_P(B,-B)T,
h B T

o

(3.23b)

Atmospheric conditions can change engine performance considerably. The
effects of engine inlet temperature and ambient pressure on engine perform-
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ance are shown in Fig. 3.24 [3.16]. It can be seen that if the engine air inlet
temperature is higher and the ambient pressure is lower than the reference
conditions, the power output of the engine will be lower.

In addition to the reference atmospheric conditions mentioned above, lately
the Society of Automotive Engineers recommends the following for engine
power rating (SAE J1995): inlet air supply temperature T, = 25°C (77°F).
inlet air supply pressure (absolute) B, = 100 kPa (14.5 psi) and dry air pres-
sure (absolute) B,, = 99 kPa (14,36 psi). For a gasoline engine at the full
throttle position, the relationship between engine power under reference at-
mospheric conditions P, and that under given atmospheric conditions P is
given by

3 >
! s (3.24)

£ I LU L | OOV —
A 99\ (T + 273\'"
[P (7)o

where B, and T are the dry air portion of the total inlet air supply pressure
in kPa and temperature in °C, respectively, under given atmospheric condi-
tions.

For diesel engines, the relation between P and P, recommended by the
Society of Automotive Engineers is quite complex. It is dependent on the air
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Fig. 3.24  Eifect of atmospheric conditions on engine power. Curve g—-power ratio
versus ambient pressure. Curve h—power ratio versus intake temperature for gasoline
anaines Curve ¢—nower ratio versus intake temperature for diesel engines.
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pressure charging system ( naturally aspirated, supercharged. or turbocharged),
charge air cooling system, stioke of the engine (two- or four-stroke), fuel
density and viscosity, cte. For details, please refer to SAE Standard J1995.

3.3.2 Transmission Characteristics

As mentioned previously, the power-torque speed characteristics of the in-
ternal combustion engine are not suited for direet vehicle propulsion. A trans-
mission, therefore, is required to provide the vehicle with the tractive effort—
speed characteristics that will satisfy the toad demands under various oper-
ating conditions. The term “transmission™ includes alt of those systems or
subsystems employed for tmsnnitiag the engine power o the driven wheels
or sprockets. There are two common types of transmission for road vehicles:
the manual gear ransmission, and the autonutic transmission with a torque
converter, Other types o tansiissions, such as the continuons variable trans
mission (CVT) und the hydrostatic transmission, are also in use.

Manual Gear Transmissions The principal requirements for the transimis-
sion are:

1. to achieve the desired maximum vehicle speed with an appropriate en-
gine

2. to be able o start, fully loaded, in both forward and reverse directions
on a steep gradient, typically 33% (1 in 3), and to be able to maintain
a speed of 88-96 km/h (5560 mph) on a gentle slope, such as 3%, in
high gear for passengers cars

3. to properly match the characteristics of the enginggo achieve the desired
operating fuel cconomy and acceleration characteristics.

The manual gear transwission usually consists of a clutch, a gearbox, a
propeller shaft, and a drive axle with a difterential (1o allow relative rotation
of the driven tires during turning mancuvers). In front-engined and front-
wheel-drive vehicles or in rear-cngined and rear-drive-vehicles, the gearbox
and differential are usually intcgrated into a unit, commonly referred to as a
transaxle. As a general rule, the drive axle has a constant gear reduction ratio,
which is determined by the usual practice requiring direct drive (nonreducing
drive) in the gearbox in the highest gear; if there is no overdrive gear. For
vehicles requiring extremely high torque at low speeds, an additional reduc-
tion gear (final drive) may be placed at the driven wheels. The gearbox pro-
vides a number of gear reduction ratios ranging from 3 to 5 for passenger
cars, and 5 to 16 or more for commercial vehicles. The number of gear ratios
is selected to provide the vehicle with the tractive effort-speed characteristics
as close to the ideal as possible in a cost-effective manner, as indicated in
Fig. 3.25.
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Fig. 3.25 Tractive effort-speed characteristics of a passenger car. (Reproduced with
permission from reference 3.16.)

The gear ratio of the highest gear (i.e., the smallest gear reduction ratio)
is chosen so that the desired maximum vehicle speed can be achieved with
an appropriate engine. The engine should have sufficient power to overcome
the internal resistance in the transmission, rolling resistance of the tires, and
aerodynamic resistance at the maximum vehicle speed on a level road. The
common practice is to select a gear ratio such that at the maximum vehicle
speed, the engine speed is slightly higher than that at the maximum engine
power, as indicated in Fig. 3.26. This ensures sufficient power reserve to
maintain a given vehicle speed against a temporary increase in headwind or
gradient during operation or against the possible deterioration in engine per-
formance after extended use. Based on this principle, the gear ratio of the
highest gear in the gearbox may be determined as follows:

_ngr a-9n
=T g (3.25)

where £, is the gear ratio of the highest gear in a gearbox with n-speed; n,,
is the engine speed corresponding to the maximum vehicle speed, which for
passenger cars is usually about 10% higher than the speed at the maximum
engine power; r is the rolling radius of the tire; i is the tire slip; V. is the
desired maximum vehicle speed; and £, is the gear ratio in the drive axle.
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Fig. 3.26 Effect of the gear ratio of the hlghcsl gear on vehicle permrmance (Re-
produced with permission from reference 3.18.)

If, in the highest gear, the gearbox is in direct drive (i.c., € = 1), then Eq.
3.25 can be used to determine the gear ratio £, in the drive axle.

The gear ratio of the lowest gear (i.e., the largest gear reduction ratio) is
selected on the basis that the vehicle should be able to climb a steep gradient,
usually 33% for passenger cars. There is also a suggestion that the gear ratio
of the lowest gear in the gearbox should be such that the vehicle can climb
the maximum gradient possible without tire spin on a typical road surface. If
this approach is followed, then the gear ratio of the lowest gear in the gearbox
can be determined as follows.

For a rear-wheel-drive vehicle, from Eq. 3.9, the maximum slope 6., that
the vehicle can climb, as determined by the maximum tractive effort that the
tire-ground contact can support, is expressed by

. uwWd{d, - f.n/L
5 o T 3.2
Wiin 0, = S = LW (3.26)

In the above equation, the acrodynamic resistance is neglected because on a
steep slope, the vehicle speed is usually low.
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From Eq. 3.26, the gear ratio of the lowest gear £, in the gearbox is given
by

— W (Sin BJII‘NIX + fr) r

= 3.27
! M("mlftl]’n’ ( )
where M., is the maximum engine torque and 7, is the efficiency of the
transmission.

For a front-wheel-drive vehicle, a similar expression for the gear ratio of
the lowest gear can be derived from Eqs. 3.10 and 3.27.

The method for selecting the gear ratios for the intermediate gears between
the highest and the lowest is, to a great extent, dependent upon the type of
vehicle (heavy commercial vehicles or passenger cars). For heavy commercial
vehicles, the gear ratios are usually arranged in a geometric progression. The
basis for this is to have the engine operating within the same speed range in
cach gear, as shown in Fig. 3.27. This would ensure that in each gear, the
operating fuel economy is similar.

For instance. for a four-speed gearbox, the following relationship can be
established (see Fig. 3.27):

& f} £, N,
=2==-k
& &L & ny #

and
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Fig. 3.27 Selection of gear ratio based on geometric progression fule.
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£,
K, = 3— 3.28
: \/ ; e

where £, &, &, and &, are the gear ratios of the first, second, third, and fourth
gears, respectively. In a more general case, if the ratio of the highest gear £,

and that of the lowest gear & have been determined, and the number of speeds
in the gearbox n, is known, the factor K, can be determined by

3
o] 3.2
k- \/f (3:29)

&, = A’;‘—{:u '

and

Table 3.4 gives the gear ratios of gearboxes designed for commercial ve-
hicles. It can be seen that the ratios for these gearboxes are basically arranged
in a geometric progression. It should be noted that because the number of

Allism: Eaton Fuller Eaton-Fuller Eaton Fuller ZF Ecomid

Gear HT70 RT-11608  RT/RTO-15615 RT-6613 16S 109
1 3.0 10.23 7.83 1793 . 11.86
2 2.28 7.23 6.00 14.04 10.07
3 1.73 524 4.03 10.96 8.40
4 1.31 IX2 3.57 8.01 7.13
5 .00 ANV R0 6.7 571
O (.76 1.80 24 5.20 4.85
7 [.37 1.68 411 197
¥ 1.00 1.30) 329 RIRY
9 1.00 2.0l 2099
10 0.78 2.05 2.54
I ’ 1.60) 2.12
12 1.25 1.80
13 1.00 1.44
14 1.22
15 1.00
16 (.85
Value of K,
Calculated (.76 0717 0.774 0.786 (1L.839

from b 3.29
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ieeth of a gear is an integer, it is not possible, in some cases, to arrange gear
ratios in an exact geometric progression.

For passenger cars, the gear ratios are not usually arranged in a geometric
progression. The ratios of intermediate gears may be chosen to minimize the
time required to reach a specific speed, such as 100 km/h (or 60 mph) or the
maximum speed of the vehicle. Consideration is also given to the fact that
shifting between upper gears happens more frequently than between lower
gears, particularly in city driving. As a result, the gear ratios of the upper
gears are usually closer than those of the lower gears. For instance, for the
gearbox in the Cudillac (Seville) shown in Table 3.5, the ratio of the gear
ratio of the fourth gear to that of the third gear is 0.7 (0.7/1.00), whereas the
rutio of the gear ratio of the third gear to that of the second gear is 0.637
(1.00/1.57) and the ratio of the gear ratio of the second gear to that of the
first gear is 0.538 (1.57/2.92). Similar situations can be observed in the gear
ratios of the transmissions for other passenger cars shown in Table 3.5.

It is interesting to note that while the gear ratios for passenger cars are not
arranged in a geometric progression, the average value of the ratios of two
consecutive gear ratios is quite close to the value of K, obtained using Eg.
3.29. For instance, the average value of the ratios of two consccutive gear
ratios for the Cadillue (Seville) is 0.625 (0.7 + 0, b?']_j 0.538)/3), whercas
the value of K, obtained using Eq. 3.29 is 0.621 (V0.7/2.92).

In the transmxssxon there are losses due to friction between gear teeth and
in the bearings and seals, and due to oil churning. The mechanical efficiency
of the transmission is a function of load (torque) and speed. Figure 3.28 shows
the variations of the mechanical efficiency with the input speed for a three-
speed automatic gearbox. The transmission is connected 1o an engine oper-
ating at wide open throttle and developing a maximum torque of 407 N - m
(300 1b - f1) |3.17]. In vehicle performance predictions, as a first approxi-
mation, the following average values for the mechanical efficiency of the
major subsystems in the transmission may be used:

gearbox—direct drive  98%
gearbox—indirect drive  95%
drive axle 95%

For a vehicle with a manual gear transmission, the tractive effort of the
vehicle is given by

M
F= —-‘f—’l (3.30)

where M, is the engine output torque, £, is the overall reduction ratio of the
transmission (including both the gearbox and drive axie gear ratios), 7, is the
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TABLE 3.5 Gear Ratios of Trunsmissions for Passenger Vehicles

Final
Gearbox Gear Ratios Drive
Trunsmission Gear
Vehicle Type ist  2nd  3rd  4th 5th  Ratio
Audi A4 1.8 Manuai 350 212 143 103 084 4.11
Audi A6 Avant 2.5 TDI Manual 378 218 131 089 069 3.7
BMW 320i Ml 423 252 le6 122 100 345
BMW 525i Ml 420 249 167 124 1.00 323
Buick Park Avenue 3.8i Automatic 292 157 Lo 0.70 2.97
Cadillac DeVille 4.64 Antomatic 206 163 LO0 068 KRR
Cadillae Seville Autonadic 292 157 L0070 297
Chrysler Voyager 3.0 V&6 Munual 331 206 136 097 071 3.1
Dodge Intrepid 3.3i Automatic 284 157 10O 069 3.66
Fiat Punto 1.6 Muanual 391 216 148 L12 090 373
Ford Bscort 1.8 TD Minual 342 2014 145 103 077 1.56
Ford Galaxy 2.0 16V Manual 358 205 1.34 097 080 4.53
Honda Civic 1.5i Manual 325 190 125 091 0.8 4.25
Honda Odyssey 2.2 Automatic 274 157 Lo8 073 443
Muazds 323 LRi Manual 330 L83 30 Lol 0795 4011
Mercedes-Benz (0220 Manual 390 217 137 Loo 081 1.67
Mercedes-Benz E320 Automatic g7 225 144 100 307
Mercedes-Benz S420 Automatic 387 225 144 100 2.82
Mercury Cougar 1.8 Automatic 284 156 L0 070 327
Nissan Sunny 2.0 diesel Manual 333 196 1.29 093 073 3.65
Oldsmobile Aurora 4.0i Automatic 2096 162 1.00 0.68 348
Peugeot 405 2.0i Ti6 Manual 342 182125 097 077 393
Renault Laguna 2.0i Manuul 372 205 132 097 079 387
Toyota Corolta 1.3i Manual 355 190 131 097 0815 406
Toyota Camry Wagon 3.0i  Manual 354 204 132 103 082 363
Volkswagen Passat 2.0 Manual 378 212 146 1.03 084 368
Volvo 440 1.7 Manual 373 208 132 097 079 73
Volve §70 Automatic 360 206 137 098 2.74

Volvo S70 Manual 307 177 119 087 0.70 4.00

overall transmission efficiency, and r is the radius of the tire (or sprocket). It
is important to note that the maximum tractive effort that the tire—ground
contact can support usually determines the traction capability of the vehicle
in low gears.

The relationship between vehicle speed and engine speed is given by

nr

V=
g‘)

(1~ (3.31)

where n, is the engine speed and i is the slip of the vehicle running gear. For
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Fig. 328 Mechanical cfficiency of a three-speed automatic gearbox at wide open
throttle. (Reproduced with permission of the Society of Automotive Engincers from
reference 3.17.)

a road vehicle, the slip is usually assumed to be 2-5% under normal operating
conditions.

Figure 3.29 shows the variation of the tractive effort with speed for a
passenger car equipped with a three-speed manual gear transmission (3.16].

Automatic Transmissions The automatic transmission with a torque con-
verter is used widely in passenger cars in North America. It usually compi
a torque converter and an automatic gear box. The torque converter con:
of at least three rotary elements known as the pump (impeller), the turbine,
and the reactor, as shown in Fig. 3.30. The pump is connected to the engine
shaft, and the turbine is connected to the output shaft of the converter, which
in turn is coupled with the input shaft of the multispeed gearbox. The reactor
is coupled 1o an external casing to provide a reaction on the fluid circulating
in the converter. The function of the reactor is to enable the turbine to develop
an output torque higher than the input torque of the converter, thus to obtain
a torque multiplication. The reactor is usually mounted on a free wheel (one-
way clutch) so that when the starting period has been completed and the
trbine speed is approaching that of the pump, the reactor is in free rotation.
At this point, the converter operates as a fluid coupling, with a ratio of output
torque to input torque equal to 1.0 [3.18].

The major advantages of incorporating a torque converter into the trans-
mission may be summarized as follows:

1. When properly matched, it will not stall the engine.
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2. It provides a flexible coupling between the engine and the driven wheels
{or sprockets).

3. Together with a suitably selected multispeed gearbox, it provides
torque—speed characteristics that approach the ideal.

The performance characteristics of a torque converter are usually described
in terms of the following four parameters:

Speed ratio C,, = output speed/input speed

Torque ratio C,, = output torque/input torque

Efficiency m, = output speed X output torque/input speed X input torque
= C"Cl)’

Capacity factor (size factor) K, = speed/Vtorque

The capacity factor is an indication of the ability of the converter to absorb
or to transmit torque, which is proportional to the square of the rotating speed.

Representative performance characteristics of the torque converter are
shown in Fig. 3.31, in which the torque ratio, efficiency, and input capacity
factor, which is the ratio of the input speed to the square root of the input
torque, are plotted against the speed ratio [3.17). The torque ratio of the
converter reaches a maximum at stall condition where the speed ratio is zero.

T £

(Nm) o2
240
200
20 200
& 150
16 p— £ 160
Q 2
2 * >
& 12— > 100 |- 120 %
$ ul? | w :
Q o8l—% &
o) O
3] 50
04 40
0 0 0

0 0.2 04 06 c8 10
SPEED RATIO

Fig. 3.31 Performance characteristics of a torque converter. (Reproduced with per-
mission of the Society of Automotive Engineers from reference 3.17)
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The torque ratio decreases as the speed ratio increases, and the converter
eventually acts as a hydraulic coupling with a torque ratio of 1.0. At this
point, a small difference between the input and output speed remains because
of the slip between the pump (impeller) and the turbine. The efficiency of the
converter is zero at stall condition, and increases with an increase of the speed
ratio. It reaches a maximum when the converter acts as a fluid coupling. The
input capacity factor is an important parameter defining the operating con-
ditions of the torque converter and governing the matching between the con-
verter and the engine. The input capacity factor of the converter has a
minimum value at stall condition, and increases with an increase of the speed
ratio.

Since the converter is driven by the engine, to determine the actual oper-
ating conditions of the converter, the engine operating point has to be spec-
ified. To characterize the engine operating conditions for purposes of
determining the combined performance of the engine and the converter, an
engine capacity factor K, is introduced and is defined as

where n, and M_ are the engine speed and torque, respectively. The variation
of the capacity factor with speed for a particular engine is shown in Fig. 3.32

rpm rpm
N'm Ib-ft (b-t)72 (N-m)Y2
340 300
300
éwo - 1 200 g)
Q
§ 260 200 &
w a
z O
@ 300 —220 &
2 S
100 o
180 100 x
260
e I

500 1600 2500 3500 4500
ENGINE SPEED
Fig. 3.32 Capacity factor of an internal combustion engine. (Reproduced with per-
mission of the Society of Automotive Engineers from reference 3.17.)
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[3.17]. To achieve proper matching, the engine and the converter should have
a similar range of capacity factor.

As mentioned above, the engine shaft is usually connected to the input
shaft of the converter; therefore,

K, =K,

The matching procedure begins with specifying the engine speed and engine
torque. Knowing the engine operating point, one can determine the engine
capacity factor K, (Fig. 3.32). Since K, = K, , the input capacity factor of the
converter corresponding to the specific engine operating point is then known.
For a particular value of the input capacity factor of the converter K,,, the
converter speed ratio and torque ratio can be determined from the converter
performance curves, as shown in Fig. 3.31. The output torque and output
speed of the converter are then given by

M, =MC, (3.32)

and

=
|

e = n,C,

- (3.33)
where M, and n, are the output torque and output speed of the converter,
respectively.

With the reduction ratios of the gearbox and the drive axle known, the
tractive effort and speed of the vehicle can be calculaied:

_ Mg MCEm,

F = e oot (3.34)
r r
and
n.r nC,r
V=Ll - )= () = ) (3.35
3 '=7E )

Figure 3.33 shows the variation of the tractive effort with speed for a pas-
senger car equipped with a torque converter and a three-speed gearbox {3.17).

1t should be mentioned that the efficiency of a torque converter is low over
a considerable range of speed ratio, as shown in Fig. 3.31. To improve the
overall efficiency of the automatic transmission and hence fuel economy, a
“lock-up™ clutch is incorporated in the torque converter. It is programmed o
engage in a predetermined vehicle speed range. When the “lock-up” clutch
is engaged, the engine power is directly transmitted to the output shaft of the
torque converter.
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Fig. 3.33 Tractive effort-speed characteristics of a passenger car with a three-speed
automatic transmission. (Reproduced with permission of the Society of Automotive
Engineers from reference 3.17.)

Example 3.1. An cngine with torque—speed characteristics shown in Fig.
3.32 is coupled with a torque converter with characteristics shown in Fig.
3.31. Determine the output specd and output torque of the torque converter
when the engine is operating at 2450 rpm with an engine outpul torque of
393 N-m (290 Ib - f1).

Solution. The engine capacity factor K,

. 2450
= —~”~~ # === = |23 rpm/(N - m)'/?
VM. V393

o

Since the capacity factor A, is cqual to that of the torque converter K.,

K 123 rpm/(N - nm)t/?

f

From Fig. 3.31, when A, 123, the speed ratio C, + 0.87 and the torque
ratio €, = 1,05, The output speed of the torque converter n, is

n,. = 0.87 x 2450 = 2132 rpm
The output torque of the torque converter M, is
M, 303 2 105 = 413N -m (304 1b - {1)

The efficiency of the torque converter under this operating condition is
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7, = 0.87 X 1.05 = 91.4%

Continuously Variable Transmissions With growing interest in improving
the fuel economy of automotive vehicles, continuously variable trans ons
have attracted a great deal of interest. This type of transmission provides a
continuously variable reduction ratio that enables the engine to operate under
the most economical conditions over a wide range of vehicle speed. The
operating fuel economy of automotive vehicles will be discussed later in this
chapter.

Two representative types of continuously variable transmission are the Van
Doorne belt system and the Perbury system. The Van Doorne system has a
pair of conically faced pulleys, as shown in Fig. 3.34. The effective radius of
the pulleys. and hence the reduction ratio, can be varied by adjusting the
distance between the two sides of the pulleys. On the original system, the
reduction ratio was controlled by mechanical means through centrifugal
ights on the driving pulley and an engine vacuum actuator. More recently,
a microprocessor-based control system has been developed [3.19, 3.20]. This
type of continuously variable transmission can achieve a reduction ratio rang-
ing from 4 to 6. The mechanical efficiency of this transmission varies with
the load and speed. The variations of the efficiency with input torque and
speed at a reduction ratio of 1 for a system designed for a lightweight pas-
senger car are shown in Fig. 3.35 [3.19]. To improve the efficiency of the
system and to reduce noise and wear, a “segmented steel belt” or a “‘push
belt system™ has been developed [3.21]. It comprises a set of belt elements
about 2 mm (0.078 in.) thick, with slots on each side to fit two high-tensile
steel bands which hold them together. Unlike the conventional V-belt, it trans-
mits power by the compressive force between the belt elements, instead of
tension. The Van Doorne system is most suited to low power applications,
and has been used in small size passenger cars and snowmobiles.

The Perbury system is schematically shown in Fig. 3.36 [3.22]. The key
component of this system is the variator, which consists of three disks, with
the outer pair connected to the input shaft and the inner one connected to the
output shaft. The inner surfaces of the disks are of a toroidal shape, upon

CONICALLY
FACED PULLEY

m{hrl:g A%TABLE

BELT Coe SEFTON DRIVING PULLEY DRIVEN PULLEY
Fig. 334 A Van Doome type continuously variable transmission.
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Fig. 3.35 Variation of mechanical efficiency with input torque at a constant reduction
ratio for a Van Doome type continuously variable transmission. (Reproduced with
permission of the Society of Automotive Engineers from reference 3.19.)
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which the spherical rollers roll. The rollers can rotate about their own axes,
By varying the inclination of the roller axes, a continuously variable reduction
ratio can be achieved. It should be noted that the carriers for the rollers are
fixed. To minimize wear, lubrication is provided between the rollers and the
disks. To transmit adequate torque, high normal forces across the contact
points are required, as the coefficient of traction between the roller and the
disk surfaces is low, typicaily less than 0.1. The relative slip between the two
is 1-2% under normal operating conditions. This system can provide a re-
duction ratio of about 5. Common with the Van Doorne belt system, it cannot
provide zero output and a reverse ratio. Consequently, separate devices are
required for starting and for reverse. The Perbury system is suited to higher
power applications than the Van Doorne belt system, and has been designed
for buses and delivery trucks with a rated power of 375 kW (502 hp). The
average value of the mechanical efficiency of this system is approximately
90%.

Hydrostatic Transmissions Hydrostatic transmissions are used in some
road vehicles, as well as off-road vehicles, particularly those of a specialized
nature, and have enjoyed a certain degree of success {3.23]. Hydrostatic drives
may be divided into three categories.

Constant Displacement Pump with Fixed Displacement Motor This
type of hydrostatic drive usually consists of a gear or vane pump driving a
gear, vane, or piston motor through control valves. The maximum working
pressure of the fluid in this type of system is usually about 20,685 kPa (3000
psi). This simple hydrostatic transmission has been quite widely used in con-
struction machinery such as excavators to drive the tracks. Each gear pump
drives its own hydraulic motor, which allows the two tracks to be operated
individually, thus providing a mechanism for steering. The tractive effort—
speed characteristics of this system with a multispeed gearbox are illustrated
in Fig. 3.37(a).

Variable Displacement Pump with Fixed Displacement Motor This type
of hydrostatic drive has certain advantages over the fixed displacement pump
and motor system. Variable displacement pumps are piston pumps that permit
higher pressure to be used. They also permit stepless speed control from zero
to maximum. Closed-loop fluid circuits can be employed to provide both
forward and reverse motions and braking functions. To extend the tractive
effort and vehicle speed range, a gearbox is frequently employed. The per-
formance characteristics of this type of system coupled with a two-speed
gearbox are shown in Fig. 3.37(h).

Variable Displacement Pump and Motor In this system, the displacement
of both-the pump and the motor can be varied continuously. The performance
characteristics of the vehicle are approaching the ideal ones, as shown in Fig,
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Fig. 3.37 Tractive cffort-speed characteristics of a vehicle equipped with various
types of hydrostatic transmission. (Reproduced with permission of the Council of the
Institution of Mechanical Engincers, from “Why has the British Manutacturer been
Hesitant to Adopt Hydrostatic Drives?”” by Wardill, 1. Mech. E. Conference on Making
Technology Profituble—Hydrostatic Drives, 1974.)

3.37(c). Although the performance and control of this type of transmission
are beyond question, the probleins of cost, reliability, maintenance, and ser-
vice remain to be solved.

In comparison with the automatic transmission with a torque converter, the
hydrostatic drive can provide u more positive speed control and flexibility in
vehicle layout. Figure 3.38 shows the efficiencies of a hydrostatic drive and
a comparable automatic transmission (a torque converter with a two-speed
gearbox) [3.23]. It appears that there is relatively little difference between the
two types of transmission from the point of view of efficiency over the op-
erating range. However, for vehicles designed for traction operating with a
high tractive effort at low speeds, the hydrostatic transmission seems to be
more suitable. Figure 3.39 shows the fuel consumption and power output of

%
8100
& HYDROSTATIC
o TRANSMISSION
& 80
Z
2 6o TORQUE CONVERTER WITH
%’ 2-SPEED GEAR BOX
[2]
é 40
-

0 20 40 60 80 100 ' %
OUTPUT SPEED

Fig. 3.38 Variation of transmission efficiency with output speed of an automatic
transmission with a torque converter and of a hydrostatic transmission. (Reproduced
with permission of the Council of the Institution of Mechanical Engineers from ref-
erence 3.23))
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Fig. 3.39  Variation of fuel consumption and output power with output speed of an
automatic transmission with a torque converter und of a hydrostatic transmission, (Re-
produced with permission of the Council of the Institution of Mechanical Engineers
from reference 3.23.)

a particular vehicle equipped with the two types of transmission [3.23]. It is
apparent that the hydrostatic transmission permits full power to be developed
by the engine once the output speed of the transmission is high enough. Thus,
a faster rate of work can be achieved with the hydrostatic drive. Tests of off-
road vehicles equipped with hydrostatic transmissions have shown improved
productivity as compared with those equipped with manual gear transmis-
sions, even though manual gear transmissions have higher efficiency [3.23].

3.4 PREDICTION OF VEHICLE PERFORMANCE

The relationship between tractive effort and vehicle speed discussed in the
previous section provides the basis for predicting the performance character-
istics of a road vehicle. The passenger car with characteristics shown in Fig.
3.29 will be used as an example to illustrate the procedure for predicting
acceleration characteristics and gradability.

To fully describe the performance of a vehicle, in addition to the relation-
ship between the tractive effort and vehicle speed, the resistance of the vehicle
as a function of speed must also be determined. On level ground without a
drawbar load, the major resisting forces are the rolling resistance R, and the
acrodynamic resistance R, and they can be predicted using methods discussed

at
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previously. The variation of R, and R, with speed for the passenger car is
shown in Fig. 3.29. The difference between the tractive effort and the resultant
resisting force is the net thrust F, available for accelerating the vehicle or
for overcoming grade resistance. The intersection of the vehicle thrust and
the resultant resistance curves determines the maximum speed that the vehicle
can achieve, as shown in Fig. 3.29. It should be noted that the nature of tire—
road interaction imposes a fundamental limit on the maximum tractive effort.
The maximum tractive cfforts of the passenger car that the tire—ground contact
can support on various surfaces including conerete, gravel, and wet asphalt
are shown in the figurc. They are determined using the method discussed in
Section 3.1, It can he seen, for instance, that with the second gear engaged.,
the maximum tractive clfort as determined by the engine torque and trans-
mission characteristios is about 5.5 kN (1.2:40 1b), whereas the maximun trac-
tive effort on wet asphalt that the tire~road contact can support is only 4 kN
(900 Ib). This indicates that, in fact, the maximum tractive effort that the car
can develop with the sccond gear engaged is 4 kN. Figure 3.29 also shows
that with the second gear engaged, when the vehicle speed is below 112
km/h (70 mph), the tactive effort of the vehicle on wet asphalt is limited
by the tire—road adhesion, and not by the engine torque.

3.4.1 Acceleration Time and Distance

Having determined the net thrust of the vehicle as a function of speed. one
can then compute the acceleration of the vehicle using Newton’s second law.
It should be noted, however, that the translational motion of the vehicle is
coupled to the rotational motion of the components connected with the
wheels, including the engine and the driveline. Any change of translational
speed of the vehicle will therefore be accompanied by a corresponding change
of the rotational speed of the components coupled with the wheels. To take
into account the effect of the inertia of the rotating parts on vehicle acceler-
ation characteristics, a mass factor v,, is introduced into the following equa-
tion for calculating vehicle acceleration a:

F~>R=F,=y,ma (3.36)
where m is the vehicle mass.

v,, can be determined from the moments of inertia of the rotating parts by

2/.‘ 21,& > LE > LE
t o kL e

Y = I+ e 2 2 2 (337)

mr mr mr
where /,, is the mass moment of inertia of the wheel, /,, I, . . . I, are the

mass moments of inertia of the rotating components connected with the drive-
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line having gear ratios §,, &, . . . £, respectively, with reference to the driven
wheel, and r is the rolling radius of the wheel. For passenger cars, the mass
factor y,, may be calculated using the following empirical relation [3.16]:

v, = 1.04 + 0.0025¢2 (3.38)

The first term on the right-hand side of the above equation represents the
contribution of the rotating inertia of the wheels, while the second term rep-
resents the contribution of the inertia of the components rotating at the equiv-
alent engine speed with the overall gear reduction ratio £, with respect to the
driven wheel.

In the evaluation of vehicle acceleration characteristics, time-speed and
time-distance relationships are of prime interest. These relationships can be
derived using the equation of motion of the vehicle in a differential form:

dv 8
—=F-3YR=
YIII’n d’ 2 Fncl

and

¥, mdV
t = ——

3.3
7 (3.39)

net

As can be seen from Fig. 3.29, the net tractive effort F,,, available for

accelerating the vehicle is a function of vehicle speed:

et

Fo = fV) (3.40)

This makes the expression relating the time and speed of the following form
not integrable by analytic methods:

Viogv
e [
Y, M W fO ( )

To predict the time required to accelerate the vehicle from speed V, to V,,
the integration is best handled by numerical methods using a computer, al-
though graphic methods of integration can also offer solutions of sufficient
accuracy {3.16].

The distance § that the vehicle travels during an acceleration period from
speed V| to V, can be calculated by integrating the following equation:




[image: image51.png]3.4 PREDICTION OF VEHICLE PERFORMANCE 253

oy v
Ay J : de Y. M1 J _\i(!}_’ (3.42)
R I'nr|/YIu’" ’

When a vehicle having a manual gear transmission starts from rest, in the
initial period, slip occurs between the driving and driven parts of the clutch,
and the vehicle speed is not directly related to the engine speed. There are
mathematical models available for analyzing the dynamics of the clutch en-
gagement process. In a first approximation, however, it can be assumed that
during the clutch engagement period, the maximum engine torque is trans-
mitted to the input shalt of the gearbox. The acceleration time and distance
from zero vehicle speed 1o the next speed increment can then be caleatated
using the procedures outlined above.

In the evaluation of acceleration time and distance. the engine is usually
assumed to be operating at wide open throttle. It should be noted that a certain
amount of time is required for gear changing during acceleration, For manual
transmissions, gear changing causes a time delay of 1-2 s for automatic
transmissions, the delay is typically 0.5 1 s, To obtain a more accurate esti-
mate of acceleration time and distance. this delay should be taken into con-
sideration.

Figure 3.40 shows the acceleration time-distance curve and the accelera-
tion time-speed curve for a passenger car with a gross weight of 17.79 kN
(4000 1b) and with thrust—-speed characteristics as shown in Fig. 3.29 [3.16].
The kinks in the ime - speed curve represent the delays caused by gear chang-
ing.
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Sy 50 100 mph Fig. 3.40 Acceleration characteristics of

a passenger car with a three-speed manual
0 50 100 150 km/h transmission. (Reproduced with permis-
SPEED sion from reference 3.16.)
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Example 3.2. A vehicle weighs 21.24 kN (4775 1b), including the four road
wheels. Each of the wheels has a rolling radius of 33 cm (13 in.) and a radius
of gyration of 25.4 cm (10 in.), and weighs 244.6 N (55 1b). The engine
develops a torque of 325 N - m (240 1b - ft) at 3500 rpm. The equivalent
mass of moment of inertia of the parts rotating at engine speed is 0.733 kg -
m? (0.54 slug - ft?). The transmission efficiency is 85%, and the total reduction
ratio of the driveline in the third gear is 4.28 to 1. The vehicle has a frontal
area of 1.86 m? (20 ft*), and the aerodynamic drag coefficient is 0.38. The
coefficient of rolling resistance is 0.02. Determine the acceleration of the
vehicle on a level road under these conditions.

Solution

a) The mass factor v,, for the vehicle in the third gear can be calculated
using Eq. 3.37:

2+ 218
+._____....._____.__

Yo =1 po;
4% 161 + 0733 x 4.28
=1+ 2165 X 033 = 1084

b) The thrust of the vehicle F is determined using Eq. 3.30:

Mén.

F= = 3583 N (806 1b)

¢) The vehicle speed V can be calculated using Eq. 3.31:

v=lLo -

Assume that i = 3%; the vehicle speed V is
V = 98.7 km/h (61.3 mph)

d) The total resistance of the vehicle is the sum of the aerodynamic resis-
tance R, and the rolling resistance R

S R=R,+ R, =752N (169 Ib)

e) ‘The acceleration a of the vehicle can be determined using Eq. 3.36:
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3.4.2 Gradability

Gradability is usually defined as the maximum grade a vehicle can negotiate
at a given steady speed. This paramelter is primarily intended for the evalu-
ation of the performance of heavy commercial vehicles and off-road vehicles.
On a slope at a constant speed, the tractive effort has to overcome grade
resistance, rolling resistance, and aerodynamic resistance:

F=Wsind, + R + R,

For a relatively small angle of 6, tan 8, = sin 6,. Thercfore, the grade resis-
tance may be approximated by W tan 6, or WG, where G is the grade in
percent,

The maximum grade a vehicle can negotiate at a constant speed therefore
is determined by the net tractive effort available at that speed:

b Foc

G W (F - R, ~-R) W | (3.43)
Use can be made of the performance curves of a vehicle, such as those shown
in Fig. 3.29, to determine the speed obtainable on each particular grade. For
instance, the grade resistance of the passenger car with a weight of 17.79 kN
(4000 1b) on a grade of 7.5% is 1.34 kN (300 1b). A horizontal line repre-
senting this grade resistance can be drawn on the diagram, which intersects
that net tractive effort curve at a speed of 133 km/h (82 mph). This indicates
that for the passenger car under consideration, the maximum speed obtainable
at a grade of 7.5% is 133 km/h (82 mph). It should be noted that the limits
of tractive effort set by the nature of tire-road adhesion usually determine
the maximum gradability of the vehicle. For instance, it can be seen from
Fig. 3.29 that the maximum grade the vehicle can negotiate at low speeds on
a gravel surface with u = 0.6 will be approximately 35%.

3.5 OPERATING FUEL ECONOMY

The operating fuel economy of an automotive vehicle depends on a number
of factors, including the fuel consumption characteristics of the engine, trans-
mission characteristics, weight of the vehicle, aerodynamic resistance, rolling
resistance of the tires, driving cycle (conditions), and driver behavior.
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Typical fuel economy characteristics of a gasoline and a diesel engine are
shown in Figs. 3.41 and 3.42, respectively |3.18]. They usually have reduced
fuel economy at low throttle and low torque settings. Operations at low engine
speed and high torque are always more economical than at higher speed and
lower torque settings with the same power output. For instance, it can be seen
from Fig. 3.41 that for the engine to develop 22 kW (30 hp) of power, it can
run at a speed of 2500 rpm or 4000 rpm. At 2500 rpm, the specific fuel
consumption is approximately 0.29 kg/kW « h (0.48 Ib/hp - h), whereas at
4000 rpm, it is 0.37 kg/kW - h (0.60 Ib/hp - h). By connecting the engine
operating points with the lowest specific fuel consumption for each power
setting, an optimum fuel economy line (maximum efficiency line) of the en-
gine can be drawn, as shown in Fig. 3.41 {3.18].

For a given power rcquirement at a specific vehicle speed, the engine
operating point is determined by the gear ratio of the transmission. Ideally,
the gear ratio of the transmission can be continuously varied to any desired
value so that the engine operating point will follow the optimum fuel economy

ROAD SPEED (TOP GEAR)

50 100 150 kmih
- i 1 1
20 40 60 80 100 mph
1 1T T 1T T T T 1
(OVERDRIVE )
50 100 150 km/h
30 50 70 90 110 mph
KW hp
50 MAXIMUM ENGINE POWER

VEHICLE POWER
REQUIREMENTS :

7777, o
€

OVERDRIVE CONOMY LINE

1 30
w20 ENGINE
§ % SPECIFIC FUEL
20 <" /" CONSUMPTIONS
10
10
ol o
1000 2000 3000 4000 5000 rpm
ENGINE SPEED

Fig. 3.41 Fuel economy characteristics of a gasoline engine. (Reproduced with per-
mission from reference 3.18.)
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Fig. 3.42 Fuel cconomy characteristics of a diesel engine. (Reproduced with per-
mission from reference 3.18.)

line for all power settings. This has stimulated the development of a variety
of continuously variable transmissions, as described in Section 3.3.2. The
potential gain in fuel economy using the continuously variable transmission
may be illustrated using the example given above. As shown in Fig. 3.41,
when the vehicle is operating in the top gear at 128 km/h (80 mph), the
horsepower required is 22 kW (30 hp), and the engine is running at 4000
rpm with a specific fuel consumption of 0.37 kg/kW - h (0.60 Ib/hp - h).
However, if a continuously variable transmission is used, the transmission
gear ratio can be varied so that at the same vehicle speed with the same power
output, the engine is running at 2500 rpm with a specific fuel consumption
of approximately 0.29 kg/kW - h (0.48 Ib/hp - h). This represents a potential
fuel saving of 21.6%. 1t should be noted, however, that the mechanical effi-
ciency of the current generation of continuously variable transmissions is
generally lower than that of the manual gear transmission. The actual saving
in fuel using the continuously variable transmission may not be as high as
that given in the above example. Figure 3.43 shows a comparison of fuel
consumption of a small passenger car with a 1.6 L engine equipped with a
Van Doorne type of continuously variable transmission and that with a manual
five-speed transmission {3.20]. It can be seen that under steady operating
conditions in the speed range 60-150 km/h (37-93 mph), the vehicle with
the Van Doorne transmission achieves better fuel economy than the manual
five-speed transmission, 1 spite of its fower mechanical efficiency (approxi-
mately 86-90%).

To further illustrate the etfect of the ratios of the transmission on the op-
erating fuel economy of road vehicles, the overdrive gear of a passenger car
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Fig. 3.43 Comparison of fuel consumption of a small car equipped with a continu-
ously variable transmission to that with a manual transmission. (Reproduced with
permission of the Council of the Institute of Mechanical Engineers from reference
3.200)

may be used as an example. As shown in Fig. 3.26, the gear ratio of the top
gear in the transmission is usually selected in such a way that the curve
representing the power available at the driven wheels meets the resultant re-
sistance curve at a speed slightly higher than that of maximum power [3.18].
This typical choice of gear ratio provides the vehicle with sufficient power
reserve to maintain a given vehicle speed against a temporary increase in
resistance due to headwind or gradient. The vehicle power requirements at
various vehicle speeds in top gear can be plotted in the engine performance
diagram as shown in Fig. 3.41. It will be noted that 4 maximum vehicle speed
of 145 km/h (90 mph) is equivalent to an engine speed of 4500 rpm in top
gear in the example shown, and that the power required to overcome the
resultant resistance at that speed is about 32.8 kW (44 hp). When the engine
is running at 4500 rpm and developing 32.8 kW (44 hp), the specilic fucl
consumption will be 0.40 kg/kW -+ h (0.65 Ib/hp - h), as shown in Fig. 3.41.
Thus. in 1 h at 145 km/h (90 mph). the vehicle will consume 13.1 kg (28.8
Ib) of fuel in top gear.

It. however, an overdrive gear with a gear ratio approximately 30% less
than that of the top gear is introduced into the transmission, the vehicle can
still achicve a maximum speed of 145 km/h (90 mph), as shown in Fig. 3.26,
but with reduced power reserve over the entire speed range. Owing to the
lower gear ratio that an overdrive gear introduces, for the same vehicle speed
the engine speed will be Jower than that when using the top gear, as shown
in Fig. 3.41. For instance, at a speed of 145 km/h (90 mph), with the over-
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drive gear, the engine is running at 3400 rpm as compared with 4500 rpm
when using the top gear. Accordingly, using the overdrive gear. the engine
specific fuel consumption is reduced to 0.32 kg/kW + h (0.53 Ib/hp - h) as
compared with 0.40 kg/kW + h (0.65 Ib/hp - h) when using the top gear.
Thus, with the overdrive gear, the vehicle will consume only 10.5 kg (23.1
Ib) of fuel per hour at a speed of 145 km/h (90 mph). This represents a
saving of fuel of approximately 20%. Although this example is for a particular
engine and vehicle, most cars will show similar gains with an overdrive. The
improvement in fuel economy obtained by an overdrive gear under steady-
state cruising conditions is an exploitation of the fact that for the same power
output, the internal combustion engine is always more economical to operate
at low speed and high torque than at higher speed and lower torque settings.

The reduction of vehicle weight is also one of the important measures for
achieving improved fuel economy. This is because the propelling force, and
hence power, required to accelerate a vehicle is proportional to its weight. In
“stop and go” driving conditions in the city or an urban environment, the
frequent acceleration leads to higher fuel consumption for & heavier vehicle
than a lighter vehicle. To reduce vehicle weight, unibody construction has
largely replaced the separate body-frame construction, computer-aided tech-
niyues have been introduced 1o optimize the design of vehicle structure, and
lightweight materials, such as composites, high-strength low-alioy steel, plas-
tics, aluminum, and metat -plastic laminates, have found increasing use in
vehicle components. The reconfiguration of the vehicle from tront engine—
rear wheel drive to front engine—front wheel drive would also lead to a con-
siderable reduction in vehicle weight. It is estimated that a reduction of 1 kg
in vehicle mass is equivalent to a reduction in fuel consumption of 7.24 X
10" L/km (or each pound of weight saved wiil result in a reduction in fuel
consumption of 1.4 x 10 ¥ gal/mi) {3.24]. It is observed that a 10% change
in tire rolling resistance will result in an approximately 2% change in fuel
economy for passenger cars. The effect of aerodynamic resistance on vehicle
fuel consumption is also noticeable, which has been discussed in Section 32

Driving cycle (conditions) is another factor that significantly affects fuei
consumption, It is obvious that the fuel consumption for driving in the city
with stow speeds and frequent “stop and go™ is substantially higher than that
for driving on the highway with steadier and higher speeds. To provide a
common basis for comparing the fuel economy of different vehicles, the En-
vironmental Protection Agency (EPA) of the United States has devised a city
(urban) driving cycle and a highway (suburban) driving cycle. Vehicle man-
ufacturers are required to conduct fuel economy tests according to these EPA
cycles. The EPA city driving cycle consists of 10 “stop and go” driving
segments within 766 s and with a maximum speed of 60 mph (96 km/h).
The EPA highway driving cycle consists of four segments to simulate the
driving conditions on a local road, a collector lane, a principal arterial, and a
minor arterial within 765 s and with a maximum speed of 60 mph (96 km/
hy 3.24]. Based on the test results for the EPA city and highway driving
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cycle, a composite fuel economy indicator {also known as the Corporate Av-
erage Fuel Economy (CAFE)] expressed in miles per gallon (mpg) is estab-
lished according to the following formula [3.24]:

1
"~ (0.55/city mpg) + (0.45/highway mpg)

mpgu\mlmsl\c (3_44)

A number of other operating factors, including engine start-up and
warm-up behavior, ambient conditions, road surface conditions, vehicle main-
tenance, and driver behavior (habits), also affect the operating fuel economy.

The fuel consumption data for some passenger cars are given in Table 3.6.
It can be seen that for the same vehicle with the same engine, the fuel con-
sumption is dependent upon the type of transmission installed. From the data
shown, in most cases, fuel consumption with an automatic transmission is
higher than that with a manual transmission for both city and highway driving.

3.6 ENGINE AND TRANSMISSION MATCHING

From the discussions presented previously, it can be seen that the engine and
transmission characteristics are two of the most significant design factors that
affect the performance and fuel economy of a vehicle. For a given vehicle to
achieve a desired level of performance and fuel economy, proper matching
of the engine to the transmission is of importance. The performance of a road
vehicle may be characterized by its acceleration time from standstill to a given
speed. usually 100 km/h or 60 mph or the time required to travel a given
distance, such as 1/4 mi or 0.4 km. This can be predicted using the method
described in Section 3.4. The fuel economy may be characterized by the fuel
consumed for a given distance traveled under a specific driving cycle. This
may be evaluated using the general procedure outlined in Section 3.5. In the
United States, the fuel consumption data obtained under EPA city and high-
way driving cycle and/or the EPA Corporate Average Fuel Economy (CAFE)
described by the MPg,qpee Calculated from Eq. 3.44 are generally used as
indicators for fuel economy.

For a given vehicle with a particular engine and gearbox having a specific
gear ratio span (i.e., the ratio of the gear ratio of the lowest gear to that of
the highest gear), the acceleration time and fuel economy are a function of
the drive axle gear ratio. Figure 3.44 shows the effects of the gear ratio
of the drive axle on the performance and fuel economy of a vehicle with
different engine sizes (small, midsize, and large) [3.25]. The enveloping curve
shown in Fig. 3.44 represents the optimum performance versus fuel economy
tradeoff curve. For instance, points A, B, and C represent the gear ratios of
the drive axle with a specific gearbox that achieve the optimum tradeoff be-
tween performance and fuel economy for the large, midsize, and small engine,
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Fig. 3.44 Effect of drive axle ratio on performance and fuel economy of a passenger
car. (Reproduced with permission of the Society of Automotive Engineers from ref-
erence 3.25.)

respectively. Figure 3.45 shows the optimum performance versus economy
tradeoff curves for various four-speed gearboxes having different gear ratio
spans from 3.56 to 5.94. 1f the vehicle is to achieve an acceleration time
of 13.5 s from standstill o 60 mph (96 km/h) with a given engine, then us-
ing gearbox unit C with a gear ratio span of 5.94 and with an optimum drive
axle ratio will improve the fuel economy by 4.4%, in comparison with that
using gearbox unit A with a gear ratio span of 3.56. The fuel economy of the
vehicle is measured by the EPA Corporate Average Fuel Economy (CAFE)
in mpg, ... defined by Eq. 3.44

Figure 3.46 shows the effects of the gear ratio span of a three-speed au-
tomatic transmission with an optimum drive axle gear ratio and of the engine
displacement (in liters) on the performance and fuel economy of a General
Motors front-whecl-drive car [3.26]. It shows the gain in fuel economy that
can be obtained by changing the transmission gear rativ span or engine size
for a given performance level, expressed in terms of the time taken to travel
174 mi (0.4 km). This provides the vehicle engineer with quantitative infor-
mation to select the proper combination of engine and transmission to achieve
a desired level of performance and fucl economy,
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Fig. 3.45 Effect of gear ratio span of a four-speed manual transmission on perform-
ance and fuel economy of a passenger car. (Reproduced with permission of the Society
of Automotive Engineers from reference 3.25.)
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fuel economy of a passenger car. (Reproduced with permission of the Society of Au-
tomotive Engineers from reference 3.26.)
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3.7 BRAKING PERFORMANCE

Braking performance of motor vehicles is undoubtedly onc of the most im-
portant characteristics that affect vehicle safety. With increasing emphasis on
traffic safety in recent years, intensive efforts have been directed towards
improving the braking performance. Safety standards that specity perform-
ance requirements of various types of brake system have been introduced in
many countries.

In this section, the method of approach to the analysis of the braking
performance of motor vehicles will be presented. Criteria for the evaluation
of braking capability und approaches to improving braking performance will
he discussed.

3.7.1 Braking Characteristics of a Two-Axle Vehicle

The major external forces acting on a decelerating two-axle vehicle are shown
in Fig. 3.47.

The braking force F, originating from the brake system and developed on
the tire—road interface is the primary retarding force. When the braking force
is below the limit of tire—road adhesion, the braking force F), is given by

\
[ex

r” T o
by (3.45)

where T, is the applied brake torque, / is the rotating inertia connected with
the wheel being decelerated, o, is the corresponding angular deceleration,
and r is the rolling radius of the tire.

Fig. 3.47 Forces acting on a two-axle vehicle during braking.
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In addition to the braking force, the rolling resistance of tires, aerodynamic
resistance, transmission resistance, and grade resistance (when traveling on a
slope) also affect vehicle motion during braking. Thus, the resultant retarding
force F,., can be expressed by

F.=F,+fWcos 0 +R, + Wsing, +R, (3.46)

where f, is the rolling resistance coefficient, W is the vehicle weight, 6, is
the angle of the slope with the horizontal, R, is the aerodynamic resistance,
and R, is the transmission resistance. When the vehicle is moving uphill, the
positive sign for the term W sin 6, should be used. On a downhill grade, the
negative sign should, however, be used. Normally, the magnitude of the trans-
mission resistance is small and can be neglected in braking performance cal-
culations.

During braking, there is a load transfer from the rear axle to the front axle.
By considering the equilibrium of the moments about the front and rear tire—
ground contact points, the normal loads on the front and rear axles, W, and
W.. can be expressed as

+

w
W, = % [le + h (;a - R, + Wsin 0,)] (3.47)

and

I+

W, = % [wzl —h (%Va - R, + Wsin 0)] (3.48)

where a is the deceleration. When the vehicle is moving uphill, the negative
sign for the term W sin 6, should be used. In the above expression, it is
assumed that the aerodynamic resistance is applied at the center of gravity of
the vehicle, and that there is no drawbar load.

By considering the force equilibrium in the horizontal direction, the fol-
lowing relationship can be established:

w
F,+fW=F,+F, + fW= ; a—-R, £ Wsin 6, (3.49)

where F,, and F,, are the braking forces of the front and rear axles,
respectively.

Substituting Eq. 3.49 into Egs. 3.47 and 3.48, the normal loads on the
axles become
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1
W, = [ WL+ h(F, + fW)] (3.50)

and

| —

W, = — (Wi, ~ h(F, + f,W)] (3.51)

~

The maximum braking force that the tire-ground contact can support is
determined by the normal load and the coefficient of road adhesion. With
four-whee! brakes, the maximum braking forces on the front and rear axles
are given by (assuming the maximum braking force of the vehicle F,, .. =

uw)

pW il + h(p + fI

Fi:[m;t\ = P‘W;’ = __..—~__T.~.———- (3»52)
Wil -} +
By =, = 22D L'('“ £l (3.53)

where u is the coefficient of road adhesion. It should be noted that when the
braking forces reach the values determined by Egs. 3.52 and 3.53, tires are
at the point of sliding. Any further increase in the braking force would cause
the tires to lock up.

It should be pointed out that the distribution of the braking forces between
the front and rear axles is a function of the design of the brake system when
no wheels are locked. For conventional brake systems, the distribution of the
braking forces is primarily dependent on the hydraulic (or air) pressures and
brake cylinder (or chamber) arcas in the front and rear brakes. From Egs.
3.52 and 3.53, it can be scen that only when the distribution of the braking
forces between the front and rear axles is in exactly the same proportion as
that of normal foads on the front and rear axles will the maximum braking
forces of the front and rear tires be developed at the same time.

A ["“,‘.‘1 o [_( _/‘(‘u.di.!:.'g (3.54)
K!n I‘brmux 12 - ll([.L + f:)
where K, and K, arc the proportions of the total braking force on the front
and rear axles, respectively, and are determined by the brake system design.
For instance, for a light truck with 68% of the static load on the rear axie
(/L = 0.32, 1,/L = 0.68), h/L. = 0.18, u = 0.85, and f, = 0.01, the max-
imum braking forces of the front and rear tires that the tire—ground contact
can support will be developed at the same time only if the braking force
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distribution between the front and rear brakes satisfies the following condi-
ion:

K, 032 + 0.18(0.85 + 0.01) _ 47
K

. 068 - 0.18(085 + 0.01) 53

In other words, 47% of the total braking torce must be placed on the front
axle and 53% on the rear axle o achieve optimum utitization of the potential
braking capability of the vehicle. The braking force distribution that can en-
sure the maximum braking forces of the front and rear tires developed at the
same time is referred to as the ideal braking force distribution. If the braking
torce distribution is not ideal, then either the front or the rear tires will fock
up first.

When the rear tires lock up first, the vehicle will lose directional stability.
This can be visualized with the aid of Fig. 3.48. The figure shows the top
view of a two-axle vehicle acted upon by the braking force and the inertia
force. When the rear tires lock. the capability of the rear tires to resist lateral
force is reduced to zero. If some slight lateral movement of the rear tires is
initiated by side wind, road camber, or centrifugal force, a yawing moment
due to the inertia force about the yaw center of the front axle will be devel-
oped. As the yaw motion progresses, the moment arm of the inertia force
increases, resulting in an increase in yaw acceleration. As the rear end of the
vehicle swings around 90°, the moment arm gradually decreases, and even-
tually the vehicle rotates 180°, with the rear end leading the front end. Figure
3.49 shows the measured angular deviation of a vehicle when the front and
rear tires do not lock at the same instant {3.27].

The lock-up of front tires will cause a loss of directional control, and the
driver will no longer be able to exercise effective steering. It should be pointed
out, however, that front tire lock-up does not cause directional instability. This
is because whenever lateral movement of the front tires occurs, a self-

o- YAW CENTER OF FRONT AXLE

Fig. 3.48 Loss of directional stability due to lock-up of rear tires,
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same instant. (Reproduced with permission of the Society of Automotive Engineers
from reference 3.27.)

correcting moment due o the inertia force of the vehicle about the yaw center
of the rear axle will be developed. Conscquently, it tends o bring the vehicle
back 1o a straight line path.

Loss of steering control may be detected more readily by the driver, and
control may be regained by release or partial release of the brakes. Contrary
to the case of front tire lock-up. when rear tires lock and the angular deviation
of the vehicle exceeds a certain level, control cannot be regained, even by
complete release of the brakes and by the most skillful driver. This suggests
that rear tire lock-up is a more critical situation, particularly on a road surface
with a low coefficient of adhesion. Since on slippery surfaces, the value of
the available braking torce is low, the Kinetic energy of the vehicle will dis-
sipate at a slow rate, and the vehicle will experience a serious loss of direc-
tional stability over a considerable distance. Because of the importance of the
sequence of locking of the tires to vehicle behavior during braking, braking
performance standards in some countries require that the braking effort dis-
tribution be such that the front tires lock before the rear tires on roads with
a coefficient of adhesion lower than a certain value,

The conditions under which the front or the rear tires will lock first can
be quantitatively determined. To facilitate the understanding of the problem,
only the braking force and rolling resistance will be considered in the follow-
ing analysis. Thus,
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Fh+f,W=Fbj+Fb,+f,W=%a (3.55)

Substituting Eq. 3.55 into Eqs. 3.50 and 3.51 yields

w a

W, = 1 (!2 + Eh> (3.56)
w a

W, = T (1, - p h) 3.57)

The braking forces of the front and rear axles as determined by the brake
system design are expressed by

a
Fop = KyyFy = K, W (g - f,) (3.58)
and

Fy = Ky b, = (1 - K )F, = (1 - K,pW (g - fr) (3.59)

The front tires approach lock-up when
Fy = uW,; (3.60

Substituting Egs. 3.56 and 3.58 into Eq. 3.60 yields
a ~aw [k an
KW (g f,) = uW (L + L) (3.61)

From Eq. 3.61, the vehicle deceleration rate (in g-units) associated with the
impending lock-up of the front tires can be defined by

(a) - ply/L + Kh[fr
H)

e =R (3.62)

£

Similarly, it can be shown that the rear tires approach lock-up when the
deceleration rate is

p 1= K,, + phlL
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For a given vehicle with a particular braking force disteibution on a given
road surface, the front tires will lock first it

(5),~ () ao
8/, \&/,

On the other hand, the rear tires will lock first if

(i‘> < (ﬂ) (3.65)
g/, \&/,

From the above analysis, it can be seen that for a given vehicle with a
fixed braking force distribution, hoth the front and rear tires will lock at the
same deceleration rate only on a particular road surface. Under this condition,
the maximum braking forces of the front and rear axles that the tire~ground
contact can support are developed at the same time, which indicates an op-
timum utilization of the potential braking capability of the vehicle. Under all
other conditions, either the front or rear tires will lock first, resulting in a loss
of either steering control or directional stability. This suggests that, ideally,
the braking force distribution should be adjustable to ensure optimum braking
performance under various operating conditions.

Based on the analysis described above, the interrelationships among the
sequence of locking of tires, the deceleration achievable prior to any tire lock-
up, the design parameters of the vehicle, and operating conditions can be
quantitatively defined. As an illustrative example, Fig. 3.50 shows the braking
characteristics of a light truck as a function of the braking effort distribution
on the front axle under loaded and unloaded conditions [3.28]. For the loaded
condition, the gross vehicle weight is 44.48 kN (10,000 Ib), and for the un-
loaded case, it is 26.69 kN (6000 Ib). The ratio of the height of the center of
gravity to the wheelbase is 0.18 for both loaded and unloaded conditions.
The coefficient of road adhesion is 0.85.

In Fig. 3.50, the solid line and the dotted line represent the boundaries of
the deceleration rate that the vehicle can achieve prior to the locking of any
tires under loaded and unloaded conditions. respectively. Lines OA and O’A’
represent the limiting values of the deceleration rate the vehicle can achieve
without locking the rear tires, whereas lines AB and A’B’ represent the limit-
ing values of the deccleration rate the vehicle can achieve without locking
the front tires. Use can be made of Fig. 3.50 to determine the braking char-
acteristics of the light truck under various operating conditions. For instance,
if the brake system is designed to have 40% of the total braking force placed
on the front axle, then for the loaded vehicle, the lock-up of the rear tires
will take place prior to the lock-up of the front tires and the highest de-
celeration rate the vehicle can achieve just prior to rear tire lock-up will be
0.75 g. Conversely, if 60% of the total braking force is placed on the front,
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LIGHT TRUCK
ROAD ADHESION COEFFICIENT - 0.85

LOADED:

14.2 kN, 3200 b FRONT
30.2 kN, 68001b REAR

— ——UNLOADED :
15.6 kN, 35001b FRONT
11.1 kN, 25001b REAR

09

08
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DECELERATION
IN g-UNITS

0.6
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FRONT BRAKING FORCE / TOTAL BRAKING FORCE

Fig. 3.50 Effect of braking effort distribution on the braking performance of a light
truck. (Reproduced with permission of the Society of Automotive Engineers from
reference 3.28.)

then for the loaded case, the lock-up of the front tires will take place prior
to that of the rear tires, and the highest deceleration rate the vehicle can
achieve without the locking of any tires will be 0.6 g. It is interesting to
note that to achieve the maximum deceleration rate of 0.85 g, which indi-
cates the optimum utilization of the potential braking capability on a sur-
face with a coefficient of road adhesion of 0.85, 47% of the total braking
force on the front is required for the loaded case as compared to 72% for
the unloaded case. Therefore, there is a difference of 25% in the optimum
braking force distribution between the loaded and unloaded cases. A com-
promise in the selection of the braking force distribution has to be made.
Usually. the value of the braking force distribution on the front axle cor-
responding to the intersection of lines AB and O’A’, point I, in Fig. 3.50
is selected as a compromise. Under these circumstances, the maximum de-
celeration that the truck can achieve without locking any tires under both
loaded and unloaded conditions is 0.64 g on a surface with a coefficient of
road adhesion of 0.85.
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Figure 3.51 illustrates the braking characteristics of a passenger car |3.28].
Because the difference in vehicle weight between the loaded and unloaded
cases for a passenger car is much smaller than that for a truck, the braking
characteristics under these two conditions are very close, which can readily
be seen from Fig. 3.51. To achieve the maximum deceleration rate of 0.85 g
62% of the total braking force on the front is required for the loaded case as
compared to 67% for the unloaded case, a difference of 5%. A braking force
distribution with 64.5% of the total braking force on the front, corresponding .
to point 1 in Fig. 3.51, may be selected as a compromise under these circum-
stances. The maximum deceleration that the vehicle can achieve prior to any
tire lock-up under both loaded and unloaded conditions is therefore 0.82 g

The analysis and examples given above indicate the complex nature of the
braking process. It is shown that the optimum braking force distribution,
which ensures the maximum deceleration rate, varies with the loading con-

PASSENGER CAR
e LOADED:

12.7kN. 2850 Ib FRONT
134kN, 3018 Ib REAR

— — - UNLOADED :

10.1 kN, 2276 b FRONT
9.3 kN, 2076 ib REAR

C.G. HEIGHT . 54cm, 214 in.

WHEELBASE . 315 cm, 124 in.
09 ROAD ADHESION COEFFICIENT : 0.85

DECELERATION
IN g- UNITS
o o
~ ®©

o
2]

05
0 20 40 60 80 100 %

FRONT BRAKING FORCE / TOTAL BRAKING FORCE
Fig. 3.51 Eftect of braking effort distribution on the braking performance of a pas-
senger car. (Reproduced with permission of the Society of Automotive Engineers from
reference 3.28.)
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ditions of the vehicle, vehicle design parameters, and road surface conditions.
In practice, the operating conditions vary in a wide range; thus, for a given
vehicle with a fixed braking force distribution, only under a specific set of
loading and road conditions will the maximum braking forces on the front
and rear axles be developed at the same time and will the maximum decel-
eration rate be achieved. Under all other conditions, the achievable deceler-
ation rate without causing a loss of steering control or directional stability
will be reduced. To improve braking performance, pressure proportioning
valves or load-sensing proportioning valves have been used. Pressure propor-
tioning valves commonly in use provide equal pressure to both front and rear
brakes up to a certain pressure level, and then reduce the rate of pressure rise
10 the rear brakes. Load-sensing proportioning valves have been used on
trucks, particularly in Europe. These valves adjust the braking effort distri-
bution as a function of load distribution between the axles. To easure steering
control and directional stability under all possible operating conditions, an-
tilock devices have been introduced. The prime function of these devices is
1o prevent tires from Jocking; thus, the capability of the tires to sustain a side
force can be maintained. The operating principles of the antilock braking
system will be briefly described in Section 3.7.4.

Example 3.3. A passenger car weighs 21.24 kN (4775 Ib) and has a wheel-
base of 2.87 m (113 in.). The center of gravity is 1.27 m (50 in.) behind the
front axle and 0.508 m (20 in.) above ground level. The braking effort dis-
tribution on the front axle is 60%. The coefficient of rolling resistance is 0.02.
Determine which set of the tires will lock first on two road surfaces: one with
a coefficient of road adhesion u = 0.8, and the other with & = 0.2,

Solution.
a) On the road surface with u = 0.8, the vehicle deceleration associated
with the impending lock-up of the front tires is determined by Eq. 3.62:

1.0

g K., — whiL 0.6 - 0.8 X 0.177

(0) _BLIL + Kyf, 0.8 X 0.558 + 0.6 X 002 _
&/

The vehicle deceleration associated with the impending lock-up of the rear
tires is determined by Eqg. 3.63:

@) L (- K 08 X0442+04x002
g/, 1~ K, + uhlL 04 + 08 x 0.177

Since (a/g); > (a/g),, the rear tires will lock first on the road surface with
u = 0.8,
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b) On the road surfuce with w = 0.2,

al 0.2 %0558 + 0.6 x 0.02
<g>/ T TT6-o02 %0077 - 029
o) »i
a) _ 020442 + 04 X002 _ o
g/, 04 + 02 x0.177

Since (alg), < (a/g),, the front tires will lock first on the road surface with
n =02

3.7.2 Braking Efficiency and Stopping Distance

To characterize the braking performance of a road vehicle, braking efficiency
may be used. Braking cfficiency #, is defined as the ratio of the maximum
deceleration rate in g units (a/g) achievable prior to any tire lock-up to the
coefficient of road adhesion y, and is given by

_alg

N = (3.66)

The braking efficiency indicates the extent to which the vehicle utilizes the
available coefficient of road adhesion for braking. Thus, when a/g < u, hence
7, < 1.0, the deceleration is less than the maximum achievable, resulting in
an unnecessarily long stopping distance. Referring to Fig. 3.50, if 57% of the
total braking force is placed on the front axle, corresponding to point 1, the
maximum deceleration achievabie prior to any tire lock-up is 0.64 g. This
indicates that on a surface with a coefficient of road adhesion of 0.85, the
braking efficiency is 75.3%.

Stopping distance is another parameter widely used for evaluating the over-
all braking performance of a road vehicle. To predict the stopping distance,
the basic principles in dynamics are employed. The interrelationships among
stopping distance, braking force, vehicle mass, and vehicle speed, in differ-
ential form, may bé expressed as

14‘ Bl
ads = (J—:—é‘—f) ds = Vdv (3.67)
"WWig

where v, is an equivalent mass factor taking into account the mass moments
of inertia of the rotating components involved during braking. Since during
braking the clutch is usually disengaged, the value of v, is not necessarily
the same as that of v, used in the calculation of acceleration. For passenger
cars or light trucks, y, is in the range of 1.03 to 1.05.
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Equation 3.67 may be integrated to determine the stopping distance S from
i initial speed V, to a final speed V,:

v

'y W VAV

S = f 3.68

v. g F,+ z R ( )

Substituting Eq. 3.46 into the above equation and neglecting the transmission
esistance R,, Eq. 3.68 becomes

W[ vdVv
i NS £ | SU——— (3.09)
g Ju F, + fWceos 8 £ Wsin 8, + R,

A
The acrodynamic resistance is proportional to the square of speed, and it may
be expressed as

p

R =
a 2

C,AV? = C,V> (3.70)

av

With substitution of C,,V?* for R, and integration, the stopping distance can
be expressed by {3.16]

v, W F, + fWcos 8, =+ Wsin 8, + C, Vi
§ =t - < (3.71)
2¢C,, F, + fWcos 6, + Wsin 6, + C, V3
For final speed V, = 0, Eq. 3.71 reduces to the form
Y,W cV?
= — 4 — .
$= 2. ( F, + f.Wcos 8, = Wsin 6, (3.72)

For a given vehicle, if the braking force distribution and road conditions
are such that the maximum braking forces of the front and rear tires that the
tire~ground contact can support are developed at the same time, that is, the
braking efficiency 7, = 100%, the minimum stopping distance will be
achieved. In this case, the braking torque generated by the brakes has already
overcome the inertia of the rotating parts connected with the wheels; the
maximum braking forces developed at the tire—ground contact are retarding
only the translational inertia. The mass factor v, is therefore one. The mini-
mum stopping distance S, can be expressed as

% C.Vi
= t e :
S 2eC in (l uW + fWcos 6, + Wsin 01) (3.73)

e

If the braking efficiency 7, is less than 100% (i.e., the maximum decel-
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eration rate in g units achicvable prior to tire lock-up is less than the coetti-
cient of road adhesion available), then the stopping distance will be longer
than that determined using Ey. 3.73. hn this case, the stopping distance may
be calculated from

W c. Vi .
§= —in{l + — - 3.74)
2¢C nuW + [ Wceos 8 + Wsin o,

b e

It should be pointed out that, in practice. there is a time lag between the
application of brakes and the Tull developmicnt of the braking force. This time
lag depends on the response of the brake system. The actual stopping distance
therefore will be tonger than that caleulated using the equations given above,
In general, the distance the vehicle travels during the transient period between
the application of brakes and the attainment of steady-state braking has to be
taken into consideration in determining the total stopping distance. In a first
approximation, this additional stopping distance S, may be calculated from

S

. = 1Y

where 1, is the response time of the brake system and V, is the initial speed
of the vehicle. For preliminary braking performance calculations, an average
value of 0.3 s for 7, may be assumed [3.28]. The delay in applying brakes
due to the driver’s reaction time further increases the actual stopping distance
in practice. This reaction time usually varies from 0.5 to 2 s [3.16].

3.7.3 Braking Characteristics of a Tractor-Semitrailer

In comparison with a two-axle vehicle, the braking characteristics of a
tractor—-semitrailer are more complex. For a4 given two-axle vehicle, the load
transfer is only a function of the deceleration rate, whereas for o tractor-
semitrailer, the load transfer during braking is dependent not only on the
deceleration rate, but also on the braking force of the semitrailer. Conse-
quently, the optimum braking for a tractor-semitrailer is even more difficult
to achieve than for a two-axle vehicle. A tractor-semitrailer during emergency
braking could exhibit behavior of a more complex nature than that of a two-
axle vehicle. In addition to the possibility of loss of directional control due
to the lock-up of tractor front tires, directional instability of a tractor—
semitrailer may be caused by the locking of either the tractor rear tires or the
semitrailer tires. The locking of the tractor rear tires first usually causes jack-
knifing, which puts the vehicle completely out of control and often causes
considerable damage both 10 the vehicle itself and to other road users. On
the other hand, the lock-up of the semitrailer tires causes trailer swing, Al-
though trailer swing has little effect on the stability of the tractor, it could be
very dangerous 1o other road users, particularly to the oncoming traftic [3.29),
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To reach a better understanding of the braking characteristics of a tractor—
semitrailer, it is necessary to review its mechanics of braking. Figure 3.52
shows the major forces acting on a tractor-semitrailer during braking. To
simplify the analysis, the aerodynamic drag and rolling resistance will be
neglected. ‘

The equilibrium equations are as follows.

1. For the tractor,

W, + W, =W, +W, (3.75)
CW, + CW, =algW, +F, (3.76)

(algdWh, + F, hy + W(L, — |, — d,)
+ Wd, =W, (L —-4d) 397

2. For the semitrailer,

W, + W, =W, (3.78)
F,, + C W, = (a/g)W, 3.79)
Wd, + F,hy = (alg)W,h, + WL, (3.80)

3. For the tractor—semitrailer combination,

W+ W+ W =W +W, (3.81)
C,W, + CW, + C W, = (alg)(W, + W,) (3.82)

(alg)W,h, + (alg)W,h, + WL, + WIL, — d, + L,]
=Wl + W,[L, —d, + d)] (3.83)

where W,, is the vertical load on the fifth wheel, F,, is the horizontal load on
the fifth wheel, a is the deceleration of the vehicle, and C;, C,, and C,, are
the ratios of the braking force to the normal load of the tractor front axle,
rear axle, and semitrailer axle, respectively. Other parameters are shown in
Fig. 3.52.

It should be mentioned that the equations described above are applicable
to tractors with a single rear axle and semitrailers with a single axle. For
tractors and semitrailers having tandem axles without equalization, the equa-
tions have to be modified, because of interaxle load transfer.

From the above equations, the normal loads on various axles can be ex-
pressed by the following.
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Fig. 3.52 Forces acting on a tractor-semitrailer during braking.

1. Tractor front axle:

WL, — [, + (alg)h, + (C, — alg)h,)
L +(C,—Cph,

W, =

N WoIL, — dy + (C,, — alg)h, + (alg)h,)d, + C,hy) (3.84)
(L, + CLhylL, + (C, — Cp) hy]
2. Tractor rear axle:

W = Wl — /g)h, + (alg — Cphyl
r L, +(C, -~ Cph,

4 Wol(L, — dy) + (C,, — alg)hy + (alg)h)I(L, — d,) — C,-h;]
(L, + Chy) L, + (C, — Cphy]
(3.85)

3. Semitrailer axle:

d, + (hy — hyalg]

L (3.86)

W, =W,

It can be seen that to determine the normal loads on various axles of a given
tractor-semitrailer, the deceleration rate and the braking force coefficient of
the semitrailer axle €, have to be specificd. When the deceleration and the
braking force of the semitrailer axle are known, the normal load on the semi-
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railer axle can be determined from Eq. 3.86, and the vertical and horizontal
loads on the fifth wheel, W,, and F,,, can be calculated from Egs. 3.78 and
3.79. With the values of W,, and F,, known, from Egs. 3.75 and 3.77, the
normal loads on the front and rear axles of the tractor can be calculated.

For the optimum braking condition where the maximum braking forces of
all axles that the tire—ground contact can support are developed at the same
time, the braking force coefficients for all axles and the deceleration rate in
g units are equal to the coefficient of road adhesion, ¢, = C, = C,. =
alg = p. The expressions for the axle loads given above can be simplified
as follows.

1. Tractor front axle:

WL, - I, + ph]
W, = —-——-——L-I—-———

WilL, — d, + ph,|(d, + ph)

3.87
L(L, + why) ( :
2. Tractor rear axle:
A
L,
+ WolL, — d, + ph)iL, - d, — phy] (3.88)
L(L, + phy)
3. Semitrailer axle:
wld, + n(h, — h,
w, = Wl 2 ph = Bl (3.89)

‘ why + L,

Under the optimum braking condition, the braking forces on the axles are
proportional to the corresponding normal loads. The required braking force
distribution among the axles, therefore, can be determined from Egs. 3.87-
3.89. Figure 3.53 shows the variation of the optimum braking force distri-
bution with the coefticient of road adhesion for a particular tractor-semitrailer
under various loading conditions [3.29]. The parameters of the vehicle used
in the analysis are as follows: W, = 75.62 kN (17,000 Ib), W, = 75.62 kN
(17.000 Ib) (semitrailer empty), W, = 170.14 kN (38,250 Ib) (semitrailer
partially loaded), W, = 245.75 kN (55,250 Ib) (semitrailer fully loaded), L,
=50m (165, L, =975m (32 f),{, = 275m (9 ft), d, = 0.3 m (1 {v),
d, = 488 m (16 ft), h, = 0.84 m (2.75 ft), h, = 2.44 m (8 ft), and h; = 0.98
m (3.20 ft). It can be seen that the optimum value of the braking force dis-
tribution on the tractor rear axle K, varies very little over a wide range of
road and loading conditions. On the other hand, the optimum value of the
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Fig. 3.53  Variation of ideal braking foree distribution with road adhesion coefticient
and loading conditions for i tractor-semitrailer.

braking force distribution on the tractor front axle K, and that on the semi-
trailer axle K, vary considerably with the coefficient of road adhesion and
with the loading condittons ot the semitrailer, This indicates that for a tractor-
semitrailer combination with a tixed braking force distribution, the optimum
braking condition can be achiceved only with a particular loading configuration
over a specific road surface. Under all other conditions, one of the axles will
tock up first. As mentioned previously, the locking of tractor tront tires results
in a loss of steering control. the locking of tractor rear tires first results in
Jackknifing, and the locking of semitrailer tires causes trailer swing. This
indicates that the locking sequence of the tires is of particular importance to
the behavior of the tractor-semitrailer during braking. As jackknifing is the
most critical situation, the preferred locking sequence, therefore, appears to
be tractor front tires locking up first, then semitrailer tires, and then tractor
rear tires. A procedure for predicting the locking sequence of tires of tractor—
semitrailers has been developed [3.291. It has been shown that by careful
selection of the braking force distribution among the axles coupled with the
proper contre!  ading conditions, the preferred locking sequence may be
achieved over u vertain range of road conditions, thus minimizing the unde-
sirable directional response. However, a loss of braking efficiency will result
under certain operating conditions {3.29].

The dynamic behavior and directionad response of tractor—semitraiters dur-
ing braking is of practical importance to traffic safety. Extensive study has
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been made, and the results have been reported in the literature, including
references [3.29-3.36].

3.7.4 Antilock Brake Systems

As mentioned previously, when a tire is locked (i.e., 100% skid), the coeffi-
cient of road adhesion falls to its sliding value, and its ability to sustain side
force is reduced 1o almost null. As a result, the vehicle will lose directional
control and/or stability, and the stopping distance will be longer than the
minimum achievable. Figure 3.54 shows the general characteristics of the
braking effort cocflicient (i.c., the ratio of the bruking cffort to the noroal
load of the tire) and the coefficient of cornering force (i.e., the ratio of the
comering force to the normal load of the tire) at a given slip angle as a
function of skid for a pneumatic tire.

The primg function of an antitock bruke system is 1o prevent the tire from
locking. and ideally to keep the skid of the tire within a desired range, such
as that shown in Fig. 3.54. This will ensure that the tire can develop a suf-
ficiently high braking force for stopping the vehicle, and at the same time it
can retain an adequate cornering force for directional control and stability.
Data collected in Germany and other countries in the mid-1980’s have shown
that the introduction of antilock brake systems has reduced a noticeable num-
ber of traffic accidents involving passenger cars, and has also mitigated the
consequences of a number of accidents [3.37]. In some countries, the insur-
ance premium is reduced for passenger cars equipped with antilock devices.

To appreciate the operation of an antilock brake system, it would be useful
to briefly review the dynamics of the tire during braking. When a braking
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Fig. 3.54 Effect of skid on cornering force coefticient of a tire.
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torque T, is applicd to the tire, u corresponding braking effort £, is developed
on the tire—ground contact patch, as shown in Fig. 3.55. This braking effort
F, has a moment 7, about the tire center, which acts in the opposite direction
of the applied braking torque T,,. The difference between T, and 7, causes an
angular acceleration w of the tire:

i = (T, ~ TYI, = (Fyr — T, (3.90)

where [ is the mass of moment of inertia of the tire assembly about its center
and r is the radius of the tire.

When the difference hetween Foroand 7, is positive, the tire accelerates,
and when it is negative, the tire decelerates.

The braking effort £, also causes a linear deceleration «, of the tire center:

a, = F [ (Wig) (39h)

where Wis the load carried by the tire and g is the acceleration due 1o gravity.

It should be noted that hecause of the skid of the tire during braking, the
linear deceleration of the tire center «, is not equal to r@. As noted previously,
the skid i_ of the tire is defined by Eq. 1.30 as follows:

rw

i\:<1—7>><10()%

where @ and V are the angular speed and linear speed of the center of the
tire, respectively.

If the applied braking torque T, is large and the angular deceleration @ is
high, the tire will become locked (i.e.. its angular speed w becomes zero,
while the linear speed of the tire center V is not zero) within a short period
of time. The basic function of an antilock device is to monitor the operating
conditions of the tire and to control the applied braking torque by modulating
the brake pressure so as to prevent the tire from becoming locked, and ideally
to keep it operating within a desired range of skid.

A modern antilock brake system is an electronic feedback control system.
It consists of a sensor (or sensors), an electronic control unit, and a brake

Fp=nFz Fig. 3.55 Forces and moments acting on a
77777777 ire during braking.
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pressure modulator, as schematically shown in Fig. 3.56. In practice, the skid
of the tire is difficult to determine accurately, primarily due to the lack of a
practical and cost-effective means to directly measure the linear speed V of
the tire center during braking. The control logic of an antilock device, there-
fore, is usually formulated based on some easily measurable parameters, such
as the angular speed and angular deceleration (or acceleration) of the tire and
linear deceleration of the vehicle.

Sensors with electromagnetic pulse pickups and toothed wheels are usually
used to monitor the rotation of the tires or the rotating components of the
driveline. To monitor the average angular speed of the tires on a drive axle,
the sensor may be mounted at the speedometer cable take-out of the trans-
mission case or on the propeller shaft. To monitor the rotation of individual
tires, sensors are mounted directly to the wheeled hubs. They usually generate
90-100 pulses per wheel revolution. The angular speed and angular decel-
eration (or acceleration) of the tire are derived from these digital pulse signals
by differentiation with respect to time. A linear accelerometer is used in some
antilock devices to monitor the longitudinal deceleration of the vehicle. The
signals generated by the sensors are transmitted to the electronic control unit
for processing.

The control unit usually consists of four modules: a signal processing mod-
ule, a module for predicting whether the tire is at the point of locking, a
module for determining whether the danger of locking the tire is averted, and
a module for generating a command signal for activating the pressure mod-
ulator.

In the control unit, after the signals generated by the sensors have been
processed, the measured parameters and/or those derived from them are com-
pared with the corresponding predetermined threshold values. When certain
conditions that indicate the impending lock-up of the tire are met by the
measured parameters and/or their derivatives, a command signal is sent to
the modulator 10 release the brake. The methods for predicting the locking of
the tire used in some antilock systems are described below [3.38-3.42].

1. In some of the existing antilock devices, the locking of the tire is pre-
dicted, and a command signal is transmitted to the modulator to release

. SENSOR

. CONTROL UNIT

. MODULATOR

. WHEEL CYLINDER
. MASTER CYLINDER

O & W N -

Fig. 3.56 Elements of an antilock braking system.
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the brake, whenever the product of the angular deceleration @ of the
tire and its rolling radius r exceeds a predetermined value. In some
systems, the threshold value used is in the range 1-1.6 g.

- In an antilock system designed for passenger cars, the angular speed
signal of the tirc is tracked by a track-and-hold circuit in the control
unit, and when the value of re is greater than 1.6 g, the tracked signal
is held in a memory circuit for about 140 ms. During this period of
time, if the measured angular speed of the tire decreases by 5% of the
already held value, and at the same time if the deceleration of the ve-
hicle measured by u linear aceclerometer is not higher than 0.5 g, it is
predicted that the tire is at the point of Jocking, and a command signal
for releasing the brake is sent to the modulator. On the other hand., if
the deceleration of the vehicle is higher than 0.5 g, locking of the tire
is predicted, and the brake is released whenever the decrease in angular
speed of the tire is 15% of the already stored value.

3. In many current antilock brake systems, the brake pressure will be re-
duced if the Toltowing two conditions are met [3.41. 3.42]: the estimated
tire skid /. - 7, and r = re,, where 1, is the threshold value for tire
skid, typically 10% . and ré, is the threshold value for the circumfer-
ential deceleration of the tire, typically 1-1.6 g.

o

As mentioned previously, the actual skid of the tire during braking is dif-
ficult to determine accurately. due to a lack of practical means for directly
measuring the lincar speed of the tire center. Therefore, in many cases, the
tire skid 7, is calculated from the estimated linear speed of the tire center
bused on the radius r and the measured angular speed w of the tire, using
various estimation methods. To avoid excessive operation of the antilock de-
vice at low vehicle speeds due to errors in estimating the tire skid, the thresh-
old value for skid i, is increased with a decrease in the vehicle speed.

During the braking process. the operating conditions of the tire and the
vehicle are continuously monitored by the sensors and the control unit. After
the danger of locking the tire is predicted and the brake is released, another
module in the control unit will determine at what point the brake should be
reapplied. There is a variety of criteria employed in existing antilock systems;
some of them arc described below [3.38-3.42). '

L. In some systems, a command signal wiil be sent to the modulator to
reapply the brake, whenever the criteria for releasing the brake dis-
cussed previously are no longer salistied.

2. In certain devices, a tixed time delay is introduced to cnsure that the
brake is reapplied only when a tixed time has elapsed after the release
of the brake.

3. When the brake is released, the forward momentum of the vehicle
causes the tire to have an angular aceeleration. In some systems, the
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brake is reapplied as soon as the product of the angular acceleration
@ of the tire and the rolling radius r exceeds a predetermined value.
Threshold values for r@ in the range 2.2-3 g have been used. In some
devices, the brake pressure build-up rate is made dependent upon the
angular acceleration of the tire.

As an example, Fig. 3.57 shows the characteristics of an antilock system
designed for heavy commercial vehicles [3.43). The variations of the brake
pressure, tire skid, vehicle speed, circumferential speed rw, and circumfer-
ential acceleration r@ of the tire with time during a simulated braking ma-
neuver over a wet pavement are shown. As can be seen, the brake pressure
fluctuates during the operation of an antilock device. The cycle of reducing,
holding. and restoring the brake pressure is repeated several times, typically
from 5 10 16, per second until the vehicle has slowed to a speed of approx-
imately 3-5 km/h (2-3 mph), at which the antilock device is usually deac-
tivated.

Various layouts for antilock devices on road vehicles have been used. The
primary consideration is to ensure directional control and stability of the ve-
hicle, not only when braking in a straight line, but also when braking in a
turn and on an asymmetrical road surface having different values of coefficient
of road adhesion for the left- and right-hand side tires.

The common layouts for passenger cars are the four-channel and four-
sensor, three-channel and three-sensor, and three-channel and four-sensor con-
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Fig. 357 Operating characteristics of an antilock system for heavy commercial ve-
hicles with pneumatic braking systems.
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figurations, as schematically shown in Fig. 3.58 [3.44]. A channel refers to
the portion of the brake system which lllc control unit/modulator controls
independently of the rest of the brake system. For instance, the four-
and four-sensor configuration shown in the figure has four hydraul
circuits with sensors for monitoring the operating conditions of the four tires
separately. The two front tires are controlled individually, based on the in-
formation obtained by the respective sensors. However, the two tires on the
rear axle are jointly controlled in the “sclect-low™ operating mode.
low” means that the control unit will use the information from the slower of
the two tires to jointly control both tires with the same brake pressure,
whereas “‘select-high™ means that the control unit will use the information
from the faster of the two tires to control the brake pressure applied to both
tires. It has been shown that using the *select-low” operating mode for con-
trolling the two tires on the rear axle will ensure vel irectional stability
when braking on an asymmetrical road or on a turn, in contrast to using the

Steer- | Stability |Braking
ability distance|
D = {TITD = [T =

4-~channel ABS 4 sensors

+H++H++

A+

++++++

® Control channel symmetrical road surface
& Sensor ) asymmetrical road surface

In all systems, the rear wheels are controlled together

according to the »selectows« principle. In the first system,

control was by synchronous triggering of both solenoid valves.
Fig. 358 Various layouts of antilock systems for passenger cars, (Reproduced with
permission of the Socicty of Automotive Engincers from reference 3.44.)
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“select-high™ operating mode. This is because, with the ““select-high” mode,
the tire on the low friction side of an asymmetrical road or on the inside of
a turn will be locked up, while the other tire on the high friction side of the
road or on the outside of a turn develops a higher braking force. This results
in a reduction of the cornering force available for the axle, and a large yawing
moment which will have an adverse effect on the directional stability of the
vehicle. It should be pointed out, however, that using the ‘“‘select-low™ op-
crating mode will have a lower braking efficiency and a longer stopping
distance than using the “select-high” mode. It is also interesting to note that
with the four tires individually controlied, different braking forces are acting
on the left- and right-hand side tires on the front axle, as well as on the rear
axle on an asymmetrical road. This results in a large yawing moment which
will adversely affect the directional stability of the vehicle. The three-channel
and three-sensor configuration has three hydraulic circuits for the control of
the two front tires individually and the two rear tires jointly, based on the
information obtained by the two sensors mounted on the two front tires and
by the one sensor for monitoring the average operating conditions of the two
rear tires. The operation of the three-channel and four-sensor configuration
with the “select-low” operating mode for the rear tires is similar to that of
the four-channel and four-sensor configuration described above.

A two-channel and four-sensor configuration in which the two front tires
are jointly controlled by the ‘“‘select-high™ operating mode and the two rear
tires by the “‘select-low” operating mode has also been developed [3.45]. It
is claimed that this system can substantially curb the excessive operation of
the antilock brake system on rough roads, and that the combination of the
“*select-high™ for the front axle and the ‘“select-low” for the rear axle offers
a reasonable compromise between achieving a sufficiently short stopping dis-
tance and retaining adequate directional stability.

3.7.5 Traction Control Systems

Similar to the functions of antilock devices for improving vehicle braking
performance, traction control systems have been developed for improving
vehicle tractive performance and for maintaining directional control and sta-
bility during acceleration [3.46, 3.47]. The prime functions of a traction con-
trol system are as follows:

1. 10 improve traction on an asymmetrical road surface with different
values of coeflicient of road adhesion for the left- and right-hand side
tires.

to prevent the tire from spinning during acceleration or on slippery
surfaces, and ideally to keep the slip of the tire within a desired range
so as to retain an adequate cornering force for direction control and
stability.

2
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Similar to an antilock brake system, a typical traction control system in-
cludes of a sensor (or sensors), an electronic control unit, and a brake pressure
modulator. In addition, it has an engine control device, which controls the
throttle, fuel injection system. or ignition. Because of the simitarity between
the two systems, the traction control system is usually integrated with the
antilock brake system, sharing o large number of common components. such
as the sensor, electronic control unit, and brake pressure modulator.

For a drive axle with a simple differential. the driving torque is evenly
distributed between the left- and right-hand side half-shafts. As a result, when
operating on an asymmetrical road, the tire on the side of the road having a
lower value of coefficient of road adhesion will slip excessively, and will
impose a limit on the tractive effort that the other tire with a higher value of
coefficient of road adhesion can develop. While a differential lock, limited-
slip differential or viscous coupling would provide a solution to this problem,
a traction control system is a viable alternative. When the slip of a tire on
one side of a drive axle is determined to he excessive, a braking torque is
applied to that tire through brake pressure modulation so as to increase the
driving torque available to the other tire for improving traction. For a vehicle
with only one drive axle, the slip of the driven tires can be determined directly
using the angular speed of the frec-rolling tires on the nondriven axle as a
reference.

When the vehicle operates on a slippery surface with a low coefficient of
road adhesion or during start-up, both tires on the drive axle may slip exces-
sively. Under these circumstances, the traction control system will apply brak-
“ing torques to both driven tires and/or decrease the engine output torque to
reduce the tractive effort und slip. This ensures adequate directional control
for a front-wheel-drive vehicle or directional stability for a rear-wheel-drive
vehicle. When operating on a long stretch of slippery road, to avoid brake
overheating, a combined brake pressure modulation and engine control is
necessary. It should be pointed out that the response of traction control to
brake pressure modulation is usually faster than that to engine control because
of the actuation time of the engine control device, engine rotating inertia, and
the elasticity of the driveline.
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PROBLEMS

3.1

w
o

A vehicle weighs 20.02 kN (4500 Ib) and has a wheelbase of 279 4 cm
(110 in.). The center of gravity is 127 cm (50 in.) beisi.i the i

and 50.8 cm (20 in.) above ground level. The frontal arca of the vehicle
is 2.32 m? (25 ft?) and the aerodynamic drag coefticieat is 0.45. The
coefficient of rolling resistance is given by f, = 0.0136 + 0.4 X 107
V2, where V is the speed of the vehicle in kilometers per hour. The
rolling radius of the tires is 33 ¢m (13 in). The cocflicient of road
adhess - 0.8, Estimate the possible maximum speed of the vehicle
on lev wnd and on a grade of 25% as determined by the maximum
trae! St the tire~road contact can support if the vehicle is (a)
rear-wheel drive, and (b) front-wheel-drive. Plot the resultant resistance
versus vehicle speed. and show: the maximum thrust of the vehicle with
the two types of drive.

The vehicle described in Problem 3.1 is equipped with an engine having

~ torque~speed characteristics as shown in the following table. The gear

ratios of the scarbox are; first. 4.03: second, 2.16; third, 1.37; and fourth,
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1.0. The gear ratio of the dvive axde is 3,54, The transmission efficicncy
is 88%. LEstimate the maximum speed of the vehicle on level ground
and on a grade of 25% ax determined by the tructive effort that the
engine torque with the given transtission can provide if the vehicle is
rear-wheel-drive. Plot the vehicle thrust in various gears versus vehicle
speed.

Lgine Clunactenstics

Engine speed. tpin SO0 1000 1750 ISt HXW0 IS A0 4S00 SRK

Engine torque. N - O3 q06 303 3634 3254 2848 T 2312 1R9R

A vehicle is cquipped with an awtomatic transmission copsisting of a
torque converter and a three-speed gearbox, The torque converter and
the engine characteristics are shown in Figs. 3.31 and 3.32, respectively.
The total ‘gear reduction ratio of the gearbox and the drive axle is 2.91
when the third gear is engaged. The combined efficiency of the gearbox,
propeller shalt, and the drive axle is 0.90. The rolling radius of the tire
is 33.5 em (L1 0. Caleulate the ractive effort and speed of the vehicle
when the third gear is engaged and the engine is running at 2000 rpm
with an engine torque of 107 N - (300 1b - 0. Also detecmine the
overall efficiency of the ransmission, including the torque converter.
A passenger car weighs 1245 KN (2800 [b), including the four tires,
Bach of the tives has wn etfective diameter of 67 em (2.2 1) and a radius
of gyration of 27.9 cm (11 in.), and weighs 222.4 N (50 Ib). The engine
develops 44.8 kW (60 hp) at 4000 rpm, and the equivalent weight of
the rotating parts of the driveline at engine speed is 444.8 N (100 1b)
with a radius of gyration of 10 emv (4 in). The transmission cflicieney
is 83% and the total reduction ratio of the driveline in the second gear
is 7.56 to 1. The vehicle has a frontal arca of 1.67 m? (18 £1°) and the
aerodynamic drag cocfficient is 0.45. The average coefticient of rolling
resistance is 0.015. Caleulate the acceleration of the vehicle on a level
road under these conditions,

A passenger car weighs 20,02 KN (4500 1b) and bas a wheelbase of
279.4 cm (110 ). The center of gravity is 127 ¢m (50 in.) behind the
froat axle and 308 cm (20 in) above ground level. In practice. the
vehicle encounters o viriety of surfaces, with the coefficient of road
adhesion ranging from 0.2 10 0.8 and the coeflicient of rolling resistance
of Q.015. With a view to avoiding the Joss of directional stability on
surfaces with a low cocflicient of adhesion under emergency braking
conditions, what would you recommend regarding the braking effori
distribution "tween the front and rear axles?

For a tractor-semitrailer combination, the tractor weighs 66,72 kN
(15,000 1b) and the semitrailer weighs 266.88 kN (60,000 1b). The
wheelbase of the tractor is 381 em (150 in.), aftl the trailer axle is 1016
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