CHAPTER 4

TWO-PHASE FLOW
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'WO-PHASE FLOW is encountered extensively in the air-con-

ditioning, heating, and refrigeration industries. A combination
of liquid and vapor refrigerant exists in flooded coolers, direct-
expansion coolers, thermosiphon coolers, brazed and gasketed plate
evaporators and condensers, and tube-in-tube evaporators and con-
densers, as well as in air-cooled evaporators and condensers. In the
pipes of heating systems, steam and liquid water may both be
present. Because the hydrodynststamic and heat transfer aspects of
two-phase flow are not as well understood as those of single-phase
flow, no single set of correlations can be used to predict pressure
drops or heat transfer rates. Instead, the correlations are for specific
thermal and hydrodynamic operating conditions.

This chapter presents the basic principles of two-phase flow and
provides information on the vast number of correlations that have
been developed to predict heat transfer coefficients and pressure
drops in these systems.

BOILING

Commonly used refrigeration evaporators are (1) flooded evapo-
rators, where refrigerants at low fluid velocities boil outside or inside
tubes; and (2) dry expansion shell-and-tube evaporators, where refrig-
erants at substantial fluid velocities boil outside or inside tubes.

Two-phase heat and mass transport are characterized by various
flow and thermal regimes, whether vaporization takes place under
natural convection or in forced flow. Unlike single-phase flow

systems, the heat transfer coefficient for a two-phase mixture
depends on the flow regime, the thermodynamic and transport
properties of both the vapor and the liquid, the roughness of the
heating surface, the wetting characteristics of the surface-liquid
pair, and other parameters. Therefore, it is necessary to consider
each flow and boiling regime separately to determine the heat
transfer coefficient.

Accurate data defining limits of regimes and determining the
effects of various parameters are not available. The accuracy of cor-
relations in predicting the heat transfer coefticient for two-phase
flow is in most cases not known beyond the range of the test data.

Boiling and Pool Boiling in Natural
Convection Systems

Regimes of Boiling. The different regimes of pool boiling
described by Farber and Scorah (1948) verified those suggested by
Nukiyama (1934). The regimes are illustrated in Figure 1. When the
temperature of the heating surface is near the fluid saturation tem-
perature, heat is transferred by convection currents to the free sur-
face where evaporation occurs (Region I). Transition to nucleate
boiling occurs when the surface temperature exceeds saturation by
a few degrees (Region II).

In nucleate boiling (Region III), a thin layer of superheated lig-
uid is formed adjacent to the heating surface. In this layer, bubbles
nucleate and grow from spots on the surface. The thermal resistance
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of the superheated liquid film is greatly reduced by bubble-induced
agitation and vaporization. Increased wall temperature increases
bubble population, causing a large increase in heat flux.

As heat flux or temperature difference increases further and as
more vapor forms, the flow of the liquid toward the surface is inter-
rupted, and a vapor blanket forms. This gives the maximum heat
flux, which is at the departure from nucleate boiling (DNB) at point
a, Figure 1. This flux is often termed the burnout heat flux or boil-
ing crisis because, for constant power-generating systems, an
increase of heat flux beyond this point results in a jump of the
heater temperature (to point ¢, Figure 1), often beyond the melting
point of a metal heating surface.

In systems with controllable surface temperature, an increase
beyond the temperature for DNB causes a decrease of heat flux den-
sity. This is the transition boiling regime (Region IV); liquid alter-
nately falls onto the surface and is repulsed by an explosive burst of
vapor.

At sufficiently high surface temperatures, a stable vapor film
forms at the heater surface; this is the film boiling regime (Regions
V and VI). Because heat transfer is by conduction (and some radia-
tion) across the vapor film, the heater temperature is much higher
than for comparable heat flux densities in the nucleate boiling
regime. The minimum film boiling (MFB) heat flux (point b) is the
lower end of the film boiling curve.

Free Surface Evaporation. In Region I, where surface temper-
ature exceeds liquid saturation temperature by less than a few
degrees, no bubbles form. Evaporation occurs at the free surface by
convection of superheated liquid from the heated surface. Correla-
tions of heat transfer coefficients for this region are similar to those
for fluids under ordinary natural convection [Equations (1) through
(4) in Table 1].

Nucleate Boiling. Much information is available on boiling heat
transfer coefficients, but no universally reliable method is available
for correlating the data. In the nucleate boiling regime, heat flux
density is not a single, valued function of the temperature but
depends also on the nucleating characteristics of the surface, as
illustrated by Figure 2 (Berenson 1962).

The equations proposed for correlating nucleate boiling data can
be put in a form that relates heat transfer coefficient / to temperature
difference (,, — t,,,):
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h = constant (7,,— tmt)a 1)
Exponent a is normally about 3 for a plain, smooth surface; its
value depends on the thermodynamic and transport properties of the
vapor and the liquid. Nucleating characteristics of the surface,
including the size distribution of surface cavities and the wetting
characteristics of the surface-liquid pair, affect the value of the mul-
tiplying constant and the value of the exponent a in Equation (1).

A generalized correlation cannot be expected without consider-
ation of the nucleating characteristics of the heating surface. A sta-
tistical analysis of data for 25 liquids by Hughmark (1962) shows
that in a correlation not considering surface condition, deviations of
more than 100% are common.

In the following sections, correlations and nomographs for pre-
diction of nucleate and flow boiling of various refrigerants are
given. For most cases, these correlations have been tested for
refrigerants, such as R-11, R-12, R-113, and R-114, that have now
been identified as environmentally harmful and are no longer
being used in new equipment. Extensive research on the thermal
and fluid characteristics of alternative refrigerants/refrigerant mix-
tures has taken place in recent years, and some correlations have
been suggested.

Stephan and Abdelsalam (1980) developed a statistical approach
for estimating the heat transfer during nucleate boiling. The corre-
lation [Equation (5) in Table 1] should be used with a fixed contact
angle 0 regardless of the fluid. Cooper (1984) proposed a dimen-
sional correlation for nucleate boiling, shown as Equation (6) in Ta-
ble 1. The dimensions required are listed in Table 1. This
correlation is recommended for fluids with poorly defined physical
properties.

Gorenflo (1993) proposed a nucleate boiling correlation based
on a set of reference conditions and a base heat transfer coefficient
as shown in Equation (7) in Table 1. The correlation was devel-
oped for a reduced pressure p,. of 0.1 and the reference conditions
given in Table 1. Base heat transfer coefficients are given for three
fluids in Table 1, and Gorenflo (1993) should be consulted for
additional fluids.

In addition to correlations dependent on thermodynamic and
transport properties of the vapor and the liquid, Borishansky et al.
(1962) and Lienhard and Schrock (1963) documented a correlating
method based on the law of corresponding states. The properties
can be expressed in terms of fundamental molecular parameters,
leading to scaling criteria based on the reduced pressure, p, = p/p,.,
where p,. is the critical thermodynamic pressure for the coolant. An
example of this method of correlation is shown in Figure 3. The ref-
erence pressure p* was chosen as p* = 0.029p,.. This correlation
provides a simple method for scaling the effect of pressure if data
are available for one pressure level. It also has an advantage if the
thermodynamic and particularly the transport properties used in
several equations in Table 1 are not accurately known. In its present
form, this correlation gives a value of a = 2.33 for the exponent in
Equation (1) and consequently should apply for typical aged metal
surfaces.

There are explicit heat transfer coefficient correlations based on
the law of corresponding states for various substances (Borishansky
and Kosyrev 1966), halogenated refrigerants (Danilova 1965), and
flooded evaporators (Starczewski 1965). Other investigations
examined the effects of oil on boiling heat transfer from diverse
configurations, including boiling from a flat plate (Stephan 1963b);
a 0.55 in. OD horizontal tube using an oil-R-12 mixture (Tscherno-
byiski and Ratiani 1955); inside horizontal tubes using an oil-R-12
mixture (Breber et al. 1980, Worsoe-Schmidt 1959, Green and
Furse 1963); and commercial copper tubing using R-11 and R-113
with oil content to 10% (Dougherty and Sauer 1974). Additionally,
Furse (1965) examined R-11 and R-12 boiling over a flat horizontal
copper surface.
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Table 1 Equations for Boiling Heat Transfer
Description References Equations
Free convection Jakob (1949 and
Free convection boiling, or boiling without 1957) Nu = C(Gr)"(Pr)" )
bubbles for low Az and GrPr < 108
(all properties based on liquid state)
Vertical submerged surface Nu = 0.61(Gr)*23(Pr)0-25 )
Horizontal submerged surface Nu = 0.16(Gr)"3(Pr)!3 3)
Simplified equation for water h ~ 80(Af)"3, where A is in Btu/h- ft?-°F, At in °F )
Nucleate boiling Stephan and WD 05, oD 067(1, D208 0 o\ 433 )
Abdelsalam (1980)  —¢ = 0.0546 [(p_V) ( Kt n [ i/ d} (p’ pV)
ky Py Ak/T, ai Py
p 172
where D, = 0.02086[—————-} with 0 = 35°
g(p;=p,)
0.12- 04343 In(R,)) ~0.5( ¢\
Cooper (1984) h = 55P, (-0.4343InP, )M (Aﬁ) (6)
where 7 is in W/(m2-K), g/4 is in W/m?2, and R, is surface roughness in um
A4 \nfr R N\0133
Gorenflo (1993 h=hF (—q———) (—ﬂ) (7
) 0" PF (q/A )a Rpo )
where reference conditions are (g/4), = 6300 Btu/h-ft2, R,, =04 pm
Fpp = 12P "7 4+25p + —~ ®)
r " 1-P,
nf=09-03p°% ©)
For all fluids except water and helium.
Fluid h,, Btu/h-ft>-°F
R-134a 790
R-22 690
Ammonia 1230
i 2 025
Critical heat flux gult)atelz:dzle (11996521) q/A { pv } - X, (10)
uber et al. ( ) i 5,8(p—p,)
For many liquids, K, varies from 0.12 to 0.16.
Recommended average value is 0.13.
Minimum heat flux in film boiling from Zuber (1959) /4 [__(BEE_‘?L)_J 23 _ 0,09 (11
horizontal plate Pyl (P = p,)
{ 2, } 0.5
2
Minimum heat flux in film boiling fi . 2702 g(p;—p,)D
holr?;c?rll]t;nl ceTindE:sln ilm boiling from Lienhard and Wong q/4 {M} =0.114 L 033 (12)
4 (1963) p g o.2(p-p,) [1 .20 } :
2
g(p;-p,)D
pyhrg(p;—p,)7%3
Minimum temperature difference for Berenson (1961) (ty =10 = 0~127‘V7{“£g|:“‘;“:5‘v‘}
film boiling from horizontal plate v Iy
o, 05- p, q1/3
(el 775 @
g(p;—p,) Pr=Py
025
Film boiling from horizontal plat B 1961 h = 0425 { il ) } 14
" .
ilm boiling from horizontal plate erenson ( ) w,(t,—1,,)./0,/2(p—py) (14)
k3. _ h. 0.25
Film boiling from horizontal cylinders Anderson et al. h =062 { 208 (P Py) } (15)

Effect of radiation

(1966)

Anderson et al.
(1966)

D“v(tw - tsat)

o t—1y
Substitute 7, = hfg|:1 + 0'4Cph_fg}
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Table 1 Equations for Boiling Heat Transfer (Continued)

Description References Equations
Effect of surface tension and of pipe Breen and Westwater A/D <0.8: h(A)*B/F =0.60 (16)
diameter (1962) 0.8<A/D<8:  hD"3/F=0.62 a7
8<A/D: h(A)25/F =0.016 (A/D)"-33 (18)
c 0.25
where A = 21 [ﬁ}
(Ps=p,)
P [pvh@g(p,— pv)kéT‘ZS
Hv(tw - txal)
Turbulent film Frederking and Nu = 0.15 (Ra)!3 for Ra> 5 x 107 (19)
Clark (1962)
3 1/3
D -p,)/c hy,
2 = |28 p‘)(-!’—“) (v 04)¢
viPy k 7y Cp(tw - lsar) g
a = local acceleration
30.0 700
x 20.0
= 600 T
95 10.0 - '\ \
8.0
} 6o y %;3: 500 P~
S 39 2< il ge
L5 4 €3 A N
L 20 ” £ o 400 = [ e
o 20 / - v = Z VO N \
= | £& 300 TOP END ~TUge N~
Z 1o 1 o OF TUBE =S,
> o8 ] T \,\
< o8 = a4 200
R = <8 1/
0.3 100
o2
3456 BOOOl 2 34568001 2 3456 801 2 3 456 810
o

P/ P

Fig.3 Correlation of Pool Boiling Data in Terms
of Reduced Pressure

Maximum Heat Flux and Film Boiling

Maximum or critical heat flux and the film boiling region are not
as strongly affected by conditions of the heating surface as the heat
flux in the nucleate boiling region, making analysis of DNB and of
film boiling more tractable.

Carey (1992) provides a review of the mechanisms that have
been postulated to cause the DNB phenomenon in pool boiling.
Each model is based on the scenario that vapor blankets, which lead
to an increased thermal resistance, exist on portions of the heat
transfer surface. It has been proposed that these blankets may result
from Helmholtz instabilities.

‘When DNB (point a, Figure 1) is assumed to be a hydrodynamic
instability phenomenon, a simple relation, Equation (10) in Table 1,
can be derived to predict this flux for pure, wetting liquids (Kutate-
ladze 1951, Zuber et al. 1962). The dimensionless constant K varies
from approximately 0.12 to 0.16 for a large variety of liquids. The
effect of wettability is still in question. Van Stralen (1959) found that
for liquid mixtures, DNB is a function of the concentration.

The minimum heat flux density (point b, Figure 1) in film boiling
from a horizontal surface and a horizontal cylinder can be predicted
by Equations (11) and (12) in Table 1. The numerical factors 0.09
and 0.114 were adjusted to fit experimental data; values predicted
by two analyses were approximately 30% higher. Equation (13) in
Table 1 predicts the temperature difference at minimum heat flux of
film boiling.

The heat transfer coefficient in film boiling from a horizontal
surface can be predicted by Equation (14) in Table 1; and from a
horizontal cylinder by Equation (15) in Table 1 (Bromley 1950),

o] 10 20 30 40 S0 60 70 80 90
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Fig. 4 Boiling Heat Transfer Coefficients for
Flooded Evaporator

which has been generalized to include the effect of surface tension
and cylinder diameter, as shown in Equations (16), (17), and (18) in
Table 1 (Breen and Westwater 1962).

Frederking and Clark (1962) found that for turbulent film boil-
ing, Equation (19) in Table 1 agrees with data from experiments at
reduced gravity (Rohsenow 1963, Westwater 1963, Kutateladze
1963, Jakob 1949 and 1957).

Flooded Evaporators

Equations in Table 1 merely approximate heat transfer rates in
flooded evaporators. One reason is that vapor entering the evaporator
combined with vapor generated within the evaporator can produce
significant forced convection effects superimposed on those caused
by nucleation. Nonuniform distribution of the two-phase, vapor-lig-
uid flow within the tube bundle of shell-and-tube evaporators or the
tubes of vertical-tube flooded evaporators is also important.

Bundle data and design methods for plain, low fin, and enhanced
tubes have been reviewed in Thome (1990) and Collier and Thome
(1996).

Typical performance of vertical tube natural circulation evapo-
rators, based on data for water, is shown in Figure 4 (Perry 1950).
Low coefticients are at low liquid levels because insufficient liquid
covers the heating surface. The lower coefficient at high levels is the
result of an adverse effect of hydrostatic head on temperature dif-
ference and circulation rate. Perry (1950) noted similar effects in
horizontal shell-and-tube evaporators.
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Constant heat flux; tube diameter approximately 0.5 in.
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Forced-Convection Evaporation in Tubes

Flow Mechanics. When a mixture of liquid and vapor flows
inside a tube, a number of flow patterns occur, depending on the
mass fraction of liquid, the fluid properties of each phase, and the
flow rate. In an evaporator tube, the mass fraction of liquid
decreases along the circuit length, resulting in a series of changing
vapor-liquid flow patterns. If the fluid enters as a subcooled liquid,
the first indications of vapor generation are bubbles forming at the
heated tube wall (nucleation). Subsequently, bubble, plug, churn (or
semiannular), annular, spray annular, and mist flows can occur as
the vapor content increases for two-phase flows in horizontal tubes.
Idealized flow patterns are illustrated in Figure SA for a horizontal
tube evaporator.

Because nucleation occurs at the heated surface in a thin sublayer
of superheated liquid, boiling in forced convection may begin while
the bulk of the liquid is subcooled. Depending on the nature of the
fluid and the amount of subcooling, the bubbles formed can either
collapse or continue to grow and coalesce (Figure 5A), as Gouse
and Coumou (1965) observed for R-113. Bergles and Rohsenow
(1964) developed a method to determine the point of incipient sur-
face boiling.

After nucleation begins, bubbles quickly agglomerate to form
vapor plugs at the center of a vertical tube, or, as shown in Figure
SA, vapor plugs form along the top surface of a horizontal tube. At
the point where the bulk of the fluid reaches saturation temperature,
which corresponds to local static pressure, there will be up to 1%
vapor quality because of the preceding surface boiling (Guerrieri
and Talty 1956).

Further coalescence of vapor bubbles and plugs results in churn,
or semiannular flow. If the fluid velocity is high enough, a continu-
ous vapor core surrounded by a liquid annulus at the tube wall soon
forms. This annular flow occurs when the ratio of the tube cross sec-
tion filled with vapor to the total cross section is approximately 85%.
With common refrigerants, this equals a vapor quality of about 0% to
30%. Vapor quality is the ratio of mass (or mass flow rate) of vapor
to total mass (or mass flow rate) of the mixture. The usual flowing
vapor quality or vapor fraction is referred to throughout this discus-
sion. Static vapor quality is smaller because the vapor in the core
flows at a higher average velocity than the liquid at the walls (see
Chapter 2).

If two-phase mass velocity is high (greater than 150,000 b,/
h-ft? for a 0.5 in. tube), annular flow with small drops of entrained

liquid in the vapor core (spray) can persist over a vapor quality
range from about 10% to more than 90%. Refrigerant evaporators
are fed from an expansion device at vapor qualities of approxi-
mately 20%, so that annular and spray annular flow predominate in
most tube lengths. In a vertical tube, the liquid annulus is distrib-
uted uniformly over the periphery, but it is somewhat asymmetric
in a horizontal tube (Figure 5A). As vapor quality reaches about
80%, the surface dries out. Chaddock and Noerager (1966) found
that in a horizontal tube, dryout occurs first at the top of the tube
and progresses toward the bottom with increasing vapor quality
(Figure 5A).

If two-phase mass velocity is low (less than 150,000 Ib,./h- ft? for
a 0.5 in. horizontal tube), liquid occupies only the lower cross sec-
tion of the tube. This causes a wavy type of flow at vapor qualities
above about 5%. As the vapor accelerates with increasing evapora-
tion, the interface is disturbed sufficiently to develop annular flow
(Figure 5B). Liquid slugging can be superimposed on the flow con-
figurations illustrated; the liquid forms a continuous, or nearly con-
tinuous, sheet over the tube cross section. The slugs move rapidly
and at irregular intervals. Kattan et al. (1998a) presented a general
method for prediction of flow pattern transitions (i.e., a flow pattern
map) based on observations for R-134a, R-125, R-502, R-402A,
R-404A, R-407C, and ammonia.

Heat Transfer. It is difficult to develop a single relation to
describe the heat transfer performance for evaporation in a tube over
the full quality range. For refrigerant evaporators with several per-
centage points of flash gas at entrance, it is less difficult because
annular flow occurs in most of the tube length. The reported data are
accurate only within geometry, flow, and refrigerant conditions
tested; therefore, a large number of methods for calculating heat
transfer coefficients for evaporation in tubes is presented in Table 2
(also see Figures 6 through 8).

Figure 6 gives heat transfer data for R-22 evaporating in a 0.772
in. tube (Gouse and Coumou 1965). At low mass velocities (below
150,000 Ib,, /h- ft?), the wavy flow regime shown in Figure 5B prob-
ably exists, and the heat transfer coefficient is nearly constant along
the tube length, dropping at the tube exit as complete vaporization
occurs. At higher mass velocities, the flow pattern is usually annu-
lar, and the coefficient increases as vapor accelerates. As the sur-
face dries and the flow reaches a 90% vapor quality, the coefficient
drops sharply.

Equation (1) in Table 2 is used to estimate average heat transfer
coefficients for refrigerants evaporating in horizontal tubes (Pierre
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Table 2 Equations for Forced Convection Evaporation in Tubes

Equations Comments and References

Horizontal Tubes

k 2 JAxh N\ 7"
h = Cl(j) [(Q—L—)) (———Zﬁﬂ (1)  Average coefficients for R-12 and R-22 evaporating in copper tubes of 0.472 and
K 0.709 in. ID, from 13.4 to 31.2 ft long, and at evaporating temperatures from —4 to 32°F
where (Pierre 1955, 1957).

C; =0.0009 and n = 0.5 for exit qualities < 90%
C; =0.0082 and n = 0.4 for 11°F superheat at exit

Equation (1) with C; = 0.0225 and n = 0.375 Average coefficients for R-22 evaporating at temperatures from 40 to 80°F ina 0.343 in.
ID tube, 8 ft long (Altman et al. 1960b).

h = Ehf+ Sh,.p (2) Compiled from a data base of 3693 data points including data for R-11, R-12,
where R-22, R-113, R-114, and water. Useful for vertical flows and horizontal flows
L16 0.86 (Gungor and Winterton 1986).
E = 1+24,0008,  +137(1/X,,)" 3)
25 117,71
S = [1+0.00000115E"Re;" '] “
0.8, 0.4
hy = 0.023Re; "Pr;” (k;/d) 5)
Re, = Gl -x)d ©6)
]
h,,.;, is found from Equation (6) in Table 1, which has
units W/mZ. If tube is horizontal and Fr < 0.05, use
following multipliers:
(0.1-2Fr))
E,=F, " 5 =p"
C c
h = (C, C02(25 Fr;) + C3B()4Fﬂ)hf (7) Compiled from a database of 5246 data points including data for R-11, R-12,
R-22, R-113, R-114, R-152a, nitrogen, neon, and water. Tube sizes ranged from
where hfis found from Equations (5) and (6) shown above. 0.25 in. to 1.25 in. (Kandlikar 1990).
Constant Convective Nucleate Boiling
C, 1.136 0.6683
o -0.9 -0.2
G 667.2 1058
C, 0.7 0.7
Cs 0.3 0.3
Use convective constants if C, <0.65 and nucleate if C,> 0.65. Cs
= 0 for vertical tubes and horizontal with Fr;> 0.04.
Fluid F n
R-22 2.2
R-12 1.5
R-152a 1.1
Vertical Tubes
h=3.4h(1/X,)"% (8) Equations (8) and (9) were fitted to experimental data for vertical upflow in tubes. Both
B 0.5 relate to forced-convection evaporation regions where nucleate boiling is suppressed
h =35k (1/X,)" (€ (Guerrieri and Talty 1956, Dengler and Addoms 1956). A multiplying factor is
where recommended when nucleation is present.
hy is from (3), X, from (7), h; from (6)
h=0.74h; [B, x 10* + (1/X,,)*¢7] (10)  Local coefficients for water in vertical upflow in tubes with diameters from 0.1162 to
where 0.4317 in. and lengths of 15 to 40 in. The boiling number B, accounts for nucleation
B, is from (5), h; from (6), X, from (7) effects, and the Martinelli parameter X,,, for forced-convection effects (Schrock and
Grossman 1962).
h=hy.+h,. (11)  Chen developed this correlation reasoning that the nucleation transfer mechanism
where (rep.rjcsented by h,,;.) and the convect.ive transfer mechanism (represented by /#,,,.) are
h = hF additive. 4,,,. is expressed as a function of the two-phase Reynolds number after
mac — "¢ (12) : . mac : . 1 .
_ 0247 x 075 Martinelli, and %, is obtained from the nucleate boiling correlation of Forster and
ie = 000122 (S,)(E YAD*24(Ap) (13)

Zuber (1955). S, is a suppression factor for nucleate boiling (Chen 1963).
F_and S, from Figures 7 and 8

B kl().7‘)(cp);).45 p;).49gg.25

- 0.50,,0.297,0.24 50.24
o W hyg Ty

Note: Except for dimensionless equations, units are lb,, h, ft, °F, and Btu.

m>
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1955, 1957). A number of methods are also available to estimate
local heat transfer coefficients during evaporation. Equations (2)
through (6) in Table 2 summarize the Gungor and Winterton (1986)
model, while Equation (7) gives the Kandlikar (1990) model. In
addition, the Shah (1982) model is also recommended for estimat-
ing local heat transfer coefficients during annular flow. These local
models have been found accurate for a wide range of refrigerants
but do not include mechanisms to model dryout. The flow pattern
based model of Kattan et al. (1998b) includes specific models for
each flow pattern type and has been tested with the newer refriger-
ants such as R-134a and R-407C.

Heat transfer coefficients during flow in vertical tubes can be
estimated with Equations (8), (9), and (10) in Table 2. The Chen cor-
relation shown in Equations (11) through (13) in Table 2 includes
terms for the velocity effect (convection) and heat flux (nucleation)
and produces local heat transfer coefficients as a function of local
vapor quality. The method developed by Steiner and Taborek (1992)
includes an asymptotic model for the convection and nucleation
component of heat transfer and is recommended for most situations.

The effect of lubricant on the evaporation heat transfer coeffi-
cients has been studied by a number of authors (Schalger et al. 1988,
Eckels et al. 1993, and Zeurcher et al. 1999). Schalger et al. and
Eckels et al. showed that the average heat transfer coefficients dur-
ing evaporation of R-22 and R-134a in smooth and enhanced tubes
are in general decreased by presence of lubricant (up to a 20% re-
duction at a 5% lubricant concentration by mass). Slight enhance-
ments at lubricant concentrations under 3% are observed with some
refrigerant lubricant mixtures. Zeurcher et al. (1999) studied local
heat transfer coefficients of refrigerant/lubricant mixtures in the dry
wall region of the evaporator (see Figure 5) and proposed prediction
methods. The effect of lubricant concentration on local heat transfer
coefficients was shown to be dependent on the mass flux and vapor
quality. At low mass fluxes, the oil sharply decreased performance,
while at higher mass fluxes, enhancements at certain vapor qualities
were seen.
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CONDENSING

In most applications that use the condensation process, conden-
sation is initiated by removing heat at a solid-vapor interface, either
through the walls of the vessel containing the saturated vapor or
through the solid surface of a cooling mechanism placed within the
saturated vapor. If a sufficient amount of energy is removed, the local
temperature of the vapor near the interface will drop below its equi-
librium saturation temperature. Because the heat removal process
creates a temperature gradient with the lowest temperature near the
interface, vapor droplets most likely form at this location. This
defines one type of heterogeneous nucleation that can result in either
dropwise condensation or film condensation, depending on the phys-
ical characteristics of the solid surface and the working fluid.

Dropwise condensation occurs on the cooling solid surface
when its surface free energy is relatively low compared to that of the
liquid. Examples of this type of interface include highly polished or
fatty acid-impregnated surfaces in contact with steam. Film con-
densation occurs when a cooling surface having relatively high sur-
face free energy contacts a fluid having lower surface free energy
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(see Isrealachvili 1991). This is the type of condensation that occurs
in most systems.

The rate of heat transport depends on the condensate film thick-
ness, which depends on the rate of vapor condensation and the rate
of condensate removal. At high reduced pressures, the heat transfer
coefficients for dropwise condensation are higher than those avail-
able in the presence of film condensation at the same surface load-
ing. Atlow reduced pressures, the reverse is true. For example, there
is a reduction of 6 to 1 in the dropwise condensation coefficient of
steam when saturation pressure is decreased from 0.9 to 0.16 atm.
One method for correlating the dropwise condensation heat transfer
coefficient employs nondimensional parameters, including the
effect of surface tension gradient, temperature difference, and fluid
properties.

When condensation occurs on horizontal tubes and short verti-
cal plates, the condensate film motion is laminar. On vertical
tubes and long vertical plates, the film motion can become turbu-
lent. Grober et al. (1961) suggest using a Reynolds number (Re)
of 1600 as the critical point at which the flow pattern changes
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from laminar to turbulent. This Reynolds number is based on con-
densate flow rate divided by the breadth of the condensing sur-
face. For a vertical tube, the breadth is the circumference of the
tube; for a horizontal tube, the breadth is twice the length of the
tube. Re =4I/ [ where I is the mass flow of condensate per unit
of breadth, and’ pris the absolute (dynamic) viscosity of the con-
densate at the film temperature 7. In practice, condensation is
usually laminar in shell-and-tube condensers with the vapor out-
side horizontal tubes.

Vapor velocity also affects the condensing coefficient. When
this is small, condensate flows primarily by gravity and is resisted
by the viscosity of the liquid. When vapor velocity is high relative
to the condensate film, there is appreciable drag at the vapor-liquid
interface. The thickness of the condensate film, and hence the heat
transfer coefficient, is affected. When vapor flow is upward, a
retarding force is added to the viscous shear, increasing the film
thickness. When vapor flow is downward, the film thickness
decreases and the heat transfer coefficient increases. For condensa-
tion inside horizontal tubes, the force of the vapor velocity causes

Table 3 Heat Transfer Coefficients for Film-Type Condensation

Description References Equations
1. Vertical surfaces, height L
Laminar condensate flow, Re = 41"/, < 1800 McAdams (1954) h= 1,13F1(l'zfg/LAt)0'25 ()]
McAdams (1954) h=1.11F,(b/w)'"? )
Grigull (1952) h=0.003(F)*(AtL/ufhy, )0 3)
Turbulent flow, Re = 4I/j1,> 1800 McAdams (1954) h=0.0077Fy(Re)**(1/up"? )
2. Outside horizontal tubes, N rows in a vertical
plane, length Z, laminar flow McAdams (1954) h = 0.79F (hy, INdAT)*?S )
McAdams (1954) h=1.05F(Liw)"? (6)
Finned tubes Beatty and Katz (1948) h=0.689F (hy, /AID,)"%3 %)
where D, is determined from
10.25 =130 s 025t = 025
(D) Ao Lp) A /(D)
with 44=Ap + 4, and L,,,,= a;/D,
3. Simplified equations for steam
Outside vertical tubes, Re =4T/u,< 2100 McAdams (1954) 1= 4000/(L)*2 (A3 ®)
Outside horizontal tubes, Re = 4I'/u,< 1800 McAdams (1954)

Single tube 7 =3100/(d")°25(An)'? (92)
Multiple tubes h =3100/(Nd")*25(Ar)3 (9b)
4. Inside vertical tubes Carpenter and Colburn ¢ kop 7 05
(1949) h = 0.065[—13LLL2 ] G, (10)
HePy
where
G, = G+ GG, G2y
m 3
DG,
5. Inside horizontal tubes, T <5000

1 02

DG. 05 ¢ 1/3, b, \1/6 05|
1000 < —= (&) <20,000 Ackers and Rosson (1960) hD 13.8(—&’) (i) D—_GV(P-’) (1

Ky Py k[ k] CpAt W o\p,
2/3
DG, 05 ¢ /3, \1/6 05
20,000 < = (P—’) < 100,000 Ackers and Rosson (1960) "2 = 0.1(15’ ) (i‘%’—) D_G“(ﬂ) (12)
Ky Py kl k/ CpAt B, \p,
DG DG. 0.5 ¢ 1/3,DG 08
For —! > 5000 — (&) > 20,000 Ackers et al. (1959) %Q = 0.026( —}{LH[) (—‘) 13)
! 1

My Ky NPy

K
where
Ge = Gv(pl/pv)o‘5 + Gl

Notes: 1. Equations (1) through (10) are dimensional with units of Btu, h, ft, °F, and Ib,..

2. 1= liquid film temperature = 7 0.75A¢

sat
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the condensate to flow. When the vapor velocity is high, the transi-
tion from laminar to turbulent flow occurs at Reynolds numbers
lower than previously described [i.e., 1600 according to Grober
etal. (1961)].

When superheated vapor is condensed, the heat transfer coeffi-
cient depends on the surface temperature. When the surface temper-
ature is below saturation temperature, using the value of 4 for
condensation of saturated vapor that incorporates the difference
between the saturation temperature and the surface temperature
leads to insignificant error (McAdams 1954). If the surface temper-
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side finned tubes, where liquid is retained in the spaces between the
tubes, coefficients substantially lower than those given by Equation
(7) in Table 3 were reported. For additional data on condensation
outside finned tubes, see Katz et al. (1947). For more on this topic,
refer to Webb (1994).

Table 4 Values of Condensing Coefficient Factors for
Different Refrigerants (from Chapter 19)

Film Temperature, °F

. . . . Refrigerant 4=ty — 0.75A¢ F, F,
ature is above the saturation temperature, there is no condensation _ k
and the equations for gas convection apply. Refrigerant 11 75 154 822
Correlation equations for condensing heat transfer are given in 100 153 815
Table 3. Factors F and F,, which depend only on the physical 125 151 803
properties of the working fluid and which occur often in these Refrigerant 12 75 133 672
equations, have been computed for some commonly used refriger-
ants in Table 4. Refrigerant properties used in the calculations may 100 122 608
be found in Chapter 19. 125 12 538
In some cases, the equations are given in two forms: one is conve- Refrigerant 22 75 153 822
nient when the amount of refrigerant to be condensed or the condens- 100 144 755
ing load is known; the second is useful when the difference between 125 132 675
the vapor temperature and the condensing surface temperature is
known. Sulfur Dioxide 75 290 1920
100 299 2000
Condensation on Outside Surface of Vertical Tubes 125 318 2170
For film-type condensation on the outside surface of vertical )
tubes and on vertical surfaces, Equations (1) and (2) in Table 3 are Ammonia s 4093040
recommended when 4T/ is less than 1800 (McAdams 1954). For 100 408 3035
these equations, fluid properties are evaluated at the mean film 125 408 3030
temperature. Whgn 4 pis greater than 1800 (tal'l vertical plates or Propane 75 159 350
tubes), use Equation (3) or (4) in Table 3. Equations (2) and (4) in 100 157 845
Table 3 are plotted in Figure 9. The theoretical curve for laminar
film-type condensation is shown for comparison. A semitheoretical 125 154 836
relationship for turbulent film-type condensation is also shown for Butane 75 156 840
Pr values of 1.0 and 5.0 (Colburn 1933-34). 100 156 843
Condensation on Outside Surface of Horizontal Tubes 125 157 845
For a bank of N tubes, Nusselt’s equations, increased by 10% k}p7g 0% . (Btu)3(1bm) 023
(Jakob 1949 and 1957), are given in Equations (5) and (6) in Table Fy = m Units: —h Ty op )
3. Experiments by Short and Brown (1951) with R-11 suggest that ! (h) (1) (°F)
drops of condensation falling from row to row cause local turbu- 3 1/3
. k3p2 1/3 (Btu) (lb )
lence and increase heat transfer. F. o= ( / 1g) Units: m’_
For condensation on the outside surface of horizontal finned 2 By M Ccr)’?
tubes, Equation (7) in Table 3 is used for liquids that drain readily
from the surface (Beatty and Katz 1948). For condensing steam out-
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Fig. 10 Friction Factors for Gas Flow Inside Pipes with Wetted Walls

Simplified Equations for Steam

For film-type steam condensation at atmospheric pressure and
film temperature drops of 10 to 150°F, McAdams (1954) recom-
mends Equations (8) and (9) in Table 3.

Condensation on Inside Surface of Vertical Tubes

Condensation on the inside surface of tubes is generally affected
by appreciable vapor velocity. The measured heat transfer coefti-
cients are as much as 10 times those predicted by Equation (4) in
Table 3. For vertical tubes, Jakob (1949 and 1957) gives theoretical
derivations for upward and downward vapor flow. For downward
vapor flow, Carpenter and Colburn (1949) suggest Equation (10) in
Table 3. The friction factor f'for vapor in a pipe containing conden-
sate should be taken from Figure 10.

Condensation on Inside Surface of Horizontal Tubes

For condensation on the inside surface of horizontal tubes (as in
air-cooled condensers, evaporative condensers, and some shell-and-
tube condensers), the vapor velocity and resulting shear at the vapor-
liquid interface are major factors in analyzing heat transfer. Hoogen-
doorn (1959) identified seven types of two-phase flow patterns. For
semistratified and laminar annular flow, use Equations (11) and (12)
in Table 3 (Ackers and Rosson 1960). Ackers et al. (1959) recom-
mend Equation (13) in Table 3 for turbulent annular flow (vapor
Reynolds number greater than 20,000 and liquid Reynolds number
greater than 5000). For high mass flux (> 40 Ib/s- ft?), the method of
Shah (1979) is recommended for predicting local heat transfer coef-
ficients during condensation. A method for using a flow regime map
to predict the heat transfer coefficient for condensation of pure com-
ponents in a horizontal tube is presented in Breber et al. (1980). More
recently, the flow regime dependent method of Dobson and Chato
(1998) provides a more accurate design approach.
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Fig. 11 Origin of Noncondensable Resistance

Noncondensable Gases

Condensation heat transfer rates reduce drastically if one or more
noncondensable gases are present in the condensing vapor/gas mix-
ture. In mixtures, the condensable component is termed vapor and
the noncondensable component is called gas. As the mass fraction
of gas increases, the heat transfer coefficient decreases in an approx-
imately linear manner. In a steam chest with 2.89% air by volume,
Othmer (1929) found that the heat transfer coefficient dropped from
about 2000 to about 600 Btu/h-ft?-°F. Consider a surface cooled to
some temperature 7, below the saturation temperature of the vapor
(Figure 11). In this system, accumulated condensate falls or is
driven across the condenser surface. At a finite heat transfer rate, a
temperature profile develops across the condensate that can be esti-
mated from Table 3; the interface of the condensate is at a temper-
ature ;> f,. In the absence of gas, the interface temperature is the
vapor saturation temperature at the pressure of the condenser.
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The presence of noncondensable gas lowers the vapor partial
pressure and hence the saturation temperature of the vapor in equi-
librium with the condensate. Further, the movement of the vapor
toward the cooled surface implies similar bulk motion of the gas. At
the condensing interface, the vapor is condensed at temperature ;-
and is then swept out of the system as a liquid. The gas concentra-
tion rises to ultimately diffuse away from the cooled surface at the
same rate as it is convected toward the surface (Figure 11). If gas
(mole fraction) concentration is Y, and total pressure of the system
is p, the partial pressure of the bulk gas is

Pgoo = Yol 2
The partial pressure of the bulk vapor is
ono = (I_Ygoo)p = Yvoop (3)

As opposing fluxes of convection and diffusion of the gas increase,
the partial pressure of gas at the c'ondens.m'g interface is pgir> Pgoo-
By Dalton’s law, assuming isobaric condition,

Pgir¥ Pyif = P “

Hence, pir< P,
Sparrow et al. (1967) noted that thermodynamic equilibrium

exists at the interface, except in the case of very low pressures or
liquid metal condensation, so that

Pyif = Psartip) ®)

where p,,(?) is the saturation pressure of the vapor at temperature 7.
The available At for condensation across the condensate film is
reduced from (7, — ;) to (#;r— Z,), where £, is the bulk temperature
of the condensing vapor-gas mixture, caused by the additional non-
condensable resistance.

The equations in Table 3 are still valid for the condensate resis-
tance, but the interface temperature #;, must be found. The noncon-
densable resistance, which accounts tor the temperature difference
(7., — 1;5), depends on the heat flux (through the convecting flow to
the interface) and the diffusion of gas away from the interface.

In simple cases, Sparrow et al. (1967), Rose (1969), and Spar-
row and Lin (1964) found solutions to the combined energy, diffu-
sion, and momentum problem of noncondensables, but they are
cumbersome.

A general method given by Colburn and Hougen (1934) can be
used over a wide range if correct expressions are provided for the
rate equations—add the contributions of the sensible heat transport
through the noncondensable gas film and the latent heat transport
via condensation:

hg(too - tif) + KDMvhlv(pvoo _pvif) = h(tif_ ts) = U(tif_ tc) (©)
where / is from the appropriate equation in Table 3.
The value of the heat transfer coefficient for the stagnant gas

depends on the geometry and flow conditions. For flow parallel to
a condenser tube, for example,

ok ) () -
P e),0) Ky,

where j is a known function of Re = GD/p,,
The mass transfer coefficient K, is

KQ[M}(&L)M _; ®
M, [ 10(Pgo/Pgip) [\pgD

The calculation method requires substitution of Equation (8) into
Equation (6). For a given flow condition, G, Re, j, M, Dgeos hg, and
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h (or U) are known. Assume values of #;; calculate py, (7)) = p,;r
and hence Dgif- If ¢, is not known, use the overall coefficient U to the
coolant and 7, in place of / and ¢, in Equation (6). For either case, at
each location in the condenser, iterate Equation (6) until it balances,
giving the condensing interface temperature and, hence, the thermal
load to that point (Colburn and Hougen 1934, Colburn 1951). For
more detail, refer to Chapter 10 in Collier and Thome (1996).

Other Impurities

Vapor entering the condenser often contains a small percentage of
impurities such as oil. Oil forms a film on the condensing surfaces,
creating additional resistance to heat transfer. Some allowance should
be made for this, especially in the absence of an oil separator or when
the discharge line from the compressor to the condenser is short.

PRESSURE DROP

Total pressure drop for two-phase flow in tubes consists of fric-
tion, acceleration, and gravitational components. It is necessary to
know the void fraction (the ratio of gas flow area to total flow area)
to compute the acceleration and gravitational components. To com-
pute the frictional component of pressure drop, either the two-
phase friction factor or the two-phase frictional multiplier must
be determined.

The homogeneous model provides a simple method for comput-
ing the acceleration and gravitational components of pressure drop.
The homogeneous model assumes that the flow can be character-
ized by average fluid properties and that the velocities of the liquid
and vapor phases are equal (Collier and Thome 1996, Wallis 1969).

Martinelli and Nelson (1948) developed a method for predicting
the void fraction and two-phase frictional multiplier to use with a
separated flow model. This method predicts the pressure drops of
boiling refrigerants reasonably well. Other methods of computing
the void fraction and two-phase frictional multiplier used in a sep-
arated flow model are given in (Collier and Thome 1996, Wallis
1969).

The general nature of annular gas-liquid flow in vertical, and to
some extent horizontal, pipe is indicated in Figure 12 (Wallis
1970), which plots the effective gas friction factor versus the liquid
fraction (1 — a). Here a is the void fraction, or fraction of the pipe
cross section taken up by the gas or vapor.

The effective gas friction factor is defined as

£ = {&} (_ dp ) )
Teff = 2.2\ ds
2p,(4Q,/nD")

where D is the pipe diameter, p, the gas density, and 0, the gas vol-
umetric flow rate. The friction factor of gas flowing by itself in the
pipe (presumed smooth) is denoted by f,. Wallis’ analysis of the
flow occurrences is based on interfacial friction between the gas and
liquid. The wavy film corresponds to a conduit of relative roughness
/D, about four times the liquid film thickness. Thus, the pressure
drop relation of vertical flow is

dp _ Py (fgg)zl +75(1 - a)
_dS +pgg = O.OI(DSJ p "'"'";'5"'/"5""""- (10)

This corresponds to the Martinelli-type analysis with
— h2
ftwo—phase - ¢g fg

when

03 = B 5 an
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The friction factor f, (of the gas alone) is taken as 0.02, an appropri-
ate turbulent flow value. This calculation can be modified for more
detailed consideration of factors such as Reynolds number variation
in friction, gas compressibility, and entrainment (Wallis 1970).

In two-phase flow inside horizontal tubes, the pressure gradient
is written as the sum of frictional and momentum terms. Thus,

Z=(2) (2
dz = \dz f+ dz/ , (12)

In adiabatic two-phase flow, the contribution of the momentum
transfer to the overall pressure drop is negligibly small; theoreti-
cally, it is nonexistent if the flow is fully developed. In condensation
heat transfer, the momentum transfer term contributes to the overall
pressure drop due to the mass transfer that occurs at the liquid-vapor
interface.

Two basic models were used in developing frictional pressure
drop correlations for two-phase adiabatic flow. In the first, the flow
of both phases is assumed to be homogeneous; the gas and liquid
velocities are assumed equal. The frictional pressure drop is com-
puted as if the flow were single phase, except for introducing mod-
ifiers to the single-phase friction coefficient. In the second model,
the two phases are considered separate, and the velocities may dif-
fer. Two correlations used to predict the frictional pressure drop are
those of Lockhart and Martinelli (1949) and Dukler et al. (1964).

In the Lockhart-Martinelli correlation, a parameter X was

defined as
[ @@ ]

where

(gg) = frictional pressure gradient, assuming that liquid alone flows in
/

pipe
(9’}_’) = frictional pressure gradient, assuming that gas (or vapor in case
dz/,,  of condensation) alone flows in pipe
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The frictional pressure gradient due to the single-phase flow of
the liquid or vapor depends on the type of flow of each phase, lam-
inar or turbulent. For turbulent flow during condensation, replace X

by X,,. Thus,
0.9 0.1 0.5
%= 3 14
x Ky P
Lockhart and Martinelli (1949) also defined ¢,, as
d d 02
- _p) N (_p)
e (@3 09

For condensation,

2
21 (xG
@ --E5> (16)
dz/ p,D;
where
0.045 (17

- 0.2
(GxD,/p,)

Here f,, is the friction factor for adiabatic two-phase flow.

By analyzing the pressure drop data of simultaneous adiabatic
flow of air and various liquids, Lockhart and Martinelli (1949) cor-
related the parameters ¢, and X and reported the results graphically.
Soliman et al. (1968) approximated the graphical results of ¢, ver-
sus X, by

o, = 1+2.85x0523 (18)
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Fig. 12 Qualitative Pressure Drop Characteristics of Two-Phase Flow Regime
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In the correlation of Dukler et al. (1964), the frictional pressure
gradient is given by
2
dp 2G f,o(1)B
+| = - —— (19)
dZ / DipNS
where

f,, = single-phase friction coefficient evaluated at two-phase
Reynolds number

4m B 032
= 0.0014 + 0.125( g (20)
nD;ny

a(h) = 1= (InA)/[1.281 + 0.4781n % + 0.444(In 1)

+0.094(In %)° +0.00843(In 2)*] @1

() (2
NS V) Npys/ W

Pys = PirA+p,(1-4) (23)

Mys = 1y (1-2) (24)

x=1/(1+(1’_€x)g—:) (25)

Because the correlations mentioned here were originally devel-
oped for adiabatic two-phase flow, Luu and Bergles (1980) modified
the friction coefficients in Equations (16) and (19), using the modi-
fier suggested by Silver and Wallis (1965-66). The modification
replaced the friction coefficient £, with the friction coefficient f,,.
These terms are related by

(39 = enlz)-(3) @)
where
6 = () d @7)

Because the Lockhart-Martinelli and Dukler correlations for the
frictional pressure gradient were based on the separated flow model,
the momentum pressure gradient should be as well. Thus,

), - %=
i E et G

To determine (dp/dz),,, the void fraction y and the quality gradient
must be known. A generalized expression for y was suggested by
Butterworth (1975):

v = : - (29)

LA -x)/x1"p,/pp (/1)
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Table 5 Constants in Equation (29) for
Different Void Fraction Correlations

Model A, q r S,
Homogeneous (Collier 1972) 1.0 1.0 1.0 0
Lockhart-Martinelli (1949) 0.28 0.64 0.36 0.07
Baroczy (1963) 1.0 0.74 0.65 0.13
Thom (1964) 1.0 1.0 0.89 0.18
Zivi (1964) 1.0 1.0 0.67 0
Turner-Wallis (1965) 1.0 0.72 0.40 0.08

where 4, q,, 7}, and §; are constants and are listed for the various cor-
relations in Table 5.

The quality gradient dx/dz in Equation (28) can be estimated by
assuming a constant rate of cooling. In the case of complete con-
densation, its value is —1/L, where L is the length of the condenser
tube.

Evaporators and condensers often have valves, tees, bends, and
other fittings that contribute to the overall pressure drop of the heat
exchanger. Collier and Thome (1996) summarize methods predict-
ing the two-phase pressure drop in these fittings.

ENHANCED SURFACES

Enhanced heat transfer surfaces are used in heat exchangers to
improve performance and decrease cost. Condensing heat transfer is
often enhanced with circular fins attached to the external surfaces of
tubes to increase the heat transfer area. Other enhancement meth-
ods, such as porous coatings, integral fins, and reentrant cavities, are
used to augment boiling heat transfer on the external surfaces of
evaporator tubes. Webb (1981) surveys external boiling surfaces
and compares the performances of several enhanced surfaces with
the performance of smooth tubes. For heat exchangers, the heat
transfer coefficient for the refrigerant side is often smaller than the
coefficient for the water side. Thus, enhancing the refrigerant-side
surface can reduce the size of the heat exchanger and improve its
performance.

Internal fins increase the heat transfer coefficients during evap-
oration or condensation in tubes. However, internal fins increase the
refrigerant pressure drop and reduce the heat transfer rate by
decreasing the available temperature difference between hot and
cold fluids. Designers should carefully determine the number of
parallel refrigerant passes that give optimum loading for best over-
all heat transfer.

For additional information on enhancement methods in two-
phase flow, consult Bergles (1976, 1985), Thome (1990), and Webb
(1994).

SYMBOLS

A = area
Ay = total effective area [Equation (7) in Table 3]
a = local acceleration [Equation (19) in Table 1]; void fraction
[Equations (9) and (10)]
a, = area of one side of one film
B, = boiling number [Equations (3) and (7) in Table 2]
b = breadth of a condensing surface. For vertical tube, b = nd; for
horizontal tube, b = 2L
C = a coefficient or constant
', = convection number
C;...C5 = special constants (see Table 2)
= specific heat at constant pressure
= specific heat at constant volume
= diameter
D, = bubble departure diameter [Equation (5) in Table 1]
D, = inside tube diameter
D, = outside tube diameter
d = diameter; or prefix meaning differential
(dp/dz) = pressure gradient

Q
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(dp/dz), = frictional pressure gradient
(dpldz); = frictional pressure gradient, assuming that liquid alone is
flowing in pipe
(dp/dz),,= momentum pressure gradient
(dp/dz), = frictional pressure gradient, assuming that gas (or vapor) alone is
flowing in pipe
E = special coefficient (Table 2)
F. = Reynolds number factor [Equation (12) in Table 2 and Figure 7]
Fpp = special coefficient [Equation (7) in Table 1]
Fr = Froude number
F|, F, = condensing coefticient factors (Table 4)
f = friction factor for single-phase flow
f' = friction factor for gas flow inside pipes with wetted walls
(Figure 10)
f., = friction factor in presence of condensation [Equation (26)]
f, = friction factor [Equations (17) and (19)]
G = mass velocity
Gr = Grashof number
g = gravitational acceleration
g. = gravitational constant
h = heat transfer coefficient
he = special coefficient [Equation (7) in Table 1]
hg, = latent heat of vaporization or of condensation
J = Colburn j-factor
Kp = mass transfer coefficient
k = thermal conductivity
= length
L,,s = mean length of fin [Equation (7) in Table 3]

In = natural logarithm
M = mass; or molecular weight
M,, = mean molecular weight of vapor-gas mixture
M, = molecular weight of condensing vapor
m = general exponent [Equations (1) and (6) in Table 1]
m = mass rate of flow
N = number of tubes in vertical tier
Nu = Nusselt number
n = general exponent [Equations (1) and (6) in Table 1]
Pr = Prandtl number
p = pressure
p. = critical thermodynamic pressure for coolant
p, = reduced pressure
QO = total heat transfer
q = rate of heat transfer
r = radius
Ra = Rayleigh number
Re = Reynolds number
R, = surface roughness, pm
S = distance along flow direction
S, = suppression factor (Table 2 and Figure 8)
t = temperature
U = overall heat transfer coefficient
V = linear velocity
x = quality (i.e., vapor fraction = M,/M); or distance in dt/dx

X,, = Martinelli parameter [Figure 7, Table 2, and Equation (14)]
x,,z = lengths along principal coordinate axes
Y, = mole fraction of gas [Equations (2) and (3)]
Y, = mole fraction of vapor [Equation (3)]
a = thermal diffusivity = k/pc,,
a(A) = ratio of two-phase friction factor to single-phase friction factor at
two-phase Reynolds number [Equation (21)]
B = ratio of two-phase density to no-slip density [Equation (22)]
T = mass rate of flow of condensate per unit of breadth (see section
on Condensing)
difference between values
roughness of interface
special coefficient [Equations (16) through (19) in Table 1]
ratio of liquid volumetric flow rate to total volumetric flow rate
[Equation (25)]
p = absolute (dynamic) viscosity
L, = dynamic viscosity of saturated liquid
pys = dynamic viscosity of two-phase homogeneous mixture
[Equation (24)]
u, = dynamic viscosity of saturated vapor
v = kinematic viscosity

> > o0 >
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p = density
p; = density of saturated liquid
pys = density of two-phase homogeneous mixture [Equation (23)]
p, = density of saturated vapor phase
o = surface tension
¢, = fin efficiency, Martinelli factor [Equation (11)]
¢, = Lockhart-Martinelli parameter [Equation (15)]
v = void fraction

Subscripts and Superscripts

a = exponent in Equation (1)

b = bubble

¢ = critical or cold (fluid)

cg = condensing

e = equivalent

eff = effective

f = film or fin

g = gas

h = horizontal or hot (fluid) or hydraulic
i = inlet or inside

if' = interface

L = liquid
! = liquid

m = mean

mac = convective mechanism [Equations (11) through (13) in Table 2]

max = maximum
mic = nucleation mechanism [Equations (11) through (13) in Table 2]
min = minimum
nch = nucleate boiling
o = outside or outlet or overall
r = root (fin) or reduced pressure
s = surface or secondary heat transfer surface
sat = saturation (pressure)
= temperature or terminal temperature of tip (fin)
= vapor or vertical
wall
= bulk
= reference

*8 T < «
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