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Preface

Rolling bearings are Widely used as important components to Support
the relative motion between two machine parts. To be sure, il there
were no bearings all commercial transport vehicles, such as cars, buses
and airplanes could not work at all. On the other hand, the develop-
ment of automotive, aeronautic and astronautic industries in this cen-
tury has given significant motivations 1o the advancement in design
and manufacturing technology of rolling bearings. One problem of spe-
cial interest in these application areas is how to design and select
rolling bearings based on different operaling conditions 1o reach their
excellent performance, long life and high relia hility,

The book is organized 1o give a clear and logical sequence of topics
regarding the analytical methods of rolling bearings. It progresses sys.
tematically from the description of geometry, kinematics, load distribu.
tion, stress and deformation jn rolling bearings to the calculation of
static load rating, dynamic load rating and life of rolling bearings
These are addressed in Chapter Two to Chapter Fourteen except for
Chapter Six.

I wrote this book because [ also believe that engineers need (o be ex.
posed to some new topics that have come 1o take an important role in
rolling bearing analysis over the past two decades, such as
clastohydrodynamic lubrication, optmization of design and computer
aided design in rolling bearings. To respond to these needs my book
provides more detailed description in Chapters Six, Fifteen and
Seventeen.

Some of my experiences during my long period of working at the
Luoyang Research Institute of Bearings in China are included in this
book for discussion and exchange. Since the development of caleuls
tion and analysis of rolling bearings is the result of the work of many
people from a wide variety of disciplines, this book would not have
been possible without the many contributions that have appeared in
the open literature, | am therefore very grateful to the scientists and en-
gincers who have shared their results through publication and techni-
cal journals,

The original book is written primarily for Chinese readers with the
aim to give them more systematic methods for analyzing rolling bear-
ings. Upon recent research results some supplements and revisions
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been completed in this English edition. h'm'r.l:lii F':E"“r;;i'!?‘li
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Symbols which only appear locally, and
not listed. 3

Molation

Distance between curvature centres of inner and outer
GICEWAY ETOOvVEs
S-J_.'ml'-m.'unr axis of contact ellipse
Life adjustment factor for religbility
I-H::' adjusiment factor for material
Life adjustment factor for operating conditions
S-r:ml—n_nnnr axis of contact ellipse
Dynamic load rating
Static load rating
Modified coefficient for materials
Muodified coefficient for thermal effects
I]_"r'ﬂi.-! mic load rating considering temperature effecis
Outside diameter of bearing
Diameter of rolling element
Raceway diameter of outer nng
Raceway diameter of inner ring
Pitch diameter of bearing
Hore diameter of bearing
Modulus of elusticity
Equ:iwl_{:rll: modulus of elasticity
!'.-:r.'cnl_ru.'u;- of contact ellipse: n'!npe parameter of Weibaull
distribution function
Applied load; probability of failure
Applied axial load E
Applied radial load
Axial preload
E.urr.'mlr:: radius coeMicient of ruceway ErO0VE
- :'??I’I:::. I.: :: radius coefficient of outer raceway groove
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Shear modulus of elasucity
Film thickness parameter
Central film thickness parameter
Minimum film thickness parameler
Film thickness
Central film thickness
Minimum film thickness
Mumber of rows
Mass moment of inertia
Axial load integral
Moment load integral
Rudial load integral
Load—deflection factor
Load—deflection factor of line contact
Load—deflection factor of point contact
Ratioh./a
Rating life of bearing
Rating life, hours
Average lile
Effective roller length
Total friction moment of beanng
Rolling friction torque due to elastic hysieresis
Friction torque due Lo spinning slip
Semi—major axis coelMicient of contact ellipse
Semi—minor axis coefficient of contact ellipse
Number of stress cycles, revolutions = 10°
Rotational speed; total number of testing beanngs
Rotational speed of outer nng
Rotation speed of inner nng
Rotational speed of cage or orbital rotational speed of
rolling clements
Equivalent dynamic load
Equivalent static load
Average equivalent dynamic load
Life exponent
Rolling clement load
Load of maximum loaded rolling element
Rolling element load at angular location
Basic dynamic load of rolling element
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Line density of lpad distribution

Curvature radius

Equivalent curvature radius in rolling direction
Equivalent curvature radius in the direction transverse to

rolling

Raceway radius of ouler ring

Curvature radius of spherical roller at longitudinal section
Raceway radius of inner ring

Curvature radius of raceway groove

Curvature radius of outer raceway groove
Curvature radius of inner raceway groove
Probability of survival

Temperature

Grease life

Velocity parameter

Average velocity

Free endplay

Diameter clearance

Permissible clearance enlargement

Velocity al contact point

Velocity at contact point of outer raceway
Velocity at contact point of inner raceway
Velocity at pitch diameter

Load parameter in line contact

Load parameler in poinl contac

Radial load factor

Static radial factor

Axial load factor

Static axial factor

Number of rolling elements per row

Depth of maximum orthogonal shear stress
Contact angle

Contact angle of outer raceway

Contact angle of inner ruceway
Pressure coofficient of viscosity
Half taper of roller; characteristic parameter of Weibull

distribution function
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Relative approach of contact bodies

Relative contact approach at ouler raceway

Belative contact approach at imner raceway

Relative axial displacement between inner and outer rings

Relative radial displacement of inner and outer rings

Permanent deformation

Load distribution factor

Reduction factor; dynamic viscosity

Dynamic viscosity al atmosphenc pressure

Misalignment angle (or limiting tilting angle)

Reduction factor

Film thickness parameter

Poisson’s ratio; reduction factor

Maximum orthogonal shear stress

Curvature

Curvature sum

Curvature function

Osculation

Angular position of rolling element

Angular extent of load zone

Angular speed

Angular speed of outer nng

Angular speed of inner ring }

Rotational angular speed of a rolling element around its
OWN 2X1%

Orbital angular speed of a rolling element

Subscripts

Ouler ring
Inner ring
Rolling element
Cage

Axial

Radial

Vertical




CHAPTER ONE
Types of rolling bearings

Rolling bearings are widely used 1o support motion including rotation,
oscillation and linear motion of a body relative to another. In comparison
with sliding bearings, rolling bearings are primarily based upon rolling mo-
tion of balls or rollers. Generally, rolling bearings are composed of two
rings, a group of rolling clements and a cage. In some special cases, they
may be without one ring or both rings,

Bearing rings and rolling elements are mostly produced from the
through—hardened chromium steel. To meet different requirements of
bearing life and reliability. several metallurgical methods, such as elec-
tric steel, vacuum degassed steel, electric—slag remelted steel and vacu-
um remelted steel elc, can be chosen, The hardness of bearing rings
and rolling elements is usually in the range H R.-61 to 65 Rolling bear-
ings running in extreme ambient conditions, such as corrosion o high
temperature, are produced from stainless steels or high alloy ool
steels. Anti-magnetic bearings are produced from the  beryllium
bronze. Materials for cages should possess properties of high sirength,
low gravity, excellent self—lubrication and wear- reststance and s0 on.
Low carbon steels, austenitic stainless steels, brass, aluminium. alloy,
phenolic resin, nylon, PTFE, etc, are commonly used.

By comparison with sliding beanings, the advantages of rolling bear-
ings are:

{1} much lower friction moment, therefore less friction power loss;

{2) valid over a wide range of load, speed and operating lemperature
and less sensitive to variations of their operating conditions:

(3) easy to be lubricated and maintained;

{4) capable to support combined radial. axial and moment loads;

(5) lessaxial fength;

{6) internationally standardized for their principal dimensions, there-
fore excellently exchangeable and convenient to be replaced.

On the other hand, rolling bearings also have some disadvaniages.
(1) larger radial sizes for most 1ypes of beanngs;

(2} short service life if at high speed or under heavy load;
{3) greater vibration and noises
In the last twenty years, much great progress has been made in bear-
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) Analysis of rolling element bearigs

ing design and manufacturing technology. The above disadvantages

are relatively improved. For example, in many cases, needle roller bear-

ings with cage can be applied instead of sliding bearings due to their
less radial sizes, To meet the requirements for electric motors, low
noise and vibration rolling bearings have been developed.

As early as iwo thousand years ago, human beings found thai less ef-
fort was required 1o move massive stones on rollers than to slide them
over the same ground. This was an early rough sense of rolling
motion. In the carly part of the 20th century, the first motivation for
advancement in the manufacturing technology of rolling bearings
came from requirements of the automobile industry. Due to the contin-
uous development of aircrafl, aerospace, nuclear energy and computer
industries after the Second World War, further advanced require-
ments for performances and service life of rolling bearings have been
put forward. Quite a number of institutes or labs in which the technol-
ogy of rolling bearings is arranged as a primary research project has
been established in many countries. Structural design, calculating theo-
ry. testing methods and manufacturing technology regarding rolling
bearings have been remarkably progressed. Contemporary design of
rolling bearings is based on the computing analysis of their system per-
formances. The computer aided design, particularly persona —com-
puter dialogue Lype, is successfully applied 10 predict performances of
bearings and itheir system. Relevant analyzing methods will be des-
cribed in Chapters Fifieen to Seventeen of this book. Although the
outlines of rolling bearings seem 1o be constant, significant improve-
ments in performance. fatigue life and reliability of rolling bearings
have been achieved during the last three decades.

A number of types of rolling bearings may be classified in several
ways. According to the direction of load which is primarily capable of
being carried by the bearings, there are the following four types.

(1) Radial bearings which are primarily used to carry radial loads,
that is, the loads in the direction perpendicular to corresponding
bearing axes. Many radial bearings are able to carry axial loads
simultaneously upon their internal structures. Radial bearings are
most widely used in applications of bearings.

{2) Radial-thrust bearings which are capable of carryving combined
radial and axial loads. The contact angle of this type of bearings is
less than 45 °

(3) Thrust—radial bearings which are primarily used to carry axial

Types af rolling bearimga 3

loads, and are also capable of carrying certain radial loads at the
same time. The contact angle of this type of bearing is greater than
457, .

{4) Thrust bearings which are solely used to carry axial loads.

On the other hand, according to the rolling elements used in bear-
ings there are the following two Lypes.

(1) lh;gI;!Ii bearings in which rolling elements are balls mostly made of
steel. In order to reduce centrifugal forces of balls at high speed,
hollow balls welded from half balls are developed in some lubs.
But the practical application will not be seen in the near future.

(2) Roller bearings in which rolling elements are cylindrical, tapered
or needle rollers. In order to improve stress distribution and
lubrication in the bearings, hollow cylindrical and hollow t:ltpelml
rollers have been used in machine tools. But these are only limited
toafewt of bearings. ; ’
CnmwﬁmTMwm ball and roller bearings are listed in Table

1.1. Generally, roller bearings may carry heavier loads than those of

ball bearings with the same external dimensions, Therefore, the roller

bearings will generally achieve longer lives in the same operating condi-
5\- . .

Imnﬂevml common types of rolling bearings and their charactenstics

are described and more attention is paid to the introduction of various

new prospeclive structures.

Tabke 1.1 Comparisons between ball and roller bearings

Ball heartngs Roller bearings
Load capacily Light I-I.c.u'}'
Speed limit Higher High
Friction cosflicient Lower Lo
Shockprool property Mot good Crood
Life Short Long

BALL BEARINGS

Fig.1.] shows a typical deep groove ball bearing. This type l:rf bearing
is used in @ considerable variety of applications and in mostly

mass—produced. Their major characteristics are
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(1} The bearings are primarily to carry radial loads, and also capable
of carrying ceriain axial loads. As the bearings are subjected o
pure radial loads their contact angles equal zero. Axial load capaci-
ties of the bearings are affected by their diametral clearunces. In-
creased diametral clearances enable heavier axial londs (o be car-
ried.

(2} The bearings have a low friction coefficient and valid for runming
at high speed, particularly under axial loads.

(3} Internal structures of the bearings are very simple. By comparison
with other types of rolling beanings, it is easy for them to be
mass—produced at high grades of accuracy.

{4) Deep groove ball bearings of mass—production are commonly
fitted with pressed steel cages. For particular applications, such as
bore diameter o> 200 mm or at high speed, machined brass cages
or réinforced polyamide cages are used.

Fig. 1.1 Deep groove Fig. 1.2 Method of sssembly
ball bearing

(5) Assembling method of this type of bearings is shown by
Fig.1.2. Firstly, the inner nng is moved (o an eccentnc position rel-
ative to the outer ring. A certain amount of balls are filled and the
size and number of bails are limited by the assembling angle. Then
the inner ring can be slightly pressed and shifted to the concentric
position with the outer ring. The balls are allocated uniformly and
& cage is inserted.

(&) International Standard IS0 15 specifies various diameter series of
radial rolling bearings. The relative dimensional relation of differ-

Tvpes af rolling bearings 3

ent diameter series of the bearings with the same bore size 15
shown in Fig.1.3.

AR

D00 100 308 Yk ol

Fig. 1.3 Relative dimensions of different dinmeter serics

To meet different requirements of applications, deep groove ball
bearings can be produced in a wide variety of structures, as shown in
Fig.1.4. They are . . . .

Deep groove ball bearings with shields. FIE.'.'HH] shows this variety
of bearings. The shields form sealing gaps with the lands of the inner
ring. Their function is to prevent grease from leaking out and to pro-
tect the bearings from ingress of dirt or particles. A certain amount of
grease is filled into each of the bearings. Therefore, it is convenient 1o
maintain and commonly unnecessary to relubricate during their entire
service life. Depending on requirements, the bearings with one or two

i n be supphed. :
‘mg::pmgrmw F_:"E“ bearings with seals. Fig.1.4(b) shows this vancty
of bearings. The seals are made of oil-resistant synthetic rubber with a
sheet steel reinforcement. Their lips are in touch with m:_hnds of the
inner ring. This variety of bearing possesses excellent sealing perform-
ance. Because of the high frictional loss their imiting speeds are usual-
ly lower than those of other varieties of bearings. Similar 1o the bear-
ings with shiclds, these bearings are filled with grease in nd\ranqn. No
relubrication is required during their entire service life. Depending on
requirements, the bearings with one or two seals can be supplied.

Fig.1.4(c) shows deep groove ball bearings with filling slots. A filling
slot through which more balls can be inu;tnd nto the bearing is :!&
signed on the shoulders of both outer and inner rings. Then the radial
load carrying capacity is higher than that of bearings without a filling
sJot. However, its axial load carrying capacity is reduced. This vanety
of bearings can be provided without a cage. But due 1o the sliding fnic-
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tion beiween adjacent balls in this case, they are not valid for applica-
tions at high speed. To cover this shortage, one vanety of the bearings
with filling slots and cage is developed, as shown in Fig.1.4(d).

Fig.1.4(e) shows double row deep groove ball bearings. They have a
much higher radial load carrying capacity than that of the corre
sponding single row bearing.

@

iml il e} il (R B

Fig. 14 Differcni varicties of docp groove ball bearings. {a) with shichds, (b) with
seals, (o) with filling slots, (d) with filling slots and cage, (¢) double row bearing

Deep groove ball bearings find their typical applications, such as
gearboxes, electric motors, instrumenis and meiers, household eleciric
appliances. internal combustion engines, agricultural machinery, etc.

Self—aligning ball bearings

Fig.1.5 shows a typical self-aligning ball bearing. The characteristics

af this type of bearings are

(1) The outer raceway of a self-aligning ball bearing is a part of a
sphere, whose curvature centre is on the axis of the bearing. There-
fore, this type of bearing possesses a seli-aligning characteristic, al-
lowing the misalignment of shaft and housing from manufacturing
and mounting deviation, of shaft bending deflection etc. The maxi-
mum permissible relative misalignment should not exceed 3 ° .

(2) Less axial load carryving capacity is due 1o their smaller contact an-
ghes.

(3) A self-aligning ball bearing with a tapered sleeve and locknut
adapter may be simply mounted on a shaft of uniform diameter

Tyvpes aff rolling bearings ?

without the requirement of a locating shoulder.

Fig. 1.6 Angular contact ball
bearing

This type of bearing is primarily used in p&w:_at‘_eilhw:r a power
shaft whic?ﬁs easy to bend or greater mounting deviation, such as tex-
tile machinery, steel—framed conveyors, agricultural machinery, etc.

Angular contact ball bearings . .

Fig.1.6 shows a typical angular contact ball bearing. This type of bear-
ing is able to carry combined radial and axial loads or pure axial
5. Their major characteristics are 5
:T:dm m::min.-:l contact angles of the bearings arc 15:’ v 25 and
35 ° . In the cases of high accuracy or at high speed, it 18 necessary
to select the bearings with contact angle lil‘ . The greater contacl

angles are used for applications of heavy axial loads.

(2) The assembling method of the beanngs is different from that of
the deep groove ball bearings. An ouler ning F:pand_nd by heating
is axially assembled with a package of an inner ring. cage and
balls. Generally, more balls can be inserted than those of a deep
groove ball bearing with the same external dimensions. Therelore,
the dynamic load rating is grealer. :

{3) In this type of bearing, the loads are transmitted fn:rm one
raceway to another af a certain contact angle. _They are particular-
ly suitable for carrying combined radial and axial loads. Two angu-
lar contact bearings must be mounted opposed 10 each other with
the axial clearance climinated when a pure radial load acts.
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{4) To increase the stiffness of the entire beanng system, the bearings
may be mounted in pairs, such as face—to—{ace and back—to—back
arrangements shown in Fig.1.7.

Fig. 1.7 Duplex pairs af bearings

This type of bearing 15 pnmarily used in applications of high speed,
or high accuracy conditions, as weil as the cases of combined radial
and axial loads such as gnnding spindles, headstock spindles, electnic
motors at high frequency, centrifuges, gyroscopes, elg.

Angular contact ball bearings—magneto type

This type of bearing is one of the variety of angular contact ball hear-
ings, as shown in Fig.1.8. Their major characlenstics are

ﬁ &

LA ib)

Fig. 1.8 Angular contact ball bearings—magneto type
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{1) The outer ring of the bearing has only one shoulder and _|hn:.r=l‘1:-r:
it can be separated from ils corresponding inner rng. Thultype af
bearing is suitable for the application which requires the installa-
tion of bearings at limiting places. youus

{2) The axial Imgs carrying capacity of the beanng is less !,Iun that of
other angular contact ball bearings due 10 the lower height of bear-
ing shoulders. e i

(3) Only the bearings having less than 50 mm outside diameter are usu-
ally produced. e

This?f tEpc of bearing is mainly used in the applications, such as smiall
electric generators, instruments and meters, houschold electrical appli-
ances, ete.

Angular contact ball bearings—split imner ring type _
The inner ring of this type of bearing consists of two separable inner
rings. as shown in Fig.1.9. Their pnmary characteristics are

[e)

Fig. 1.9  Anguler contact ball bearings—split inner ring type. {a) sphit inner ring
type. (b} throe—polnt contact type, (¢) four—point contact [ype

{1) Each ball in the bearing contacts with _iun:r raceways al two
points under pure radial load. Upon the internal structure of the
bearings, a ball may contact with the outer raceway either at one
point, or al two points. Correspondingly, they are called angular
contact ball bearings with three—point contact type or I‘Inu:-pu!nt
contact type. The axial clearance of the bearing with four—point
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contact type is much less than that of the bearing with three—point
contact type for the same external dimensions and diametral clear-
ance.

{2) These bearings are able to carry axial loads in both directions and
o carry a certain amount of radial loads.

{3) This type of bearing usually has a machined solid cage from brass
or alloy steel. Sometimes, the surface of a cage is silver—plated in
order (o improve its self=lobricating performance. The bearings
are separable, i.e. the inner rings and the outer ring with ball set
can be mounted separately.

{4) To simplify the mounting and locating structure, a new type of
these bearings with flanged outer ring has been successfully devel-

This type of bearing is pnimarily for use as on mircrafl gas turbine
bearing. Sufficient lubricating and cooling are of extreme importance
due to their strict operating conditions including heavy loads, high
speeds and high temperature environment.

Thrust=radial ball bearings

Fig.1.10 shows a thrust—radial ball bearing for use in machine tools. It
has more halls and & contact angle of 60 * . This type of bearing has ex-
cellent axial stiffness and is able to carry heavy axial loads and light
radial loads.

oy i e
Fig. 110 Thrust—radial ball bearing
Thrust—radial ball bearings are primarily used, for lathe, boring and

drilling spindles and are oflen combined with double—row cylindncal
roller bearings for use.

Twpes af rolling hearings "

‘Thrust ball bearings are separable, as shown in Fig.1.10. Their major

characteristics are

(13 The contact angle of the bearings is 90 ° . and therefore they are
solely able to carry axial loads. Single direction Fhru-_.at ball bear-
ings are suitable for carrving axial loads in one d!.m:hnn. I_Jnublc
direction thrust ball bearings are able 1o carry axial loads in both
directions. _

{2} Balls of the bearing press Lo the outward side nf.mc:wa_ys. There-
fore thrust ball bearings are not suitable for running at high speed.

Fig. L.11  Thrust ball bearing

(3) Thrust ball bearings with sphered housing washers possess
self-aligning properties and are capable of compensating for
misalignment conditions. ]

The typical applications of thrust ball beanngs are, for example,
spindles in machine tools, rotating tables of lathes with vertical spin-
dles, etc.

Linear motion ball bearings \ .

Fig.1.12 shows a lincar motion ball bearing. This belongs to & new

type of bearing for use in supporung relative reciprocal linear motion.

Their major characteristics are !

(1) A linear motion ball bearing consists of an outer nng, cige and sev-
eral rows of balls between the outer ring and shaft. The outer nng
is in linear motion relative to the shaft. Balls roll over the raceways
reciprocally and recirculate in passageways of the cage.

{2) The frictional coeflicients of the beanngs generally are in the range
0,001 to 0.003, which is much less than those of sliding bushes.

(1) The bearings with seals at both ends are filled with grease in ad-
vance, so that they are lubricated for their enlire service Illrt and
are maintenance=free. No special lubricating system 15 required.
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{4) Low diametral clearance leads to high accuracy of linear motion.
The diametral clearance of a variety of the bearings can be ad-
justed to reach zero or even negative clearance in order 1o satisfy
the requirement of extremely high accuracy.

D ]

oy
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=
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Fig. 1.12 Liscar motion ball bearing

Linear motion ball bearings find their typical applications, such as
reciprocal mechanisms in machine tools with numerical control, auto-
matically recording devices, follow—up devices, as well as guiding col-
umns in pressing dies.

Miniature ball bearings

Generally, ball bearings having less than 10 mm bore diameter or 28

mm outside diameter are termed miniature ball bearings. To meet the

different requirements for instruments and meters, various structural

varieties shown in Fig.1.13 are developed. Their major charactenstics
are

(1) Miniature ball bearings with shields for use in synchromotors and
servo motors are required to meet supplementary requirements of
friction moments, such as casy to start, their running stability, and
0 Of.

{2) To satisfy the requirement of high accuracy and speed for gyro-
scopic motors, angular contact ball bearings with or without flang-
ed outer ring at the high grade are mostly selected. The bearings
with a Nanged outer ring simplify mounting structures and reduce
errors. The outer ring of a miniature ball bearing can be designed
as an end—cover of a gyroscopic motor and them it is
called an end—cover bearing. Various typical varieties of minia—
ture ball bearings for use in gyroscopes are shown in Fig.1.13(a) o
(c).

{3) Bearings for use in gyroscopic frames are required to possess

i, e
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extra—low friction moment in order to reduce the drift ratio of the
navigation. Besides general radial ball bearings, several special
stroctures of bearings are developed. Fig.1.13(d) shows a radial
ball bearing with straight outer raceway. It has a much lower fric-
tion moment but cannot be axially located itself. Fig.1.13(e) shows
a three—ring bearing. Its middle—ring is continuously rotated by a
gear—driven device, Therefore the navigating accuracy is remarka-
bly improved due to the lower running friction moment instead of
the starting friction moment.

L&) L)

R e}

Fig. 1.13 Mﬂlmhlhnhphnw[ﬂmlhlmnﬂhlhﬂhﬁ
{b) with Mlanged outer ring, (c) end—cover bearing, (d) bearing with straight outer
raceway, (€} three-ring bearing

Extra—large ball bearings

Bearings having more than 440 mm outside diameter are called
extra—large bearings. Usually, the rings of the beanings whose outside
diameters exceed two meters are made in piece=combined structures.
Typical extra=large ball bearings are shown in Fig.1.14.
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i1) Bearings with steel—wire raceways are shown in Fig.1.14(2). The in-
ner and outer rings are made of common carbon steel with steel
wire inserts. These bearings possess advantages, such as low cost
and good agility, and therefore they are commonly used.

Fig. 1.14 Extra-large ball bearings. (a) stocl-wire raceway type, (b four — painl
eomiact [vpe

{2} Turntable bearings are able to carry combined radial, axial and
moment loads. Usually a four—point contact type of bearings with
a geared outer ring as shown in Fig.1.14(b) is adopied. The bear-
ings are lubricated with grease.

L

L} LE |

Lal

Fig. 115 Cages for extra-large bearing. (a) plecrwise cage, (b} separating
wasdier, () spring

(1) Various special cages for use in extra—large ball bearings are devel-
oped besides conventional cages. Fig.1.15(a) shows a plecewise
cige which is usually made of brass. Fig.1.15(b) shows a sepa-
rating washer made of brass or nylon. And a spring which can also
be used as a separating element is shown in Fig.1.15(c). However,
these types of cages are only valid for the applications at low speed

A
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or oscillating motion.

{4) The design and selection of extra ~large ball bearings are primanly
based on the calculation of static load rating. Fatigue damage is
not the major failure mode for these bearings.

Extra—large ball beanngs find their applications in mine machinery,
constructional machines, heavy machine tools, moveable launching.
elc.

ROLLER BEARINGS

Cylindrical roller bearings

Fig.1.16 shows various typical cvlindrical roller hearings. Their major

characteristics are

(1) By comparison with ball bearings, cvlindrical roller beanngs are
generally able to carry heavier loads. The rollers of the bearings
are usually guided with thrust flanges. Due to the different configu-
rations of the flanges, some types of the eylindrical roller bearings
may be able to carry certain axial loads.

(2) By comparison with other types of roller bearings, the cylindncal
roller bearings have the lowest friction coefficient and are suitable
for high speed conditions.

Fig. 1.16 Cylindrical roller bearings. (a) type N, (b) type NU. (€} type NJ

(3} Upon the configurations of the flanges, various basic types of cy-
lindrical roller bearings are shown in Fig.1.16(z) to (c). Type NU
has two flanges on the outer ring and no flange on the inner nng.
Type N has two flanges on the inner ring and no flange on the out-
er ring. Both are applied as floating bearings, that is, variation in
the axial direction due to thermal expansion can be accommo-
dated. Type NJ has two flanges on the ouler nng and one on the
inner ring, and therelore it can carry a certuin axial load in one di-
rection.
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(4) The permissible relutive angular miselignments of cvlindrical roller
bearings are strictly limited 1o a few minutes of arc. Therefore high
manufacturing accuracy of shaft and housing is required.

(5) In order Lo increase the radial load carrying capacity of the bear-
ings, several new types of cylindrical roller bearings are developed.
Fig.1.17{a) shows an enhianced type of cylindrical roller bearing.
They have more rollers, larger diameters and lengths of rollers
with the same external dimensions as normal bearings. The
edge—siress concentration can be much improved if a8 modified
profile of rollers is adopted. The crowning values of rollers may be
decided upon the loads acting on bearings. Standard crowning val
ues of rollers for cylindrical roller bearings are introduced. For the
convenience of comparison, the original type of cylindrical roller
bearing is shown in Fig.1.17(b). The enhanced type is designated
by a suffix “E". Fig.1.17(c) shows a full complement type of cylin-
dncal roller bearings without cage. They are assembled with the
greatest possible number of rollers, so that they are able to carry
heavier radial loads. The major disadvantage of the full comple-
ment type is their lower limiting speeds because of the sliding fric-
tion between rollers, Therefore, they ure usually valid for the appli-
cations under heavy loads and at low speeds.

= '._:';._'
Fig. .17 Improvement ol cylindrical roller bearings. (a) enhanced type. (b) mor-
mal type, ¢} full complement 1ype

(6} Double row cylindrical roller beanngs possess higher radial
stiffness and are primanly applied to spindles in lathes and boring
machines. For the adjustment of the diametral clearance, the bear-
ings with tapered bore | = 12 are used. The operating clearance of
2 bearing may be changed through the axial displacement of its in-
ner ring on the shafl.

Cylindrical roller beanings find their primary applications in me-
dium or large electric motors, axleboxes of rail vehicles, spindles of ma-

b e ]
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chine tools, rolling mills, vibraling screens, €ic.

Spherical roller bearings ' :
Fig.1.18 shows a normal spherical roller bearing. The major character-
istics are . =

{1) The outer raceway of a spherical roller bearing is a part of a
sphere, whose curvature centre 1s on the axis of the beaning. Simi-
lar to seli-aligning ball bearings, therefore, this type of bearing
possesses self—aligning performance, allowing the misalignment of
shaft and housing. ]

(2) These bearings are able to carry heavy radial louds and shock
loads, as well as certain axial loads due to the line contact between
rollers and raceways. i :

{3) These bearings are not suitable for applications at high speeds, be-
cause the high osculation between rollers and raceways, as well as
curve generatrices leads to large shiding coefficients.

(4) The non—symmetrical rollers of a normal spherical roller bearing
are pushed toward the integral middle guide during its operation.
Recently, a new variety of spherical roller beanngs, which have a
large number of long, symmetrical rollers of large diameter, as well
as a non—integral guide positioned between the 1wo rows of rollers
have been developed. The non—integral guide can adjuest Lo a cer-
tain position automatically upon the ratio between radial and
axial loads, Obviously, the new variety of bearings has a very high
radial load carrying capacity, :

(5) A spherical roller bearing with an adapter sleeve may be simply
mounted on a shaft of uniform diameter without the need for a lo-
cating shoulder.
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Fig. 1.19 Enhanced spherical roller bearing

Spherical roller bearings are primarily used in the applications, such
as rolling mills, paper—making machines, construction machinery,
crushers, printing machines, vibrating screens, elc.

Tapered roller bearings

Tapered roller bearings are shown in Fig.1.20. They are able 1o carry

either combined radial and axial loads or pure axial loads. Their major

charactenstiics are

{1} The nominal contact angle of the bearings is in the range 10~ to
30 ° . Generally, the values of the contact angle are divided inlo
six series as specified in the international standard. Larger contact
angles should be chosen when axial loads acting on bearings are
heavy. The majority of contact angles of tapered roller bearings is
in the range 10" 10 16~ .

{2) The extensions of the all contact lines between the rollers and the
inner or outer raceway should theoretically intersect al one com-
mon point on the bearing axis.

{3) The rollers in a loaded bearing are pressed onto the big guide of
the inner ring by the components of internal contact loads due to
different tapered cone angles of the inner and outer raceways. The
sliding friction between roller ends and the big guide sets a limil to
limiting speeds of the bearings. Recently, high speed tapered roller
bearings have been successfully developed through improvements
of the guide lubrication.

(4) Similar to angular contact ball bearings, two tapered roller bear-
ings are generally mounted opposed to each other. The preload of
tapered roller bearings is only obtained by the adjustment of axial
location when the bearings are mounted. Double or four—-row ti-
pered roller bearings are used for extremely heavy radial loads.

Twpes of rodfing bearings 9

Fig. 1.20 Tapered roller bearing

(5) An enhanced type of tapered roller bearings having more ml.!:rr_-.
larger diameters and lengths of rollers with the same nlgmld Idnn
mensions as normal bearings has been developed 1o provide high
joad carry capacity and stiffness. The modified line contact be-
tween rollers and raceways climinates edge stresses and extends
the bearing life. g B

Tapered roller bearings find their primary applications in front and
rear wheels of trucks, transmission mechanisms in machine toals,
axleboxes of rail vehicles, rolling mills, lifters, etc.

Generally, the bearings with rolling ¢lements being m the following
ranges, roller diameter Dy<5 mm and [/ D, ratio>3, are called
needle roller bearings. Fig.1.21 shows various types of needle roller
bearings. Their major characteristics are 1

(1) By comparison with other types of bearings needle roller bearings
have the smallest cross—sections. In many cases, they can be used
instead of sliding beanngs.

{2) Needle roller bearings can be provided withoul inner fing or outer
ring, as well as even without either ring, that is, needle roller and
cage assemblies. Then, the corresponding mounting shafts and
housings should reach the same manufacturing accuracy and
hardness as normal bearing rings.

(3) Full complement needle roller bearings are able to carry heavier
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radial loads, but they are not valid for applications at high speeds
due to the roller skewing. On the other hand, needle roller bear-
ings with cage can be used at high speeds, but their radial load car-
rying capacity is reduced slightly.

Y

Fig. 1.21 Various iypes of necdle roller bearings

(4) The manufacturing accuracy of needle rollers is lower than that of
cylindrical rollers and the sliding of needle rollers will often occur
in the unloading region of a bearing. Therefore, the friction
coefficient of needle roller bearings is greater than that of cylindri-
cal roller bearings.

Needle roller bearings find their applications in gearboxes, universal
joints, crankshafts and connecting rods, hydraulic equipment, textile
machines, elc.

Thrust roller bearings
On the basis of shapes of the rollers used, there are various types of
thrust roller bearings shown in Fig.1.22. Their major characteristics

are

(1} Thrust roller bearings are primarily used for carrying axial loads.
The axial load carrving capacity and stiffness are much higher
than those of thrust ball bearings due to line contact.

{2) More internal sliding in thrust roller bearings seis a limit to the
speed of bearings. Cylindrical roller thrust bearings shown in
Fig.1.22(z) have serious sliding between rollers and raceways.
Therefore, they are limited to running at low speeds. Needle roller
thrust bearings shown in Fig.1.22(b) are suitable for the applica-
tion where the small mounting height is required. But they have
the same dissdvantage as thrust cylindrical roller bearings.
Fig.1.22(c) shows a tapered roller thrust bearing. The extensions
of contact lines between rollers and raceways in the bearnng inter-
sect on the bearing axis. Thus the above sliding is significantly re-
duced.

Types of rolling beerings 21

Fig. 1.22 Various types of thrust roller bearings. (a) cylindrical roller type. (b}
needie rafler tvpe, (¢) tapered roller type, (d) spherical roller type

(3) By comparison with other types of thrust roller bearings, spherical
roller thrust bearings shown in Fig.1.22(d) are able to carry heavy
axial loads and certain radial loads simultaneously, They also pos-
sess the self—aligning capacity, which makes them insensitive to
misalignment of the shaft relative to the housing. Because
asymmetrical spherical rollers and specially shaped raceways are
designed. they are therefore suitable for relative high speed opera-
tion.

Spherical roller thrust beanngs find their primary applications in
vertical electric motors, propeller shafis, arm cranes, turn tables in ma-
chine tolls, etc.

Rolling guide plates

Fig.1.23 shows an operating example of rolling guide plates which are

commonly used to support reciprocating linear motion. Their major

characteristics are

(1) A rolling guide plate consists of a group of needle rollers and a
cage. Mounting surfaces of the slide carriage and the sliding guide
should reach or approach the technical requirements of raceways.
Chages are usually made of plastic or steel plate. The former is suita-
ble for low speed operation and operating at temperatures of no
more than 100C and the latter has the wider range of
applications. Several guide plates can be connected through the
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swallow—tailed tenon joint or rivet bond in order to obtain the re-
quired length of plate.

Fig. 123 Rolling guide plate

(2) The guide plates have two types of the plain guide plates and the
“V* shaped guide plates. In the latter, two rows of needle rollers
are positioned with an angle of 90 ° . These two types of plates are
often used together and they are preloaded to guaraniee the high
molion ACCUracy.

Rolling guide plates find their primary applications in shiding guides
of machine tools.

CHAPTER TWO
Geometric relation in
rolling bearings

Up to now, quite 3 number of types of rolling bearings have been de-
signed to meet different requirements in modern industries. Although
rolling bearings look like very simple machinery parts, their internal
geometric relation is relatively complex. Internal structural parameters
are closely connected with the kinematic and dynamic conditions in
rolling bearings. Therefore they have important influences on bearing
characteristics, such as load distribution, stress and deformation,
stiffness, friction, lubrication, vibration, noise, bearing life, etc. For
example, the different combinations of groove curvature radii of inner
and outer raceways in a bearing effect its internal relative sliding
significantly, or a slight change of the roller generatrix may remarka-
bly improve the life of a cylindrical roller bearing. A primary purpose
of the rolling bearing design is to determine the most suitable
geometric structure and corresponding parameters for the satisfaction
of different functions and life requirements.

These parameters primarily include rolling element diameter
0, and in the case of roller bearings the roller effective length [ num-
ber of rolling elements Z, pitch circle diameter D, raceway groove
curvature radii R, and R, diameter clearance u,, contact angle , etc.
The geometric relation will be further complicated due to the effects of
the stress and deformation under loading conditions. Usually the ana-
lysis for this is required to solve a statically indeterminate system. In
this chapter, only the geometri¢ relation in non—loaded beanngs is
considered.

BALL BEARINGS

Osculation

Osculation is the ratio of the curvature radius of a rolling element to
that of its matched raceway in a direction transverse to the rolling di-
rection. An osculation shows the osculating degree at the contact
point between the rolling element and the raceway. It has an impor-
tant influence on the load distribution, load capacity, life and friction

n
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moment of the bearing.
As shown in Fig.2.1, for ball bearings, the osculation is expressed as

=Ds
T (2.1)
In the bearing design, the following equation is often used to deter-

mine the groove curvature radius of a raceway
r=f1, (2:2)

where
= curvature radius coefficient of a raceway groove.
The range of value [ is between 0.515 and 0.515.

Fig. 2.1 Geometric parameters of a ball bearing
Hence

|
3 (2.3}
The groove curvature radius coefficients of inner and outer
raceways may be different, that is, f; and f, correspondingly. Fig.2.1
shows the positions of the groove curvature centres before and after
the relative axial movement between inner and outer rings. In this fig:
ure, it is convenient to analyze the internal geometric relation in a
bearing by an assumption of the fixed ball centre.

Geometric relation in rolling bearings %

Contact angle

A contact angle is the angle formed by the connecting line of the two
contact points between the rolling element and both raceways and a
radial plane of the bearing. The contact angle for a stationary and
unloading bearing in which the rolling elements are in stress—free con-
tact with the raceways is termed the initial contact angle, or nominal
contact angle.

For ball bearings, the contact angle is the angle formed by the con-
necting line of the two contact points between the ball and both
raceways and a radial plane of the bearing. Fig.2.2 shows the contact
angles for two common types of ball bearings.

ia) inb

Fig. 2.2  Contact angles of ball bearings. {a) an angular contact ball bearing,
{b) & thrust ball bearing

The contact angle is an important structural parameter for rolling
bearings. It has a great influence on load distribution, kinematic rela-
tion, life, etc.

The contact angle formed in the operating condition of a bearing is
termed the operating contact angle. It usually becomes larger than the
initial contact angle if under an axial load. For an angular contact ball
bearing running at high speed, different contaci angles with the inner
raceway and the outer raceway occur. This will be described in Chap-
ters Five and Sixteen.

Curvalure

If two bodies contact each other in an unloaded state at a point then this
state s called point contact, as shown in Fig. 2.3. The curvatures of body |
at the contact point in a pair of principal planes, perpendicular to each oth-
er, are expressed as py and py; . similar principal curvatures py, and




", —— e —— ——__'—

26 Analyvsis aof rolling element bravings

s refer to body 2. The pancipal curvatures are marked by two subscripts,
the first refers to the body and the second refers to the principal plane. For
a convex surface ie. the centre of curvature is inside the body, the sign of p
is positive. In reverse, the negative is for o concave surface i.e. the centre of
curvisiure is oulside the body.

Fig. 2.3 Point contact

The following definitions are introduced. The curvature sum is the
sum total of curvatures of the two bodies al the contact poinl.

E.F = puptey ey (1.4)
The curvature function i3
)=
(pun = p) 4+ Apu — pulpn = pnlkosdw +(pn —pn )
2p
(2.5)
where
w=angle between the corresponding principal planes of two con-
tact bodies.

The corresponding principal planes of the two contact bodies in rol-
ling bearings coincide with each other, therefore w=0, cos2w= |.
Equation (2.5) changes to

{reomeiric relation fa rolling bearings F i

Wpu =pu)+ipn =pzll
)= (2.6)
T Yo

In this case. the curvature function is dlso termed curvature differ-

ence, [t should be noted that Fp) is always positive.
Taking an angular contact ball bearing for example, as shown in

Fig-2.1.
Introducing
Dy cosa
LA g

Then, the principal curvatures of the contact between the ball and
the inner raceway, curvature sum Y j, and curvature function Fip)
respectively are

(2-7)

P ™ g - "517 (2.8)
o By
L e (2.9)
p-=—--'L* (2.10)
e 1 F
S Y paon e - 5
Tpi=5 {4 7 +I—r} (2.11)
Loy
Pt Lo (2.12)
Yo ks +_.;l._.
T =%

Similarly, for the contact between the ball and the outer raceway
y

piv=pn == (2.13)
e N 5T I
pu=—= {|+?) (2.14)
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B o LD =
ol __l.. __31"'_
B (41 - )
e oo A
o) =—L : “;_ (2.17)
& r T 1+ 7

Calculating formulae of curvatures, curvature sum and function
Flp) for various types of ball bearings are listed in Table 2.1. It should
be noted that if groove curvature radius coefficienis of the inner and
outer raceways are the same, i.e. f;=f,, the function Fip) at the inner
ruceway conlact would be greater than that at the outer raceway con-
tact. As values of f, und f, increase the value of Flp) correspondingly
decreases,

Clearance

The definition of the clearance is the amount of movement of one ring
relative to another ring in the radial or axial direction from one lim-
iting position to another under no load. Respectively it is termed
diametral or axial clearance according to its moving direction.

The clearance is an important parameter of a bearing. It effects the
load distribution, the vibration, noises and the bearing life. Therefore,
it should be selected carefully, taking into consideration of the oper-
aling conditions ol the bearing.

Table 2.2 gives the diametral clearance standard of deep groove
ball bearings. The basic group of diametral clearances is valid for
general operating conditions. The values in the third and fourth
groups of diametral clearances are greater than those in the basic
group. They are valid for the conditions of the tight fitting of the
bearing on the shaft and housing, or large temperature difference
between the inner and outer rings, as well as lower friction mo-
ment. The values in the second group of diametral clearances are
less than those in the basic group. They are valid for the condi-
tions of high running sccuracy, or strictly limited relative
movement in the axial direction.

.
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Table 2.1  Calcolating formulac of curvatures for ball bearings
Bear— I
: Radial and angular contaci | Self—aligning bail Thrust ball bearings
:Pﬂ ball bearings Dearings
Fig.
Pu 2/ b, 2/D, 3/ D,
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2
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ring or (T TN 7 Y [ T | N T
S {" i 1—;} Ds fD:s D D, (" ;..}
\- o vt 1, Zcom
i o I=7 Filbs D 1
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Table 2.2 Ddametral clearances of radial ball bearings i
Bore
dimmicier Group 2 Group O {iroup 1 e 4 Group §
PREn
Over |Inche. | Min | Max | Min | Max | Min | Max | Min | Max | Min | Max
sl wl oy R el o#] 2 =i T =
fs 10 0 T 2 13 B 23 14 M 20 ar
{1} 18 Lt ) 3 14 11 23 1] i3 25 45
18] a| 10 S| 20| 13| 28| 20f 3| 23| 44
24 ELl | 11 3 20 13 28 13 41 30 53
30 40 | 1 B 20 15 33 28 A A0 4
40 L[] | i1 6 23 14 36 0 51 45 7
50 B3 1 15 ] . 2 43 3z &l 55 %
&5 ] 1 15 10 k] 23 3l b i 65 OS5
80| 100 1 18 12 L) kL] 58 53 B4 75| 120
100 | 120 2 20 15 41 I b 6l a7 OO | 14D
120] 140 21 2% 1] 48| 41| #Hi TI| 114] 10%5| 160
140| 160 | 23 18 33 60 M B1| 130) 120 180
Il | 120 | 13 0 il 53| o2 oL 1471 135] 200
i80| 200 2 30| 25 7|1 63| 17| 107 16}y 150) 230
Table 2.3 DMametral clearances of self-aligning ball bearings
with cylindrical bore Jim
Bore
wltarine ter Group 2 Grraup § Geroup 3 Gironip 4 Growp 5
i |
—r 1
Over | Inclu. | Min | Max | Min | Max | Min | Max | Min | Max | Min | Max
13 [ 1 2 o 15 i 20 15 1] 2 13
[ [ [1] 2 9 & 17 12 25 19 A i ] 42
10 14 z 1] L] 19 i3 26 21 A5 k1] 48
14 18  §f S g8 2 150 ] =37 2| N0
18 | 4 4 oy 23 17 | 25 i M i
24 £l 5 [ 11 M 19 15 N 4 40 ]
30 A f 1] 13 . 23 i ] 53 At ity
40 50 f 19 4 L 24 L4 ar . T 50 i |
so|l 65| 7| 21| 16| 36| 30| Ss0| 45| 6| 62| W8
h B ] 24 18] 40 35 &0 54| 51 16| 108
80| 100 o 27| 22| 48| 42| 70| 64| 96| 89} 1M
100 130 10 | 25 ] o1 ﬁﬁt 751 L14| 105) 145
120 (£ 1k 1% 30 GR &0 | 100 Q0| 135| k25| 173
40| 160| 15| 44| 3s| so| 70| 120 ne| 161 150] 2o
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Table 24 Diametral clearances of self-aligning ball bearings

whth tapered bore pm
Hore |
dipmeter Giroup 2 Group O firoup 3 Group 4 Corougp §
mm
Over | Inclu. | Min | Mux | Min | Max | Min | Max | Min | Max | Min | Max

18 .l 71 a7l 13} 26| 201 33| 28| 42| 37| 55
4 I gl ‘o] 15 W 2B Wl 13| s0| 44| 62
wl a0 12| ‘w) wl as| M| 4s] 40| 9 R T2
0| so| 14| ‘27| 22| W| 13 2] 45| 65| S| T
sol s8] 18| 3| 2 47| 41| &) s6] so| 7| 9
63| #o| 23] | a3s| sr| so| 78] &9 98| 91| 113
pol 1o0] 20] 47| 42| e8| e2| 90| 84 116 109 144
0| 1200 35| ss| so| &1 75| 1oE| 100 139 M| 170
120] 140] 40| 68| eof ox| 90| 130| 120| 165 135| 205

140] 160 -Iﬁi '-'4| 65| 1| oo Hﬂi 140 191 I1RO[ 240

Tables 2.3 and 2.4 list the diametral clearance standards of
self-aligning ball bearings with cylindrical bore and with tapered bore
respectively.

Relation between clearance and contact angle
A certain geometric relation between the diametral clearance and the
initial contact angle of various types of ball bearings exists.

Deep groove ball bearingy
The inner and the outer rings of a deep groove ball bearing move rela-
tively in the axial direction until stress—free contact between the ball
and the raceways. Fig.2.4{a) shows a deep groove ball bearing with
diametral clearance u, and Fig.2.4(b) shows the position after this rel-
ative axial movement.

It can be seen thal the distance O 0°, between groove curvature
centres of inner and outer recewavs is

A=r +r,=D, (2.18)

Using equation (2.2) gives
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A=(fA1 =D, {2.19)

The relationship of the diametral clearance and the contact angle
can be derived from the figure

ph, = 2(1=cosa) [+ fi— 11Dy (2-20)

Lay -Ié.l

Fig. 24 Clearance and contact angle. (a) diametral clearance, () imitinl contact
angle
And the relationship of the axial clearance and the contact angle is
u, = 2sinal -+ f,— 1)D, (2.21)

Combining equation (2.20) with equation (2.21) yields the relation-
ship of the diametral clearance and the axial clearance

wo =NAf, +fi — DDsuir —ui (2.22)
Equation (2.22) can be approximately wrillen by
we =L + 1= 1)Daue (2.23)

Fig. 2.5 shows the relation among the axial clearance, the diametral
clearance and the initial contact angle. In the figure, symbol B is

B=ftfi -] (2.24)

For standard deep groove ball bearings, B=0.04. Then, from equa-

tion {2.23)
e =04 Dawry [2.25)

'1L-.

N e

Geometric relation in rolling bearings 33

Angular contact ball bearings
The initial contact angle of an angular contact ball bearing is con-

nected with the diametral clearance, the raceway groove curvature ra-
dius and the ball diameter in the bearing. It can be deduced from

equation (2.20). that

-] = ——t 2
cosa = | 5 +fi —1)Ds (2.256)

Angular contact ball bearings with split inner rings

Fig.2.6 shows an angular contact ball bearing with split inner rings. It
can be imagined that the split inner rings are formed by eliminating a
shim from an entire inner ring of a corresponding deep groove ball

bearing.
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Fig. L5 Axkal clearance, diametral clearance amd initial contact anghe
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Creoamerric relation i rolling bearings 15
In the bearing design, the shim angle 25 and the initial contact an- 1
gle = are important parameters. It can be seen from Fig.2.6 that ! #
, h 0’ A
i 2.27) | ass
sinap 37, = 1)D» { # r;/
where F -_ 35
h=width of the shim. 1

The following equation may be derived

LT, B [&fs— 1:”,1 = ﬂﬂﬁ-‘.’lﬁp_}
2{_{: +I|_1:.|[}P- 2{]'. 1._}-]“'}

cosa=1

{I.:E:I 0, ) T ] 0.0
[Tt i, (IR 0.8z 2018

W,
Fig. 2.7 Relathon among =, v, and 3,

Self—alipning ball bearings
Fig.2.8(a) shows the designing state of a self—aligning ball beanng.
Fig.2.8(b) shows the limiting positions of the relative axial movement
between inner and outer rings in the beanng.
Introduce the following symbols:
2, = nominal contact angle, that is, the angle between the contact
load vector nommal to ball surface and the radial plane of
the bearing in its designing state

.L--_

{ b}

Fig. 1.6 Anpular contact ball bearing with split inner rings. (a) with a shim,
() withowt shim

Equation (2.28) shows the relation among the initial contact angle,
the shim angle and the diametral clearance. Generally, f,=10.54 and
£, =0.52 are often selected in the bearing design. Therefore, equation

(2.28) becomes
1 25« .2 n
COST 3 u}ﬂ, -I-l::-:us-::n (2.29)

Fig. L8  Scif -aligning ball bearing. (a) designing state, (b) axial movement
This relation is drawn in Fig.2.7. It can be seen that  and a, usual

Iy are not the same value,

Obviously, if 25 equals zero, equation (2.28) becomes equalion
(2.26).

2, = initial contact angle, as shown in Fig.2.8(b)

i, = normal clearance, that is, the movement amount of one ring
relative to the other in the direction normal o the outer

1 raceway at contact point from one limiting position to the

e —— e e Sp——— =

i -

; L
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other

u,=axial clearance, that is, the movement amount of one nng
relative 1o the other in the axial direction from one
imiting position 1o the another.

then
Cosa, = [1 - r::‘ COse (2.30)
He = 11 Asinz, = {.-I - }sin:a] (2.31)

It is concluded that from calculation, the different kinds of
clearances and contact angles have the following order according Lo
their values

[T TR T8

o, >y

Limiting tilting angle

For a deep groove ball bearing with a cerfain amount of diametral
clearance. ils inner ring may be tilted from the central position under
no load. Generally, the maximum relative angle between the inner and
the outer ring axes without any additional stress to bearing compo-
nents is termed the limiting tilting angle.

Fig.2.9 shows the limiting tilting angle and the variation of groove
curvature centres of the inner and the outer raceways in a deep groove
ball bearing.

It can be seen that

gio.=A=r, +r,=D)
oo = A — HT

Therefore, the limiting tilting angle can be deduced
cosl =

= le } —{re ¥ Fi— D)

(2.32)

Greomeiric relation fn rolling bearings a7

Equation (2.32) is also valid for angular contact ball bearings. The
calculation requires at least six—place accuracy for the terms on the
right side of equation (2.32).

LE'Y]

Fig. 1.9 Limiting tilting angle in a decp groove ball bearing. (a) Hmiting tilting an-
ghe, (b} groove curvature cenires

Land of the bearing ring

Height of the land of a bearing ring affects the axial load capacity of
the bearing. The height is determined upon the ball diameter by the
following equations

p= 2820 o pipy (2.33)
pmPiEDv . o y.p, (2.34)
wherne
h, and h =heights of the inner and the outer nng lands
respectively
D,, and D, =diameters of the inner and the outer nng lands
respectively

K,=h_::ghl coefficient of the land, connected with
diametral series of bearings, values of K, are listed in
Table 2.5.



k1 Analysis of rolling elemert bearingi

Table 2.5 Land bheight coefTicient

| f
Digemetral [ M imirure : Deep grovve ball bearings
series bearings - 1 serics *2*.%3°.°4" meries
X, 0.20-0,30 0.35 0.40

The limiting relative contact position between the inner ning and the
ball under no load is shown in Fig.2.10. The one—half of the central
angle can be expressed as

= il ﬂlr 3 DI 5
cosll = 1 mn_lf.ﬂn [2.35)
D, =By n
s, = | — —f—m—— 230
cost 1 7. D» | J

It can be concluded from equation (2.20) thal increasing the
diametral clearance brings aboul a corresponding increase of the ini-
tial contact angle. The diametral clearance which makes the nital
contact angle equal to the one—half of the central angle is termed the
maximum theoretic diametral clearance. The actually  selected
dizmetral clearance is less than this value. The maximum theoretic
diametral clearance is calculated by

3 =
= A= I (2.37)

M . = j-.-

The relation of the height of land and its axial load capacity will be
described in Chapter Thirteen.

Cage
Fig.2.11 shows a pressed steel cage. The functions of the cage are o
keep rolling elemenis equally-spaced and 1o guide the movement of
rolling elements, as well as improve lubrication conditions. Cages with
different materials and structures can be chosen in the same type of
bearings in order to meet different requirements for bearing perform-
ances.

Generally, a cage may deviate from its designed position in the
radial direction due to the gap between each cage pocket and ball. The

18 B e =eh

Cieomigteic relation in rollimg bearings K
amount of the radial deviation is calculated by the following equation
By ™
E{H-Lmsin"u'.?zﬂ' - R. + K. }
0,968, — Disincos ' e
A
(2.38)
IL-.\'E"-:I'-I
(] "-Ih.\_\ 'rr
!"';'fx' &
<
& {
sl
1 TVRITR

Fig. 210 Land of 8 bearing

where
£, = radial deviation of the cage
B =cage width
R, = curvature radius of pocket
K, = pocket depth.
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Obviously, the cage should avoid contact with any ring of the bear-
ing during running as it takes the maximum rachal deviation.

ROLLER BEARINGS

Osculation

If generatrices of the roller and the raceway in a roller bearing are
curves the term of osculation can also be used. Similarly, it is defined
for spherical roller bearings as follows

P - Er-'" (2.39)
where
R, =curvature radius of the spherical roller in the axial plane
r = curvature radius of the raceway in the axial plane.
The osculation of a roller with inner and outer raceways may be dif-
ferent. In this case the curvature radii of the inner and the outer
raceways are substituted into equation (2.39) respectively.

Contact angle
The definition of the contact angle is also valid for roller bearings. For

some types of bearings, such as tapered roller bearings, the contact
angles at inner and outer raceways are different. The contact angle of

R NN

; ] N J‘

| II r.
|I II
iwh

Fig. 212 Contact angles of roller bearings. (a) tapered roller bearings, (b) spheri-
cal roller bearkigs

B

Ry - TR e

Geometric relution in rolling bearing s 4]

cylindrical roller bearings is zero. Fig.2.12 shows the contaci angles of
tapered roller bearings and sphencal roller bearings with unsymmetne
rollers.

Usually, the contact angle a of a tapered roller bearing means the
contact angle between the tapered roller and the outer raceway. As-
suming that the contact angle between the tapered roller and the inner
ruceway is expressed as «,, then one may obtain

a=g, +2§ (2.40)
where
f# = half taper of roller.
In spherical roller bearings with unsymmetric rollers, the contact
angles at inner and outer raceways are different.

Principal curvature

A state of two bodies in contact along a straight line or curve under no
load is called liné contact. The definitions of curvature sum Ep and
curvature function Fip) are valid for line contact conditions.

For a roller bearing under no load, the contact between the roller
and the raceway is cither a line contact, such as cylindrical roller bear-
ings and tapered roller bearings, or a peint contact, such as spherical
roller beanngs.

The curvature sum and the curvature function for various types of
roller bearings can be calculated by equations (2.4) and (2.6).

Taking spherical roller bearings as an example, one may obtain the
curvature sum and the curvature function at the contact between the
roller and the inner raceway, as shown in Fig.2.13.

2 1 Joosa; _i

Lo =g E T p i
p | Joosx; |

Fpy=B—Be D& (242)
Dy ERyT 1 VoD 301 il

Similarly, for the contact between the roller and the outer raceway
Lo g 100
e vl (2.43)
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]

Ds R ﬂ“]‘

| A o ol
Fig. 213 Spherical roller bearing

It can be seen that if in the axial plane the curvature radius of the
roller R, equals that of the raceway r, (or R, then the curvalure
function is equal to one. Obviously, this is valid for cylindnical and ta-
pered roller bearings.

Calculating formulae of principal curvatures, curvature sum and
function for various types of roller bearings are listed in Table 2.6.

Clearance
Table 2.7 lists the diametral clearance standard of cylindrical rol-

ler bearings with cylindrical bore. Tables 2.8 and 2.9 list the
diametral clearance standard of spherical roller bearings with cy-
lindrical bore and with tapered bore. The diametral clearances in
basic group are valid for general operating conditions and are se-
lected preferentially.

The certain geometric relation among the diametral clearance, the
axial clearance and the initial contact angle for various types of roller
bearings exists.

Greometric relation in rolling bearings 43
Table 2.6 Cabculating formulse of curvatures for roller bearings
Bear= [Cyilindrical amf| .
ing R e e Tapered roller Spherical roller bearings
fypes  limgx um"__
—
Figure _
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10MET 2 2 % 3 | 5 i
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Table 2.7 Diametral clearances of cylindrical roller bearings
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Table 2.8 Diametral clearances af spherical roller bearings with cylindrical
bore

pm

Geometric relation in rolling bearings
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Table 29 Diametral clearances of spherical roller bearings with tapered
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Tapered roller bearings )
A single tapered roller bearing has no diametral clearance because its
rings can be separated. After the bearing is mounted on a shaft and
housing, adjusting the relative axial position of its inner and ouler
rings leads to produce a diametral and axial clearances, as shown in
Fig.2.14. Therefore

b= 2 lgn (2.45)
Spherical roller bearings

Fig.2.15 shows a spherical roller bearing and its relation between a rol-
ler and its outer raceway.

Fig. 2.15 Spherical roller bearing
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Introducing the following symbaols
a,=nominal contact angle, that is, the angle between the contact
load vector normal to the roller and the radial plane of the
bearing in its designing state
a, = initial contact angle at the limiting axial position
u, =normal clearance, similar to self-aligning ball bearings.
It cain be obtained from the figure

(r- — Ri)cosa, = (r. — Ry — "T'}mm. {2.46)
therefore :
oy = u.rm:ts[ (l = ﬁ}ﬂﬂﬂu] 2.4T)
and then

Mg = 2[ {r. — RsJsine, — (r. o T "T")iim:u] (2.48)

Generatrix shape of cylindrical roller

To avoid edge siresses al the ends of the cylindrical roller, the rollers
are generally manufactured into a slightly crowned shape, as shown in
Fig.2.16.

There are two types of crowned cylindrical rollers. One of them s
the rollers with convex generairix, called the entire convex type. The
other is designed with a slightly crowned transition zone between Lhe
central straight line and the corner, called the modilied line type.

Fig. 216 Crowsed cylindrical rollers. (a) entire comvex type, (b) modified line type




CHAPTER THREE
Contact pressure and deformation

Contact pressure and deformation refer to those produced in the area
nearing the contact point between two bodies with curved surfaces
which are pressed against each other. With a rolling beanng for exam-
ple, point or line contacts between rolling elements and raceways occur
initially in a loaded rolling bearing. Then, small contact areas are
formed 1o transmit the load to rolling elements. At the same time, the
contacting bodies would approach each other due to the deformation.
The purpose of this chapter is to give calculation methods for the con-
tact pressure distribution, the shapes and sizes of contact areas, as well
as the relative approaches of two bodies. These are necessary for con-
sideration of the load distribution, rigidity, lubrication, friction and vi-
bration in rolling bearngs.

The conlact pressure has an important influence on the contact fa-
tigue and the wear of rolling bearings. Although a load acting on con-
tact bodies may not be heavy, its contact pressure induced on the con-
tact area is usually large. In general, the contact pressure in a rolling
bearing is between 2000 MPa and 4000 MPa. The contact futigue life
chiefly depends on the magnitude of the contact pressure. In 1881,
Hertz established the classical solution for the conlact pressure and
deformation of two bodies contacting at a point initially. A number of
experiments show satisfactory agreementi with the calculated results.
Up to now, the Hertzian theory is still the major method for calcula-
tion of the contact pressure in & rolling bearing.

The shape and the size of a contact area can effect the Inction be-
tween two contact bodies. A pure rolling occurs only at an ideal point
or line contact, otherwise it would be accompanied with various types
of sliding, which will have a great effect on the calculation of the fric-
tion in rolling beanngs.

The approach of a contact area influences the rigidity of a rolling
bearing. Due to the nonlinear relation between the contact load and its
corresponding approach the ngidity of a rolling bearing can be in-
creased significantly by a preload method.

In the first paragraph of this chapter, the basic formulac of the
Herizian theory, including the contact pressure, sizes of the contact
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arca and the relative approach are introduced. The application of them
to roling bearings is described in the second paragraph. For conve-
nience, the computational programs for the contact pressure and the
deformation in a rolling bearing are introduced in FORTRAN and
PASCAL languages.

The expressions of the shear stress and the maximum orthogonal
shear stress below the contact surface are given in the third paragraph.
Some influential factors, such as surface defects, the shear stress at the
contact surface, are also explained.

HERTZIAN THEORY OF THE ELASTIC CONTACT
Basic assumptions
Hertz found the solution of the contact theory upon the following as-
sumplions.

(1) All contact deformation occurs in the elastic range and it follows
the Hooke Law,

Generally, rolling clements and rings of a rolling bearing are made
of the hardened bearing steel. In the conventional condition, the total
miximum plastic deformation at a contact ares among the bearing
components does not exceed 0.01% of the rolling element diameter.
Therefore, this assumption is acceptable for rolling bearings.

(2) The contact load is perpendicular to the surface, that is, the con-
tact surfaces are perfectly smooth and the friction force at the sur-
faces is neglected.,

This assumption makes it easier 1o find the solution of the contact
theory and to simplify its mathematical expression. Experiments indi-
cate that satisfactory results for the calculation of the maximum con-
tact pressure, sizes of the contact area and the relative approach can be
oblained. These are precise enough for most rolling bearings. On the
other hand, one must take into account the influence of the friction

force at the surface if one needs to determine the maximum shear stress

below the contact surface €123 .

{3) Sizes of the contact area i

e are much smaller e '

T;.“""': radii of the contuct bodies. e

I§ assumplion may allow for the simplification of the !
LSt geomelnc
mlauﬁ:; in the contaci theory using the basic solution of a semi~infin-
ite solid (or phi‘m:l subjected to a concentrated force on its boundary.
Precisely speaking, this is not available 1o most tvpes of rolling bear-
ings. For example, the contact areas in 5 deep groove ball bearing are
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clearly curved and their major axes are nol small r:u:_:npared with the
curvature radii. But the interesting thing is that experiments show sal-
isfactory agreement with the computed results h@md on this assump-
tion. Therefore, it is still used on most rolling beanngs.

Hertzian theory of three dimensional contact fl"l?ﬂﬂlﬂ .
For the convenience of application, some basic expressions are stated
briefly. More details can be found in the elasticity theory C13)

C14) .

Geometric conditions of a contact : ;

Assume that two bodies contact al the point O initially, as shown in
Fig3.l. The common tangential plane that passeés lhmugh_the point O
is taken as the x,y, plane. 7, and z; axes are the coordinales of the

contact bodies | and 2 respectively.

Fig. 3.1  Elastic contact

Considering that the ratio of the sizes of the contact area lo its cur-
vature radii is very small, the contact surfaces close to the pomnt () are

expressed as

:|=ﬂ‘||-"i—+ﬂl.":+:}f.1ﬂ'|} G.1)
::=.-I:.'r:+ H;r1;+ 2H ¥,

Taking two poinis P, and P, on the contacl surfaces with the
coordinates (x,, ¥,), the distance between them before loading 15
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sidza= (A + A+ 2AH L+ Haxay + (B + Ba)yi

Choosing such a new set of coordinates (x, ) makes the coefficient
of the xy product term zero. Hence,

rytrz=Adax® + Boy? (3.2
In which, 4,, B, H,. Ax, By H,, and A, B, are the coefficients of
the equation of second order.
After loading, the points P, and Py gain their displacements w,

and w, along the z; and r; axes respectively and then coincide with
each other. Therefore

H'|+H':=:i‘—ﬂu-.t:—5u_|'! l3.3i

where
d= relative elastic approach of the two bodies.

Relation between confact pressure and displacement
Boussinesq gave an elasticity solution of a concentrate force acting at
the boundary of the semi=infinite solid. Based on this, the problem
having a pressure distribution at the solid boundary can be derived.
Fig.3.2 shows the pressure p{x, ¥) within a contact area at the bounda-
ry of the semi—infinite solid.

It can be proved that the displacement of a point (x, y) at the
boundary along the direction of the = axis is

ik i pis. pdidy
e : - (3.4)
nE {:F (x =5 +(y —n)

If the contact area is an ellipse, that is

a2
Py +:;;i_ = | (3.5)

Assuming the comtact pressure follows a semi=ellipsoidal distribu-
uon shown in Fig.3.3, one may express

s =pe JI-E) - B "
where

@, b= semi~major and semi~minor axes respectively
fu = pressure al the centre of the contact ellipse.
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Substituting equations (3.5) and (3.6) into equation (3.4) and inte-
graling it over the contact area, then

| =¢?
1[‘

'HF-:-[ Kie) = m.:-:-:—; - Htrr;—;] (3.7

E

Fig. 3.2 Pressure aciing
al the semi—infinlte solid

where \
Ki{e)= the complete elliptic integral of the first kind

=

v idily
e) = (3.8}
Ko=)y Tcity

Die) and Bie)= combination of the complete elliptic integrals

De) = -+ [K(e) = Lie) (3.9)
Bie) = Kie)— Ple) (3.10)
Lie)= the complete elliptic integral of the second kind
Lie)= |, NT=eTsin g dp (3.11)
¢= eccentricily of the contact ellipse, it is
e=f1- {E] (3.12)

Given the value e, Kle) and Li¢) can be obtained from mathematical
tables. Then D{e) and Bie) are compuled.
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Static equilibrium condirion
The integration of the pressure distibution over the contact area

should be equal to the total load, that is

% ”P{x. ¥} (3.13)

where

{2 = total load.

Substituting equation (1.6) into equation (3.13) and integrating it
ONET ithe coniact arcéa, I]:II'."H

o —E_E_ t!_idl

i 2 nah

Obviously, @ / (mab) is the average pressure over the elliptic area. It
can be seen that the maximum pressure is one and a hall times the av-
erage pressure, while the contact pressure follows the semi—ellipsoidal
distribution,

Solving process of confact problems

Assume that material constants of the two contact bodies are v, E,
and vy, E; respectively. An elastic contact under the action of a load @
15 shown in Fig 3.1. Substitution of equation (3.4) into equation (3.3)
leads to a integral equation of the pressure p(x. y)

L=vi v [ p ndidy
{HEI : rE: ’]J-j“rt-'ﬁ'—lfl:‘l'rj'"l]'}:

=5 — dox?— Boy? (3.15)

This shows the relation among pi(£, #), {1 and 4. It is hard 1o solve
because the contact arca £ is unknown. Hertz presumed that £ is an
elliptic area and p(Z, n) follows a semi—ellipsoidal distribution. He
found the solution of the equation.

On the basis of this consideration, substitution of equation (3.7) into
equation (3.3) deduces that the following equation should be valid for
all the points at the contact area.

.-! — ] -
‘ ]

¥ s e
--EF;I--— + E. }bp.-r[ Kie)— ﬂ[r];"’; T E{ll}'f-"_:}




tion (3.14), one may obtain
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28— Adox? — Boy?
Comparing the coefficients of the same order term and using equa-

-"I_q- ! LJ — &= ) [:"lll.lr}

(3.16)

whiere

transformation corresponding

By Bie)
a-m.%[%lf-:ﬂ;";] (3.18)
5= 1:::']'. 3 {‘-E:"—r +[—;]—’i- | eze (3.20)

m,, m, = semi—major and semi—minor axis coeflicients of the contact
ellipse. They are expressed as

m, = fz—:i-";’l (3.21)

my =

Equations (3.14), (3.18) 1o (3.23) are the solution for the three

dimensional coniact problems.
centricity of the contact ellipse is unknown. Upon the coordinate

Hn_.ﬂ‘!u -
—— EE 24
eyl (3.24)

Using equation (3.17), one may derive

,'a'r-ggﬂi (3.22)

(3.23)

These are difficult to apply since the ec-

1o equation (3.2), it can be proved

Fipy="1

(1= k*)L{e)

Contae! pressure and deformarion 5

Consequently, if given the curvalures of the two elastic bodies, the
curvature sum)_ g and the curvature function Fp) are calculated using
equations (2.4) 1o (2.6) in Chapter Two. Then the eccentricity of the
contact ellipse is determined from equation (3.25). After that, m, and
mi, are given by equations (3.21) and (3.22). As a resull, the solution of
the contact problem is obtained using equations (3.14), (3.18) to (3.20).

Basic Tormulse of two dimensional contact problems
Similar to the solving process used for the three dimensional contact

problems, one may derive the solution of the two dimensional case.
The basic formulae for calculation of the contact pressure and the
deformation are introduced without their derivation.

Two dimensional case
Fig.3.4 shows that two cylinders with parallel axes are pressed by a

Fig. 3.4 Contact between two clastic cylinders

uniform pressure with its linear density g. The previous assumpions
are still valid for this case. Strictly speaking, the third assumption
should be, the width of the contact area is much smaller compared
\I_-'Ill'l the curvature radii of the contact eylinders. And another assump-
IJ!:m. that is that the length of the cylinders is much longer than their
diameters, is added. Obviously this assumption is approximately valid
for roller bearings.

Symbaols used are shown in Fig.3.4, such as the cylinder length / the
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total load Q and the linear density of the load g. Under the loading,
the rectangular contact area with the width 25 and the length /, as well
as the relative approach is formed.

The linear density of the load is

S I?-". (3.26)

Contact pressure and the size of contacl area
The contact pressure follows an elliptic distribution, thal is

' BT
P =pe 1~ {;) (3.27)
Maximum contacl pressure
)
= [= 4 —3 (3.28)
s \/: ['I—i';' -|__I—1'j}‘r"I|I
o £

Semi—widih of the contact area

| 1 |
4 fl=vi 1=m\gq
e T G 3.29)
’ ‘Jfl ) Ei E: ] Ep (
The maximum contact pressure is equal to the 4 / = times of the av-
erage pressure which is @/ (20) over the contact area.

Relative elastic approach _
No precise solution exists for the relative elastic approach in the two
dimensional case. Palmgren established the following approximate
formula for the estimation of the relative approach

e i L —-”_=J st o 3.30
g E.SI{ = e (3.30)

Experiments indicate that the caleulated resulis show sausiaciory
agreement with tests. Therefore, equation (3.30) can be applied for de-
termination of the contact deformation in various 1ype of rollér bear-
ings. It alse shows that the diameter of a cylinder has no influence on
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the relative approach.

CONTACT PRESSURE AND DEFORMATION
IN ROLLING BEARINGS

For the convenience of applicition in rolling bearings, adjustments o
the formulae of the Hertzian theory are made. Two cases of the point
and line contact are considered separately. In general, varous types off
hall bearings belong 1o the point contact. And roller bearings belong o
the line contact except lightly loading spherical roller bearings, which
are considerad as the point contact conditions il the length of their ma-
jor=axes of the contact ellipses does not exceed their roller length.

Conlact pressure and deformation in rolling bearings

Point conlact

As mentioned before, the solution of point contact problems can be
obtained using equations (3.14) and (3.18) 1o (3.23). As can be seen, it
is more difficult to determine the eccentricity of contact ellipse ¢ from
equation (3.25). For the convenience of calculation, the coefficients mr,,-
iy, mgm, and 2Kie) / (nm,) may be found from Table 3.1 upon the
curvature function FMp). Then the contact pressure and the deforma—
tion in a rolling bearing are worked oul using equations (3.14) and
(3. 18) 10 (3.20).

For rolling bearings made of hardened stegl, one may take

Ei=E; =207 % 10°MPa
¥ ™3 = )3

The calculating equations for the contact pressure and the deforma—
tion are simplified as

a=0.0236m, (—ﬁ—)’ ; (3.31)

b 0.0236m, [ﬁ-}’ (33D
858 :

] ey (132 5 B (3.33)
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Table 3.1

Vahues of m . . mign, and 2K/ (zm,)

Am | m,

My

K
£

[ #o

H,

R

"Ma

0.9995 |23.95
09990 1853
0.9983 |15.77
0.9980 |14.25
0.9975 [13.15

09970 |13.26
0.99635 |11.58
0.9960 |11.02
09955 110,53
09950 |10.15

045 | 977
D0 | 944
5035 | 917
D990 | 892
6.9925 | B.68

09920 | 547
09915 | 827
09910 | 810
09905 | 1.93
09900 | 7.76

00895 [ 7.62
09890 | 7.49
O0.GHRS | 7.37
09880 | 7.25
u.ﬂn?si 7.13

0.9570 | 7.02
09865 | 6.93
0.9860 | 6.84
0.9855 | 6.74

09850 | 664 |

0.163
0185
0.201
0.212
0220

0,228
0,235
0.24]
0246
0251

0.256
0. e
264
0268
027

0278
0278
0,281
0284
0.287

0.9
U
0.2
0297
0299

0301
0,303
0.30%
0.307
030

391
343
317
a2
289

180
272
263
1.59
2.4
2.5
2446
242

2.6

LR . el o

BRREE

Q171
0.207
0.230
0,249
0.266

0279
0.291
0.302
0.311
0320

0328
0.336
0.343
0,330
0.356

0362
0,368
0,373
037
0,384

0. 354
0,393
0,198
0402
0.7

0410
4l
0,420
0423
0.427

09643
DSR40
D.9835
09830
09823

09820
09813
09510
09805
0.9%00

0.9795
0.9790
09785
09780
09774

0aTn
09765
09760
0.9755
0.9750

0.9745
0.9740
09733
| 0.9730
0.9725

09720
09715
09710
09705
05700

655
6.47
6.40
6.33
6.6

6.19
6.2

LA
595

589
382
im
571
567

563
558
551
5.49
544

5.39
J.da
L
528
5.4

520
116
-3 E
09
5.05

0312
0.314
0.316
0.37
0318

0321
0323
0,325
0327
0.328

0.330
0112
0333
0.335
0.336

0L33IE
0339
0,340
0,342
0.343

0345

0,346

0.347
0.349
0.350

0.151
0.353
0354
0355
0.357

2.4
203
202
2101
200

1.9%9
1.98
1.97
1.56
1.95

1.94
193
192
192
1.9

190
149
1.88
]
1.B7

L.B6
1.B3
L85
L84
1.83

1.83
152
1.81
1.81
1.80

0.430
0413
0437
0440
0,444

0.447
0450
0.453
0.4 5
0459

0452
0465
0.468
0.470
0.473

0476
0.478
0,481
0483
0486

0.489
0.4%1
0493
0.495
0.4%8

0.500
0.502
0,505
0.507
0,509

Comnact prexase and defarmation (]
{contimmed )
2K K
Hp) | m, my | g, | T Ap) | m, m g, | R
0048 | 498 | 035 | 1.79 | 0.512 0938 | 1.55 ) D428 | 1.52 | 0,630
0968 | 492 | 036) | 1.78 | 0518 § 0926 | 3.51 | 043] | 1.51 | D.634
097 | 486 | 0363 | 177 | 0522 0924 | 147 | 0433 | 1.50 | D638
0066 | 481 [ 0365 1L.V6 | 0536 8 0932 343 0436 | 1.50 | O.642
0.965 476 | 0367 | 1.75 | L5300 0920 | 140 | 0438 | 1,49 | D6
00,964 4.70 | 0.9 | 174 | 0.533 0918 [ 3.36 | 0441 | 1458 | 0.650
0963 465 | D371 | LTY | D536 0916 | 333 ) D443 | 147 | 0.653
0,962 461 | 0374 | 1,72 | 0540 0504 | 3.30 | 0445 | 1.47 | 0657
0,561 4.5 | 0376 | 1.TI | 0543 0912 327 0448 | 1.45 | 0660
0960 | 451 | 0378 | 1.70 | 0.5%46 0910 | 3.23 | 0450 ( 1.45 | 0664
0,959 447 | 0380 ] 1.70 | 0.550 0908 | 30| 0452 145 0.667
0,958 442 | D382 | 1.89 | 0.553 0006 | 07| 0454 144 | 06T
0,957 438 | 0384 | 1.68 | 0.558 0904 | 15 | 0456 | 1.44 | 0.674
0.5956 4.3 | 0386 | 1.67 | 0.559 0002 | 312 | 0459 | 143 | 0677
0.955 4.30 | 0388 1.67 | 0.562 500 | 309 | O46] | 1.42 | 0.6R0D
0954 436 | 0,390 | 1.66 | 05658 0895 | 303 | 0466 | 1L4] | 06ER
0953 4.2 1 0391 | 1.65 | 0.568 LB | 297 | (471 | L40 | (0.695
R 419 ) 0393 ) 165 | 0.571 OERS | 292 | 0476 | 139 0.702
0L.35] 415 | 0.394 | 164 | 0.574 O.BR0 | 286 | D481 | 138 | U709
0950 | 412 ) 0.396 | 1.63 | 0577 | OB75) 282 | D485 | 137 O.71%
0543 405 | 0390 | 162 | 0.583 0870 | 277 | 0490 | 136 0.721
{1,946 399 | 0403 | 161 | 0588 OE6S | 272 | 0494 ) 135 | OLT27
0,544 394 | D406 | 160 | 0.593 0860 | 268 | 0498 | 134 | 0.733
(RS e 188 | D409 | 1.59 | 0598 0BS5S | 264 | 0302 ) 133 | 0739
HEHET ] 83| D412 ) 1.58 | 0603 0850 | 260 | 0507 | 132 | 0.745
0938 178 | 0415 1.57 | 0.608 0840 | 253 | 0515 | L3D | O.758
0935 373 | 0418 | 1.56 | 0613 0830 | 146 | 0.523 | 1.29 | 0.765
(.934 168 | 0420 | 1.55 | 0618 0820 | 240 ( 0530 ( 1.27 | 0.774
04932 163 | 0423 ) 1.5 | 0622 0.x1 235 0537 | 1.26 | Q.7
0,930 359 | D436 | 1.53 | D626 0,30 i 0544 | 1,25 | 0192
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(contimued )
2K | K
Fp) | my | m |mm,| 2o || F) ['m, | my mgm, | CO

075 | 207 0577 120 0829 | 03%0| 129 0.796 | 1.03 | 09
070 | 19| 06507 | L16) 0859 || 0300 | 1.24 | 0824 1.02) 0979
065 | 1L77| 0637 ) 103 | 0884 || 0250 119 ) 0250 100 | 0928
060 | 166 0664 | 110 0904 | 0200 | 1.15) Q879 1.001 | 0.99]
055 | 157 | 0.690 [ 10K | 0922 || 0150 | 111 | 0908 | 1.01 | 0.99%4

050 | 148 0718 | 1.06 | 0938 0100 | 107 | 0938 | 1.00 | 0997
043 | 141 | 0.745 | 1.05 | 0.951 0050 | 103 ) 0963 | 100 | 05999

0,40 135 | U771 | 1.04 | 0962 0 | | | 1
5=279 % 10-—=X_ (01T )" (3.34)
' KM o '

In equations (3.31) to (3.34), units used are as follows: a, b, 4 in mm,
pin 1/ mm, £ in Newtons and p; in MPa.

Example, an angular contact ball bearing 7208, pitch diameter
D_ =60 mm, ball diameter D, = 12.7 mm, curvature radius of the inner
groove r,= 654 mm, raceway diameler al the contact point with the
inner ring ;= 48.6 mm, conlact angle #= 25" | contact load between
a ball and the inner raceway (0= 1765N. Calculate the maximum con-
tact pressure and the sizes of the contact ellipse.

Calculating the curvature sum and (he curvaiure [unclion gives

Y p=0.199 1/ mm
Fipy=0.955
From Table 3.1
=430, m,=0388, mm, = .67

The maximum contacl pressure

838 L
pe = [0(Ee) )

PPl o L&

_ﬂjﬂ 15170
= j_ﬂ.ﬂ?bﬁxu.l?'?!
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= 1116 MPa

The semi—major and the semi—minor axes of the contact ellipse

a = 0.0236m, {—E—j

Lp
= 0.0236 x 4.30 x %}I ‘3
=2.10 mm
b={r.ﬂ?_3ﬁm.{%]' ;
= 01,0236 x 0,388 x %} /3

=19 mm

Line¢ comtact
Similarly, the calcolation equations of the contact pressure and the
deformation for roller bearings made of hardened sieel are

= _E-_ |

b=334 %10 () (3.39)
Po= [m.ﬁ{.g_&: }I.: {3.36)
5=383% 10 ’53:7* (3.37)

In equation (3.35) to (2.37), umits used are as follows: b and [, 1.e. the
effective length of rollers [, inmm, pin 1/ mm. (in Newtons and p,
in MPa.

Modification for different materials
Introduce the following modified coeflicient

- I al _.' ] X . |
P il — ( =2y m _..,;'fi) (3.38)

M1 —w)

B E;3
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in which, E, E,, E,, and v, v;, v, express the moduli of elasticity and
Poisson ratios for bearing steel and materials 1 and 2 respectively.
Values of the modified coefficients €, for different materials are listed
in Table 3.2, Equations (3.31) to (3.37) can still be applied 1o the calcu-
lation of roller bearings made of different materials, but it is necessary
to add modified factors given in Table 3.3,

Table 32 Modificd cocfficients

M ateriafy

Steel ‘ |
Sioel Cast iron 1.59
Bronze 1.46
Brass | &%
Cast iron o 318
Cast iron Bronze 206
HEI.S-'E 77
|  Bronz 103

B k
iz Hrass 216
Lok e Brass 2.36

Table 3.3 Modified factors for different materiaks

Canfact fypes Riegurired quantities Eisations Maodified faciors
u {3.31) Cy’
ol ¥
Paint conlaci » (3.32) ¢ l
(3.33) or e
B (3.34) i
b | (am o s
Line contact P {3.36) e
i (33N i

For example, equations (3.31) and (3.32) respectively are

a=0.0236m,C", '[I,F-E— J] oy
l\.__;r.

Conrtact presmie gl ol formiation
; "1
b=00236m:C'; '{% }

Computer programs COSDE
Design the compuler programs upon equations (3.31) 1o {3.38).
Symbols and their explanations are listed in Table 3.4.

Table 1.4 Symbaok in the program

Symibali Varinbles Explanation _
DB by, Rolling element diameter or mean diameter for ta
pered roller
DRL i Two times of the curvaiure radius of & rofling ele-
ment in Uhe bearing longitudinal sechion
| Effective kength of a roller
DEI D, or D, Raceway diameter at the contact point
REI R, or R, Groove curvature radias of the raceway
AFA 3 Contact angle, udian
BETA i Half taper of a roller, radian, For other rolling cl-
ement, fi=0 .
| ' 1= 2 for the coniact with the inner nng
J= | for the contact with the outer ning
AFAL 1, Contact angle between a roller and inner raceway
El, EX By, E; Modulus of elasticily
Vi, ¥2 ¥y ¥ Poisson ratio
OMA Qorg Contact load
LINC Contaet types, value 0.0 for point contact, 1.0 for
hine contact
THU p
AA a
BE b
PMAX P
DELTA i

Twe groups of fnput dat |
(1) l.’l’f:nmttﬁc data, including the roller diameter, effective length of a
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roller, raceway diameter, groove curvature radius, contact angle,
half taper of a roller, the constants marked the inner or outer ring.
elc.
(2) Mechanical data, including modulus of clasticity, Poisson ratio,
the contact load, the contact conditions, etc.

Programs
A program named COSDEA in the FORTRAN language is presented
in Tahl(:- 3.3. It is composed of a main program and an interpolation
subroutine, which is used for determining coefficients. The output data
are a, b, p, and §.

Determining the coefficients by interpolation may cause some devia-
tions due to the capacity limitation of the input data group. To im-
prove on this, a program named COSDEB in the PASCAL language is
designed, shown in Table 3.6. Symbols used in the program are the
same as those in the program COSDEA. This program is written upon
the Reference (18] , which can determine the eccentricity of contact

ellipse ¢ directly through the calculation of the first and second com-
plete elliptic integrals.

Table 3.5 Program COSDEA for the contact pressure

PROGRAM COSDEA (INPUT, OUTPUT)
DIMENSION CSTA{40), CMUA{40), CMUB{40), CMDA(40)
DATACSTA(IL 1=1,40) /0.0,0.1, 0.2, 0.3, 0.4, 0.5, 0.55,
I O.60, 0LES, 0,70, 0.75, 0.80, 0,85, 0.EE, .90, 0,91, 0,92 053,
2 094, D95, 0,955 0,96, 0965 0.97, 0.972, 0.974, 0976, 0,978, 0.98,
3 D982, 0,984, 0.986_0.988 0,99 0.992, 0994, 0.996, 0,997, 0.998.
4 0,999 /
DATA{CMUAL, I=1, 400 7 1.0, 107, 115, 1.24. 1.35, .48, 157,
1 1.66, 1.77, 1.90, 2.07. 2.30. 2.80. 2 86 109, 3,23, 340, 150, 183,
2 412, 4.30,4.51, 4.76, 5.05, 5.20, 5.3%. 553, 5.72. 5904 619, 647,
3 6.84, 725, 176, BAT, 0.46. 11,02, 1226, 14,35, 18.53 /
DATA(CMUBI, 1= 1, 400 / 1.0, 0,938, 0,879, 0524, 0,771, 0,718,
I 0650, 0.664, 0,637,10.607, 0,577, 0.544, 0507, D431, 0,461, 0.450,
2 0438, 0.426, 0.412, 0.396, 038K, 0.378, 0.367, 0,157, 0,351 0,346,
3 D340, 0,335, 0128, 0,321, 0.314, 0,305, 0207, 0287, 0,274, 0,260,
40241, 0228 0212, 0,185 7
DATAICMDA(T), 1= 1, 40) 7 1.0,0.997, 0.991, 0.979. 0.962.
I 0938, 0,922, 0,904, 0,884, 0.850, 0,829 0 792 0,745, 0,709,
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(continwed )

2 0680, 0664, 0.646, 00626, 0603, 0LSTT, 0.562, 0546, 0,530,
1 0509, (U500, 0.491, 0451, 04T, 0.459, 0.447, 0.433, (L420,
4 0,402, 0,384, 0.362, 0.336, 0,302, 0.279, 0.249, 0,207 /

S0

10

L]

READ (9, 501) DB, DBL, DEI, REL AFA, BETA, )
READ {9, 302) El, E2, VI, V2, OMA, LINC

IF (LINC. EQ. 0. 0} GO TO %0

READ (9, 503) AFEL
WRITE (12, $00)

ROX1=2+ COSBETA)/ DB

ROXNI= 2w (=)= » 1 COS(AFA) S DE]
IF(LING, EQ. 13 GO TD 100

ROY!1=2/DBL

ROY2=—1/REl

WRITE (12, 504) QMA

A= ROX1+ROX2

B=ROYI+ROY2

THU = A+B

CST=(A-B) / THU

CALL CLICST, CMA, CSTA, CMUA, 40)

CALL CLICST, CMB, CSTA, CMUB, 40)

CALL CLICST, CMD, C5TA, CMDA, 40)
Pl=1.14159

EP=(1.0-V1* = 2)/ EI+{10-V2* » 2}/ E2
AA=CMA = (1.5« OMA = EP/THU)» ={1/3)
BB=CMB = (1.5* QMA = EP/THU)» =(1/3)
DELTA=CMD = ({1.5= EP* QMA)* =2« THL 7 8)= = (] /3)
PMAX =15+ QMA /(A =« B=FI)

WRITE{ 12, 505) AA, BB

GO TO 110

OMA =QMA / DBL

WRITE(12, 506) QMA

BB =SQRT(4 = EP « QMA / (Pl = THU))
WRITE(12, 507) BB

DELTA =381« (EP/Pl)= =09+ {QMA)* +0.9+DBL= =0.
PMAX =SQRT(2 = QMA / EP « THU / PI)
WRITE(12, S08)DELTA

WRITE(12, 509) PMAX

FORMAT(40X, 2SHRESULT OF CONTACT STRESS)
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(eontinmad )

03
503

M5

$E

10
11

|1

FORMAT(TEID.3)
FORMATI(GEID.3)

FORMATIF10.8)

FORMAT(IHQ, 41X, E12.5)

FORMAT(35H HALF HERTZ WIDTH{ROLLING DIR.),
MM, 9X, E12.5, 8X., 38H HALF HERTZ WIDTH (PERP
TO ROLLING), MM, IX, E12.5)

FORMAT (33H EQUIV. LINE CONTACT LOAD (MPA),
11X, E11L5)

FORMAT {35H HALF HERTZ WIDTH (ROLLING DIR.},
MM, %X, EI25)

FORMAT (20H CONTACT APPROACH, MM, 24X, E12.5)
FORMAT (24H HERTZ PRESSURE (MFPA], 20X,

El2.5)

5TOP

END

SUBROUTINE CLI(X, ¥, X0, YO, N)

DIMENSION XOUN), YO{N)

IF{H-1)1. 2.3

Y=0

GO TO 50

Y=Y)

GO TO S0

ML=

MU =N

IF(MU=ML-1)15, 15.9

M= {MU+ML) -2

IFCXONT-X0{2)11, 2, 10

IFEXO{M=X)13, 12, 14

IF(X-XOqM))13, 12, 14

Y= YO{M)

GO TO 30

MU =M

GOTOSR

ML=M

GOTOSR

¥ =YO{MLAYO{MLU-(YO{ML]) = ((X=XO(ML)) £

I (XOMHU=XOMLY

Pl

Contact prezmire and deformation ]
{eontinwed)

50 RETUERN
EML

Table 3.6 Program COSDER for the contact pressurs

PROGRAM COSDEB
CONST Pl=31415% EPS= 1E-f; N=16 NN=14; NNl = 1§
TYPE SERIES=ARRAY [I..N]OF REAL;
VAR I INTEGER:
DR, DM, REL, AFA, BRI, B2, B, OMA SR, C, AM, A, T. TL U, W, E,
El, D, ¥V, ANA, ANB, AKC, AMC, ANC, ACC, J, AH, PMAX, AA,
BB, DELTA: REAL; AK, BL. BK: SERIES;
FUNCTION AKNE(KK: INTEGER: P: REAL; AMAS; SERIES): REAL;
YAR AEKNEL REAL;
BEGIN
AKNEL =|;
FOR =1 TOKKDO
AKNEL = AKNEI+AMAS 1] = EXP{{(2 « D = LM{P)k
AKME: =P]» AKNEl /2
EMNLY;
FUNCTION AKNT(KK: INTEGER: P- REAL; AMAS, BMAS: SERIES)
REAL;
VAR AKNTE REAL,
BEGIMN
AENTIL: = LN{4 /7 P)
FOR =] TOKKDOD
AENTD = AKNTIHAMAS [I] = (LM - Pr-BMAS [I]) « EXF
((2w 0y« NP
AKNT: = AKNTI
END,
FUNCTION ALME(KEK: INTEGER; P REAL; AMAS, BMAS: SERIES):
REAL;
VAR ALNEL REAL;
BEGIM
ALMEL = 1;
FOR =1 TOKK DO
ALMEL = ALMEI-AMAS[I] /(2% |=1)* EXP(2 = I})* LN{P)}
ALNE: =Pl = ALNEI "2
END:;
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Comtact pressure and deformation

(continued )

REAL;
VAR ALNTL REAL:;
BEGIN

ALNTY: =|;

FOR l:=] TOKK DD

ALNTL: = ALNT142« AMAS[I] = [+ (LN{4 / P-BMAS[I]) * EXP

((2=Dy= LNPD /2= 1=-1);

ALKT: = ALNTI
END;
FUNCTION AN{X,C: REAL) REAL;
BEGIN

AN: =EXP(1 /3)= LN = X = (C+1)./C/ PFI))
ENDx;
FUMNCTION BN(X.Y.Z C: REAL) REAL:
BEGIN
BM: = EXP{(1 # 3) = LMN(2 # (C+1) = (X=-¥}= Z 7 PI)
EMLY,
PROCEDURE BASIC:
BEGIMN
IF =] THEM B: =] ELSE R: =-|:
Rl: =DR/REL/ 2
R = +R+« DM /DB / COS(AFA)
SR: =EXP{] 7 3)= LN{4=2 = {R1+] / R}
C:o={1=-RL)» {I+1 /7 (R2=1})
EMLx,
PROCEDURE TAD:
BEGIMN
Tl: =SQRT{I=El = El})
A = AKNE(NN, El. AK];
[: ={A-ALNE(NN, EI, AK}) / (E1 = E1)
EMND
PROCEDURE LI'WT:
BEGIM
U: =Bw (3 (C4+2) = LN/ THC=4) / (4 = (C=4)
* LMid4/Tr3=0):

W= o (((C+1) = (AKNT(MMN, T, AK, BEK)=-AKNTI(I,
T. AK, BK}-ALNT(NN, T, AK, BLHALNT(]. T, AK. BL))

FUNCTION ALNT(KK: INTEGER; P: REAL; AMAS, BMSA: SERIES):

o (T = T—C = (ALNT{NMN+1, T, AK, BLI=ALNT(2, T, AK,
BLY#1)) /(4 (C—d)» LN{4 / T3 = C},
TL: =SQRT{-U-SQRT{(U = Uyr-W))
ENDy
PROCEDURE TAILY
HEGIN
El: =SQRT{1-T1 =TI}
A: = AKNTINN, T1, AK, BK)
D: ={A=ALNT(MN, TI, AK, BL)) 7 (El = El)
END;
PROCEDLURE VEIL
BEGIN
Ve = bd o (O=1)/ (C+3) / 3=256 /(CHN) /P10
(ALME(NN, E, AK)-ALNE(R, E, AK-{CH ) = (AKNE
(NN, E. AK-AKNED, E, AK)HC+1) = [AKNE[NN+],
E. AK-AKNE(, E, AKI-ALNE(NNAL E, AKHALNE
(3, E AKN/(E* E))
El: = SQRT(SQRT(16 = ((C+5) / (C+3)) » ((C+5) / (C
+3))/ (9=Vi=d = [C+3) / (C+3) ./ 3)
END:;
BREGIN
READIDBE, DM, REL AFA_ L, OQMAR
BASIC;
A: m AM: =];
IFC=1 THEM BEGIN
El: =ik TAD;
END
ELSE BEGIN
FOR L=1 TOI:DO
BEGIN
AM: m AM o 22 =1} /11
A=A S A2 -1k
AKT]: =(AM # (EXP(I » LN
(2= (AM S (EXP{l= LN
(2%
BE[l]: =A;
BL[: =A=5 /07 (2*I=1)
END
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{continued) bearing materials, but the program COSDEB is only valid for ball
END- bearings made of steel. :
. i i sed in the programs
IF C<0.4 THEN BEGIN Following units are “DB-= o ;ms
T: =SQRT(=2» C/ LNC / 16)); DM = D, mm;
i AA = a, mm;
WHILE ABS{TI=T)> EFPS DO | BB=b, mm:
HFTLfIhT : . REl= R, or R, mm;
EHE; il DELTA = §, mm;
TAD: 1 AFA =gz, radian; .
END J = for outer ring, 2 for inner nng
ELSE BEGIN OMA=0, N;
E: =SORT(4 » (C+5) = (SQRT PMAX=p, MPa.
st b STRESS DISTRIBUTION BELOW
S A AR CONTACT SURFACE
YEI: : *EF
WHILE ABS(E1~E)>EPS DO Investigations indicate that the contact fatigue of a rolling bearing s a
BEGIN process of the initiation and the propagation of fatigue cracks. They
E=EL VEL initiate either from a point below contact surfaces or from a point at
= the surfaces. Besides defects at or below the surfaces, _|h-.- initiation and
il ; the propagation are mainly effected by the stress distnbution below the
EMDy ]

ANA: = AN(D, C); ANB: =BN{A, D, Tl, CJ:
AKC: =E57.668 / ANA / ANB = (SR » SR);
AMC: =0.02359 = ANA /SR:

ANC: = 002355 ANR / SR;

ACC: =2 TRAEE=1= A / ANA /Pl » 5R:
AH: =EXPi(l 7 3) = LN(QMA 7 (DB » DB
PMAX: = AKC » AH:

AA: = AMC » AH * DB;

BB: = ANC = AH » DB:

DELTA: = ACC = (AH = AH) * DB;

WRITELN(HERTZ STRESS IS', PMAX); :
WRITELN('CONTACT AREA OF’, AA, 'ANDY, BB): | ¢
WRITELN{'CONTACT APPROACH IS', DELTA)  y s
END. Fig. 3.5 Principal stresses
; : faces, especially the shear stress distribution. Therefore, it is impor-
It should be explained that the program COSDEA in Table 3.5 is ?:;laf:s analyse the stress condition below a contact surface in order to

valid for all types of ball and roller bearings without any limitation on improve the reliability and the life of rolling bearings.
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d
Maximum static shear siress Kie, 9)= J-:?—-LL——— (3.42)
Fig.3.5 shows an elastic half-space subjected to the action of the con- I=e"sn’p

tact pressure. Analyses indicate that the maximum static shear stress
occurs at a certain depth along the £ axis below the contact surface. I 8 At 1.43

Easy to find, shear stresses r,, r,., 7., along the = axis are equal to (e, @) J.; e*sin“pdo {3.43)
zero owing to the symmetry. The stress expressions along the = axis are |

given from Reference C18) . ¥ = parameter, that is

b | ¥ =arcig= (3.44)
') N T z -
w7 {! 5 ;v Tl -K) | ¢ = eccentricity of contact ellipse, expressed by equation (3.12).
L= a3 1+ o 1 The calculation gives that the maximum shear stress r, s
|
T Ty =3 (@ = ay)
s e T 3 ; s
—Er[l-g-.- % +;%L—NJ]} (3.39)
145 s

oy = —

(3.40) Fig. 3.6 Shear siress belaw i
the surface Fig. 37 =, and b/ a

It acts at a certain depth = below the contact surface, as shown in
(3.41) | Fig.3.6. 1., iscalled a maximum static shear siress.
The magnitude of the maximum static shear stress ¢, and ils ex-
. isting depth are connected with the ratio &/ a of the coniact ellipse
where shown in Fig.3.7. r,, reaches its maximum value of 0.325p, at a depth
K, L= first and second elliptic integrals respectively z of 0,620 when b / a is approximately equal to (.5,
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The shear stress of a point positioning ai a depth z varies between
zero and t,, while a roller rolls over the contact surface,

Maximum dvaamic shear stress
Lundberg and Palmgren indicated that if 4 rolling clement rolls along
the direction of the ¥ axis shown in Fig.3.5, the shear stress parallel 1o
the rolling direction below the surface will vary according to an alter-
nate stress patiern. At a certain depth, its amplitude reaches its maxi-
mum value, called a maximum dynamic shear stress or a maximum
orthogonal shear stress. This depth is expressed as =,

Analyses deduce that the shear stress at a point (x,y.z) below the
contact surface is

Syt [bTABofel T aT B (345

T lein) *etn) (ﬂ—.)’]

(= total contact load, expressed by equation (3.13)
By = positive roots of the following equation
x? y i zd
- - — e i ] g
Py R i
Solving the extreme value of t,, for the variable x, one can prove
that the maximum dynamic shear stress occurs at the plane x=0. Sub-
stituting x=10 into equation (3.43) and introducing auxiliary varinbles
# and ¢, therefore

Ty =

y= (b +a'1g'0) 'sing

} (3.47)
&= gighcosgp
1t can be derived from equation (3.46) that
fa=a'1g’l
Then, equation (3.45) becomes

§ B

s - 30 _cos csinpsinl (3.48)

2 a’1g*0 + bicos’e

Calculating the extreme value of t,, for the auxiliary variables & and
. the maximum shear stress 1, al the depth z; below the contact sur

Contaef pressure and deformalion 7

face and its distance + y, in the rolling direction are obtained
Za 1

[T ) FT
¥

L el I|'_.._3f+I {3.49)
B r+1 =1

Ty -"J!r—l
Py ENEE])

where
r=guxiliary parameter, determined by the follow equation upon the
sizes of the contact surface

2=t =12 =-1) (3.50)

]
[+ 1 o F,
P I e S
: [F
[T
M ™
1.4].1: 23
= 8

02 B4 0.8 0.8
&la

Fig. 3.8 2!@. and b/

f and o are given as follows

g p=1 } 351
g h=r—1

The amplitude of maximum dynamic shear stress 1, or the depth =,
as a function of b / ais shown in Fig.3.8. For any value of b/ a, 21, is
larger than t,. On the other hand, the absolute value of ©,, is greater
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than .

Investigations indicate thai the maximum dynamic shear stress ¢, 15
the most significant factor in the initiation and the propagation of con-
tact fatigue cracks. The depth =, is also important 1o bearing designs.
If the bearing is made of carbonized steel, the thickness of its
carbonized laver should be deeper than =,

INFLUENTIAL FACTORS ON CONTACT STRESS

Surface tangential force
In the foregoing. only the load applied perpendicular to the surface
was considered. Actually, various types of sliding, including the orbital
and spinning ships, as well as the microslip ai the surface. occur be-
tween rolling elements and raceways in rolling bearings. Obviously,
any kind of shiding is accompanied by a tangential frictional force at
the surface. On the other hand, a tangential fractional force also exists
if the elastohydrodynamic lubrication is Mally formed between rolling
elements and raceways. As a whole, the distribution of the tangential
force over the contact surface is much complicated and the force has a
significant effect on the sizes and positions of the maximum static and
dynamic shear stresses. Therefore, il effects the contact fatigue life.

Assuming a constant friction coefficient pu, the stress distribution be-
low the surface in a line contact is described in References (19
200 . Analyses indicate that the maximum static and dynamic shear
stress tend 1o increase and their positions move closer to the surface
due to the tangential force at the surface. If a friction cocfMicient is
larger than 1 / 9, the maximum static shear stress occurs at the surface.
Using a method similar to that in  (19) , the amplitude of a shear
stress parallel 1o the rolling direction at different depths is compuied,
as shown in Fig.3.9.

For the convenience of calculation, the shear siress can be expressed
as follows (213

o) o -cof)] o

where

Oy, Co, and 0= coefficients, listed in Tahle 7.3.

It can be seen that the maximum dynamic shear stress increases and
its position moves closer 10 the surface as the friction coeflicient in-
creases. The shear stress reaches 0,285, at the [riction coefMicient

Combact presiire and diflormation 9
0.11.

Fig. 3.9 The shear stress amplitude at different depths

A similar variation exists for point contacts. In the point contact, the
maximum static shear stress occurs at the surface ai the friction

coefficient 0.25.

Surfuce defects

Surface defects, including scratches, furrows ete,, have a remarkable
influence on the contact pressure at the surface. In Reference (200 ,a
contact problem of having surface defects shown in Fig.3.10 is ana-
lysed. Following assumptions are proposed.

Baotiom

Fig. 310 A surface defect
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{1} A plane strain condition is approximated.
{2) The width and the depth of the defect are very small. It can be
thought of as an elastic contact of two half—planes.
(3) At a point far away from the defect, i.e. x==2, the coniact pres-
sure tends (o equal the value p, which is the one without defect.
The width of a surface defect is expressed by 2c. The contact region

1=

a=|x|=b

The shape of a defect bottom has no influence on the contact pres-
sure when it has not entered into contact. Using the solving process of
the complex variable function in the theory of elasticity, the pressure al
the contact surface is obtained

plx)= (?E:r}u[.ﬂ—.r{—;}], (3.53)
where
S e
Ix)= (x — eoln| X E M =X 2
(x+ b+ N x*=b°

n=1g {ﬂ.&cm"%j

b= lower shoulder of the contact region, it can be decided using the
following equation

K par
l.'.EII
r=radius of the shoulder at the surface defect.
1

Eu‘fl—vf +!—1.',} i

Ly =

".EE| H'E:

Cowntct pressure and deformation &l

Fig.3.11 shows typical curves. In which, Cy 1is a dimensionless
parameter. P, approximately is equal to 4p, when Cy, =(.01. The
calculation of the shear stress below the surface reveals that the stress
reaches its maximum value P, ala point x, accompanied by severe
plastic deformation.

CumnipriEe

Fig. 3.11 Typical curves




CHAPTER FOUR
Load distribution in rolling bearings

The relling clements in a rolling bearing transmit the external load
from one ring to the other. The load, generally composed of a
ridial load and an axial load, is distributed over a number of rol-
ling elements. The load and the number of stress cycles al one
point of bearing raceways have an important influence on the
bearing performance and life. As a rule, how the external load is
distributed over the rolling elements is called the load distribution
in rolling bearings.

Besides the external load, centrifugal forces and gyroscopic mo-
ments of rolling elements may effect the load distribution. They are
nearly always neglected for bearings operating within the normal
speed range; that is, the load distribution in statically loaded bearings
would be considered. The effects of centrifugal forces and gyroscopic
moments on the load distribution will be developed in Chapter
Sixteen.

In most applications, the number of rolling elements subjected 1o
the load in a rolling bearing is over two, so that the support is a
statically indeterminate system. To analyse this, it is first necessary to
mntroduce load—deflection relationships for a contact between rolling
clements and raceways. The deflections considered in the determina-
tion of a load distribution are contact deformations only. It is as-
sumed that the rolling bearings are supported in stifl housings and rig-
id shalts. For a rolling bearing with a flexible ring or in a flexible hous-
ing. the deformation of the ring bending or the housing has 1o be
taken into account. Generally, finite element methods may lead to sat-
isfactory solutions.

In this chapter, the load distribution in a rolling bearing subjected
to a radial or an axial load is explained at first. Then that under the
action of radial, axial and moment loading is considered

LOAD-DEFLECTION RELATION
It can be seen from equation (3.20), for point contact
i=K,Q

141

B2
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ey (1[3f1=v  1=-w\T
B[R )Y e

Similarly, for line contact

where

ﬁ"" K,EM [4.3:|

S e o ot
K, '3.31[ XE, + nE, ] o (4.4)

where

In a general form, then
d=KQ' (4.5)

where

i=exponents, 2/ 3 for point contact, 0.9 for line contact.

The total elastic deflection between two rings under a load is the
sum of the approaches between the rolling element and each raceway.
Therefone

8, =5,+48, (4.6)

where
4, = total elastic deflection between two rings
;= elastic approach between a rolling element and an inner race—
way
4, =clastic approach between a rolling element and an outer race—
way.
Obvicusly, it can be expressed as

5, =K, Q' (4.7)

where
K, = coefTicient.
For point contact

K, =279%10 ‘{ t:'i"—m;‘? VD) s

13 2Kle T
+ct ——ler o0 48)
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For line contact

SEyeY
K, =7.66 % 10 ‘;,—Q (4.9)

LOAD DISTRIBUTION IN RADIAL BEARINGS

The load distribution in radial ball or roller bearings under a radial
load is analysed. Two conditions with and without clearance are con-
sidered separately.

Radial benrings with zero clearnnee

This was first investigated by Stribeck (1) . Assume that the centre of
a rolling element is located on the radial loading line, as shown in
Fig4.1. In this case, the rolling elements in the lower half—cycle are
loaded,

Fig. 4.1 Load distribution in radial bearings

The following symbaols are introduced:

i = position angle between the radial loading line and the centre line
of a rolling element marked by / shown in Figd.l, then,
Vom0 =0 i/ Z i=1, 200

i1, = rolling element load at the position angle ¢

3, = relative displacement along the radial loading line between two

Load distribution in rolling bearings &S

rings
d, = total elastic deflection at the position angle
Oan = total elastic deflection along the radial loading line due to the
contact deformation.
Establishing the static equilibrium condition of the inner ring gives

F,=0,+2} 0, cosf (4.10)

where
F, = external radial load.
Upon the deformation harmonization, the elastic deflection at the
position angle i s
8, =48 _, cos (4.11)

From equation (4.7), the relation between a rolling element load
and its corresponding deflection may be expressed as

%—: = (;_: ) (4.12)
Substituting equation (4.11) into the previous equation vields
@, = Q008 "¢ (4.13)
Combining equations (4.13) and (4.10) gives
F

¥

QﬁH {4.14)

_ 1 +2F%o0s'" """y
4 s

For different number Z of rolling elements, values of 1./ J, may be

determined, as listed in Table 4.1. It can be seen that the value of

1/ J, tends to be a constant as the symbol Z increases, 4.37 for ball

bearings and 4.08 for roller bearings. Therefore, the maximum rolling

element load in a radial bearing subjected to a radial load is as follows:
For ball bearings

5

(4.15)

437F,
& 7

(4.16)




Hiy Analysis of rofling element bearings

or, for roller beanngs

4.08F,
i (4.17)
Qs 7
Table 4.1 Valu=saof | /J,
Number of rolling clement L 7 B 1] 12 15 ] 0
Ball bearings 443 | 434 | 435 | 438 | 436 | 4,37 | 436
Roller bearings 410 | 403 | 407 | 4.10 | 4.08 : 4.07 | 4.08

The effect of radial clearance of a radial bearing on the load zone
and the rolling clement load will be descnbed later, The following
equations can be applied for the calculation of the maximum rolling
element load in a radial beaning approximately.

For ball bearings

SF

Qy=—- (4.18)

For roller bearings
4.6F,
g (4.19)
Radial bearings having radial clearance
A radial beanng having a certain amount of radial clearance o, 1s
subjected to a radial load F.. as shown in Fig.4.2. The total deflection
at the position angle ¥ is

o,

"i
d, ™ (&_u + ]msﬁl—T
It can be rewritten in the following

8y =8| 1= 2 (1 - cosp) | (4.20)

where

| u, 2
L e v iy

Load distribation in roiling bearings 87

£=load distribution factor.
Substituting 4, =0 into equation (4.20), the angular extent of load
zone in the bearing can be obtained
ur
I,FI" =.H].LLI.!5MM a (4.22)
As seen, if =0, then e=05 and ¥, =xn 2 or 1.> 0, then e< 0.5
and ¢, < x/ 2 or < 0, then e> 0.5 and W, > &/ 2, 4s shown in
Fig4.3. Obviously. if o, < 360"/ 2 only one rolling element is
lnaded.
Substitution of equation (4.20) into equation (4.12) gives the rolling
element load at the position angle J by

'I L}
0, =0,f1-3-(1~co) | @29
Using the equilibrium equation (4. 10) leads to
15F
E| 1~3'E-f| —-mﬂr}] COSY

Fd
The factor on the right side is written as a integral form, then

SA®

F, =20,

S
r=g.5 FES T
¥y rir L Y
Fig. 4.2 Effect of clearance Fig. 4.3 Load distribation [sctor
F,=20,J () (4.24)

where
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e | /1
J,(6)= 5;_[ [1-F0-com)| “compay @29

Values of 1 /¢ are 3/ 2 for ball bearings or 1.1 for roller bearings.
The relation between J.{e) and ¢ is presented in Table 4.2. It can also
b found from Fig.4.4.

The maximum rolling element load

F,
EU- b= z;rlr_} {4-2ﬁ}

Given internal geometric parameters, the radial clearance and the
radial load of a bearing, the contact loads among its rolling elements
will be determined. Considering that the integral value Jit) 15 con-
nected with 8,,, and J.,, is required to be calculated from Jiz). one
may obtain the rolling element load by an iterative method. Its com-
puling process is as follows.

(1) Tocompute the coeflicient K, by equations (4.8) and (4.9).

(2) To select an initial approximate value of the maximum rolling el-
ement load. For example. the calculating results from equation
(4,16} or (4.17) can be used for the initinl valoe.

Table 4.2 Valwes of J.(¢)

[’ Point conlact | Line contact [ { Podnr contact Linr cortact
o | 1/Z 1/ & ﬁ.m! 02359 0.265%
.1 1 01156 01268 0.9 0.2576 02628
0.2 0. 1 550 0.1737 1.0 0.2346 02523
0.3 0. 1592 0. 2053 1.25 02289 02078
04 02117 0.2286 1.67 01871 0. 1585
0.5 02288 0.2453 .50 0.1339 01075
6 02416 0.2568 5. 0.0711 0344

1 02503 02636 o L[] 1]

Load distribasion in rolling bearings B9

AN

o, |

ol | I
O.0 0.2 0.4 0.8 1 ? 1 d58«
Fig. 4.4 Values of J(z)

(3) To determine the total elastic deflection from equation {4.7) using
the approximate value of the maximum rolling element load.

{4) To decide the load distribution factor & frur:} equation (4.21) upon
the given radial clearance u, and the deflection &,

(5) To find the corresponding value of J.(£) from Table 4._1. .

(6) To establish the first approximate value of the maximum rolling
element load (), using equation (4.14) and to compare with its ini-
tial value. If their difference exceeds a permissible error, the com-
putation should be returned to the third step and computed again
until a satisfactory solution is obtained.

(7) To compute the rolling element loads. %

A program in BASIC language for this compuling 1$ listed in Chap-
Ler Six.

BEARINGS UNDER AXIAL LOAD

Thrust or angular contact ball and roller bearings can be subjected
to an axial load. These are considered separately as follows.

Single direction thrust bearings : | B
When a thrust ball or roller bearing carries a centric axial load, con-

1act loads among its rolling elements are the same, then

= _.;.Eil'; (4.27)

where "
o= actual contact angle of the bearing subjected to the axial load. If
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its initial contact angle is less than 20 ° | the actual contact angle
of the bearing is larger than that; it will be described later.

A single direction thrust bearing can be subjected to an eccentric
thrust load F, with an eccentric distance ¢, as shown in Fig.4.5. Ob.
viously, the contact loads among rolling elements are different. A load
distribution in the bearing is shown in Fig.4.6.

Fig. 46 Load distribution in a thrast bearing

Taking a position corresponding to the maximally loaded rolling el-
ement as ¢ =0, the total axial deflection at a position angle ¥ is

5, =48, + %ﬂﬂ_mnﬁ (4.25)

where
g, = relative approach between two rings along their centric line
fi= relative tilting angle between two rings shown in Fig.4.5

Load distriburion tn rodling bearings |

D = pitch diameter.
The total axial deflection of the maximally loaded rolling element is

|
S =8, +5 0D, (4.29)

From equations (4.28) and (4.29)
by = Buu| 1= 5 (1= cosi) | (4.30)

5
;el(u-z-:-) (4.31)

The angular extent of load zone

26
=1 = 1O & -
¥, =cos ( 2D ) (4.32)

S

B
b 1 -
N ] ‘.
1 I
l:l.l[""'-hill' badsl @ I =T dal @ ¥
0.1 P
n.:-;‘l /s

i 1 ; ] !
@ DT o4& D.§ 0.8 1.0 g 6.7 0:4 0.6 0.8 1.0
{a) {h)

Fig. 4.7 Load distribution integral of single direction thrust bearings. (a) polnt
canisct, (b) line contact

where

Jal w0 000 RSl 1 b

¥
o

| ]

Correspondingly. the rolling element load at the position angle ¢ is
1 Wi
Q, =0 1=5;01 *ms&:] {4.33)
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From equilibrium conditions

Analysis of rodling element bearingy

F, =zg,'}i[| -5 -ms.m] L

Ll

M=¢F, = %D_ Eﬁﬁimsﬁsinu

Similarly, an axial load and a moment integrals are introduced

1

bl (T
=— — = (1 —cos ] d 4.34
7,(0) 1;:,[ : [1-5-0—cos) | v (4.34)
s s I Wy
i [ ol ms.;r].] Skl " aas)
=) _,. 2e
Table 4.3  Values of F_{c), Jic) and J i), J iz
Podnt comtoct Lime contact
2 Ze

r 5‘: i | L D J 8 | S
0.0 10000 1/ 2 1/ Z 10000 I/Z 142
0.1 00663 | 01156 | 01096 | 09613 | 0.1258 0.1319
0.2 09318 | 01590 | 01707 | 09215 | 007737 | 0.RES
0.3 08064 | 0IR92 | 02000 | 08805 | 0.2055 0.2334
0.4 08601 | 02017 | 02462 | 08380 | D.22B6 0.2728
0.5 0E225 | 02288 | 0272 | 0.7939 | 0.245) 0, 3050
.6 07635 | 02416 | 03084 | 0.7480 | 0.2568 0,3433
0.7 07427 | 02505 | 03374 | 06599 | D.2636 03766
.8 05005 | 02550 | 03658 | 06486 | 02658 0.4098
.9 06529 | 02576 | 03945 | 05920 | 0.2628 0.4439
1.0 06000 | 02546 | 04244 | 05238 | 02523 0.4817
.35 04338 | 02289 | 05044 | 03598 | 02078 0.5775%
1.67 03088 | 00871, | 06060 | 02340 | 01589 {06790
15 0185 | 013w | o720 | 01372 | 0.1075 0, 7837
5.0 00831 00711 08558 0.6l 00544 {0 B905

ok 0 i joooa | o i 10000
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Lowad dixtrituiion in rolling bearing

Companng with eguation (4.25) wielkds

J_(Ey=J.(£)

Values of J, (g) and J_(c) may be obtained from Table 4.3

of Fig4.7. Therefore,
F,=Z0Q,J, (esina

(4.36)

M=¢F, = % Q.0 ./ (ehsinx (4.37)

Equations (4.36) and (4.37) can be used for the calculation of a
maximum rolling element load .

Double direction thrust bearings
When a double direction thrust bearing is subjected 1o u centric axial
load only one row of rolling elements carries the load, which can be
oblained from equation (4.27).

If an eccentric axial load acts on a double direction thrust bearing,
their two rows of rolling elements would carry it. Fig4.8 shows a
double direction thrust ball bearing subjected to an eccentric axial
load. Subscripts | and 2 indicate the two rows of rolling elemenits
respectively and the subscript 1 is applied (o express the row of rolling
elements which carries a heavier load than the other.

Basad on deformation harmonization, then
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5= =d, (4.38)
8, =0, (4.39)
wihere

d,; and &= relative axial approaches between the nngs contacted
wilh the first and second rows of rolling elements
respeciively

&, and @, = relative tilting angles between the rings contacted with
the first and second rows of rolling elements

respectively.

It can be feen from Fig.4.8
ﬁmll ='|§ll +%ﬂlﬂ- {4‘01
b= =8, +30,D,, (441)

Similarly, if introducing

g1 & 28
o= (1+ i ) (442)
el ) 25,
> ( P ) (4.43)
The following equations can be derived
Gy
TR o
£, +&,=1] (4.45)

and

Qu _ (Omz H_ i 3 4
S )

From the equilibrium condition of the central ring, hence
F,=F,—F, =20,J.(,, & )sin (4.47)

Load distribuvion in rolling bearings 2%

M=M, +H:=%Eﬂ'mﬂ.-f.i=.. £y Jsinz (4.48)

J-{L“ rr:-h J [5 }_EELJ { ;-]' {4-4?3

J o8y, g)=d 18 ]'+——Q'jl J o (Ey) (4.50)
[H
s and (g indicate the maximum rolling element loads in the first
and second rows of rolling elements respectively. Using equations
{4.47) and (4.48) gives

JI{EI' EEJ ~ 2‘
A [, IR 2

Values of J. (e, &), J.le. &), £ and & arc obtained from Table
4.4 upon 2¢ / D, If the ecceniric distance e<.0.3 D, for ball bearings
or e < 0.2619 D, for roller bearings, only one row of rolling elements
carries the load and then the calculation can be conducted according
to that of a single—direction thrust bearing. If the eccentric distance
¢ is more than the above values, the other row of rolling elements will
be loaded.
e==oo reflects that a pure moment load acts. In this case, for ball

bearings

(4.51)

= =—d'3?H 3
Vo =la ZD. (4.52)

and for rofler bearings

o 4.08M
GI:II: En: .ED_ {4.53}

Angular contact ball bearings

Generally, at conventional rotational speeds of bearings, the effects of
centrifugal forces and gyroscopic moments of balls are neglected.
Contact angles of the inner and outer raceways are the same and val-
ues of the angles increase as the axial load enhances. As seen from Fig.
4.9, due to the effects of contact deformations under a centric axial
load, a relative axial approach 4, and an ¢lastic deflection 4, along
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the contact line occur. Then the initial contact angle @, transmits o
an actual contact angle a.

Table 44 ValmsofJ.J, and J_ J,

Paint comlaer Line comnect
& | & | Fig2 Qu | F.gs | e
J g et ] oo J J T
| Eg ! : P £, i o @
0Ss |05 oo | 04577 |0 1 o | D4 | O |

06 lo4s|2006 | 03568 | 01744 | 0544 | 2380 | 0.403] | 0.1687 | 0.640
o7 lo3] ooz |o303s (02782 | 0281 | 1210 | 03445 | 02847 | 0394
af |02 05005 | 02758 | 03445 [ 0125 | 0.8232 | 03036 | 0.3688 | 0.218
09 |00 l0e713 | 02618 | 0.3900 | 0,037 | 0.6343 | 0.2741 | 0.4321 | 0.089

10 |0 |0.6000 | 0.2546 | 04244 | 0 0.5738 | 02523 | 04817 | ©
125 |0 | 04338 | 0.2289 | 0.5044 | O 03598 | 0.2078 | 0.5775 |0
167 |0 | 03088 | 01871 | 0.6060 | O 02340 | 0,1589 | 0.6790 | 0
25 |0 |0.0850 | 01339 | 0.7240 | 0 0.1372 | 0.1075 | 0.7837 | 0
50 |0 |0.0831 | 0.0711 | D.BS58 | O 00611 | 00544 | 08909 | O
= |0 0 0 10000 | 0 0 0 1.0000 | 0

- 2 O | 2 O

el b E - =5 | == z. I, =

o . g5l Da Cu

| Paoint contict Line coniact

[t can be seen from Fig.4.9

Fig. 4.9 Contact angle In an angular contact ball bearing
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(6, + GD, )osz = G D cosx, I
where
G=f +[,—1
therefore,
8,=GD, (5> - 1) (4.54)

Substituting equation (4.27) into equation (4.7) and using equa—
tion (4.54) yield

K i 57,
— S = dinx
Z(Gp,)'" (mmm
K, depends on actual contact angles and internal geometric
parameters in bearings. If given an axial load, the actual contact angle

can be determined from equation (4.55) by iterative techniques. Jones
assumes that

~|)H (4.55)

K,m —*"-!::51 (4.56)
]
The constant k is solely connected with the curvature sum of
inner and outer raceways. Its values are listed in Table 4.5.
Table 4.5 Constant k

G 0,03 0,035 0.04 0.05

k 00141l 001253 001129 000952

Substituting equation (4.56) into equation {4.55) gives

- k'l H P
——,.' : =5in=:ﬂ 2 - I} (4.5T
ZD! COsx

It may be solved by the Newton—Raphson method and its iterative
cquation is

':'.I‘II“I:UI+
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Fk'? cosx s
— — sing "”( = I)
£D, Coss

(4.58)

353 143
. [ cosx 3 - cosx
::um"’( .::. - I) + = cosa,lg :"”(T")
cosa 2 cosx” — 1

The (f+1)=th iterative value «*" is computed from the j/~th value
2", A satisfactory solution will be obtained until the difference be-
tween """ and 2 is less than a permissible error or equal to it.

If the initial contagt angle &, is not equal to zero, equation (4.57)
may be changed to

i cosa,
T T T TR T T b | (e, |
(ZD}) cos{x, + x)

In which, = iz replaced by sy+x. The left side is represented by its
Taylor series and the square of x is retained. Then the actual contact
angle o can be approximutely calculated using the following equation
3 sinlx

Eﬁ"':ﬂﬁ:ﬂ

5 F 3 N3
x[jn-g-“_“f“(z',_ ) -1 (4.59)
3 sin‘a D, sina,

The more the initial contact angle x; and the less the axial load F,,
the higher accuracy the computation of equation (4.59) has.

BEARINGS UNDER COMBINED RADIAL AND AXIAL LOADS

An angular contact ball beanng or a tapered roller bedring can be
simultaneously subjected to combined radial and axial loads,

=g -+

Single row bearings

A approximate calculation is proposed upon the following assump-

tions,

(1) The relative tlting of rings is neglected, ie. the inner and outer
nings of the bearing remain parallel.

(2) The contact angles of all rolling elements loaded are the same, and
the actual contact angle is given.

P i

Pl A 1L
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The inner and outer rings of the bearing are relatively performed de-
flection &, in the axial direction and 4, in the radial direction, as
shown in Fig. 4.10.

Fig. 4.10 Deflection cawsed by combined loads

The total relative deflection of the rings al the posiion angle y from
the maximally loaded rolling element is

d, = & _sina + 8, cosacosy (4.60)
The maximum elastic deflection at the ¢ =0
3_,. =& sina + 8 cosxz (4.61)
Combining equations (4.60) and (4.61) and introducing
e=s (I f 'Sf“ ) (4.62)
therefore
8y = o 1= 21— cow | (4.63)

In form, it is the same to equation {4.20). Using equation
(4.21) gives
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Load divtribution in rolling hearings L]
I 17F |
o E{-[I_F“_WW}] (4.64) ¥, =cos (1—2)
: 2 If e>1, then
From the equilibrium condition W, ==&
e The maximum rolling element load
F,= Y (Q coszcosy
A e 4.7
R Qo = J (e)Zcosa 7 }_{c}ﬁﬁin: %
F.= ¥ O, sina
.= L0 Double row bearings , 4
Symmetric double row angular contact bearings, self—aligning ball
where the angular extent of load zone bearings and double row spherical roller bearings belong to this type
5.1ga of bearings. For simplicily, it is assumed the initial clearance in the
¥, =cos '( - :'i_) (4.65) bearings is equal to zero. The rows of a beanng are numbered by
; subscripts 1 and 2, in which the first indicates the row subjected 1o a
Introducing the axial and radial load integrals heavier load. y :
" The radial and axial loads acting on a beanng are expressed by
1 : 1 AT _ F, and F, respectively.
J.(e)= 'i;! [ === "'"5"':"7‘ dy (4.66) From deformation harmonization
¥
1'5'_ - l‘.i ]
il 1/ ke (4.712)
1 |
J (g)= :r; [ = EF (1 "Eﬂlﬂ,ﬂ] cosygrdy (4.67) gy == 94
then 2 where
. e . 5., and 4, = relative radial approaches between the rings contacted
F, =204/, (e)cosa (4.68) with the first and second rows of rolling elements
F,=2Z0Q,/ (ekina 4.69) respectively
o 7 ( . 5., and 8= relanive axial approaches between the rings contacted
Dividing equation (4.68) by equation (4.69) yields with the first and second rows of rolling elements
F I l& respectively.
Foige 4,08 Similarly, from equation (4.61) and (4.63)
: . 7 g ; L R (4.73)
Comparing equation (4.66) and (4.67) with equations (4.34) and | Oy &
{4.35), it can be scen that they are of the same form. Given values of "
F, F, and 2, then &, J,(¢) and J (¢) as functions of Figa/ F, are listed g, +e; =1 (4.74)
in Table 4.3 and Fig.4.7. where
Setting 6, =0 in equation (4.64), the angular extent of load zone is | 4, tga
fﬂ-pmmd ':l = E E -+ I,I'. [-i'Tﬁ'l

-—+——
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L |
£ =!_,—(l +—‘%£) (4.76)
2 [

Equation (4.74) is valid only when the two rows of rolling elements
in a bearing are simultaneously loaded. If only one row of rolling ele-
ments is subjected to a load, then

g, 21, 8,=0

(]
g:: = (:T) (4.77)
Using the equilibum condition, therefore
F.=F,+F,
F.=F,=F,

Similar to the foregoing derivation, the following equalions are
obtained

From equation (4.5)

F =Z0,Jd.(e,, £;)cos (4.78)
F,=ZQud (5, &)1z (4.79)
where
s Qﬂ:
e, ;)= )=, l8) {4.80)
Qlﬂ
e EU:
g8, 83) = 08,)+ =—J,(s,) (4.81)

(]
J (e, 8) F,iga
JJ{EP‘ E'.'-’ Fl

(4.82)

Comparing these with equations (4.49) 1o (4.51), it can be scen that
Je. &), Jie;, &), & and & are obtained from Table 4.4 upon
Figx/ F,. If F,>>1.667 Figa for ball bearings or F,>>1.909 Figa for
roller bearings, only one row of rolling elements carries the load and
then the calculation can be conducted according to that of a single
row bearing.

#—————
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The maximum rolling element load Qg is determined by equation
(4.78) or (4.79). It should be noted that the previous calculating meth-
od is approximate. The assumptions for single row bearings also re-
L.

Variation of contact angles

In contrast to the previous statements the assumption regarding the
same contact angles is given up, but the parallel nngs of the bearing
are still assumed (22) .

Variation of the contact angle in a single row angular contact ball
bearing under combined radial and axial loads is considered. The rela.
tive displacement of raceway curvature centres at the section of an an-
gular position from the centre of the maximally loaded rolling element
is shown in Fig.4.11. The following relationship may be established
from this figure

(5. +GD,) =(GD cosz, +38,cosy)’ +(GD,sina, +8,)

The meanings of symbols shown in this equation are the same of
those in the previous paragraph. It is rewritien as

5, =GD,

a' b | : &‘ Iy lisd
{[(mm,+ﬁ:-cuﬂp) + (s.m.::, + GD. ) ] 1} (4.83)

From equation (4.1)

: (W 3
Q,= (%‘) {[{Emn + ;:L cm:{rJ

5 19142 143
- (.'i.jn.:ln +E_;--E;--) ] - I.} (4.84)

It can be seen from Fig4.11

sinz, + ———
, " " GD,
sina, = .

s, fil . Pl e
[(:Gi::u T GD, :uﬂr) + (sm:u + GD, ) -l

(4.85)
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| El'ﬂ.'i-lﬁul My = |

il

l1.-|:|:u|r

Fig. 4.11 Relative position of curvature cenires

wherg

&, =actual contact angle at an angular position ¥ from the centre

of the maximally loaded rolling element.

If given &, 4, and structural parameters of a bearing, the actual
contact angle al any angular position ¥ can be determined from equa-
tion (4.85). For ¢ =0, i.e. the maximally loaded rolling element, the
actual contact angle reaches its minimum value. The angle increases as
the absolute value of ¢ becomes larger. It reaches its maximum value

at gr=mx.
Setting (2 =0 in equation (4.84), the angular extent of the load zone
15 oblained
5 11142
o |:| = (Fllﬂ., + 'I:}'_I;,,) “ — COSI,
W, =cos 3 (4.86)

L =y

GD,

Using the equilibrium condition and introducing the radial and
axial load integrals yield
F _Z(GD,)"”

¥ w13
nK,

J (4.87)

zZiGp,y"*
F., m——te—d, (4.88)
KK, "

Loaed distribugion in rolling bearings s

where

_ s, ki =t
#y (sm:c,, + E.i:!T ){[ (ms-:ﬂ GD, n:n:u.ir) 4
J, = 5 -

: [(“”""“mi cos)
i) 4

+ |sinx, + = =~

—I Gl de (4.89)

T
F e ce—
+ (sm:. GD. ) ]

5 .
(‘:mu g ”ﬁﬂﬂﬂ)
A

GD, :
5 :
2 :usﬁ-“ (mau,, + Eﬂ_, cu-:ir)

+ (sin:rc_ + r;ﬁﬁ_ ):], g 1} H}.m (4.90)

The above integrals may be numerically solved by computers. Given
ag, 8, / (GDy) and &, / (GD,), the integrals are computed. Then, values
of F, and F, are determined by equations (4.87) and (4.83)
correspondingly. In reverse, an ilerative process is required. Setting
g =0 in equation (4.84), one may give the maximum rolling element
load

Since the table for values of J, and J, has not been completed, the
above calculation will be more complicated. For the convenience of
application, the assumption regarding the same contact angles 1s sull
adopted.

BEARINGS UNDER COMBINED RADIAL,
AXIAL AND MOMENT LOADS

If a bearing is subjected to combined radial, axial and moment loads
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Fig. 4.12 Relative position of rings

in which the moment vector is vertical to the axis of the bearing, its
two rings will generate relative displacements, including relative axial
approach &_, relative radial approach §,, relative tilting angle 6.

As shown from Fig4.12, assuming that the outer ring is fixed, the
inner ring will be relatively displaced to the fixed nng under a com-
bined load. Fig.4.13 shows the positions of the groove curvalure cen-
tres of the inner and outer raceways before and after the action of the
combined load. The locus radius of the groove curvature centres of the
inner raceway is expressed by

, =05D_ +(r, — 05D cosa, (4.91)
Similarly, the circle radius of the groove curvature centres of the
ouler ]'-ulﬂl'!Wl].j" 1%
R, =05D_ —(r, —0.5D Joosa, (4.92)
then
R,—R,=0GD _ cosx,

y indicaies an angle between any rolling element and the maximally

L

Load distribwitton (a rolling Seadrirgs i

loaded rolling element. It can be scen that the distance between the
groove curvature centres of the inner and outer raceways al an angu-

lar position ¥ after loading is
r=[(GD,sina, + 5, + R Ocosy)’ +(GD,cosa, +§,cosf)’]

Introducing the following dimensionless expression

"

i' ™
| 1
I 1

|

|

P

Fig. 4.13 Relative position of groove curvature centres. (a) before loading. (b)

after loading
- i : & - R
3 o= & = — =
' Gh, oD, GD,

and defining _ :
N =sina, + 4§, + fcosy

L =cosx, + 0, cosg
one oblains
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r=GD,(N* + LY (4.93)
The total deflection at the angular position ¢
8, =GD,[IN*+L%Y -1 (4.94)

Considering equation (4.1), the rolling element load at the angular
position y is given by

- A et O e e
2, ™ T [EN ey — 1 (4.95)
’
The contact angle at this position s
sinz, ='_1""I!'I"':'|_T'1‘ (4.96)
(N +L°)""

It the combined radial, axial and moment loads acting on the bear-

ing are expressed by F,, F, and M respectively, the following equa-
tions are established from the equilibrium condition

F, = } 0 cosjcosa,

=y

F,=Y 0,sinz,

=i

M= % D, ¥ 0 sina, conp

Rearranging them, one may deduce

6D, \'"
F, =\~
II

- | T 3 L
" N+ LY =) o 4.97
.%“ | (N + L) o =
GD, )' i FRCEL T A N
e s N+ LYy " =1 (4.98)
(h, E v

#—_——-
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T
r . 5 aeyl
M=1p (EL_}) Y UN 4+ LT
27"\ K, o
] N cosyp (4.99)

(N* + L'
Equations (4.97) 1o (4.99) arc a sel of nonlinear equations with

unknowns 4,, 8, and 8. They can be solved by the

Newton—Raphson method. In brief, the solving process is as follows:
The equations are rewritlen as

f.80=0 m=1,23% K=123
where &, =:r.‘-,'. 3:=:5-_'. t, =10
Establishing a set of equations
] {1-
T = - g,
.I".,'i'Lﬁ&#ﬁ; 0; m=1,2 3

where ;
£, = difference between initial values and approximate values of .
Assuming initial values of 3, the lincarized equations are solved for
£y New values of §, are obtained

S, =8, +a;

The iterative process is repeated until £, are sufficiently small. Hav-
ing solved for &,. 4. and 6, the maximum rolling element load can
be solved. Setting ¢ = 0 in equation (4.95), one derives

g, = (Eﬂ—') ([(sinz, + 3, + B)°
Kr

+ (cosa, +3,°1" =17 (4. 100)

The foregoing computing process should be.conducted by comput-
ers. For some special conditions, the equations may also be solved by
a perturbation method.




CHAPTER FIVE
Kinematics of rolling bearings

It is somewhat more complicated to describe kinematic relations of
rolling bearings. particularly those of rolling clements. Generally
rolling elements rotate around their own axes, and simultancously
they orbit round the bearing axis. In addition, their rolling motions
are accompanied by a ceriain degree of sliding occurring on the
raceways.

In ball bearings, ball motions are three—dimensional problems with
six degrees of freedom. A ball may have a rotational sliding normal 1o
the contact surface, called spinning, if its contact angle is not zero. At
the same time, the ball can also have another kind of motion caused
by gyroscopic moments. Besides orbit, rotation and skidding of a rol-
ber, a slight skew of the roller in roller bearings may exist, that is, the
roller axis does not coincide with the rolling axis.

Structural parameters, operating environment, lubrication condition and
manufactuning accuracy of bearings can affect their internal kinematic relu-
tons. Generally speaking, the higher the clearances and the lighter the bear-
ing loads, the more serious is the internal sliding of bearings which takes
place. Roller beanings used in aircraft engines are sometimes assembled
with “out of round °outer raceways (o yield 4 certain amount of preload in
the radial direction in order 1o reduce kidding.

In this chapter, simple kinematic relations of rolling bearings are
described. General kinematic relations including sliding and spinning
of ball bearings are explained in detail.

SIMPLE KINEMATIC RELATIONS

The following assumplions are made to analyse the simple kinematic

relations of rolling bearings.

(1) Bearing elements are rigid. that is, the effect of contact deforma—
lions is neglected.

{2} Rolling element motions on raceways are pure rolling. The linear
velocity of the surface of a rolling element is identical to that of
inner and outer raceways al the contact points.

(3} The influence of radial clearances is not considered.

{4) The effect of lubrication oil films is ignored.

1o

Kinematics of rolling bearings i1

Fig.5.1 illustrates an angular contact ball bm.tmg;. Symbals n,, n,
represent the rotational speeds of the inner, ouler nngs of the rolling
bearing respectively. A clockwise rotation is regarded as positive while
anticlockwise rotation is then negative. The linear velocity of the inner
or outer raceway al the contact points correspondingly 1s

v:=%n.ﬂ.|[l-“§i*mm} (5.1)
e =%n.ﬂ.{1 +£-:—-ms:r._} {5.2)

Fig. 5.1 Simphe kinematic relations of bearings

As can be seen from Fig.5.1, the linear velocity at the centre of rol-
ling elements is equal to the mean of the inner and ouler racewny ve-
locities at contact points. Considering equations (5.1) and (5.2), there-
fore

Ve =Lﬂ|ﬂn (1 — ﬂj Eﬂ!:}

120 D
+~I—-n 8 {E+-E-’--:m} (5.3)
L e e D. .

The linear velocity of the cage pitch circle is

R

Eﬂ'-ﬂ_

Vs =
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then the rotational speed of the cage is derived as
1 ﬂ'l- ﬂp
TR A S P

The rotational speed of the cage relative to the inner ring, L.e. the
difference between absolute rotational speed of the cage and that of
the inner ring can be written as follows

N =“;"fﬂr }{1 'i"'""'f.‘ﬂﬁ;'l} {5.5)

Similarly, the rotational speed of the outer ring relative to the cage
i%
[n, i (\I-——-—ms-::;l (5.6)

Assuming that there is no relative sliding at the contact points, the
rotational speed of a rolling element around its own axis can be ex-

pressed by

" =r-£:—lﬂl " =Dr n
i E’n =i (] ﬂi -

It may be deduced

— —n.:{l-ﬂfcuﬂ]{l "'g__':““) (3.7)

Table 5.1 gives simple kinematic relations of radial and angular con-
tact bearings. Kinematic relations of thrust beanngs are listed in Table
5.2. These can be obtained by setting a=90" from corresponding
equations in Table 5.1.

In order to calculate bearing life, it is necessary to know how many
rolling elements pass a given point on the inner or ouler raceway per
unit lime or one complete revolution of a ring. While the whole set of
rolling elements revolves for a cycle relative 1o a ring, all the elements,
with the number designated by Z, will pass each contact point on the
raceway of the ring. The number of rolling elemenis passing a given
point on the inner ring per unit time is Zn,,, .

Thus

ZNui = %{m {1+ g_ m;;.]. (5.8)

P
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Table 5.1 Kinematic relations of radial and angmlar contact bearings

o Cage speed | Outer ring | Ball rorarional
Rotating E - rirlative speed speed arotimad
Fiig L PEEN 1o inner relative ity own i
- Fimg n_, o cage n L
= M
DK K
l.nm =Ky -k s i i
g
Ly &
e a
Outer . 20 KKy
1 ¥ K TR
ring e el B Ak D,
{Ae =)
' DK K;
Two rings o, —m K {m,~m )X, % [T
rotate in |
same -
direction When =8, =1
[i] 1]
1 7= '_”r + /il
— s K- 2D KK
Tworngs | #s . I"‘:TJ:' =i Am)K; | —(nAn)K, | ¥ o
rotate in .
Opposile
direction ’, When vy= v,
bk {i m =, a
For radial and angular contact beanngs except tapered roller bear.
ings
| D 1 L 1
R K= {I.—D cm} K:“E{I-'-D_cm,]
For tapered n:-lh:r bearings

K, =05 [ tpla—f=1gf ] ctgla=f)
Ky =05 ig(=—fr+1gh ) cig(=—§)
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Table 5.2 Kinematic relations of thrust bearings
Braring element speedy | Rolling comiact
Rotating Nl
i | o Ball Cage relative |  point on the
| = { roller ) to Fidg FFCEway
] Pl n, . Per FinLle
One ring L A Da L Lt
rolales i 2.0 2 2
Two riirl:ﬂ;:l
rotate insame | 80 + 83 [r:.-n,- | Da Ni— N1 {n. n }1!
direction 2 r . ¢ 2 I
My, Hs
Two nngs
rolale in
t Ay — A3 I PR Y i+ A Il P T
oppoate N B T R e L E
direction
M. Hy ;

By a similar process to the outer ring, it is Zn,_, and hence

T Ei;?-:n, —n.:{l —g—*mu] (5.9)

Relative rotational speeds of a whole set of rolling elements should
be regarded as positive value. The Table 5.2 shows the rolling contact
number per minute passing a given point on raceways in thrust bear-
ings.

The rolling element number passing a peint is normally not identi-
cal to the stress cycle number at this point. A paint is loaded only
when it is located in the load zone of rolling bearings. If the spacing
angle of a load distribution zone is expressed by 2y, stress cycle
number per minute al & point on the raceways of radial and angular
contact bearings is given by Table 5.3
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Table 53 Siress cycle number of bearings

Rotafing  Serexy gyole mumber per mimile
ring fomes rimg Chuler n.r:u_r_ b
51
Inner ring m ZESE mZK)
—_— e -
Duter ring e N H'HK':LM-I;}
Mote K. Ks are shown in Tabie 5.1

GENERAL KINEMATIC RELATIONS IN BALL BEARINGS

Kinematic relations are much more complicated if sliding between
balls and rings is considered. For example, in the case of an angular
contact ball bearing running at high speed, more assumptions are re-
quired to find a reasonable solution to their general kinematic rela-
tions.

Coordinate systems
To analyse an instantaneous position of an angular contact ball bear-

ing running at high speed, coordinate axes systems as shown in Fig.5.2
are defined,

b 14 iy S

Fig. 5.1 Couordinate sysiem

The following are symbols used in the analysis
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x .2 =4u fixed set of coordinates with the x axis coincident with
the bearing axis
¥y .2 =a set of coordinates with the &' axis parallel to x axis.
The set of coordinates rotates at the revolution speed of
balls round the x axis
o = the rotational axis of the ball about its own axis
fi=the angle between the rotational axis of the ball o'u and
the x'o'y" plane
f' =the angle between the projection of the o'w axis on the
x'o’y’ planeand the x° axis
¥ = the angle between the = axis and z° axis, that is, the an-
gular position of the ball on pitch circle,
Projections of the rotational speed vector of the ball at coordinate
axes of the x'y'z’ coordinate system are represenied as o, w, and

e respectively.

hence ;
ws = (w0} + o} +of)'? (5.10)
and
oy = wycosfcosf’ (.11}
wy = wscosfisin’ (5.12)
e = o sinf (5.13)

Orbit, rotation amd spinning of balls

A shape of the contact surface between a ball and raceway under load
is elliptical. Fig.5.3 shows a contact ellipse between the ball and outer
raceway. Major and minor semiaxes of the contact ellipse are signified
by a4, and b, respectively. Hertz introduces a curvature radius of the
contact surface as

a r’_—__,‘-lﬂl-
R. o + 1 (5.14)

For convenience it is assumed that the ball centre is fixed, and the
ouler raceway rolates with an angular speed w,. The direction of w,
is collinear with the x axis. Pure rolling motion of the ball over the
raceway occurs, al most, at two points. Because of symmetry about
the minor axis of the contact ellipse, their unknown radius is defined
as ', and it can be oblained liter

As shown in Fig.5.3, a lincar velocity of a point { x,, ¥, } on the con-
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tact surface of the outer raceway in the rolling direction is given by

v =82 p ~{(R3 = x1)"/2 ~ (RE —ad)'
+[{%L}!_”3:|I;:}w;mu; (5.15)

Correspondingly . a point ( x,, ¥,) on the contact surface of the
ball has a linear velocity in the rolling direction as follows

vy = — (00058, + o, sin.:.}{fﬂi — x3)12 — (R — ai)'?

(e e M

Fig. 5.3 Contact beiween a ball and outer raceway

Sliding of l?h: outer raceway over the ball in the rolling direction is
equal to the dﬂf:l_'cnu between the linear velocities v, and v,
Hence, the sliding velocity is
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i
T g - 2

D o + oy o083, + oy SINE, — o, C05E, )

S gl ) e e
i*:{.ﬁ'.'-—.t';l' ! —(R:I=al)' +[|{ 3 ]' —.:.r;] {IF.ET}

A vector component . of the rotational angular speed oy, of the
ball causes a sliding in the direction of the major axis of the contact el-
lipse. The sliding velocity can be obtained by

Var = -rrl.{{.ﬁ’:‘—x;‘r‘ SR =3¢

*’ | Hl' ]."_;,,:]' :1 (5.18)

It can be seen from Fig.5.3 that ball angular speed vectors i, and
m, , us well as the angular speed vector w, of the outer raceway have
components normal to the contact surface. Therefore, a rotational
modion about a axis vertical to the contact surface, called spinning, ex
ists, The spinning angular speed is given by

e = — @, 500, + 0,503, — & 0051, [5.19)

From equations (5.10) to (5.13), it can be deduced

Ve = =25 Do 4 {(RF—x3)'F — (RE —ai)’

e[(B) -] (2 comeonpeom

+ 2 sinfisinz, —cnl_-::f) ity (5.20)
a,
¥oar ™= —{1&? = x3) ' = (R —ad)!"?
D A2 5| W3] T T
+ [ (28) —at|"“ o (2= Jeospsing (5.21)
{i s = { i cosficosfi’sinz, — 2L sinfoosa, — z.im:.) £ s (5.22)
Ll g i
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The linear velocity of the ball at the rolling radius #, equals that
of the outer raceway, and hence
1' ﬂn
\, JCO6

+r'; Jo.cosx, =, (o-00%a, + @osing, )

By using equations (5.11) and (5.13), it becomes
0y _(Dw 7 2)+ 1 co8a,

5, 'n"".hi-'.'uﬁ_!h:::xfl"cnstf + sinfising, )

(5.23)

Similarly, for the contact between the ball and inner raceway shown
in Fig.5.4, the following equations can be derived

Fig. 5.4 Contact between a ball and inner raceway

= =D ~{(R] =x})

:—I.ﬁ':—u:lll -

o LR . 172 (7]
5 I |: =5 ] -a I II[ X (ﬁcnq{hinji'ﬁrhl
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"'h A . 14
4+ —sinflsina, — cosx, | @, (5.24)

[iT]
v o= —{{Rf —.tl:‘pl : —ER? —nf}' :
D, \? SR (7T . 5.5
o l {T} 4 ] }ﬂ'( w, )ms,ﬁsmﬁ" 22)
oy ; [ : i
w =| —=—cosfoosfising, + — sinflcosx, + sinz, | @, (5.26)
- FiF] o

i

*

w, R ¢’ (cosfeosfiicosz, + sinfising, )

—(D_ / D)+ r' cosa,

(3.27)

The suffix i refers to a contact between a ball and inner raceway.
The meaning of the symbols may be found in Fig.5.4.

Using the previous description, two conditions are discussed. !
{1y The outer ring is fixed and the ball centre orbits aboul the x axis

of the fixed coordinate system with an angular speed w,, ==,

Therefore the inner ring rotates with an absolute angular speed
o =+, By using these equations and introducing following equa-
lions

5, = . {cospcosfi'cosz, + sinfising, )

5, = r’ (cosficosf’cosa; + sinfisina,; }

-

{,=Da/2%r cosa,
£i= D 2—r cos,
A= +{in.
The relative angular speeds o, and m, can be expressed in terms of
the absolute angular speed of the mner nng

i =;'_r.:._llm (5.28)
m, = - %m (5.29)

and the rotational angular speed of the ball around ils own axis is
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T "'—'i—'- i (5307

{2) The inner ring is fixed and the centre of the ball orbits about the x
axis of the fixed coordinate system with an angular speed o, = @,
Therefore the outer ring rotates with an absolute angular speed
o =
Similarly, the relative angular speeds o, and o, , as well as the
rotational angular speed of the ball can be represented in terms of the
absolute angular speed of the outer ring.

£, =2ile (5.31)
A

i, = __.,,:'. ] (5.32)

24 =1'-'E"-m (5.33)

There are six unknown quantities r,. ¢, f. B, o and 7 in
equations (5.20) to (5.23). To determine these quantities, it 1s necessary
to analyse all forces and moments acting on cach ball. Obviously, this
is rather complicated. For simplification A.B. Jones introduces a con-
cept of raceway control. He assumes that all the ball spinning occurs
only at one raceway and none at the other. It can be thought that the
raceway control assumption is a approximate simplification and prac-
tical consideration.

Gyroscopic motions of balls
For an angular contact ball bearing with a non—zero contact angle,
the direction of rotational axis of the ball varies continuously. There-
fore as shown in Fig.5.2, & gyroscopic moment acts on the ball. Its
value may be determined by

M, = J g s sinf (5.34)

And it leads to the rotation about y* axis of the ball. A gyroscopic
moment about =* axis also exists if the angular speed . is not zero.
It can be writlen as

M = Jaw o, cosfanf’ {5.35)




_-I.l1-¢,|1:1-:|u o roilimg clrernl huru:llu'n

where

J=he mass moment of inertia of the ball.

The motion caused by a gyroscopic moment should be avoided be-
cause it brings about ball sliding on raceways. Testing indicates that
the sliding friction coefficient between balls and raceways is 0,01 1o
0,06. I the sliding friction coefficient is sufficient, the shding may be
prevented, Jones states that the following inequality should be salis-
fied

0.020D, > M, (5.36)
where

= contact load of the ball.

All the calculation may be outstandingly simplified in the absence of
gyroscopic motion. Thus the angle f' equals zero. From the equations
(5.11) and (5.12), the following equations pertain

), = 0 4 GO
oy = ]

Using equations (5.23) and (5.27), we can obtain

{ HT"' ] + 1’ cosn,

LAY
e T (5.37)
€, r Acosfeosx, + sinflsaing, )
”H | )
: - { = )+ r'icosx,
2 = . L - - = I:5-."|-H}
oy ¢ [cosfeosy; + sinfising, )

Allowing for the very small difference between both . ¢, and the
ball radius, it is assumed that
H
FrEp = !*::'

=

ol
P
E.:

From equations (5.30) and (5.33), the ratio of the rotational angular

(3.39)
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speed of the ball to the absolute angular speed of a ring can be deter-
muned as follows
g, +1
— = - 5.40
i i’cn-s,:t, -+ IEﬁ‘sin:r,_ | Cosx, + @mn:‘ ‘}f:mﬂ { )

| + y'cosa, | — y'cosa,
In which positive is used for a rotating outer nng, and negative
is for a rotating inner ring.
By using equation (5.29), the ratio of the orbital angular speed of n
ball to the absolute angular speed of a ring in rotating inner ring is ex-
prissed by

o |
@ (1 +ycosa, Neosa, + tghising,) Ll
(1 = ycosa, Weosx, + tgfsinx, )
Similarly, the ratio of orbital angular speed of a ball to absolute
angular speed of a ning in the rotating outer nng becomes

[ FF - ]
it i 2
(i , (1 = y'cosa; Ncosx, + tgfisinx, ) 242)

] 4 , g
(1 + y'cosa, Heosx, + tghsinx,)

Haceway conirol assumplion

Having the raceway control assumption, we may simplify the calcula-
tion remarkably. Assuming that there s no spinning on the outer
riceway, e.g. oulér raceway conirol, and substituting the equation
(5.37) into (5.22) and setting v, equal to zero, we may obtain

tgf =

gina,

= 5
cosx, +7v i)

Similarly, if' there is no spinning on the inner raceway, &.g., inner
racewny conirol, we have
sina,
gfi= R (5.44)
It can be seen, given the values of «, o and ¥, the value of 1gff
may be determingd based upon the meeway control assumption. Then
ity /" o3 can be decided. In a similar process, o/ o may be caleulated
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by using equations (5.41) and (5.42). The equations of w,, / w are list-

ed in Table 5.4.
Table 54 Equations of w,_ /i
| ]

Rorating ring Outer raceway control | Inmer raceway control
' | = feoss, | cosla, —a.,) — ylcoss,

L E i+ coslx, —a,) I+ coala; —ixy)

, | ;
oMz, = 3, )+ y ook, I+ 7oosa,
Rier g I+ coslx; —a,) 1+ cosfa; —2.)

Jones gives a condition to determine what kind of raceway control
takes place. From (23) | the sliding friction moment of a spinning
motion is obtained

M, = %,4. QaLe) (5.45)

where
M, = the sliding friction moment
g1, = the coelTicient of sliding friction
Lie)=the complete elliptic integrals of the second kind. It can be
found from equation (3.11)

An assumption is introduced that pure rolling motion, e.g., no spin-
ning occurs at the contact point having larger shding [netion momeni.
Lipon the equilibrium equations of momenls, it is an outer raceway
control if the following inequality is satisfied

Q.a, L (edosla, —a,)=0a,L(e) (5.46)
or il'is an inner raceway control if the inequality 15 satisfied
Qia.Llekosiay —a,)>0Q.a.L.le) (547)

In which, suffixes ¢ and § refer to the value at the contact point on
the outer and inner raceway respectively. Ouler raceway control is of-
ten used in high speed ball bearings due to the significant influence of
the ball centrifugal forces.

Measuring the orbital and rotational angulir speed and comparing
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with the calculations from equation (5.40) and the equations listed in
Table 5.4, we may examine the efficiency of the raceway control as
sumption.

Fig. 5.5 shows the testing results introduced by (4) . Solid lines
are calculated curves based upon the raceway control assumption. It
can be concluded that the assumption is acceptable, particularly in the
low and high speed condition.

T, =70 F.e80.1N

= L Outer raceway control
S ik :- J Cluter meceway comtrol

A Ill'm:rm:j , T

L
= @omirol i
i .4 I"'""":-}.":___ Inner raceway
&l 1;.'. - = e oontral
el Yy & hexine 150t Easial
Ay 0 min

i
B

Fig. 5 Orbital and rotations] angular speed. (a) rotation, (b) orbi

Spin to roll ratio
Ball spinning motions bring about a frictional power dissipation and it
is manifested in the form of heat generation. It is hoped to be reduced
as much as possible. The ratio of the angular speed of the spinning
motion of a ball at the raceway contact to its rolling angular speed is
called spin to roll ratio. Obviensly, a small value of a spin to roll ratio
indicates that the sliding is relatively small. and that the design of the
bearing is reasonable. Assuming
¥ ' ﬂh
F.=r = T

-

the ball rolling angular speed relative to the outer raceway is
Do o,

ru,.." = = ik, B e —

il K -I'I‘
From equation {5.22) and ' = 0, therefore
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o, = wsin(x, — ) = m, sinx, (5.48)

Considering the two equations and using equation (5.37), the spin
to roll ratio of the ball to the outer raceway is determuned by

{ L} o } i _{1 '-."I.'JEUH.-'"E‘:- _m+all,4'5in=.' 15-4‘;]

s L gl o @

Similarly, the spin to roll ratio of the ball to the inner raceway is

(=) = (1 — y'cosa glax, — )+ ¥'sina (5.50)

N 1| T

CHAPTER SIX
Elastohydrodynamic lubrication
in rolling bearings

The theory of elastohydrodynamic lubrication deals with the lubri
cating behaviour of a hydrodynamic oil film between two elastic bod-
ies which are in relative rolling or a rolling accompanied by 2 certain
degree of sliding condition. Some of the assumptions adopted in the
theory of the normal hydrodynamic lubrication cannot be applied to
elastohydrodynamic lubrication theory. In particular, the influence of
high pressure on the viscosity of lubricants as well as the change of the
geometry of the lubricating film due to high contact pressure must be
considered. By this theory, called EHL theory, a relationship among
surface shapes and sizes of contact bodies, material property, viscosity
of lubricant, speed, load and oil film thickness, surface pressure and
friction force, as well as operating temperature has been established.
In practice, the main problem is how to determine the minimum oil
film thickness and the friction force.

Generally, the modes of failure for relatively rolling or sliding ma-
chine components are mainly contact fatigue and wear. In the early
stage, people found that some bearings and gears did not show any
remarkable wear afiter their long terms of service. This raised the ques-
tion as to whether the rolling surfaces were completely separated by
oil film during their operating period. This could not be explained by
the normal hydrodynamic lubrication theory because values of calcu-
lated oil film thicknesses were much smaller than those of surface
roughnesses. In 1949, Grubin assumed that the surfaces of the bound-
ing solids would adopt the shape produced by dry contact and derived
an approximate equation for oil film thicknesses. And then Dowson
presented numerically computed results by an iterative process in
1959, After that, the theory of the EHL has been developing rapidly.
Varous measuring methods for oil film thicknesses and pressure have
been discovered. Up to now, it has virtually been concluded that the
theory of the EHL can successfully predict the minimum thickness of
a lubrication oil film, but in some cases it still cannot give satisfactory
results for tangential friction forces

127
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The theory of the EHL plays an important part in the design and
the application of rolling bearings, such as bearings for gyroscopic
motors. main—shaft bearings for aircrafi engines, as well as precise
main—shaft bearings for machine tools. Expeniments indicate that if a
bearing works with a sufficient elastohvdrodynamic lubrication, its fa-
tigue life will increase significantly. In the International Standard
1SO281, a modified factor is defined to reflect the effect of oil film
lubrication on the bearing life.

In the first paragraph of this chapter, the main poinis of the EHL
theory, including equations for the oil film thickness, calculating
methods for the tangential friction force, experimental and measuring
methods, etc. are described.

In the following paragraphs, the calculation of the oil film thick-
nesses in roller and ball bearing is introduced. For the convenience of
application, an estimating method for rolling bearings is also
proposed.

In the appendix of this chapter, 2 program for the load distribution
and the oil film thickness in a rolling bearing is listed in the BASIC
language.

THE THEORY OF ELASTOHYDRODYNAMIC
LUBRICATION

Development of the theory of elastohydrodynamic lubrication
The basic equation of hydrodynamic lubrication theory is the
Reynolds equation, as shown in Fig.6.1.

-

8 (k2 3\, 2 (Bl 2 yp8
dx { 1 Ox \] s gz \j B JI s ]EE{“-‘II} (6.1}

in which
k= oil film thickness
5 = dynamic viscosity of lubricants
p= oil film pressure
u= average velocity, = (sFu;) / 2
x,z=copordinate vanables.
Martin analysed the lubrication problem of rolling bodies in 1916.
He made the following assumptions.
{1) The rolling bodies are rigid, that is, the effect af their contact
deformation is neglected.

.—_——Ti
|

Elastohydrodynamic habrication in rolling bearings 129

(2) Lubricants are isoviscous.
{3) Isothermal lubrication is considered.

%

s
Fig. 6.1 Coordinaie sysicm

Then. the minimum oil film thickness of two relatively rolling cylin-
ders was derived

Mo Rl 5
R 2.45:14:-—# (6.2)
where

R = equivalent curvature radius, R= R R, / (R;+R;), R, and R; are

the curvature radii of two cylinders correspondingly

1= dynamic viscosity at atmospheric pressure

g = line density of load distnbution.

The oil film thickness given by equation (6.2) is too small to com-
pare with practice. For example, in a cylinder roller bearing with
45mm bore diameter, the rotational speed is 1000 r.p.m., the radial
load is 19.6 kN. the minimum oil film thickness determined by equa-
tion (6.2) is only 0.008 pm.

In general, the viscosity of lubricants increases as the operating
pressure rises. The viscosity variation of turbine oil with operating
pressure is listed in Table 6.1. It can be seen that the viscosity variation
is significant and it can be expressed by a exponent function

1 = noexpizip) (6.3)
where

1= viscosity al operaling pressure p
a, = pressure coefTicient of viscosity.
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Values of the pressure cocflicient of viscosity for the normal mineral
oil are listed in Table 6.2. Considering the influence of the
viscosity—pressure characteristics on oil film, the minimum oil film
thickness can be solved from the Reynolds equation

he _ | gol Zumslin +uz) -I:'1 6.4
R .66 R (6.4)

Table 6.1 Viscosity of turbine oll

'r & 5 F : i
Prittiire o T”jlfl _ b
MF We BT W
— L 1 i i
Ambiest 0084 0.021 0.0085
14,32 0.18% 0.042 0.0145
68.65 0.375 0.074 0,025
102.97 0.725 0.130 0,039

Table 6.2  Pressure coeffickent of viscosity 107°= 1./ Pa

| Crefr—alkores base Paraifin hase
Temperaisr |— . - | :
| Spindle | Engine | Heary Spindle | Engime | Heavy
aif off ol all atf il
g 1.‘ | Ca
an e | 24 28 ko | 24 14
B0 I.b 2.0 2.3 1.9 r | 28
) i3 1.6 1.8 14 1.6 2.2

The film thickness values given from this equation are sill smaller
than those measured in tests. This indicates that the o1l film thickness
in the lubrications of rolling cylinders is not satisfactorily determined
by the hydrodynamic lubrication theory of ngid bodies. 1t is necessary
to consider the elastic deformation of contact bodses.

The prablem and basic equations
For convenience a contact problem of two elastic cylinders is equiva-
lent to that of an elastic cylinder near a rigid half—plane, as shown in

mm— ;
L —
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Fig.6.2. The radius of the equivalent cylinder is determined as follows.
The oil film thickness as shown in Fig.6.2(a)

h=ho +he +5p— t e (6.5)
Correspondingly in Fig.6.2(b)
h=ho+ 3% (6.6)

)

X - L]
o 2 12 R
- - : % !
by g = =iy
&

‘l r
o
] |

L] .F'

1

Fig. 6.2 Eguivalent cylinder. (a) two cylinders, (b} equivalent cylindor

in which, the radius of the equivalent cylinder 15
| ] |
— m— a
RE R Ri 83
Similarly, in order to maintain the same relationship between a load
and its displacement, the equivalent modulus of elasticity is defined as

Iy fi=vy =Y

— 4 6.

E, :( i ] (65)
where

E, and E,=moduli of elasticity of the cylinders | and 2 respectively
v, and v;= Poisson ratios of the cylinders | and 2 respectively

Based on these, the original problem is transited 1o that of

hydrodynamic lubrication between the equivalent elastic cylinder and
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& rigid half=plane. i dcs )
For the isothermal elastohydrodynamic lubrication of a line
contact, its basic equations are as follows

Reynolds equation
d (A dpy_ 1 dh
—ma || — T + - ﬁ.';l
dx [\l:'_q .11-} 5 By o o3
¥l film thickness equation
ﬁ=ﬁa+% + v (6.10)

where
v=glastic displacement in direction y.
Pressure—displacement equation

3 5 . .
p= — m;:ﬂ j pis)in{x—s) ds+¢ {6.11)

L

where
¢ = integral constant
x; and x,= pressure region.
Considering equation (6.3) and boundary conditions, then

p=10, when y—=—oo

p=‘i‘1ﬂ_ ={), whenx=ux;

and the equilibrium condition

qr-—_[ I plxdx (6.12)

One may deduce the solution and determine the constant. It will be
described later.

Dimensionless parameiers
If thermal effects are neglected, the oil film thickness is expressed by
the following fanction

L =ﬂ=|' R M, R, L -Er:}

—.r_— —
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For the convenience of comparison, the function can be simplified
by an expression among several dimensionless parameters. Dowson's
expression is commonly used, that is

H, =elU, W, G) (6.13)

where ; :
dimensionless oil film thickness, i.e. film thickness parameter
h
H,= Tﬂ
!i'p-cﬁd parameter

"
'Hh._t:
o=

load parameter

-
i

s

i

=

material parameter
G=a,E,
Using these parameters, Martin equation (6.2) is expressed by

H= 4.4% (6.14)

then, equation (6.4) is rewnllen as
H=168(GUY"" (6.15)

An approximate solution _
Grubin assumed that the deformed shape of the cylinders in the EHL
lubrication will be the same as that in a dry contact, and & high pres-
sure is formed in the entry region to the Hertzian zone. Then, he gave
an equation for calculation of the oil film thickness.

Introducing the replacement variables

Q=—

= = (6.16)
:‘lEu“ expl{ — a;pl

the pressure formed at the entry edge of the Hertzian zone is solved
from the Reynolds equation (6.4)
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Q.. .qﬂ{%i}l {{ﬁ }: HU.M%{:;‘T;] i (6.17)

Considering that high pressure exisis at the entry, exp (—2,p)« |. 50
from equation (6.16)

1
- ——
Q.--s a. E,

substituting it into equation (6.17), the dimensionless film thickness
parameler can be expressed as

_ 19say’"
£ _'_I;..T“Tq

An interesting thing is that the approximate equaltion 15 very close
to the numerical solution which is widely used nowadays.

H, (6.18)

Numerical methods

In the numerical calculation, three basic numerical processes are in-

cluded.

(1) Given geometry of contact bodies or oil film shape obtained from
its previous iterative value, and the pressure distribution is estab-
lished by the integration of the Reynolds equation.

{2} Given or iterated the pressure distribution, the corresponding oil
film shape is determined using the inverse solution of the Reynolds
equaltion.

{(3) The elastic displacements are computed from equation (6.11).

In the computation, process (1) is applied to the low pressure
region, while process (2) is used in the high pressure region. Com-
bhining iterative methods with the technique of modifieation often
leads to satisfactory resulis. The convergent speed varies with the dif-
ferent regions in @ contact area. Generally speaking. in the entry re-
gion, a fairly accurate oil film shape can be found in two or three cy-
cles, but more than ten cycles are needed to find a solution in the high
pressure region.

A program in FORTRAN language is presented in Reference

£26) by the Newton—Raphson method. Numerical examples indi-
cate that the convergent character is satisfactory using this program if
the Hertzian contact pressure and the Grubin solution for a film
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thickness are taken as initial values,

Thermial effecis

The temperature in highly loaded contacts may remarkably increase at
high rolling speeds due to the frictional heat. This will reduce the el-
fective viscosity in the contact. Therefore an increase in operating
temperature of the lubricant will lessen the film thickness. Murch and
Wilson [27) solved the Revnolds equation and the energy equation
by using the following viscosity—temperature expression

J 'Ip'-'hl'-'i':-P = 'ﬁ'r“I-_ r.J (6.19)

where
n=viscosity of the lubricant al temperature T and pressure p
3, = viscosily—lemperature index
T, = initial temperature.
Their results show that the film thickness decreases as the rolling
speed rises and it can be expressed by

H,=C,H, (6.20)

whire
H, = modified film thickness
C, = modified coefficient for thermal effects
, may be calculated by

Egr 104
. ;am (6.21)
2
H" I""'l
Tl it (6.:22)

k

where

k,= heat conductibility of lubricants

L = factor of thermal effecis.

The computed resulis are compared with experiments, as shown in
Fig.6.3.

Hence, the actual film thickness can be determined by equation
{(6.20). In Reference (29) | an oil film thickness between rollers and
the inner raceway in a cylinder roller bearing is given by this method,
as seen in Fig. 6.4. I is concluded that the thermal effects may be neg-
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lected at low or medium rotational speeds, but they must be consid-
ered at high rotational speeds or near the limit speeds of bearings.

R
5 et
‘E 2% I _,:""
f o L
s 1]

—— Murch and Wilson theory
E s = [sosthermal
-_E!_. 4 & Testing
B FE T
b (e i
0.5 1 2 & 16 H 5
Rolling speed., m/a

Fig. 6.3 Thermal effects

The effects of sliding in the contact area on the oil film thickness is
examined by Cheng (307 . His results show that the influence of the
slicing is scarcely observed, and it can be neglected in practice.

Effeciz of surfoce roughness
Any actual surface always has a certain degree of roughness. For a lu-
bricating situation, peaks of a rough surface probably penetrate
through the oil film and directly contact with the opposite surface.
This situation is called partial elastohydrodynamic lubrication.

For the convenience of application, a film thickness parameter is in-
troduced, that is

R (6.23)

g, +a;

where
g, and o, =root mean square values of the roughnesses of the
surfaces of the two coatact bodies respectively.
Experiments indicate that when A is less than three, the effects of
the roughness should be considered. In Reference (32} | the influ-
ence of the surface roughness orientation and values, as well as the
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film thickness on the lubricating load capacity is analysed. The con-
clusion is that transversely oriented surfaces tend to increase the film
thickness and its load capacity, but longitudinally oriented surfaces
have an reverse effect, as shown in Fig.6.5. It should be noted that the
abscissa in Fig.6.5 expresses the ratio of the maximum value of a
roughness to the oil film thickness.

Biagin, pi@

Limiting speed -

|
ﬂ.ll [ T Y M e
i a0 jobn 0 )

L L

Fig. 6.4 Ol film thickmess in a roller bearing

Film thickness in line contact
Dowson presented the numerical solution for an isothermal
clastohydrodynamic lubrication in a line contact. The calculating ex-
pression for a minimum film thickness is

I Gillni

”__ L T“ = 'I..&Tu'lr“ (6.24)
A modified expression was proposed in 1967
h“ = L3 UI'-I:'

Hopp =5 = 2652 a5 (6.25)

whiere

H_.. = minimum film thickness parameter
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b= minimum film thickness.

The shape of a typical oil film and the pressure distribution are
shown in Fig.6.6. In the most part of the oil film region, the film
thickness, called central film thickness or nominated film thickness,
and expressed by by, almost keeps constant. The value given by
Grubin's equation (6.18) is the central oil film thickness. Unless
specially noted, a film thickness mentioned in this book means a cen-
tral film thickness. It can be seen from Fig.6.6 that a constriction in
the oil film at the outlet end exists. Correspondingly, the film thickness
at the constriction, called minimum film thickness,is expressed by
k... Generally, b, =(3 / 4}h. The values given by equation (6.24) and
(6.25) are the mimimum film thickness.

by R g0 w E Ry 0"

— L
s {. 4 —Pure rollings Transversely
B AR i —-Il-;ﬁ.!'.ﬁpfﬂ K.
¥ n -4 ] F -
Transversely E g gitudinally .-
i,
Siconall P e .
8 1 L 9. e
: 7 (]
e a 0.3 0.8 0.08
I.mpl:udim_u}- B by

Fig. 6.5 [Effecis of surface roughness on pressure

As seen from equations (6.24) and (6.25), their coeflicients are quite
different. However, considering that & = 5000 for componenis made
of steel and lubricants of the mineral oil, we may calculate 1.66"" =
2.65G™%. Actually, the same values will be obtained by the two equa-
tions,

The following characteristics are concluded from the elastohydro-
dyvnamic lubrication
{1} Film thicknesses are only shghtly dependent on load. This is one

of the most important results of the eclastohydrodynamic
lubrication theory. As seen from the Martin’s equation (6.2). the
film thickness i inversely proportional to the load, while from
equation (6.24) it is inversely proportional to only 0.13 power of
the load. Fig.6.7 shows differences among these equations. In this
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figure, curve a indicates the method including deformation and
variable viscosity and curve & represents the method including va-
riable viscosity, bul curve ¢ expresses the isoviscosity method only.
The elastic deformation should be considered for contact surfaces
under a heavy load.

Pressure peak

HERTE
Xy

EHL

I £
s ST g i C RS EEEFETLTS

_ HMERTZ region_|
Fig. b Shape of film thickness and pressure distribation

2} The infMluence of elastic contact deformation on an film thickness
is substantial. The minimum film thickness computed from the
EHL theory is much greater than the general hydrodynamic theo-
ry would indicate.

(3} The speed parameter, so Lo say, the product of the speed u and
the viscosity i, of a lubricant at the entry, has a significant influ-
ence on the film thickness and the pressure distribution. As seen
from equation (6.24), the film. thickness 15 proportional o 0.7
power of the speed parameter. On the other hand. even though a
similar relation between- the film thickness and the matenal
parameter exists, the influence of material paramelers 1s nol re-
markable due to the very narrow range of their variation.

{4) The film thickness remains constant throughout most of the con-
tact area. A peak of the pressure distribution at the outlet end cor-
responds to @ constriction in the oil film, The pressure peak is
higher than the Hertzian contact pressure when its speed paramet-
er U= 107", And the peak will move toward the entry in the con-
tact region as the speed parameter increases, Recently, it has been
concluded that the pressure peak has no remarkable influence on
the fatigee life of contact bodies.

(%) The effects of lubricant compressibility are to reduce values of the
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peak and to move it toward the outlet, particularly drastic at high
speeds. The minimum film thickness of a compressible lubnicant is
almost the same as that of an incompressible lubricant. But the
central film thickness slightly decreases.

- — o
« Pure rolling
% » Rolling and
b :l vt 8 o ob sliding
I.. ' G= 5008 i
I' Ihiddle! =
e Elastic -
i
o , - =
T | S T TR TR TG TR

- b B (Theory)
Fig. ©.7 Comparison of calcalating Fig. 6.8 Comparison of caloulation
migthaods with tests

The Dowson's equation has been proved by various experiments.
Fig.6.8 shows the experimental results compared with calculated val.
ues. It can be seen that the satisfactory agreement between them exists
except when H > 107

Film thickness in point contact
The elastohydrodynamic lubrication in a point contact is more com-
plicated. Various rescarchers have given some approximate equations
and numerically computed solutions.

Archard and Cowking first proposed an approximate calculating
equation for the film thickness in @ point contact. This is

]
o ) (6.26)

] “l...lj (o |

where
o = modified factor for the side—leakage
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1 2 R\ 6.2
=(14+5 == 2
@ 7 R, (6.27)
R, and R,=equivalent curvature radii in the directions x and
y respectively
and correspondingly, some dimensionless parameters
W= """E— (6.28)
EqsR,
ol
U= 6.2
E,R, i

Equation (6.26) is still widely applied in engineering, particularly for
rolling bearings

Cheng gave another approximate formula having more valuahle
application for a general elliptic contact, but its calculation is more
complicated. The equation and its constants are the following

H,=cCiGu)" (EE?-—) (6.30)

L]

where
C. m; and n;= constants, listed in Table 6.3
a, b and p,=major and minor semi—axes in a point contact,
as well as Hertzian contact pressure respectively.
Hamrock and Dowson suggested an expression of numencal solu-
tions for the elastohydrodynamic lubrication in a point contact.

Table 6.3  Valves of constants O, m, and m,

ay b 2 n fi3
5 16235 0.74 0.2
2 1560 0,736 | ~0.209
| 1415 0.725 | 0,174
0.5 1.145 | 0688 | =, 066

Central film thrckness parameter
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[_,ur.‘{;m 8T

H. =2 40== (1 = LGle } (6.31)
k

Minimum film thickness parameter

T
f'_+“ L

H__ =36 ) (6.32)

where

k= ratioa / b.

For convenience, the following approximate equation can be used
because g and & are unknown

R [N
k= 1_1}1]‘](;{—' ) (6.33)

E 4

It can be seen that the influentinl relationships among the
paramelers in a point contact are similar to those in a line contact.

All the foregoing analyses are based on an assumption of the ade-
quate supply of lubricants. Sometimes, the volume of lubricant en-
tering the contact is insufficient to form a full oil Nim. This 15 called
sturvation, In rolling bearings, it is not easy for lubncants to be replen-
ished into the contact surfaces between rollers and raceways on lime,
particularly in high speed bearings.

The starvation can be analysed by setting different lubricating
boundaries. The lower integral limit in equation (6.11) may be taken
as =5 to reflect the adequate lubrication. As shown in Fig.6.9, an entry
boundary is expressed by m. The numerical computation indicates
that the film thickness will start to decline when the m is reduced to a
certain value m” . The value m - is taken from Reference (400

e N R \ 1 [ ]
m =+ 3“51[ fT | ff,,] (6.34)
(il
T .R‘ - | In'.ﬂ. 2
m® =14+ _t__u[ () el] (6.35)

in which, & is determined by the lollowing equation
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: =y

b= [ L I (6.36)
nk .E" t}':—. =+ -H_I“ }

3 R, -

I:=|+; R_ (6.37)
iLubricating boundarics

o §
-
¥
Comiact area
L]

Fig. 6.9 Entry boundary of lubricants

Ifm<m”,ie the lubricant starvation, the film thickness should be
maodified by a reduction factor

s Fm—1\""
Hy=Hy =] (6.38)
wm — |
(m—1 \**
e = e s (6.39)
N, =]

where
iy, =central ilm thickness parameter in starvdition
H ., = minimum film thickness parimeter in slarvation.

Traction force in elastohydrodynamic lubrication

Besides the caleulation of a film thickness in elastohvdrodynamic
lubrication, the prediction of a tangential traction force is another im-
portant topic, which is still very attractive to many researchers. Typi-
cal experimental curves of traction forces are shown in Fig.6.10. The
experiments were conducted on the testing machine of two disc type.
The following symbols are introduced: relative sliding velocity Au
= tiz=uty, shiding—rolling ratio Au /" u, normal pressed load between the
two discs 0 as well as traction force F.
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Fig. 6,10 Typical curves of iraction forces

It can be seen that variation of the traction coefficient with the shd-
ing—rolling ratio i1s more complicated. In general, the variation is di-
vided into three regions: 1 is a lincar region, in which traction
coefficient initially increases linearly with sliding. And then, Il isa
nonlinear region, in which the rate of increase of the traction
coefficient declines as the sliding velocity increases. The coefficient
usually reaches its maximum value. Finally, [l indicates a thermal re-
gion, in which the rate of increase of the traction coefficient continues
to decline, or becomes even slightly negative. Thermal efTects must be
taken into account in this region.

Except for the linear region, traction forces calculated by a Newton
fluid normally are much higher than their experimental values. There-
fore. it is not suitable to compute traction forces in high speed bear-
ings by using a Newton fluid. For the improvement, various nonlinear
viscous—plastic lubricant models are introduced. A satisfactory
agreement between the theory and experiment may be obtained in two
disc testing by these models. However, due to complex relationships
between the shear stress and the shear strain rate, much sophisticated
computation is needed for varnious machine components like rolling
bearings.

Besides using different nonlinear lubnicant models, some other
ireatments can also be applied for the calculation of rolling beanings.
In a simple way, it is permissible 10 assume a constant value of the
wraction coefficient, such as 0.007, in order to obtain some Approxi-
mate or qualitative results. Alternatively some semi—empiric formulae

Elastohydrodynamic hubrication in roliing bearings 145

are used to simulate the relation of traction and sliding. As an
example, assuming the traction coefficient s a function of the
Hertzian contact pressure and the sliding—rolling ratio, Reference
(44 gives the following expression

B B=p, |
f= .{.ﬁump{— —Ef" }[ | —exp (—Bf-"- H
[49] + D[] — exp( — CAw})]| (6.40)

where. A, B, € and D are constants for a particular lubncant.

The adjustment of the constants often means that they fit in with
\ests sufficienily. In the dynamic analysis of high speed ball bearings,
using equation (6.40) for calculation of the traction force can give sat-
isfactory results.

Experiments and measurements in elastohydrodynamic lubrication
Owing to very small contact regions and extremely thin film thick-
nesses. it is not convenient 1o measure lubricating parameters in the
EHL lubrication. During the previous decades, a number of meas-
uring methods, which are used for measuring the thickness and the
shape of an oil film, the pressure distribution, the traction force, the
temperature distribution, etc., were developed. Mosl of them were
based on two disc machines.

Measurement of film thickness
Generally, electric—resistance, electric—capacitance, X—ray and optical
interference methods are applied.

Electric—resistance method.

A certain value of voltage such as 100 mV, is applied between (wo
relatively rolling bodies. An oil film thickness can be determined by
measuring the electric current across the oil film. The main weakness
of the resistance method is that an oil film resistance is connected with
the voltage applied, temperature, pressure, additives in the oil, as well
as the surface roughness of the contact bodies. Therefore, the resist-
ance method usually cannot lead to a satisfactory measurement of film
thickness. Secondly, this method only gives a signal to show whal
magnitude a film thickness is, while the shape of the oil film cannot be
detected. The advantage of the method is to judge whether an oil film
is formed or not. Up to now, the electric—resistance method is still
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used, particularly in partial elastohydrodynamic lubrication.

Electric—capacitance method. x

The basic principle of an electric—capacitance method is simple. An
oil film thickness can be deduced from measurements of the
capacitance among the disc, the oil film and the opposite disc using a
low=voltage, high—frequency signal. Various clectric—capacitance
methods have been developed. Omne of the methods is shown in
Fig.6.11. The measurement is conducted on a machine of two discs
composed of a glass and & steel discs. A thin platinum efectrode, hav-
ing a width of 0,025 to 0.05 mm and a thickness of 0.1 to 0.15 ym, is
evaporated onto the glass disc. The film thickness may be determined
from measuremenis of the electric—capacitance, The film shape is por-
trayed on an oscilloscope when the platinum electrode sweeps over the
whole il film region during the running of the lower glass disc.

X—ray method.

Fig. 6,11 Electric-capacitance method Fig. .12 X-—ray method

Another effective method is based on a direct X—ray transmission
technique. As shown in Fig.6.12, a beam of X-ray having a width of
0.076 pm passes through the oil film and the amount of the X—ray
beam 18 measured by a radiation counter in order 1o deduce the film
thickness. A major advantage of this method is that there is no limit
on disc material. Therefore the effects of different elasticity moduli of
materials are avoided.

Optical interference method.

An optical interference method can be applied to measurements of
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the film thickness in point contact. As shown in Fig.6.13, an optical
glass presses onto a steel ball and a beam of single—colour or laser
light passes through the glass. Based on the Newlon—nng effect, opti-
cal interference rings occur. Dark colour rings are displayed when the
film thickness h=mn4i / 2cosfl. In which, n is the strip order of the inter-
ference, A expresses the optical wave length and @ angle of the optical
refraction. On the other hand, bright colour rings are displayed when
b= (m+1/ 2y-4 7 2cost. The thickness and the shape of an oil film can
he deduced. Optical interference methods are widely used in engi-
neering application. For example, the film thickness in a thrust ball
bearing can be measured by this method if a piece of transparent ma-
terial is embedded into the upper raceway of the beanng.

Single calour light

Fig. 6.13 Optical interference method. (a) key diagram, (b) optical interference
dizgram

Measurement of pressure distribution

Various methods, including small=hole measuring, electric—resistance
and optical elasticity, are used. In general, the purpose of measuring
pressure  distribution is to examine the elastohydrodynamic
lubrication theory.

Small-hole measuring method.

Using very small hole connected with a indicator, we may measure
the pressure in an oil film. The small hole can sweep over the oil film
region to determine variation of the pressure. The less the hole diame-
ter, the higher the measuring accuracy will be. Fig.6.14 shows the
measunng principle of this method.
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Electric—resistance method.

This is similar to the electric—capacitance method for a film thick-
ness measurement. A thin constant strip, having a width of 0.05 mm
and a thickness of 0.025 to 0.05 um, is plated onto the glass disc. The
electric resistance of a strip is approximately 4400 ohms. Variation of
the transverse section of a constant sirip under pressure will effect its
electric resistance. Therefore, measurements of the resistance may give
the pressure in an oil film. A pressure distribution can be displayed on
an oscillopscope when the strip sweeps over the oil film region.

Optical elasticity method.

A pressure distribution can be measured using interference sirips of
the polarized light. The weakness of this method is that epoxy resin
should be used for this. As we know, its modulus of elasticity is much
lower than that of steel.

A direction

$| {0,025
i

Fig. 6.14 Small-hole measaring method

CALCULATION OF FILM THICKNESS
IN ROLLER BEARINGS

In a roller bearing, relative rolling and sliding at contact surfaces be-
tween rollers and roceways usually exist under high contact pressure.
The Hertrian contact pressure normally ranges from 2000 MPa to
4000 MPa. These conditions should be analysed according to the
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elastohydrodynamic lubricat ion theory. ; :

In general, contact between rollers and raceways in a roller bearing
belongs to line contact. Calculating equations of the minimum film
(hickness, i.e. equations (6.24) and (6.23), may be applied for these
conditions,

Main steps for the calculation of film thickness are as follows
(1) To caleulate maximum rolling element load.

For a roller bearing subjected 1o radial and axial loads
simultaneously, its maximum rolling element load can be calculated by
equation (4.71). that is

Q,™ F = f.‘ . {4.71)
¢ J (e)fcosa J (e)Zsinx

Values of J.(¢) and J,(£) are given from “_i‘uhh: 4.3, [‘.nrr:eipun_rding_ly.
the rolling element load at an angular position ¥ from the acting line
of loading is

15
0, =0, 1-5:0 "cnﬂ.ﬂfi] (4.64)
(2) To determine line density of load distribution
G % (6.41)
(3) To enumerate equivalent curvature radius.
From Table 2.6, the equivalent curvature radius
r 3 3 i B v I
= - g —"—] =—-(1F7) (6.42)
- L’J, ~ Drsea } 2 !
——— e ﬂa
CO%X
where
ﬂﬁ
-‘1 (=} —D'— m

In equation (6.42) the upper sign refers to the inner ring and the
lower sign refers 1o the outer ring.
{4) To evaluate average velocity.

Assuming that the centre of a roller is fixed, we may consider the ve-
locity relation shown in Fig.6.15. For the condition of the rotating in-
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nér nng. the average velocity at the contact between rollers and inner
or ouler raceway upon equations (5.5) to (5.7) can be expressed as

u=-=np_[1- ﬂf-*uz: =L 4D e

-

(3) To introduce equivalent modulus of elasticity
£

| ="

E, = (10.13)

g E=2107 x I'IEI-5 MPa, ¢= 0.3 for the contact of steel (o steel, therefore
Ey= 225 % 10" MPa.

1 |
1 [ o ﬂl.'l:. _...h._-_,.--.-_,:.____ .

Fig. 615 Velocity at a contael

(6] To select lubricant parameters.

Mo 15 the viscosity of lubricants at the inlet, in the unit of Pa - 5.

?td i5 the pressure coefficient of viscosity. a,=0.5x 107" 10 3.6x
101/ Pacan be used for estimation.
{7) To work out dimensionless parameters.

From equation (6.13)

| j fr
B g ”*=FD
r_F;|'“HI -
7 TS S
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=g B,

In the calculation. it is necessary to consider the roller contact with
inner or ouler raceway respectively
%) To obtain film thickness.
Substituting the above data into equation (6.18) yields the central
film thickness parameter. And equation (6.24) or (6.25) gives the min-
imuim film thickness parameter.
As an example, the minimum film thickness can be calculated from
equation (6.25).
Fora roller and inner raceway ‘
3 (LR L]

b =015 0 ) DYDY =) 0+ (644)
i

For a roller and outer racewiy

o = W)

8y 1 ' WK} T E‘
B =0.154a (1,0 ) DD (1 ) =0 N (649)
g

It can be seen that a ratio of a film thickness at inner raceway o

that at outer raceway is
h,.) o e 2
bl L4 BEVY [ Tt 2 6.46
(k) ‘-.] +',-'.J (6.45)

I'he value of the ratio is less than 1. Therefore, normally only the
film thickness at a contact between roller and inner raceway iS5 exam-
ined

Units in the above equations: by, By and D, inm, o in 1/ Pa,
e in Pa * s, a, in ¢/ min, Eyin Pa, g in N/ m.

Example. A cylindrical roller bearing, roller diameter 16 mm, effec-
tive length of a roller 15.4 mm, number of rollers 16, pitch diameter 82
mm, radial load 1000 N, rotational speed 2500 rpm, viscosity of lubri-
cant 0.02 Pa » 5, pressure coefficient of viscosity 2.3% 107°1 / Pa, cal-
culate the minimum film thickness at a conlact between a roller and
INner raceway.

From equation (4.71), the maximum rolling element load

F, 10000

B - = . Tah M
J (e)Zcosx 02453 = 10 4076.6 N

2,
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From equation (6.41), the load at each effective length of a roller

_P. 40766

= i TN/
T T 0018 64717 N/ m
Substituting inlo equation (6.44) gives the minimum film thickness
at a contact between a roller and inner raceway
Wk
b =0.054a) (ngn ) BB (1 - 0"+ 0

V" *10.02 = 2500)" " (0.016)" ' (0.082)""
‘2:5 » Iﬂ“ ' - 3l

Bl

264717

= L1 54(2.3 x 10

% (1 —0.195)" (1 +0.195)" x

- 4.19% 10 'm

that is, the minimum film thickness by, =042 um.

CALCULATION OF FILM THICKNESS
I™N BALL BEARINGS

Im a ball bearing., contact between balls and raceways belongs to poimnt
coniact. Calculating equations of the film thickness at point contact in-
troduced in the first paragraph of this chapter may be applied for this
condition. For convenience, equations (6.31) and (6.32) can be used.

Main steps for the calculation of film thickness are as follows
(1) To calculate maximum rolling element load by equation (4.71).
(2) To enumerate equivalent curvature radius.

The equivalent curvature radius in the rolling direction of a ball is

- Mg
R, ==+

It is the same as equation (6.42) that the upper sign refers to the in-
ner ring while the lower sign refers (o the outer ring.

For the contact between balls and inner raceway, the equivalent
curvaiure ridius in the direction normal to the rolling of the ball is

n
R =2

[G.47)

2, — |
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For the contact between balls and outer raceway

I.BD
S A (6.45)
Hl :Irr = 1

The elliptic ratio at the contact is estimated by equation (6.33). That

15,
R [\ 15"
k= I.ﬂ!!‘?( ) (6.33)

R,
(3) To evaluate average velocity. ey
i4) To introduce equivalent modulus of clasticity.
%) To select lubricant parameters.

{6) To work out dimensionless parameters.

Expressions are

h _'h:..
,'-I_=R_..Ir 'Ha 'Ru
L|.=i".l_'.—; H-"'=—IE'T

E.R. E,R’
G=a E,

It is necessary to consider the ball contact with inner or ouler
raceway respectively.
{7} To obtain film thickness. _ : ;

Substituting the above data into equation {h_._‘rI] yields the n:n'EmI
film thickness parameter. And equation (6.32) gives the mimmum film
thickness parameler. ;
{%) To consider a reduction factor for starvation. _

Estimating the inlet position m of lubricant @t the contact region
upon the actual operating condition, we may _:;a_lu:uial:-: the value of
m using equations (6.35) to (6.37). Then, the minimum film thickness
parameler for starvation is

023

o =H . (=) (6.39)

v — 1
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ESTIMATION OF FILM THICKNESS
IN ROLLING BEARINGS

In the previous stutement, the film thickness parameter A expressed by
equation (6.23) indicates the formation degree of an oil film
lubrication. To increase the reliability and the life of bearings, it is
hoped to thicken the film thickness in bearings. But the calculation of
a film thickness is more complicated and it is necessary to know the
relevant values of internal geometric parameters in a beanng. For
simplicity, an estimation method is proposed. Even though only an
approximalte vilue is given by the method. it is a relatively reliable way
of telling what kind of lubricating condition will occur in a bearing
Film thickness parameter A may be estimated by the following
ﬂ.tl.l.'llH.'ll'l
A=K.D_(x,qn)"p; " (6.49)
wherne
K, = constants connected with bearing types; as listed in Table
.4
(xya)" ™ = values shown in Fig. 6.16 depending on Kkinematic
- viscosity of lubricants al operating temperature
n, " = values given in Fig.6.17
Fy= equivalent static load of a bearing, in N.

Table 6.4 Valuesof K,
I

Bearing Hype K, | Bearing rvpe K,
Deep groove ball Cylindrical rofler

bearings 2210 beartmpgs 2330
Sell~aligning ball Tapered roller

bearings 1210 | bearings 2210
Angular contact ball Thrusi ball

bearings 24600 beanngs 1970
Spherical roller Spherical roller thrust

beanngs Jrog | bearings pi. ¥
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Table 65 Valwesof P, "~ Symbols and their explanations are listed in Table 6A.1. Two groups of input data
arc
Fy e I Py | P, P (1} data for the calculation of load distribution, including ball diameter, number
0 | osl 150 | 054 000 | o050 of balls, diametral clearance, radial load, groove curvature radius, the con:
15 0.78 20K 0.62 3000 0.49 stants marked the inner or outer ring. ¢1c.;
S 5] 0 0.50 4000 047 {2y data for the caleulation of film hickness, including pressure cocfficient of
i | n'-'r-: o 0. 2008 046 viscosity, viscosity, modulus of elasticaty, patch diameter, rotational speed of
ﬁ I g;ﬁ { ﬂ E;‘l m g:\? gn inner Fing, curvatlure rdius coellicients of r:'..*rnag.- grosnves, elc, |,
60 I 069 | B0 | 0.5 | 10000 .44 Setting H =0 means that only the load dsinbution in & bearing i n:nmpulr:-c L
= o A N AT I 0.42 | indicates the group order of the groove curvature radius, lts corresponding val
= o . L 1 L W A ues of coefficients are listed in Table 6A.2.
The film thickness parameter has a very important influence on the Table 6A.1 Symbols in the program
bearing fatigue life. Fig.6.18 shows experimental resulls of these effects .
£29J.. Symbols | Varisbles Explunation
D | S Ball diametes
. Fi Fd Mumber of balls
: U i, Drametral clearance
1 F F Radial load
i I CGiroup order of curvature
2 I C A Pressure coclfficiont of viscosity
E - K ] Viscosily
= E Ey Equivalent modulus of elasticity
B -4 Lo o, Pitch diameter
i b n Raotation speed
a,l R i
P w
T==Y 1 ] ST 0 (4] Contact load
e S H I fior outer ring 2 for inner ring
Lt i Contact deflection
Fig. .18 Effects of A on bearing life T L |
Al J=27—N+27 indicates contact load,
s Fm b0=—=N-460 refers to film thickness

Computer program of film thickness in rolling bearings
As an example, o program in BASIC language is writien for ealculation of the
load distribution and the film thickness in o deep groove ball bearing. It can be 2 P

fun using a PC1211 pocketable computer T lsaTan | o% TR I Tl ol o5 | 0
|. Symbols and inpul daia | : e | |

Table 6A.27 Croup arder of groove curvature radios

N N T A e B I

Bed
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4. Program

A program is presented in Table 6A.3. It is composed of a main program and two
subroutines. Statements 10 to |18 are input data. Statements 20 1o 635 are for the
n::ln.ll_l.tr-un of conlact deflection coeffichents. Statements 70 15 170 are for the
iteration of load distribution in a bearing. Statements 175 1w 230 are for the calcu-

lation of film thickness. Subroutines include the Simpson integral and the
function.

Table 6A.3 Program

10 TNPUT"D="; D, "Z="; Z, *U=*; U, *“F="; B, “I=": I
‘H="; H
15 [IFH =00G0TOX
153 INFUT"C="; C,*K="; K,“E="; E."O=": 0, *V=": ¥,
‘R="; R

M IFl<=YLETS=0.194207228 : GOTO33

25 IFl==6LETS5=0241252263: [ =1=1: GOTD 1%
W IFle=9LETS=02720217T285 [ =] =4

15 FORW = | TOI

4 S=5s [0AQW)

45 Y = [NT (%)

3 S={5Y)10A0W)

55 MNEXTW

6 5 =Y/|0ES

65 S=5/DA{1/3)

MW Q=dieF/ 7T

B G=5=0QA02/0)

B Te=(I=U /(2= G+UY) /2

W G0 SUB400

Iy W=F/Z/)

11e  IF ABS(Q-W)>=F = 10E= LETQ=W : GOTO 7%
18 P=2sg/7
130 MN=INTL/P
135 ¥=T
140 FOR I=17TO N+27
130 AM=We(l=1/2*{l—cos(P={1=27T10)/ Y1\ 1.5
155 T=I180=P={I-27)/=x
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icontinued§

160
170
175
180
1590
195
2060

| S
=2

- :-u' b
g -
L]

A
Tt

-3

420
450
40
450
6l
470
475
450
455
4590
500
510

PRINT“P=": T:.."Q=". All)

NEXT 1

IF H=0GOTO 23

A=ReD /(2 R=1)

IFH=2LET X=D=(1-D/0)/2
IFH=1 LETX=D= {l+D/0}/2
Beiais CAONES S EAQNIIT (Kexs 120 « O (I{D 7 O
2))./\0.68

FOR 1= 60 TO N+60

Ally=B = X0 0466 = (1=1. EXP{0.703 = (A7 X)/O0063600 0 A(T=33)
M007

T=180+=P= (I-60)/ =

PRINT“P="; Ti*H=": All)

NWEXT1

END

IFT=1LET L= GOTO 4340
L=ACS(l=2+ Tk M=5§

B=L/ /M2

A=k X=0. GOSUB 30

A=Y+d: X=X+B GOSUB 500
A=Y v diA: X=X+B

IF(l=1 /2T = {l=cosX}j=<0 GOTO 473
GOSUB 500

AmYan D M=M=

IF M < = 0GOTO 440

J=A«B/3/m: BEEP2

RETURN

YupoeX o (1=1T/2# (1=ocoaX)) 1.5
RETLRN

i, Explanation
Similarly, the program can be applied for the calculation of the lond dminbution
and the film thickness in a cylindrical roller bearing using replacements of equa-
tions (4.1) and (4.23) as well as the film thickness equation by the corresponding
cquations of roller bearings

Units used in the program: Dy, u, D, and & in mm, F in kgl 5 incp, a, in
mm’ ¢ kgl, B in kgl / mm’ and n; in rpm.




CHAPTER SEVEN
Contact fatigue

Generally, rolling bearings have various models of failure, such as
contact fatigue, wear, corrosion, over—heal, accuracy loss, friction
moment increase and severe vibration or noise and so0 on. For
example, wear often occurs due 1o dirt or foreign particles entering the
bearing; and severe rust takes place when water or acids enter the
bearning. Some of the failure models can be avoided through proper
design and correct maintenance. But others, like the contact fatigue,
cannot be avoided completely. Generally speaking, if a rolling bearing
is working in proper loading and lubricating conditions without abra-
sive and corrosive reagents entering it, then its major model of failure
is the material fatigue of its rolling surface layer after a certain running
lime, i.e. contact fatigue. Therefore, the life of a rolling bearing means
its fatigue life, that is, the total number of revolutions, or the number
of hours at a given constant speed which the bearing is capable of en-
during betore the first sign of fatigue appears at any rolling surface of
the bearing.

The contact fatigue behaves like the common material fatgue, such
as life dispersion, stress dependence on life etc. On the other hand, the
contact fatigue has its own characteristics, which mainly are uneven
stress distnbution concentrated on to the surface laver, close relation
to the geometric pattern and the physical property of contact surfaces.
Hence, contact fatigue is more complicated than normal material fa-
tigue. Up to now, the mechanism of contact Matigue is still 2 research
pfﬁj:ﬂl.

In the early stage. it was supposed that a fatigue crack is initiated at
a place where shear stress is maximum, And then, it propagates to the
surface and spalling or pitting will occur. This is called the maximum
static shear stress theory.

Later, Lundberg and Palmgren proposed the maximum dynamic
shear stress theory, which explains that the occurrence of a fatigue
crack depends on the maximum orthogonal shear stress parallel to the
rolling direction at a certain depth below the contact surface. As it
propagates to the surface, spalling or pitting will sccur  (16) . On the
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hasis of this theory, a more complete calculation theory regarding the
bearing fatigue life is established using probability and shatistics. !.Jp
to now, it has widely been applied to the life calculation of rolling
bearings and is specified in 150 Imtrna.liqnnl Sl_:md:u'd_s £49) .In
the first paragraph of this chapter, the maximum dynamic shear stress
theory is introduced. .

DE to the development of the advanced metallurgical technology
and detective methods of cracks, it is found that fatigue cracks initiate
not only below the contact surface I:u'f also at the contact _:urfa_-:e.
Upon this assumption, Chiu and Tallian proposed an engineering
model of contact fatigue and established its basic calculating method
€513 . €52 , (53) . This model will be described in the second

i h.

FHT:I::ply the concept of the fracture mechanics to the contact fa-
tigue is a very important progress. A summary of the statistical frac-
ture theory of the contact fatigue is explained in the third pI:Lra.g.raph.

In the last paragraph of this chapter, the effects of various factors
on the contact fatigue life will be mentioned.

THE MAXIMUM DYNAMIC SHEAR STRESS THEORY
OF CONTACT FATIGUE

A typical contact fatigue spalling is shown in Fig.?-l.lTh-: sizes of a
;pai';!:;am pitting and its depth are connected either with loading and
lubricating conditions or with the initial defect distribution of the
bearing material. As a fatigue spalling occurs, uneven running and
uncommon vibration or noise take place. Therefore, the occurrence of
the bearing fatigue is generally detected or monitored by vibration and
temperature measuring instruments.

Life distribution of rolling bearings _ P
A great number of experiments indicale that the fatigue life is highly
dispersive. It is evident from both tests and practical applications ihat
seemningly identical bearings operating um:]cr the same conditions have
quite different lives, such as the longest life may be ten oF even hum-
dreds times more than the shortest one. Hence, it is necessary 1o Lreal
the bearing life as a random variable by statistics. Generally, the bear-
ing life means a life at a certain pmhal:ilil}_nf survivil, such as l]‘ﬂl
Some symbaols relating to the bearing life and their definitions are

described as follows:
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L="bearing life, as a random variable. This means the total num-
ber of revolutions, or the number of hours at a given constant
speed, which the bearing 15 capable of enduring before the
first sign of fatigue appears at any rolling surface of the bear-
ing.

L 1w = rating life. Thizs means the total number of revalutions, or the
number of hours at a given constant speed, which the 20% of
a group of identical bearings may endure or exceed before any
fatigue damage occurs in the bearing.

Lw =median life. This means the total number of revolutions, or
the number of hours at a given constant speed, which the 50%
of & group of identical bearings may endure or exceed before
any fatigue damage occurs in the bearing.

L. =mean life. Which means the average life value of a group of
identical bearings. Due to the bearing life distribulion is
asymmetric, L, is not equal to Ly,

Lebprimphn e t]], I

Fig. 7.1 Cantact fatigoe spalling

The probability of survival may be calculated according to the fol-
lowing
g=de 7.1
N (7.1}
whene
N, =number of bearings enduring or exceeding the life £,
N=1otal number of bearings in a group.

L, expresses the life corresponding to the probability of survival.
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Customarily, the number 100 (1-5) is used as a subscript, s_m:h as
§=0.90 corresponding to the bearing life Ly, For a singhe bearing, the
probability of survival is that the bearing may reach or exceed L. This
is also called life reliability.

The probability of failure is

F=1-§ (7-2)

Experiments prove that, the life of a group of identical bearings un.
der the same loading follows the Weibull distribution function with
two parameters, that is, the probability that the bearing life is bess and
equal 1o L8

Ly
L=]—:x[-{— ] (7.3)
FIL) ol - (5)
where i et ;
¢ = slope parameter, which expresses the life dispersion of a group of
beanngs

fi = characteristic parameter, which corresponds to the bearnng life
at failure probability 0.632. :

Freudenthal and Gumbel approved the validity of equation (7.3)
based on the statistical theory of fatigue. For the convenience of
evaluation of the fit of the test data to the Weibull distribution and es-
timation of parameters in the Weibull distribution, a probability paper
of the Weibull distribution is often used. Equation (7.3) may be lrans-
formed into the linear relationship

L - pigl —elgh — 036222 1.4)
tEJEl_—F‘{_E-i elgl. — elgh —0.3622 {

On a logarithmic paper, the vertical axis is taken as the value of
lg(1 / (1=F(L))) and the horizonlal axis is taken as the life L. Then,
this is called the Weibull probability paper. )

Fig.7.2 shows the life test results of two groups of bearings, the
bearing designation 6208, 37 sets and the designation 6202, 21 sels. It
can be seen that the test data are randomly very close to straight lines
and this indicates the test data follow the Weibull distribution. _

If L= L, then §=0.9. Substituting it into equation (7.3) and using
equation (7.2) gives
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Igé = 0.0458 (ﬁr-}' (7.5)

5
_E. Given the raiing life of a bearing and the slope parameter, the bear-
g Lo ing life L corresponding to any probability of survival i.e. reliability,
] can be deduced by equation (7.5),
4 Tallian analysed the life test data of 2520 sets of bearings with dif
Y ! E ferent types. Each group of the test data is normalized by the follow-
. " ing variable replacement, i.e.
23 g L \*
1 g E i ¥ - ("LT) In2
s |z g © 'E thest, the normalized test data are compared with the exponent—type
HHHH = & g disbribution
x"? 52 E E F= |=exp(—y)
M"‘ E £ e % The results express that the normalized lest data fit the
g 2 exponent—type distribution quite well within the range £=0.40-0.90.
s | At the high probability of survival, the test data deviate from the
S\ ] 2g ¥ I straight line towards the longer life side, as shown in Fig.7.3.
X r
‘ﬂ ﬁ E L F E I-u-f"]!W.u
™ Sls i |
L e i 2 e 5. 00 5.0
. 8 =
£ ﬂ . g
Eﬂ =
IEIIIE s
ST FEEEST F semeEe wewea
T rd 2 nE'-“:i

{l_,,.,ju. g
o, o000 0,801

o.ai

FuiLliLal* InT

Fig. 7.3 Evaluation of life distribution
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It was assumed that y has a fxed value 0.004 when F<20.1%, ie. §
~99.9%. Respectively, the minimum life is:

for ball bearings L. =0.053L,,

for roller bearings L., = 0.055L,;

Dwnamic load rating of a contact

On the basis of the Weibull statistical theory for matenial strength,
Lundberg and Palmgren proposed that the occurrence of a fatigue
crack depends on the maximum dynamic shear stress parillel to the
relling direction below the contact surface and the depth at which this
shear stress exists effects the probability of failure, Empirically, the fol-
lowing relationship is assumed

i o
=) (7.6)

where
T ™ maximum dynamic shear stress
sy =depth of the maximum dynamic shear stress
N=number of stress cycles = 10/
F=volume under stress
¢, ¢, h= unknown exponents.
Considering the variables on the right side of equation (7.6), the
maximum dynamic shear stress 1, and its depth are expressed by
equation (3.49). The number of stress cycles is

Mot ul (7.7}

where

u=number of stress cycles per revolution

L = fatigue life per million revolutions.

Then, it is assumed that the boundaries of the stressed volume are
the width of the contact ellipse 2a, the depth z, and the raceway
length £, that s,

Vataz, | (7.8)

Substituting this into equation (7.6) and using equations (3.14),
(3.18) and (3.19) yield

Comtact fatigue &7

R L )

{ _"Im_m: i,
, kel
s {—"?—] T 1175 e (7.9)
i
where
T=?u '.F.:.
L=z, /b

5 S e i Sl )
Boisa 2t B, E,
{0 = rolling element load :
D, = raceway diameter at the contact point
m, and m, = constants in the Hertzian contact formula. _
For the application of a given bearing, the probability of survival 5
s a constant. Considering the point and line contact conditions

separately, one may express T and { corresponding io b/ a=0 and
bh/a=1as Ty {; and T, {; respectively. Then, for point contact

. EER—J
QLe-k+1 =4 Q) g-b+3 (7.10)
where
A, = material constant
and
Ep-‘.".‘.'_.: B e
¢ A s =110 L] < =N
® = (T—j () L“—}—*—"] (7-11)
T,/ \§ m. m, b,

The dynamic load rating of the contact between a rolling element
and a raceway is defined as the load which the contact will endure for
one million revolutions of a ring. Then, the dynamic load rating of a

contact is
Q. =A ®DF bt (7.12)

Combining with equation (7.10) gives the following relationship be-
tween the rolling element load and the bearing life
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g=—h+3
iy (‘%r] @ (7.13)

Similarly, for line contact
s

QL4¥1 = B, ¥D; (7.14)

L etd=1 D =
"|"='[{ﬂ.l.ﬂi ! D- u'] (7.15)

1
Q. =B WD-Wrv]e=ber (7.16)

L= (%)* (7.17)
where ;

, =effective length of a roller
8, = matenal constant connected with A .
Equations (7.13) and (7.17) may be written as an unified form

2.\
e (‘@r) (7.18)
where
for point contact
[t U -
i (7.19)
for line contact
—h+ 1
= rT (7.20)
Determination of exponents

It is necessary to decide exponents ¢, k, ¢ and p based on test results.

Slope parameter ¢
A number of tests indicates that  is valued at 1.1 1o 1.5. For the excel-
lent quality of material, such as the vacuum degassed sieel, the higher
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value of e is taken. Palmgren suggested that e= 10/ 9 for ball bearnings
and =9/ 8 for roller bearings. Lieblein verified the validity of the
value of ¢ by a statistical method (58] .

Life exponent p b
Life tests under different loading levels indicate that p=3 refers to
point contact and p= 4 refers Lo line contact.

Exponents ¢, h . !
Substitution of values of ¢ and ¢ into equations (7.19) and (7.20) yields
c=fm B

Material constants ¢ and b are not dependent on conlect conditions.

On the basis of life test results for ball bearings with different values of
D, it should have
26 ER=S
e=h+2

Then. values of ¢ and k can be deduced, as listed in Table 7.1.

1.8

Table 7.1 Values of exponents

Cowtact condition P e € h
Foint contact 3 mws9 11/3 T/3
Lime contict 4 | 978 ns3 173

Substituting the above values of exponenis into tqugtil:m.s (7.12)
(7.11), (7.16) and (7.15), regarding the dynamic load rating of a con-
tact yields:

for point contact

(o ] ...a’
Q,.=4,9D, {1.21)
oy [’T_u'}” (:::_\}:H mi'm:’ D_j “H_, 3 (.22
AT NG o0 T \P.
for line contact At
g =8%D, "I"" (7.23)
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§ ﬂ'« Y =
W= !Dﬁipl i T } 1 (7.24)
B, =35174," "

ENGINEERING MODEL OF CONTACT
FATIGUE FAILURE

On the basis of the Manson—Coffin Law, reflecting the relation be-
tween the plastic strain caused by a defect and the fatigue life, Chiu
and Tallian analysed the stress concentration due to the defects below
and at the surface and proposed an engineering model of contact fa-
tigue failure. Some assumptions are introduced during its derivation.
Even though the empiric constants are hardly 1o be determined, it can
offer the satisfactory explanation for several influential factors.

Various propagation modes of contact fatigue
Chiv and Tallian divided an entire contact fatigue process into three
stages, i.¢. the initiation of fatigue cracks, the propagation of fatigue
cracks and the formation of fatigue spalling. At the first stage, the fa-
tigue crack is initiaied around a defect existing below or at the contact
surface. And at the next stage, the crack is gradually propagated. Al
the last stage, the crack is propagated rapidly and a spalling is formed.
~ As mentioned above, Palmgren proposed that fatigue cracks are in-
itiated at the depth where the maximum dynamic shear stress occurs
below the surface and are propagated to the surface, eventually form-
ing a spalling. The assumption was verified by some metallurgical ob-
servations of fatigue damages, such as described by Martin  (59)
Since the late sixties, the spalling formed from the initiation of a crack
below the surface has gradually reduced due to the improvement of
material quality. On the other hand, the spalling formed from the ini-
tintion of a crack at the surface is often found. These enlighten us on
the consideration of different crack propagation modes. The fatigue
failure is the combind result due to the two crack propagation modes,
1e. crack initiations below and at the surface.

The propagation of the crack initiated at the surface can be divided
into two conditions.
(1) Cracks caused by surface pre—defects, such as surface pre—crack,
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furrows formed in the manufacturing process, indenis, mclusions
near the surface, ete. These defects lead to cracks and spallings due
to effects of the stress concentration under the reversal action of
the contact pressure.

(2} Cracks caused by the contact between asperities al the opposite
rough surfaces. Due to the contact of asperities at the rough sur-
faces during the operatling process, surface defects, such as
pittings, dents etc. are formed as a result of the eftects of the stress
concentration. And then the defects are propagated and a spalling
HOCUrs.

Chiu and Tallian calied the defect below a surface by name defect
A. And respectively the surface pre—defect by name defect B, the de-
fect due 1o the asperity contact by name defect C.

As a result of the combination of various crack propagation modes,
the contact fatigue life, in the unit of number of stress cycles with a
certain probability of survival can be derived

N "=N_"+N" (7.25)

where
N= contact fatigue life St
e=slope parameter in the Weibull distribution
N = contact fatigue life initiated from the defect at the surface
N =contact fatigue life initiated from the defect below the surface.
Equation (7.25) is derived by the product law of probability for in-
dependent events. It can be thought that N, is connected with surface
conditions of contact componenis and the lubnication, while V,, is not
connected with these and depends on the material quality.

Crack propagation below the surface

MNormally, the defects, such as non—metallic inclusions or voids etc, ex-
ist in the component material. Every defect will cause initiation and
propagation of a crack, which means that there is a corresponding fa-
tigue life. For any compenent, the defects follow a random distribu-
tion, that is, sizes, shapes and positions of the defects are random.
Then, the contact fatigue life of the entire component depends on the
combining action of the random defects
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Manson—Coffin Law
Manson=ColfTin indicated that the propagation of a fatigue crack de-
pends on the plastic strain around a defect and the local toughness. It
can be wrilten as
N,=C, {%J (7.26)
7,
where
7, = plastic strain around a defect
D=local wughness, which expresses the material capacity en-
during the plastic <train
[ = material constani
C, =quantity connected with the shear stress and the material

properties. It is given by
Co=icd,
where
A - critical zize of the crack
¢=material constani.

Contact fatigue life determined by a defect

The plastic strain caused by a defect is connected with the shear stress
at the defect, the defect sizes, its siress concentration and the material
properties etc. Chiv and Tallian derived the following expression apon
SOME AsSUmMpLions

1.2
N

-J.,- - :-':;!'.r.:{l'l'r IT“pu :.'I.'I 4
where
&_ .= yielding strength of the material
S, { )=unknown function

¢ =shear stréss at the defect
p=defect size, such as the minor axis of a elliptic inclusion
a=maodified coefficient for the stress concentration factor
(K ), =theoretical stress concentration factor of the defect in the
stress field of an infinite space.
The local toughness D s

D= f e Hey, + 3MHH)

- & =
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where
f,( )=unknown function
g, = three—dimensional compressive stress. It should be noted
that the inch system is applied in the engineering model.
Substituting the above into equation (7.26) gives the contact fatigue
life determined by a defect
N =C.[f,(0.)) g "“g;:.ﬁ X | =1 =1 gy
where
f{ y=unknown function

1, = dimensionless parameter of a shear stress, it can be written as

05/ )"
' T, /P, +0.1

Contact fatigue life of  an entire component

Considering the combining action of random defects, the following as-

sumplions are made.

{1) The distribution of defects is sparse and the fatigue life determined
by each defect is independent of each other.

{2} The distribution of the defect number follows the Poisson distri-
bution function.

(3) The distribution of the defect size in a unit volume follows the
power funciion

i,
mll = Flp)] =— (7.28)
43
where
Flp)= distribution function of the defect size
m = average number in a unit of volume

., p=unknown constants.

Strictly speaking, equation (7.28) is an approximate expression of
the distribution. On the basis of the above assumptions, the probabili-
ty that the entire component will endure the number of stress cycles
N,, can be deduced

~ SN ) =0, 0 & 0 0 N (7.29)
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In which, @, @, &, and ®, are expressed by the following equations
respectively

R
]

i [[K“I;'|"’l.'l[£-]r|m":r:'

+ 0l

1t-,=-|1 ods F,om—i

-

D, = | _.1'“":::,,;.',',“:.11'

w]mrq
K. =actual maximum value of (K).-
gl y=distribution density function of (&)
&, =cross—section normal (o the motion direction
I=length of a raceway.
It can be seen that equation (7.29) is similar to equation (7.6), but
the influential fizctors considered here are more precise than in equa-

tion (7.6). OF course the number of unknown constantz and functions
in equation (7.29) incriases,

Crack propagation at the surface
The crack propagation al a surface is probably initiated either from
the surface pre—defect or from the asperity contact of rough surfaces.

Crack propagation initiated from the surface pre—defect
Chius and Tallian analysed the defect of a furrow type, as shown in
Fig.3.10, Using the Manson—Coffin Law (7.26), it is assumed that the
ratio of the plastic strain at the furrow defect to the local toughness is
= =f,(5.%"p,
where
¢ = half~width of the furrow
5y 0y unknown function
@, and &, =unknown exponents.

Conlacy fatfpue I'75

Substitution of the ratio into equation (7.26) gives the contact fa-
tigue life determined by a furrow

Nom G lliis e i s

Similar 1o the assumption of equation (7.28), it is .'J.:*'.%I.Iimcd that the
furrow width distribution follows a power funclion, that 18,
. @, ’
[ = Gle))=—= (7.30)
€

where

m’ =average number of furrows per a unit of surface
()= distribution function of the furrow width
I]l._. and p = unknown constants.
Considering the combining action of random [urrows, one may de-
rive the probability of survival that the entire component will endure
the number of stress cycles ¥,

~ InS(N,) =&, 0,0 &, N (7.31)

[]

whm_'c ;
L U

L

and m; = factors connected with the siress distribution
and the material properties.

Crack propagation initiated from the asperity comtact of rough surfaces
The asperity contact of rough surfaces leads the gradual formation of
a group of micro—pits . Chiu and Tallian analysed the aspenty contact
of rough surfaces, as shown in Fig.74. Fig.7.4(a) shows a real

. 7.4 Asperity contact of rough surfaces, (3) o contact of two asperities, (b) a
contect betwesn an asperity and a plane
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asperity contact and Fig.7.4(b) shows a simplified model, which is the
contact between a rigid asperity and a smooth elastic half-
plane.

By comparison with the contact fatigue life of the entire component,
the time required to form a group of micro—pits may be neglected.

It is assumed that the ratio of the plastic strain as the group of
micro—pits is formed at the asperity contact to the local toughness
I5

EE_:IF r’["{r—J_
b .IF-||.ﬂ'|_Jf ¢ H

where
= slope angle of the asperity
b= film thickness of elastohydrodynamic lubrication
el Y=unknown function of the micro—pit diameter ¢ and the ratio
hiH
H = height of the asperity.

Similar to the derivation of equation (7.31), assuming an approxi-
mate distribution function of the micro—pit diameter like equation
{7.30) and considering the combining action of random micro—pits,
the probability of survival that the entire component will endure the
number of stress cycles N, can be deduced.

Determination of exponents

Obviously, the engineering model contains many unknown exponents,
which are very difficult to determine by experiments. Chiu and
Tallian compared the engineering model with the Palmgren theory
and gave the values of a group of exponents, as listed in Table 7.1, In
this way, the Palmgren theory is a special condition of the engineering
model.

The engineering model may explain various influences on contact
fatigue, such as surface roughness, film thickness of elastohydrody-
namic lubrication, traction force, contaminated lubricant etc. These
are not fully described by the Palmgren theory, but up to now the en-
gineering model still cannot replace the Palmgren theory for the appl-
cation in machine design because the exponents in the engineering
model need to be determined through further research.
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Table 7.2  Exponents in the engineering model

I T
Crack propagation | Crack propagation Palmigren

Expomenss belowi the murface | ot the surface theary
- o] 1eS i ki

Exponents of N s o= | . e=11

ar N o ay=28

; (=26 {=16 '

Exponents of Py 8= 1044 b’ oy = 10,44 g=103

or T by=15

a; =02

Exponent in defect :

destribution pr=10. 4 a" =058
Exponent of shear |

stress depth 042 =024 Mon h=213
Exponent of

stressed volume i | | |

STATISTICAL FRACTURE THEORY OF
CONTACT FATIGUE

To analyse the contact futigue by fracture mechanics 15 a recent signif-
icant development. Muro explained the contact fatigue phenomena
about a surface crack propagated to form a spalling by the concept of
the stress intensity factor (63) . Hill proposed that the second type
of shear crack is a possible fracture mechanism (64] . A statistical
fracture theory developed by Hunt and McCartney is effective on ana-
lysis of the static strength and the common fatigue (65 , (66 . i
is possible to apply this to the contact fatigue.

Failure probability of contact fatigue

The statistical fracture theory assumes

(1) The size of a defect can be expressed by a single parameter.

{2} The defects are sparsely distributed so that the mutual influences
of the defects are neglected. { Yo

{3) The entire component can be treated as a set of small umis, in
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which the stress condition in each unit is uniform. The component
I!in_ls as any one of the units fractures, =
Similar to the above engineering model, it is assumed that the con-
tact fatigue is the resull of propagations of various types of defects
an!:l_ cracks. Three types are considered. that is, the crack propagation
imitiated r‘r:.rm a defect below the surface or from a surface prcp—gci'r:-:l
as well as from an asperity contact of rough surfaces. Any of the three
type of l:r.u_'l.'s_i:-u propagated to form a spalling, then the contact fa.
ligue occurs. Using these, the probability of failure of the contact Ja
tigue 1s expressed by

FIN)=1—exp[— Q. (N) - @ (N =@ _(N)] (7.32)
0,(N)= | ‘|" a,lx, Ndzdp (1.33)
r;;.:w':=‘|']._r"‘r. g,(x, Nydxd¥ (7.34)
{;_:_1':=J1].'|‘:“ g, (x, Nydxd¥V (7.35)

where

gl.x, N)=probability density function of the crack length in a unit of
_ volume at the time of number of stress cveles A
N'= numbser of stress cycles :
x=length of a crack
V=volume
Subscripts used in equations (7.32) to (7.35) are as follows
b= below a surface :
&= zurface pre=defect
a= asperity contact of rough surfaces
c=crilical value.

Paris equation and random differcntial equation

Paris gives the propagation equ: s :
v : Juation of a fatigy g
used in the calculation of the ﬁlljguc life. gue crack. It is widely

Assuming that the dynamic shear stress parallel to the rolling direc-

Contact fotgue I

tion effects the contact fatigue life, one may rewnite the Paris equation
as

dc, H
S = MK ) (7.36)
Considering that
AK, = Y&z, =C, (7.37)

equation (7.36) is changed to

dCr {-.il i

R g (7.38)

I
where
C,= length of the crack
K =stress intensity factor
f and m = conslants
¥ = modified geometric factor. Since the stress condition in a
small unit is uniform, ¥ is approximately consiant
t,, =shear stress parallel to the rolling direction

-

Foomg” '-,I'ﬂ i

Assume that the random pre—cracks which follow a probability
density function f;{x) exist in the component at the time N=10. For
any given time of N, the crack length C{N) is a random variable.
C{N) may be treated ns a mndom process. Therefore, the prediction
of & fatigue life becomes the determination of the statistical character
istics of the random process, that is, the probability that the crack size
reaches or exceeds a critical value at the time of N. The Paris equation
becomes a differential equation with random initial conditions.

The initial crack length is expressed by C,. Then, the determinate so-
lution is

YV - ro - '_"-I|-
€, (N)= |.r. 1m N +C, 3 }

The probability density function fix, N) of the crack size C{N) 15
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To compute the probability of fatlure
Substituting equation (7.39) into equation (7.33), one ¢an compuie the
integral {J;. The integral volume ¥, is the volume bounded by the side
surface of the ring and the depth == 1.56. By comparison with the sim-
ilar integrals, z= [.0f is taken in the Palmgren theory and z=0.54 in
the engineering model. Relevant constants are
m=25
=065
K, =09K =153 MPa¥m
f=2368x107"
=214 GPa
Dise radius B=12.7 mm

For a given number of stress eycles N, the failure probability of the
contact fatigue initiated only from the subsurface crack propagation is
the following expression

FIN)=1=exp| =02 (N]] (7.44)

As shown in Fig.7.6, the solid line is the computed result and test
data are from Reference C68) . I can be seen that the failure proba:
bility expressed by equation (7.44) is in good agreement with the wo
parameter Weibull distribution.

131 50 LOG g |00

Fig. 7.6 Contact fatigue life distribution
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INFLUENTIAL FACTORS ON CONTACT FATIGUE

Many factors, such as design, manufacturing technique, maternal,
lubrication, operating conditions, etc. have important influences on
the contact fatigue. Due to the dispersion of fatigue test data and the
mutual influence of these factors, it is more difficult Lo descnibe the in-
fluences in numerical quantities accurately. In the following, the influ-
ences of material and manufacturing technique are explained.

Material and metallurgical methods

Rolling bearing stecl must possess high strength, good hardenability,
excellent fracture toughness and wear properties. In the great majority
of cases, a high—carbon chromium bearing steel is applied worldwide.
Its chemical composition is listed in Table 7.4.

Table 7.4 Main chemical composition of the bearing steel

3 . Chemiical compasithog
Diestgnations Cinmiries T [ s 5 . o e
GCr 15 China 095~ | 0.5~ | 0.20- | 1.30-
| 1.05 033 040 | 1.65
SAE 52100 | LS. 098= | 03— | 0.25— | 130~ | <006
| LI | 035 | 045 | 1.60
SU 2 | Japan | O%5= | 0.15= | <0.50 | 1.30— | <0.08
110 0.35 1.60
IX i5 Soviel 09%= | 0.17= | D20— | 1.30— -
| Linton 103 | 037 L 1.65

Influential factors on the bearing Fatigue life

(1) As silicon content increases, bearing fatigue life increases remark-
ably. Fig.7.7 shows the test results of contact fatigue tlests. As
silicon content increéases to 1.65%, the median life doubles
approximately. Silicon can improve the capacity of the bearing
steel for tempering—resistant. Hence, the residual compressive
stress of a surface layer can be maintained. The occurrence of a fa-
tigue spalling at early stage decreases.

{2) Oxide inclusions have a harmful influence on the contact fatigue.
Oxide inclusions are one kind of hard particles, which bring about
the stress concentration in the matenial and lead to form fatigue
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:.‘:J‘Illnks. Fig.7.8 shows the test results, which were obtained from a
life test of mlrhaligning ball bearings. It can be seen that the more
the number of oxide inclusions whose size are over 0.03 mim, the
lower the bearing life will be.

T —.
[ Bearing steel ] ! PR M
- »—asBearing steel = #

0 with |_.ﬁ.5l,r;¥ P ia T

]

. =il 2
o ? i g "\i
¥ | =l
,., i | .
L ——."E ; e \"\'__‘F
4 I g = o )
- ) 100 150 201

Mumber ol oxide inclusions

[ LI O e
0.8 [.& A8 18
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ially in combination with the vacuum induction melting process
(VIM—VAR) produces an outstandingly clean material. In consid-
eration of the economy, the vacuum degassed bearing steel is
commonly used. Experiments indicate that the fatigue life of the
vacuum degassed bearing steel 8 2.5 to 3 times that of the
conventional bearing steel. Fig. 7.9 shows a test result by Reference
69 .

It should be noted that test results presented by different references
are distinct. Table 7.5 shows the test results of deep groove ball bear-
ings 6206 given by the Japan Bearing Indusiry Association.

The electric=slag remelling process may reduce oxygen content in
the bearing steel. but it also reduces sulphurets.

Table 7.5  Results of life tests

L% [a®

Fig. 7.7 Effect of silicon content on

larger than 0.03mm

Fig. 7.8 Effect of oxide inclusions on

i Life ratio
i
Symbaly Beoring moererial - af —
Tesl Dedrings

x| T
Rating life 1.0 1.0

A SUI2 air melied 253 | 23 1.1
B SLI2 air melied 1) | 3.0 30
i SUI2 vacuum degassed 125 o 4.7
8] SLI2 vacuum degassed 21 - Ji ] 5.0

fatigue life futigue Hfc
2 —— "7‘-*—'
el — hr_
i Average life L |
iVacuum
" [idegassed
- . o Bl
A1S1 51100
| <
s _zi, _[ |
Y 00 300 500 000 So00

(4
Fig. 7.9 Life of vacuum depassed steel

(3) Metallurgical methods have an important effect on the contact fa-
tigue. Generally speaking, the vacuum arc remelling process espec-

Faorging methods
The forging process changes the fibrous direction in the beanng steel.
Experiments conclude that the metallic fibres parallel to the rolling
surface contribute most to the fatigue life and the metallic fibres verti-
cal to the rolling surface contribute the least. Fig.7.10 shows the rela-
tion between the ratio of the ball fatigue and the fibre direction. The
polar regions are the weakest areas. :

In a consideration of the fibrous disiribution, steel tube with rolled
riceway may lead (o a longer fatigue lifie.

Hear treatment methods
The structure of hardened and tempered beanng steel should be of
fine grains and martensite.

{1} As carbon content in martensite is in the range of 0.5—0.45%;, the
fatigue life of the bearing steel is the optimum. Fig.7.11 shows the
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life test results of thrust bearings by Reference (69) . If carbon
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content in martensite is less than 0.45%, the strength of the
martensite decreases. In reverse, if carbon content in martensite is
over 00.5%, its bnttleness increases.

(2) Large sizes of carbonides have a harmful influence on the fatigue
life. Fig.7.12 shows a typical test result (69] . Carbon content in
martensite was controlled around 0.5% in this test. A comparison
between average carbonide sizes 0.6 pm and 1.4 ym was made. 1t
can be seen that the samples with fine carbonides have the longer
fatigue life.

(3) If the hardness of a bearing component is lower than HR. 80, its
contact fatigue life will decrease remarkably. Various empinc
equations show the effect of the hardness on the fatigue life.

Reference (700 suggests the following expression

L'l
7 =exp[0.01(R , — R )]
where
Loand L, =L lives corresponding to values of the hardness
HR. and HE_,
R_and R, =valuesof the hardness HR,, and HR,,.

If hardness is less than HR 60, the following relation between the
fatigue life and the hardness HV is used

FocH P

Manufacturing methods

Precise manufacturing technique, such as grinding, superfinishing etc.

may have important effects on the structure of surface layer. the

residual stress and the surface roughness etc.

{1} surface residual compressive stress can slow down the initiation
and propagation of fatigue cracks and improve the bearing fatigue
life. The following equation expresses the effect of the residual
stress on the maximum dynamic shear stress

5‘!
o B (7.45)

¥

where
{to). = maximum dynamic shear stress modified due to a residual
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slress
§,= residual stress, negative value for a compressive stress.
As a residual compressive siress exists, (To), decreases and the fa.
tigue life increases.
(2) Grinding affected layer causes a decrease in the contact fatigue life
of bearing components. The temperature distribution on a com-

ponent surface during grinding may change its metallurgical struc-
ture of the surface layer.

CHAPTER EIGHT
Dynamic load rating and equivalent
dynamic load

Generally, the life of a rolling bearing means its fatigue life, that is, the
total number of revolutions, or the number of hours at a EIven con-
stant speed, which the bearing is capable of enduring before the first
sign of fatigue appears at any rolling surface of the bearing. Besides
contact fatigue, there are some other failure modes of bearings, such
as wear, plastic indentation. scuffing. efficacy loss of grease, etc. The
fatigue and other failures may cause the bearing to lose its running
agility, to increase the friction moment and temperature level of the
bearing, as well as to enlarge its vibration, noise and so on.

Contact fatigue

Fatigue phenomena occur on the operating surfaces of rolling bear-
ings. Al the beginning, fatigue cracks initiate from microcracks at or
below the surfaces of a bearing. With further operation the cracks
propagate. Finally pitting and spalling appear.

Research indicates that if a rolling bearing in operation is properly
lubricated and aligned, kept free of abrasives and moisture, and prop-
erly loaded, the major failure mode is the contact fatigue appeared at
the rolling surfaces of the bearing.

The theory of the dynamic load rating created by Lundberg and
Palmgren is a basis of the calculation of the fatigue life of a rolling
bearing. The calculation methods of the dynamic load rating and
equivalent dynamic load of the rolling bearing specified by the Inter-
national Standard ISO 281 are introduced in this chapter. Life ad-
justment factors and their tendency of modifications are also des-
cribed,

Wear

The relative shding among rolling elements and bearing raceways as
well as the cage occurs in a rolling bearing. Characteristics of the slid-
ing will be described in Chapter Fourteen. The relative sliding may
bring about wear of the bearing components. Particularly when some

189
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metallic powders, abrasives or other hard particles enter into the bear-
ing, wear develops rapidly. Severe wear will cause damage of the
raceway surface quality, reduce the rotating accuracy of the bearing,
and increase its clearance and noise. Finally the bearing ceases to fulfil
its proper performance. The total number of revolutions or number of
operating hours al certain constant speeds before the bearing loses its
normil operating performance due to wear is called the wear life of a
bearing.

Rolling bearings used in machine tools, construction and agricul-
tural machinery often show that considerable wear eventually does oc-
cur owing to dirt and foreign particles entering into the bearings. For
other conditions, such as precise miniature bearings used in instru-
ments and meters. the calculated fatigue life is much longer than the
wedr life due to very light load. Then, the wear is a main failure mode
of this type of bearings. It should be noticed that the calculation
methed of the bearing wear life is only an approximate estimation. In
Chapter Eleven, an empirical formula proposed by FAG Bearing
Company will be introduced.

Plastic indentation

Plastic indentations corresponding to the positions of rolling elements
appear at raceway surfaces when an excessive load or impact load acts
on a bearing. As a result, vibrations and noises increase severely. The
bearing would not be fit for further service.

It is easy 1o understand that plastic indentations occur under the in-
stantaneous acting of the load. To avoid these, it is necessary Lo esti-
mate the possible maximum load and select the correct type and size
of the bearing upon the static load rating.

Scuffing

Rolling bearing damage may take place for a sudden rise in operating
temperature without a change of the operating conditions due to high
friction occuring among relative rolling or sliding surfaces in a
bearing, especially a high speed bearing. The extreme temperature may
lead to efficacy loss of lubricant, changes of material structures and
metal adhesion. This kind of damage is called scuffing. It often hap-
pens in the operation of high speed beanings owing to improper de-
signs and insufficient lubrication. To aveid these, it is necessary to im-
prove the bearing design for the reduction of the sliding friction and
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provide sufficient lubnication.

Efficacy loss of grease _ _
The service life of the lubrication grease is limited, Mechanical
siresses, oxidation, as well as separation of the grease into base oil and
thickener may accelerate the grease distress. Eventually, the increase
of the frictional temperature causes scuffing of operating surfaces of
the bearing. Therefore it is necessary (o replenish or renew l!lr. grease
filling periodically. The recommended relubrication 1|'||:tr'~"i'!.|£ lnn:iu_dmg
a safety margin are determined by practical expenences. These will be
described in Chapter Twelve.

DYNAMIC LOAD RATING

Using the basics of the Lundberg and Palmgren assumptions, the
equations of dynamic load rating of a contact ""21.} and i'.'l'.!.'*-_} can be
deduced. Furthermore, one can derive the dynamic load rating of a
rolling bearing.

Simplification of dynamic load rating of a contact :
The equations of curvature sum Ep and curvature function Flp) are

listed in Tables 2.1 and 2.6.
For a point contact

2

Ds
[1+Fe)t S Yp= 2 (8.1)

D .
1-Fol 5 X0 =D [ -1) (82)

where _

& = radius of curvature of a rolling element in & plane normal to the
rolling direction, for balls R=D; /' 2.

From equations (5.8) and {5.9), the number of contact cycles of the

inner and outer raceways can be given by

=

H'T%“-i'ﬂ (B.3)

Substituting equations (8.1) and (8.3) into equation (7.22) yields
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Ty il MR
= 0.068550, {‘I’—+f—;’— (pr )"z -1 (8.4)
where
1 :" L R T 5
Q, =[1+Fpn (5-) ) mi'm) (8.5)

For inner and outer raceways, the respective diameters D, and
D, have taken the place of D, in equation (7.22)
Defining a function
Eer il D = -
g=—tlf) e TRy (8.6)

" 1+Fp) 2R R

Lundberg et al, indicate that £, may be expressed as a function of 0
approximately, that is

1, = 1.30™ (8.T)
Substituting equations (8.4), (8.6) and (%.7) into equation (7.21)

gives the following expression for the dynamic load rating of a point
contact

el - L ”;1.]"H D, ey o
) E ———— 1 d -
{' L A{Dﬁ F—_ :I |I| i_JIII L] {‘rj-‘ J & Z [H.H-_I

Similarly, the expression for the dynamic load rating of a line con-
tact is derived from equations (7.23) and (7.24)

= “I}.]:" Flel Rt TcSpeca e R R
(1£y)""* @ ) oIz B

I:?.-

In the above equations, the upper signs refer to the inner ring and
the lower signs refer to the outer ring.

Constanis 4 and B are determined upon materials. For the stand-
ard through hardened bearing sieel and in the Newton unit, experi-
ments give the values of A =98.07 and 8= 55].15,

Dynamic load ratings of inner and outer rings
The loads carnied by rolling elements are varied from one element to
another in & bearing. Supposing the situation of a rotating inner ring
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and a stationary outer ring, one may analyse the dynamic load ratings
of an inner and outer nings separately.

Dynamic load rating of an inner ring

While the inner ring rotates, a point on its raceway undertakes load
cycles of a same amplitude. On the basis of the accumulated damage
principle of the fatigue, Lundberg et al. assume that the equivalent
load of rolling elements in an inner ring is as follows

144
B
Q, =[:,;|. L ww] (8.10)
2 -4,
where

¥, =angular extent of the load zone of & bearing

s=constant, 5= 3 for a point contact and 4 for ling contact.
Substituting equation (4.64) of the load distribution into equation

(8.10) yields
0,= 04/, (8.11)

where
(3= the maximum rolling element load
J, = the load distribution integral, which can also express a ratio of
the equivalent load of rolling elements in the rotating ring
to the maximum ralling element load.

I ﬂ{ﬁj"t::[l—%{l—mw}]l ".mf}m (8.12)

For point contact
5

'.--':!:35{1:
r

[T

For line contact
‘T' =4x1.1=44
Substituting equation (4.68) into equation (8.11) yields
FoA

= B 7 (8.13)
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If only half of a raceway of the bearing sustains the load, i.e. the
load distribution factor ¢ is 0.5, and the equivalent rolling element
load of the inner ring 0, reaches the dynamic load rating of rolling
elements, expressed as @, F, in equation (8.13) becomes the corre-
sponding dynamic load rating of an inner ring. Therefore

C =0 zmszi'ﬂﬂ (8.14)
T 7,(0.5)
For point contact
C,=0407Q  Zcosx (8.15)
For line contact
C, =0.3767Q, Zcosa (8.16)

Drynamic lood rating of  an outér ring

While the outer ring is stationary, every point on ils raceway under.
takes various different load cycles. Upon the product law of probabili-
ly, the survival probability of a whole outer ring is equal to the prod-
uct of the survival probability of the individual parts of the outer ring.
The equivalent load of rolling elements in an ouler ring

0. =[] | e wuy] (817

where
w=constant, 10/ 3 for point contact and 9 7 2 for line contact,
Substituting equation (4.64) of the load distribution into equation
(B.17) mives
7 [8 = 0., (8.18)
where
Ja=the load distribution integral, which can also express a ratio of
the equivalent load of rolling elements in the stationary ring
to the maximum rolling element load.

J':=<§—J“:I[J—i{l—:mm]u.rdl&r}“w (8.19)

For point contact
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£
£

10 .
| i
For ling contact

@ 2 x1.1=495
# 2

Substituting of equation (4.68) into equation (8.11) yields

R i o (8.20)

Foosa J

Similar to the inner ring condition, if the equivalent rolling element
load of the outer ring reaches the dynamic load rating of rolling ele-
ments, expressed by @, F, in equation (8.20) becomes the corre:
sponding dynamic load rating of an outer ring. Then

J (0.5)

= OEE = (8.21)
C.r QTI EL I:[ﬂ-ﬁ'
For point contact
C_=0.389Q Zcosx (8.22)
For line contact
C =0.36340Q, Zcosx (8.23)

Calculation of dynamic load rating of a bearing
The survival probability of a whole bearing is the product of the sur-

vival probability of the inner and outer rings. Therefore, the dynamic
load rating of a bearing may be expressed

r:‘=[1 + {% j] it (8.24)

If there are i~row rolling elements, the survival probability of the
entire bearing is the product of the survival probability of the individ-
ual rows. Assuming that every row has the same dynamic load rating
expressed by € as others, the dynamic load rating of the entire bear.

ing is
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C=i = (8.25)

Particularly, double row bearings, that isi=2
For point contact
C=1.62C
For line contact
Lo | CHE
On the basis of experiments, some modifications are made to the
calculation of the dynamic load rating.

Influence of the rolling element diameter

The dynamic load rating would not be proportional to D) if the
diameter of rolling elements D> 254 mm. A function is defined as
follows

HDF’:{ o
3.647D2°,

Influence of the manufacturing and mounting deviation

The manufacturing and mounting deviation would make the actual
value of the dynamic load rating of a bearing lower than its calculated
value. Introducing reduction factors 2 and #, their values and the up-
per limits of the curvature radii of raceways in ball bearings are listed
in Table 8.1.

Table 8.1 Upper limits of raceway curvature radius and values of & and »

D, <254 mm

£, =254 mm

Rading of raceway -
RO gkt Bk Reduction facror
] . i "
Deep groove ball bearings)
single and double row angu- 0,530, 0,95 -
lar contact hall bearings
Double row radial ball bear
e 0.520, 0.90 —
Self-aligning ball bearings | 053D, u.s{-_': +1)0s ! —
Single row angular contact
ball bearings (magneto bear{ 0.520, | oo .95 =73
ings) |
g RN
Thrust ball bearings 540, 09 |1- ~3
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Table £.2 Yaloes 2 and v for rofler bearings

Contact iype A ¥ dv

Line contact at both raceways 043 1.36 0.561
Line contact at one raceway and

point contact at another raceway 0,54 1.26 .68
Modified line contact, roller length

I=250 061 1.36 gl
Tapered roller bearings and spheri— |

cal robler beanngs both with 0.65 1.2 .78

madified line contuct 1

Table 8.3 Calculation of dynamic load ratings

Bail bearings | Roller bearings
c L ZRD) LAy 2 ADY
ﬂ,'.,'.ﬂ,,{zﬁ.-l mm e PRe
FBY | 364708, D, =254 mm i
bl .
f S if3 lzn — D }I dvg S
[ = i L EF. -3 §
" [=+&} ] [+ )]
E; ; ﬂ. ! ] Bl _Ill'
C‘i F.ll:if.' e l-:l !
Roickal Thrust bearing Radial Thrust bearing
bearing | g90° | am90° | Pearing | que00 | a=90
Dy cosa {0 Dycosz D
¥ Da D D Da
fi (cosa)’” l(cosa)®'1ga] | jcosa)"* |joosa) figm| 1
A 1991 | 98.07x 7.9 551,15
Tl | 1 a3 L:_.:“ - :-?--r. | II,‘ :
fa a+g)" ! +n"
fy 1047, | fi 1 1045, | L i
.I___ i ¥ i_._.:|1l'| 1]
s l 1 +3 -| [ Ly
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Reduction factor v of rofler bearings r<0.53D,
Depending on the conditions of the loading and contacts, point or line
contacl may exist in a roller beanng. A reduction factor v accounting i
for edge loading is introduced. Values of 2 and v Tor different contact Thrust ball {M'm‘rﬂg.i ! ; .
types are presented in Table 8.2. The dynamic load rating of thrust ball bearings with the contact angle
The reduction Factor y for roller beanngs s connected with their | o= la dctermined
contact angles and expressed by the following equation |
=5 Table 8.4 Factor/, for radial ball bearings
= |—0.15si .
H | 35inx (8.26) o
. Subs!itu_ticrn of equations (E.8), (8.9), (B.15), (8.16), (8.22) and (8.23) radial ball Bear- T B Single row an-
into equation l[_ii.:&lﬁ for t!m diﬂtl"l-‘rt! bcnring_, types gives the expression fngs, stngle ":“ .l'jm:'rnr“!u {Self—aligning jgular  comtact
E:Irr lh-: dynamic load ratings of rolling bearings. They are listed in Ta- o Dicoss  double row angu- :: - W \ball bearings  |ball  bearings
ed.3 y D e conpact [ {miagnelo fvpe)
hall bearings
Factor J.
fI‘hr: factor £, for the dynamic load rating is connected with the bear- 0,05 467 a2 17.3 16.2
ing structure and sizes. It also partly reflects the influence of materials 0,06 a9l 46,3 18.6 174
and ma nu!’acturir‘u.g deviation. 0.07 511 AR 4 19.9 185
In Standard 150 281, the values of factor £, for different bearing ' 0.08 538 0.0 : 311 19.5
types are given. { ) : Gk == '
Given values of the size and number of rolling elements, the piich \ o fm S.I:J Hlj Eﬂ'ﬁ
diameter, as well as the contact angle, the dynamic load rating of a 0.10 £ 3 = i
bl!'u:ring can be calculated. 0.2 2T.5 54.5 256 23.4
14 S8R | 55.7 . iy | 253
Deep groave ball bearings and angular contact bafl bearings 0.16 39.6 36.5 0.7 211
It can be seen from Table 8.3 that the dynamic load rating of deep 0.18 599 56.8 1.7 25.8
groove ball bearings or angular contact ball bearings is determined us- 0.20 5.9 6.8 315 30,5
ing the follow equation 0.22 9.6 6.5 352 v N |
C _;;{mﬂjﬂ Ty ]F[DJ.J (8.27) 0.24 9.0 5:.9 . 368 :i?
: 0.26 8.2 % | W 2. 2
: le factor /. depends on the ratio Dycosz / D, and its values are 0.28 57.1 54,1 ' 39.4 66
||:-‘.Fr."d in Tahble Rn‘l- ; 0,30 56.0 | 53.0 40.3 378
The values £, in Table 8.4 are valid for following curvature radii of E 0,32 4.6 ' 518 40.9 _ 180
raceways. i : ; ; e
. i 34 53.2 S04 41.2 L
For dee bal ; and i " )
p groove ball bearings angular contact ball bearings 0.36 517 489 413 404
0520 r<.0.353D, 0.38 | 50,0 47.4 41.0 408
For self—aligning ball bearings ,e 5K | i i Ly s
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a3 e irection thrust ball bearings. the dynamic
C=£.2"AD,) (8.28) Jiios i e ‘
: For thrust ball bearings with the contact angle a==%0 " | the dynam- Fioymil L3 YW
ic load rating is C=[2.+E:+"++E.)H—'} .,.{_) P
g Ci s
C=f(cosa) 'tgaz’ AD,) (8.29) +(E) 1 = (8.30)
. Ca
Table 8.5 Factor/ for thrust ball bearings '
Table 8.6 Factor 7 for radial roller bearings
Dy /. Dicosa 4 ' | -
D. . z : _ : :
o= Sa a=45° a=60 " am 75" ?c%ﬂ Av=1[L6] Av= 0,68 Av=10.73 Av=0.83
0.01 36.7 0.01 421 39.2 33 0.01 38.3 427 45.8 52.1
0.02 452 0.02 51.7 48.1 45.9 0.02 44.6 49.7 535 60,8
0.03 %11 003 583 4.2 51.7 -D.l}] 450 &4 % . 55 5 565
0.04 557 0.04 63.3 89 | s6l 0.04 520 57.9 62.2 70.7
0.05 5.5 0,05 673 2.6 597 0.05 545 607 631 T4.1
0.06 62.9 (.06 0.7 658 62.7 0.06 %6.5 63.0 676 76.9
007 | 658 il 735 68.4 65.2 0.07 g3 | can 69.7 1.2
.08 685 0.08 | 758 70.7 67.3 0.08 9.6 6.5 714 81.2
0,00 71.0 0.0% 780 116 69.2 0.09 60,9 67.9 728 82.8
0.10 733 0.10 9.7 4.2 0.7 : a1 i 69.1 74,1 84,2
0.12 774 0.12 823 766 : 012 63.5 70.7 759 86.4
0.14 81.1 0.14 84,1 183 0,14 64.5 71.9 71.2 87.7
016 B4 .4 0.16 &5 79.2 I:I: 16 &40 2.5 T7.9 | 233
0.18 §7.4 ki 85,5 79.6 018 65.2 28 8.1 §8.8
0.20 90.2 e §5.4 9.5 0.20 65.1 721 mo | 983
22 92.8 g'i:. 849 | i 0.22 64.8 723 7.6 §8.2
0.24 95.3 e r 0.24 6.3 71.6 76.9 §7.3
u'.l,ﬁ 976 - ;J:I 818 | 0.26 63.5 70.8 760 E6.4
g.;ﬁ 19;'1 i 1.3 | 0,28 62.6 69,8 750 85.2
; | . v 9.6 ; ) 73.7 838
0.32 103.9 52 612 Gt
0.34 1058
where :
* For o457  valoes (. are given by the linear interpolation. £y, £yte = num |::-|:I|' of balls l!. ﬂ.:h e
C},Cs,»» = dynamic load rating of each row
The values f. are listed in Table 8.5. They are valid for following n=number of rows.
curvature radii of raceways ;
. Radial roller bearings o .
r=ra 054N, | The dynamic load rating of radial roller bearings 1s
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Cw=f (il cosx) I 214 ppsn (8.31)
The values f, are listed in Table 8.6.

Thruse roller bearings

The dynamic load rating of thrust roller bearings with the contact an-
gle x=90 " is determined

Cm i ZIAnp (8.32)
_ For thrust ball bearings with the contact angle x=90 ° , the dynam-
i¢ load rating is
C=f.(l.cosa)’ "ignZ?" 4 DP/ 7 (8.33)

The values f. corresponding to iv=10.73 are listed in Table 8.7.

For multi-row single direction thrust roller bearings, the dynamic
load rating is

I

+ ['En’r: )72 4 s g (Zsle )a.;]

Ca
where

£, 2y = number of rollers in cach row

feislerr=+ = effective length of each row

L€ =dynamic load rating of each row

n=number of rows,

The selection of Av is a matter of great importance to the calcula.
tion of values £, for radial and thrust roller bearings. In general, if the
contact stress of the roller which carries the maximum rolling element
load is evenly distributed over its length, larger values of iv can be
chosen, such as 0.73 or 0.83. And then, if this roller has a very large
stress concentration over its length, or rollers lack precise guiding, or
the ratio of the roller length to its diameter is more than 2.5, smaller
values of Av should be selected. Larger values of iv are not valid for
_thnm roller bearings owing to the fact that the significant sliding ex-
1515 at the contact areas between the rollers and the raceways.

For the preceding calculation, both D, and [ are given in
millimeters and € is obtained in Newtons.
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Table 87 Factor /. for thrust roller bearings

Dy t A B soosx J

Dw | yung® A x=50"" | xmes®* JamB0* "
.01 1054 .01 1087 107.1 105.6
10,02 1229 ol 1278 124.7 123.0
0.03 134.5 03 139.5 1362 1343
(.04 143.4 004 148.3 144.7 142.8
.05 150.7 .05 1552 151.% 149.4
(LM 156.9 0,06 160.9 157.0 1549
007 I6d.4 | 0.07 1656 16l.6 I 554
0,08 167.2 0.08 169.5 1655 I63.2
0,09 |l A 0.0 1728 168.7 1664
0,10 1757 010 I75.5 171.4 169.0
0:12 183.0 012 1m.7 1754 173.0
0.14 |89.4 {14 1823 iTre 1755
0.6 195.1 .16 183.7 s

0.18 M2 0.8 1841 1m.7

0.20 5.0 | 0.20 183.7 1793

0,22 T 4 0.2 182.6

0.24 2135 (.24 1809

0,26 21713 .26 I'TR.7

028 2209 |

.30 224.1 |

. valid for 43 ° <a<éd *
¢ validforsd " <7
o = = valdfor 75" <a<ii"

EQUIVALENT DYNAMIC LOAD

In the previous section, the dynamic load rating of rolling bearings is
deduced under several assumed conditions. In many applications the
actual load acting on & bearing does not satisfy these conditions. A
constant radial or axial force must be presumed for the rating life cal-
culation. The bearing under this force, called equivalent dynamic load,
will endure for the same life as it does under the actual load.

Calculating equation of bearing life :
Using equation (7.9) for the given bearings yields
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tE._I_ - g Fl. -; Bl
5 o

where
5= survival probability of a bearing
L= bearing life in 10° revolutions
Therefore,

1
o

Cﬂl[&idﬂring that when §=0.90 and L= 1, the dynamic load rating
of rolling bearings is equal to a radial load component F, required to
stress half the circumference of the raceway, one may derive an ex-
pression for &,

Rearranging the foregoing equation
B CH
e - (r ) Llegg
If L is replaced with the rating life L,; and F. which follows the as-

sumed conditions is the equivalent dynamic load, expressed as P, the
calculaung equation of the bearing rating life is

| i [-‘f,; | (8.34)

g =kFL"

where
p=constant, 3 for ball bearings and 10 / 3 for roller bearings.
For simplification, equation (8.34) can be written
£\
L [ = (8.35)

It should be noticed that L in equation (8.35) still expresses the
bearing rating life, i.e. the life with the probability of failure 0,10, The
correciness of equation (8.34) is tested by a great number of experi-
ments, particularly the life tests of a same type of bearings under the
action of different loads.

Equation (8.34) or (8.35]) is the basic equation for the life caleulation
of rolling bearings.

o e

Dyramic load rating and equivalent dynamic lood 205

Equivalent dynamic load of radial and angular contact bearings

Equation (7.18) indicates the relation between the rating life, the dy-
namic load rating of a contact and the actual rolling element load. It
can be applied to the contact at the inner or ouler raceways

respectively, that is

r r
e ﬁ_) (8.36)
o,
and
i r
L, =(8=) (837)
o
where _
L, L.= rating life respective to the contact al the mner and outer
TACEWays
Q.. .. =dynamic load rating of a contact at the inner and outer
FACEWAYS _
Q. Q.= equivalent dynamic load respective to the inner and outer
FACeWays. ; s \ :
Substituting equations (8.13) and (8.14) into equation (8.36) yields
=[Q___J:{ﬂ-5)m“_1-{x‘r]# =fi:l’ (8.38)
. F. J.(0.5)J,(z) P,
where

J (0.5 (g)
LR B.34
"I 05 () BEsd

Similarly, substitution of equations (8.20) and (£.21) into equation

(B.37) gives . ; o,
g ={c, ;Jm.smw}}f 2 {L-.. 11’ (8.40)

P|=F

F, J.(0.5\1(e) P,
where
- J.{0.50(¢)
Pe=F e 050, () )

P, and P, express the equivalent dynamic load of the inner and
outer rings respectively. According to the product law of probability,




204 Analysis of rodling elewment bearings

the survival probability of a bearing is equal to the product of the sur-

vli\-ui probability of the inner and outer rings. The following expres-
sion can be obtained

PIL"'_ P. - '.P,. i
i) » &) (42
Substituting equations (8.39) and (8.41} into equation (8.42) yields

F, _Jie) [(€ Jile) \*'. (€ Jils) \o]~"re
i {C_ 7,005 +|:Ej;"["f5—}_] ] (8.43)

P & (0.5)
Similarly, one may derive the following equation

qul§3= () {L JilE) ]“
P JA05L AT, J00.5)

C  Jie) \=]-V=
e | —
{..-:, J;{ﬂ.i]} ] (5.44)

I! can be seen from equations (8.43) and (8.44) that the equations of
.F:,_r P and {F,,n:::g:'h-"{’ only depend on the load distribution factor .
_I-'Lg 8.1 shows the equivalent dynamic load of deep groove ball bear-
ings. The solid line indicates the calculating expression of F./ P and
(Feiga)/ P. A good correspondence is found between the calculated
results and the test data,

To simplify for applications, the solid line is replaced with two sec-

;:nhn:duf the straight lines. Then, the following expression can be estab-
5

P=F, when F, /' F, €{iga=e
} (5.45)

P=XF, +¥F, when F,/F,>{lga=¢
where

X= radial load factor

¥ =axial load factor

& = constants connected with bearing types. {=1.1 for radial ball
bearings. 1.25 for angular contact ball bearings and 1.5 for
radial roller bearings

€= parameter connected with { and the contact angle =. It should be

noticed that this parameter ¢ is in distinction from the slope
parameter of the Weibull distribution.
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Factors X and ¥ for various types of radial and angular contact
bearings are presented in Tables 8.8 and 8.9, The contact angles of
radial and angular contact ball bearings vary with the axial load, es-
pecially bearings with small initial contact angles. It is necessary to
consider the variation of the contact angle for the determination of the
equivalent dynamic load.

I..I = - _'I

4
% 0.5 1.0 1.8 3.4 LG 3.4

FagtigalF,

Fig. 8.1 Equivalemt dynamic load

Equivalent dynamic load of thrust bearings

The dynamic load rating of a thrust bearing refers to a central axial
load. The axial and radial load applied 1o the bearing should be con-
veried to an equivalent dynamic load of a pure axial load.

In a similar way to the foregoing derivation of the equivalent dy-
namic load of radial bearings, one may deduce that for thrust
bearings.

For distinction, equation (8.45) can be written as follows

P=XF + YF, (8.46)

Considering that both the radial equivalent dynamic load and the
axial equivalent dynamic load give equal results of the life calculation
for the same bearing, one may establish

L C
Bty et |l (8.47)
Pr. . LPa

where
€., C.,=dynamic load rating expressed in terms of the radial and

axial load respectively
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P,. P,=corresponding radial and axial equivalent dynamic load. | = =
For the same bearing “ SHEBRARSE Aa83282559
- R === cooooSooo
C.=¥C, -
[ P REcREm—iE 2TREARIERE
Therefore, . o i e e NS SP = i i
—
Pr. X Bl ol =
P T e— Y — e sy ﬂ
R (8.48) g |37 ,.3- &
Rewriling equation (8.48) i _E . > L pgeCnaans
% e B W et R K
P.=X.F, + F, (8.49) FRER
a2 o
where .-3, e — | -
X, = — (8.50) 'g’ = e~
Y & - SEERERZIE ﬁizﬁf:_zz
L e R R I . B e e e
For the convenience of applications, it can also be written ! o
3 | £l & 2
'! = o] =
P=XF + YF, (8.51) . k =
- 8 T
Factors X and ¥ of various types of thrust bearings are given in | - _'_:;:, g =
Tables 8.10 and 8.11, R o a
A W
Calculation of the equivalent dynamic load o [l L &
The equivalent dynamic load can be calculated using equation (8.45) g =
or (8.51). Factors X and ¥ are listed in Tables 8.8 to 8.11. e | 5
The equivalent dynamic load for deep groove and angular contact o o JElR Y Bz ore| JRE3 22 RELEES
ball bearings can be calculated according to the following steps. x ¥3 [N E::Eif:-:'i:nﬁ“'!m SeSs——rimvie
(1) To determine the relative axial load F, / €, or F,/ {iZD3). i = :E . : g
(2) To select the value ¢ corresponding to the relative axial load from = o 5 d o EEETmrmpmel o JSEEESHYR
Table 8.8, * ]S 8885858588855 3 2
(3) Tojudgeif F, / F, is larger than e. | =3
(4) To choose factors X and ¥ from Table 8.8 ' 3 <L
(5) To calculate the equivalent dynamic load. oy o8 - i
When two equal bearings are mounted in back to back or face to 8= EE 5 28==2
face, the pair of bearings may be treated as a double row angular con- E: = g B - £
tzct ball bearings. | T
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B ’ = | In many operating conditions, the load and the rotational speed
g e ?}ﬁﬁﬁ?ﬁ%ﬁ'ﬁﬁ?#ﬁ AR ERRTR = 3 vary either randomiy or according to a cycle. It is necessary to deter-
E Lt S i e g et ST [ mine a mean equivalent dynamic load under which at the mean speed
¥ | = the bearing would have the same life as the one in the actual condition
2 FRACERIAN-EaNESIASRE B | of the load and the speed
I‘:’ r";r\-ifhiﬁiﬁ.lﬁl—.ﬂ-;jﬂ.iﬁif\irirr-;r-l—. s = i
L=
; 3 ller bea
Eh... &, " e SRR B Table &9 Factors ¥ and ¥ for radial and anguiar contact ro rings
¢ = ] = ESSBRA 2| | !
= o = Sossss] s Fa Fa
3 | | : Fu co Fs .
& | n Braring Fi Fe ] -
| i § _—
# L m=RegngntishEzasEcesEgns B tpe - = o
EI b Bl o o e | 1 | }
| W b
w2 Single row |
Rt - [ o a = Il bearing a0 1 0 0.4 Ddctga .Sigx
l Double now z
] bearing 0 | O4Sctgz | 067 | 067cgx | 1.5
.| zusIRssEeRgosggenesnsl 3 q
o e e e ok Table 8.0 Factors ¥ and ¥ for thrust ball bearings
RRE :
EE |-"-:| 3 I e Single Duwurbile direction
_E = Sooaca o | = direcion :
Y e =
£ = LA :_—' S % >e 5
-% o |= = = o el il : — _
S r |r| x ¥ i -
1l & & a5 | 0s6 118 0.59 0.66 125
' 4 Tl & s0°| om 1,37 0.57 0.73 1.49
— 55 ° 081 1.60 0.56 0,81 1.79
AT E Qs . 60 0.92 1.90 0.55 092 217
S B S chcke s ceorc NNRREI I | tes 1] 2 | oz | 1es |if Zes
e il cdescadrn b bl kg =4 0| 1 || 1% 0.53 1.28 |54
3'3 Taee g T |E= 75" 166 159 0.52 166 467
1 || TISESESSRRSESBTSRE| | 1| Is.lEE g | 243 5.86 0.52 243 .09
= == = 3= e { g5 ° 4R 11.75 0.51 4.8 4.2
IEE'E -~ |
- a e r e w0 E -
= = = aga 1‘3"4 20 10 1251
. = ﬁﬂﬁmi&l 2 2 | 125ig= 13 B 13 i
Ep e a# 2| o, Reriy . 1| 125
35 = < 9% " =sinz . o B I: i )
i" ig @ .E' 3 tl ?.nnrjl{l 3 "’.:I l 3 Hna ) i
mE_E | | |
aE= g |
<32X ! s Single direction 1hrast ball bearings are not vakid for the coadition of F,/ F<¢
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On the basis of the linear accumulaied damage principle of Mtigue,
the following eguation is established when a bearing under the equiva-
lent dynamic load PPy F, has worked cormespondingly on
10° revolutions of N N0 N,

N
¥ e .52
3 s (8.52)

in which, L,, Ls, ===, L, are the rating lives of the beaning respectively
under the action of PPy, ===, P,.

Table 811 Factors X' and ¥ for thrust roller bearings

Pyl - F.
= = —
Bearing type N ! 4 AR (S
¥ } N W
Single dirscison T | asle] |
== | g gz | [.51ga
Double direction I | I
T | 1i50e= | 047 iga | IS

4+ Single direction raller bearings are not valkd for the condition of F, / F<e.

In integral format, the mean equivalent dynamic load can be ob-
taimec

P. =“— | (xF, + }'.F'.]fd.‘-'Jl ' (8.53)

Equation (8.53) is more difficult to solve because L is unknown.
For a cvele load of period Ny, equation (8.53) becomes
e (] A
P =l ‘L - (KFc+ '!'F..}"'i.i.-"-.'-l (8.54)
If the equivalent dynamic load is made up of a number of values
P, Pysee P, corresponding to the speeds myny»++.n,, and the operating
time §j, 000, the mean equivalent dynamic load is

(8.3

L=l

Pia g, ¥ Pin, +=+Ponr1, ]' r l

|

T o L

¥, i 3
Dyvmipmic foad raling and e vl (YRR Lo

If the equivalent dynamic load 15 made up n_t' a number of wuiu::;
P..Paoee P, at the constant speed, corresponding to the number o
T Tha L : darilume
10° revolutions N, Na,=*+ N, the mean equivalent dynamic load is

PN _'_J"I-::_ﬁ"l e P":."aI‘ '|| r
P & 1 | Cefgoar -__'.__ ot Sl
LY 1

]
L

(8. 56)

where | e _
N, = a cycle load of penod and Ng= Nt N+, oAt S
In some special cases, the mean equivalent dynamic load Fi"t“ ; :51:
fined. Fig 8.2 shows a case where only two loads act with di 'L:inf -
ration 1. The mean equivalent dynamic load can be determuned from

this Mgure.

A T i e

Fig. 8.2 Mean cquivalenl dyrenmic bad

185 1 imately line ween P and
If a beanng I-.:rm._l_ Vilries ,nppfummdn.lf_. hl!u.blfi}. Ttummawr::arit e
P_.. as shown in Fig. £.3. the following approximale
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i
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i
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L
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Fip. 83 Approximately finear variathon of load
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e o ¢
r"_ - "'3— (8.57)

Vibration, shock or other additional dynamic loads may oceur in
various machines and equipment. Their influence on the rating life of
bearings is included in the calculation by an operation factor f, listed
in Table §.12. The equivalent dynamic load is g

P=_||",f.-'I'F, + ¥F ) (8.58)
Tabde 8.12 Factor /.

Loadirg properiies | 5 Examples
Stationury or shight shock [ =1.2 Motors, air—conditioners
General shock e SR ] Machine tools, blowers

| lmnsmission equipment
Severe vibration and shock | 530 Vibratory machines, ralling
machinery | mills, construction

MODIFICATION OF LIFE CALCULATION

Equation (8.35) is the basic formula for the life calculation of rolling
bearings, leading toa life with a reliability of 90%. For satisfaction to
various highly reliable requirements and consideration of the influence
of material and lubrication improvements, the Standard 150 28] pro-
poses the following revised life equation

L =a,u:u,{:‘%f (8.59)

where
L,=modified life for different material properties and operating
conditions and a survival probability of (100-n)%
a, = life adjustment factor for reliability
ay = life adjustment factor for material
ery = life adjustment factor for operating conditions.
The life adjustment factors for reliability o, recommended by the

standard are presented in Table 8.13 both for ball bearings and for rol-
ler beanngs.

It can be deduced from the Weibull distribution
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L ng. )"

— = - 560

S, gl

where _ A
L, = bearing life corresponding to a survival probability §
a=1.5
5= survival probability, §=(100—m)%:.
Hence, factor a, s

I O YR LA
s o _[Inﬂ,ﬂ:l

ke

(8.61)

Sometimes, one may want to analyse the life of bearings with a reli-
ability of 100%, that is the minimum life. Upon equation (8.11), the
minimum life would be zero. Mevertheless, on the basis of a great
number of experiments, the minimum life is estimated at

Lo =005

Tabke .13  Factor o,
Reliability % oo [ os [ a6 | o7 | 08 | o
L, | 2. [ L, Pl (18 -:._..- L,
pe 110 | 0e IH.S_’- | 044 | 033 | 021

Factor a; takes into account the metallurgical methods and proper-
ties of the material, as well as its heat treatment. The conventional rat-
ing life calculation in which the value of a. is equal to 1 is based on
the standard bearing steel. For an improved steel or special heat
treaiment, factor a, is greater than unity. It is hard 1o give the precise
values because the bearing lives are rather dispersive. The following
valines are proposed as a reference for the selection.

For the standard bearing steel, a;=1.

For the vacuum degassed beanng sicel, a:= 3.

For the vacuum remelted bearing steel, a;=5.

Factor ay lakes into account various lubrication conditions, in-
cluding oil film thickness, viscosity of lubricant, cleanliness, eic.,




216 Amalvsis of rolfing efement beorings

which have a positive or negative influence an the rating life of bear-
mgs. The conventional rating life calculation in which the value of
ity 15 equal to | is based on the normal lubrication. If the viscosity of a
lubricant at the operating temperature is lower than 13 107°m’ / s
{13e5t) for ball bearings, or lower than 2= 107°'m’ / s (20¢51) for roller
bearings, or if the value of D n is less than 10000 mm = rpm, facior
ay i5 less than unity. On the other hand, if 1 bearing works with a
hydrodynamic state of lubrication, that is, where no metal-to—metal
contact exists between rolling elements and raceways, factor ‘g, 18
greater than unity.

It is convenient (o judge a lubrication condition using a film thick-
ness parameter A described in Chapter Six. The following values of
¢y are proposed: IFf A is less than 0.8, i.e, the bearing will probably
have & certain degree of surface distress which can lead to rapid fa.
tigue failure of the rolling surfaces, factor 4, is less than unity, If the
region of A is between 0.8 and 4, factor a, is equal to 1. On the other
hand, if A is equal to or greater than 4, i.e. the bearing works with a
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sufficient elastohydrodynamic lubrication, factor a, can be chosen as
n

Experiments indicate that faciors g, and a, are not independent of
each other. It is not possible to choose their values separately.
The SKF Company suggests combining factors a; and ay into one

factor called ay;. Then, equation (8.59) is rearranged as follows
E: =r..l,u_.,|:.{F f (B.62)

Faclor a,; may be determined from Fig. 8.4 and 3.5. The selected
viscosity v of a lubricant is divided by the viscosity v, found from Fig.
8.4 using the rotational speed and the average diameter of the beanng,
thal is

Vacgum
rznglelud

CE i}

K =— (8.63)
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I'Ihen‘ factor a., can be chosen from Fig. 8.5 It should be noted that
¥ ois _lhc kinematic viscosity at the operating temperature of the
bearing.

W h_nm the ratio of v/ v, is less than 0.4, the values for two kinds of
m:tlurr._ils are the same. It means that in this case the bearing life can
not be increased even though a high quality matenial is used.

CHAPTER NINE
Statistical treatments of life experiments

Having mentioned it in Chapter Seven, it is necessary 1o analyse test
data by statistical methods because fatigue lives of bearings are
extremely dispersive. Bearing fatigue life is a random variable mostly
accepted to follow a Weibull probability distribution shown by equa-
tion (7.3). The purpose of statistical treatments is 10 estimate the val-
ues of shape parameter ¢ and scale parameter p of Weibull distribu
tion using test data of the same type of bearings under a certain testing
specification. Generally, the values estimated are nol equal to true
ones of parameters. For distinction, they are expressed by ¢ and
correspondingly.

There are more than ten methods of parameter estimations for
Weibull distribution (73) . The values estimated for paramelers arc
different depending on different methods of statistical treatments. It
may have influence on the accuracy of the evaluation of test results. In
the first paragraph of this chapter, methods of parameter estimation
and their application are introduced.

Another problem in a life testing of bearings 15 that it takes a long
time to complete life testing. Sometimes testing the life of a few bear-
ings in & group of bearings may be more than 5000 hours. It consumes
much more work force and materials for the completion of life testing
of a group of bearings. It is necessary 1o find statistical methods which
can reduce the total test time. These are described in the second para-
graph of this chapter. In the appendix of this chapter, a computer
program for statistical treatment of fatigue life is listed.

PARAMETER ESTIMATIONS OF WEIBULL
DISTRIBUTION

Some estimation methods widely used are described in this paragraph.
They are graphic method, improved leasi—squares, oplimum linear
constant. as well as maximum' likelihood estimation. For convenience
of understanding, some mathematical characteristics arc introduced
briefly

219
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Mathematical characteristies of Weibull distribution

Probability density
Having a differentiation on equation (7.3). the probability density of
Weibull distribution can be oblained

AL =% {; )" exp| - (E ) | (9.1)

Fig. 9.1 Probability density funcilon

The curves of probability density Munctions are shown in Fig. 9.1, It
can be seen thal the shape of the distribution is skew. ¢=1 for
exponeniual distnbution, ¢=2 for Rayleigh distribution, and curves
approximate (o the normal distribution while 3.2 =e<3.7.

Mathemarical expectation

According to the average value in statistics. we have the following
mathematical expectation

E(Ly=pr(1++) (9.2)
=

where
I'(x)=lunction of x vanable. it can be found out from its table,

Sguare deviation

o, (L)= #{'rﬁ . f—] - |['| + }” (9.3)
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More detail can be found in £57) .

Graphic method of parameter estimation
By using the graphic method it s possible: (1) to estimale parameters
of Weibull distribution guickly; (2) to evaluate the fitness of Weibull
distribution and test results; (3} to show bearing life corresponding to
any probability of failure. Even though its accuracy is not good, it still
is an effective method for parameter estimation.

The main contents of the graphic method are as follows.

Probahility of failure corresponding to vartables of order statistics
Data obtained from a life testing of bearings are arranged according
to their actual value, therefore

'LI ﬁ_L: 5---{:Lliuﬁf_‘

I, is called a variable of order statistics. - i
Obviously, L, is a random variable, the probability of failure corre-
sponding 1o the vanable L, is

L e
FL }y=1 "l!.'i['l| = I{Tj J
The probability of failure also is a random variable. It may be
shown that the expected value of FIL) is

. i
I e 1"-4
F{L,) g (9.4)
Normally, the vertical axis indicates the probability of failure of va-
riable L, and the horizontal axis is L, Test data are expressed in the
probability paper. All these points are located round a straight line, as
shown in Fig. 7.2,

Giraphic method (a) of paramefer extimation

Substituting L= f into equation (7.3), it can be shown that F{ff)=
0.632. By drawing a straight line by estimation close to all the test
points, the bearing life corresponding to an intersection of the straight
line and the horizontal line FIL)=63.2% is §. Assumiing that an angle
between the straight line and the horizontal axis is #, the estimated
valueol ¢ i3
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e=1gl (9.5)

If two points L, and L; are taken at a certain distance and their
probability axes F(L,)and F(L,) respectively are found, the estimated
value of ¢ can be calculated according to the following equation

o A B R
il B 1) I = FIL,) s
ol 1gL, — gL, :

Crraphic method (B) of paramerer estimaiton

The probability of Weibull distribution may be slightly modified, as
shown in Fig.9.2. The right axis and the upper axis Inf are on a nor-
mal scale, but the lower axis L 5 0n a natural loganthmic scale,

In |
=
~F LERNE i L 2 1 i 5
. = —— I— -l R T
— .

n\
il

i
| = | T, it
“? = | &
4 | ' s
| ]

I | | | H
1k - ! L

0. 8¢ | el ' 10
0.1 0.5 |1 5 10 50 & 100 200

Fig. 9.2 Graphic method (b)

A straight line can be drawn as described in the graphic method (a).
Drawing anoiher straight line parallel through point P, whose axes are
InL =1 and Inla{l / [I=F(L)]} = 0. It intersects the vertical line InL=0
at point . Then the correct coordinate value of point C is the value
of “—&" . A horzontal line from point P intersects the first line at

Sraristical rreasmenis of life experiments |

point A. Therefore lower coordinate value of point A i the value of

B.

Improved least—squares method

It is necessary to introduce analytical methods of parameter estima-
tions when high precision is needed. One of the commonly used ana-
Ivtical methods is the improved least-squares method. Estimated val-
ues of parameters ¢ and [ can be calculated according to the follow-
ing equations

I 5

e (9.7)

230258 o,

— Ya
lgh =gl + 5= ez (9.8)

where
gL = YlaL, (9.9)
g fon (gL —1gL’) (9.10)
B =1

g'L=- Yig'L (9.11)

Values of @, y, for various numbers of testing bearings are presented
in Table 9.1,

Example. Analyse data of a life test for tapered roller bearings
30208, A total of nineteen bearings were tested under a radial load of
[07R0 M and & thrust load of 3430 M at a rotational speed of 4500
rpm. Life data are listed in Table 9.2.

lgl, and lg”L, are presented in Table 9.2. From equations (9.9) to
{9.11)

lgl = 3.3738: Sy = 0.3676

From Table 9.1
a, = | .0566; . =0.5220

Substituting these values into equations (9.7) and (9.8) yields
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&= |.2483; B=3593
s R 913
Optimum linear constant method et = b.lgl (9.13)
In (731 , an adoption of an oplimum: linear constant method is sug-
gested, which is both precise and easy to calculate. It will be explained where : \
later that this method may also be applied to test data of a truncated i B = coefficients of the optimum Imlmr constant estimation,
sample for reduction of testing lime. These can be found out from [75) . Table 9.3 gives the values for
An estimate of parameters ¢ and f§ can be obtained according to the = 18,19 and 20. N
following equations The estimated parameters ¢ and fi for the above example given in
1 Table 9.2 can be shown as
F = - (9.12) & =12.23197: fi=32455
23026 a, lgL,
=1 Table 9.2 Improved leasi—squares estimation
Table 9.1 Values of It
& s Bes ol 7, ¥, : | THTT e -]
¥ : Order probability Lifi lat, | Igs,
] Vs a, f ¥ | a, L i (1 | b I
. o :
8 0.4843 05043 0 | 05362 1.1123% tald sl Sl K,
g “..:q.n: i 'i':”'l- | :l'l | u 5_1-|| | | l_qg | | '\. | :ﬂ' :“I:"'J: 43:..“
10 0,4952 05407 |l 32 | 05380 1.1193 2 10 119 30752 24567
1 0.4996 0.9676 13 | 0538 1.1226 3 15 1242 3.0941 9.5735
12 0.5035 0.9533 M| 0539 1.1255 y 2 L ot ) Ao
14 05100 1.0095 3 0.5410 11313 f X oy i s
15 0.5128 102057 [ 37 0.5418 11339 ' 33 At Al oo
16 0.5157 1.0316 38 0.5424 1.1363 y i | o 1;;:‘ JI At
17 0.5181 1041l || 39 0.5430 11388 vl e LF 3 i ,;'ﬂ;i
1% 0.5202 10493 40 0.54362 114132 " e e s it
19 0.5220 1.0566 41 05442 11436 i > o ey i 2 ket
e | 032355 1.6383 42 (. 5448 1.1458 | = | i TRE P
21 0.5252 10696 43 05453 11480 1 e 2 oy e Songs
. 0.5268 L0754 4 | 0545 | e 15 4§ 16865 3 5666 137306
3 03283 | LO8IN 45 0.54630 | 1.05185 16 %0 r0d 1 9799 128107
24 0. 5296 1.0864 46 0.5468 1.1538 17 = 8% 41084 16137 L;l:lssr't
25 0.53086 |  1.09143 47 05473 1.1557 ; '8 %0 016 13,7004 13,6920
26 0.5320 1.0961 4 0.5477 1.1574 19 95 0735 17008 | 135967
7 0.5332 1. 1004 49 0.5481 11590 —_ - ——t |
28 0.5343 1047 || %0 | 0.54854 1. 16066 5 [E— 318 K097
o [.3353 1 108G | &l (55208 L E7467 - e Yk

—
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Tablke 9.3 Valees of a, and &,
r=18 { r=19 n=2)

iy [ | a, [

| e hh

003817 | 001508 | 003600 | 001428 | —0003306 | 0.01335
4097 | 001933 | 003860 | 001812 | —0.03648 | 0.001704
{04222 | 002326 | ~0.03983 | 002166 | —0.03769 | 002026
~0.04250 | 002709 | -0.04070 | 0.02511 | —0.03813 | 002338
0041596, | 0039 | 000957 | 002853 | 003705 | 002040
=d406E | 03477 {03850 | 003198 | 003721 002857
003853 | 003873 | =0.03728 | 0031549 | -0,03591 | 0.0327]
-0.03577 | 0.04282 | -0.03500 | 003911 | —0.03409 | 0.03593
03199 | 004710 | -0.03198 | 0047286 | —0.03165 | 0.03926
-0.02716 | 005161 | —0.02812 | 004679 | —0.02853 | 0.04272
-0.02104 | 0.05644 | —002328 | 00509 | 002463 | 004636
12 —001330 | 0.06169 | —0.01723 | 005542 | 001981 | 0.03022
13 |—ﬂ.1'.ﬂil3-‘11 006748 | =0.00866 | 00602T | ~0.01386 | 005435
14 | 000949 | 0.07403 | —0.00006 | 006563 | 000646 | 005886
i5 I 0.026% | 0.08171 001240 | 0710 000287 | D.06384
i6 | 0.05213 | 009122 002918 | 007883 001490 | D060
17 0.09353 | Qulog3] 0.05331 | DORTAS 003105 | 007613
] 023569 | 0.1324] (09283 | QUO095R0 005420 | DAE435
19 : 022829 | 0:12582 009203 | 009567
. | (22142 i 11986

D WD 00 i Oh un e b B =

Maximuom likelihood estimation
Considering a life test of n  bearings which leads to the failure of bear-
ings at lives L, L,, = . L, a likelihood function may be adopted

S (R O

Taking the natural logarithm of the likelihood function, and solving
the maximum of the function, estimate equations of parameters &
and fI are as follows

. Y LinL,
L - :
s +;}Jn!.. —_— =0 (9.14)
> L

—_J
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: ) : 9.15)

The estimate of parameter & can be obtained from equation (9.14),
which is a nonlinear equation. The Newton—Raphson method works
well over the parameter range met in life tests of bearings. Given the
value of &, it is easy to determine j§ from equation (9.15).

Rating life, i.e. life whose probability of failure equals 0.10, is

£, = B(0.10536)"* {9.16)

It will be mentioned later that estimates of parameters obtained
from equations (9.14) and (9.15) have to be modified to find out

unbiased estimates of the parameters. :
Consider the example listed in Table 9.2. The estimates may be

solved by using the program listed in the appendix of this chapter.
F=22174; p=32120

It can be seen that for a same group of test data various methods of
parameter estimations will lead to different estimates of parameters.
For comparison, a concept of effectiveness is introduced. Eupp-m.::g
both @ and i, arc unbiased estimates and the following inequality
is available for any size n  of a sample,

& {EF, :-r:n:[ﬂ': i

then we state that §, is more effective than & .

To compare effectiveness of least—squares, moment, extreme value
and maximum likelihood methods, Monte carlo methods are _uscd in
£78) . It is concluded that the maximum likelihood method is more

effective than others.
TREATMENT METHODS OF ACCELERATED TESTS

For reduction of total test time, various testing methods are utilized,
such as increasing test load or speed, reducing numbers of test bear-
ings, as well as a special programed load. On the other hand, it is pos-

sible to reduce the dispersion of test data upon statistical principle,
Therefore estimate methods which have equivalent precision can be
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reached by using less test data. These methods can be simple and can
reduce tolal et time.

Sudden death test

The sudden death test is a method commonly used in dividing a life
test group into a number of equally sized subgroups and testing untul
the occurrence of the first failure in each subgroup. This method is
widely applied by most bearing manufacturing companies in the
worhd

Theoretical consideration
Probability of surviving L hours can be expressed as follows

S(L)=1=FL]} ==1:}.|1{ - l.l:f :l ! (9.17)

A group of m bearings is tested under fixed operating conditions
until the first one of them fails. Assuming that failures of the beanngs
are independent from each other, the probability of surviving L
hours for the one which has the shortest life among the m  bearings 1s

S(L), =[S(L)] =exp |!I"r|r'—n I-| (9.18)
]

Introducing
B =fm (9.19)

It can be seen that S(L),. also follows a Weibull distribution, which
has a different scale parameter fi° from the original one, _

It has been deduced that the square deviation e*( L), of the disin-
bution expressed by eguation (9.18) has the following relationship
with the square deviation o7( L) of the ongnal distribution

: H?i-—- =y {9200

.ef"|f.r

m=1.e>0, therefore m' ‘< 1. a*( L), < a’(L). It indicates that the
distribation of eqguation (9.18) 'has less dispersion than the original
one. The relationship between o°(L),. / a*(L) and ¢, m is shown in Fig.
9.3, In general, ¢ is between 0.8 and 1.5, and m is taken as 2 to 4.
Therefore the dispersion is reduced dramatically.
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These offer a possible way of obtamning results equivalent o com-
mon methods by using less failure data

[

._r L
i o A
3 1L IRELEL.

Fiz. 9.3 Yaluesofs(L), /o (L)

Testing methods

Consider that a beanng test 15 conducted on [ sub—groups of si@e
m each for'a total sample size of 0=, The test will vield life daz of
| failures, each being the shortest one in its sub—group. These faiflure
lives are treated according to a sample of sere ! and the corresponding
parameters é and i° are estimated. Then the parameter estimates of
the original distribution will be & and . The f should be

J'-l' = J'-I'rrr' : {921

Obviously, vanous estimate methods described in the previous par-
agraph are all available for the sudden death tests. However, the
graphic method may be adopted, as shown in Fig9.4. [ failure lives
are marked on a probabality paper of Weabull distnbution as a
conventional method. A straight line is drawn close 1o all the kife dala
A wvertical line through a point corresponding to probability of Gailure
50% on the experienced line intersects the horizontal line of probabili-
ty 15.9%, for condition m=4 at point C. Then the straight line paral-
lel to the expenenced line is the onginal distnbution

Experimental comperison

Consider & gronp of deep groove ball bearings 6302, 37 bearings were
tested under a radial load of 13778 N and at rotational speed 4000
rpm. Test data and their life distributions are shown in Fig9.5. It can
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be seen that there are only small differences, no more than 15%, be-
tween the two methods.

o 5 = 4 = F I.II ——

B 2 LILE O e At T

= = . A |
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...r{,]__zq_ ey
n ] b mat—

Failure probabality FIL), %

Life L, h

Fig. 9.5 Experimental comparison of sudden death tests
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Sratixtical treatments of [ife experiments

Truncated life test

Consider a life test of n bearings which leads to r failure data of the
bearing at lives L;, L. ==, L, The test of other n=r unfailed bear-
ings is suspended after lives of L, Ly, +=. L, Parameter estimates of
original life distribution can be deduced from life data obtained. This
is called a method of truncated life test. It is easy to understand that
the total test time is reduced because bearings which have longer lives
do not have to be tested Lo failure.

Upon different truncation methods, the truncated life test may be
divided into Type 1 and [1. A test is called Type [ of truncation if
the test ceases either because the bearing fails before a prescribed ac-
cumulated testing time L, or the bearing reaches the accumulated
time I, without failure. The number of bearings failed is r. On the
other hand. a test is called Type 1l of truncation if the test ceases after
a prescribed number ¢ of failures occurs.

Several methods of statistical treatments can be applied to truncated
life tests. Here, only the optimum linear constant estimate and maxi-
mum likelihood estimate are described in brief.

Oprimum limear constant estimale
Consider that n bearings are tested with a truncated number r. Life
data of bearings failed are listed as follows according to their values

LI .:L: {-.11{'f_l
Parameters ¢ and f may be estimated by using the following equa-
ftons
1

g = (9.22)

23026 a, gL,

lgh= % b, gL, 9.23)

where
dyas By =coefTicients of the optimum linear constant estimates with
sample size m and truncated number r. which may be
found out from (75) .
Example. n tapered roller bearings 30206 were tested with a trun-
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cated number 12 under a radial load 5880 N and an axial load 3332 N
at rotational speed 2500 rpm.

Their vest r-.E;Lult:-' are .-,E:mn in Fig.9.6. It can be seen Ih_Ht lhuw are
very small differences between the conventional life distribution and
the truncated one. A calculation indicates thal the n:t:!.:ivc 1.1-:1_- ation of
the parameter & is 6.1% and that of § is 7%. A very inleresting figure
i< that the relative deviation of the ration life is only 1.7%.
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Fig. 9.6 A comparison of conventional and trancated tests

Maxireem [felihood extimare i ;

Consider that n bearings are tested with a truncated number r. The
same procedure used in the deduction of equations (9.14) and (9.15) 1s
adopted. The estimate equations of parameters ¢ and f can be de-

rivied as follows

. 2 L{inL,
+4 l -7 InL ;= e =} (9.24)
r —

" L

My |

[ 5%

(]
A

Stativiical freartmeniy of Ko experimenta

PN T
p=(=—) 9.25
/ L M p29)
1t should be pointed out that the failure lives are unnecessarily less
than the lives at suspension. In other words, the test can be conducted
more flexibly to permit sclection of different accumulated time L.,
o [

For further inquiry, an unbiased estimate is introdeced. An
unbiased estimate is a value for which the average of a number of in
dependent repeated estimates will probably converge to it. Consider-
g repeated samples from a Weibull distribution with size n and
truncated number r, it may be approved that the following two quan-
tities follow distributions which only depend upon n and r bul not
upon the parameters of the Weibull distribution

= 'LI'-' -
uir. n)=eln— (. 265)

L;

vir, nj= LS (9.27
)
Introducing & p—th percentage point of u and v , that is
Problu(r, n)<u_|=PF

It can be deduced that a mean unbiased estimate of the shape
parameter ¢is

'r' = — I:{J.IEHI

And 2 median unbiased estimate of life L is calculated as

= Ul

exp(—5:2)

=

Ko

L

I (9.29)

where, values of v and wy ., are given in Table 9.4,
In conclusion, main slepa of the maximom likelihood estimate in
truncated tests are as follows

(1) Estimates of parameters ¢ and § are solved from equaiions
(9.24) and (9.25),
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{2) An estimate of rating life £ , is calculated from equation (9.16).

(3) Unbiased estimates & and [, are given by equations (9.28) and
{9.29).

A program listed in the appendix of this chapter may be used to
solve equation (9.24).

Application of maximum likelihood estimate

Confidence limits

On the basis of maximum likelihood estimates, confidence limits of
the rating life L,, and the shape parameter ¢ may be determined. It
can be seen from eguation (9.26) that the following inequalities are
true with 90% probability

- LII:I
HoelF, RY<ulr, n)=¢eln—— <, .. (r, 1)

L L

Solving the inequalities for Ly, yields

lmp[— E:":fi}]f,u - {r:xplf\— i .”f:,c

£ &

In general, confidence limits with a probability 100(1—a)% for Ly, 15

I MPE% ” A {ﬂp{; "‘: ]] £, @)

It means that the true value of L,; will be covered with the confidence
interval in probabality 100{1—a)%.

Similarly, conflidence limits with a probability 100{1=a)% for the
piarameter ¢ is

LY

L

'|'|_‘.: 1'Ia-!

(9.31)

Values ol i 3. My 3 Vi3 Ve en 208 given in Table 9.4 (82] .
Hypothesis tests

It is generally necessary to decide whether a hypothesis is accepted or
not, e.g. whether bearing lives will increase or not after adopting an
improvement on the design or manufacturing technology. In statistics,
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it iz called the hypothesis t&st.

Table 9.4 Percentage polnis of wr, n) and Wr, 1)

":H' Mpgs | Maps | Mass | Mo | Mass | Veos | Fuig | Yos ¥ | Vosy | Yans
10] 2101 161 | 0180 | 591 997 |0.654[0.856| 2.72 | 7.45 | 147 [31.7
3-1.16 =103 | 0300 | 3.87 | 627 |l0.619]0.729 | 1.65 | 272 | 498 | 741
1{-0.969|-0.769| 0.340 | 3.31 | 1.68 |l].Eul-E| 0.743 | 143 | 185 | 327 | 442
51-0.918}-0.716! 0.349 | 264 | 3,78 {0650 {0750 | 1.30 | 1.56 | 2.9 | 3.36
71-0.932|-0.69¢] 0.304 | 200 [ 2.7 iﬂ.ﬁ:ﬁb 0779 120 | 132 (198 | 230
10{~0.869}~0.682| 0.208 | 1.56 | 1.97 [0.739|0.800| 1.11 | 1.16 | 1.60 | 178
20| 3}=2.85 |=1.60 |0.0198] 1.85] 3.15 }u.ﬁaa 0.768 | 1.70 | 2.82 | 498 | 7.360
| 4f-1.18 [-0.858] 0.104| 192|291 [0.622]0.740| 1.47 | 1.95 | 3.42 |4.84
si-o.xe3l-0.601] 0125 1.67] 266 063710741 | 1.34 | 1.60 | 270 340
6{-0.804}-0.601 0.156) 1.56|2.24 [0.651|0.751 | 1.26 | 1.46 | 241 |29
7i-0.778~0.585| 0,148 1.46| 2.03 |0.663 0747 | 1.22 | 1.36 | 242 |2.50
10}-0.7021-0.530] 0.178| 1.29] 1.74 (o718 {0781 | 105 | 122 | 1.73 [2.03
151-0.708}~0.539] 0.116] 1.01] 1.39 [0.740|0804| 1.07 | 111 | 1.45 | 1.61
20/-0.679|-0.518| 0.106/0.820| 1.25 |0.798 [0.841 | 1.05 | 1.07 | 134 | 1.43
30| 3l-431 |-2.59 (0187127 |207 |os23lo7es| 174 | 205 | 551 | 830
4159 |-1.27 [0.0630]1.14 [186 |065%(0.762| 1.51 | 1.99 | 364 | 478

L

~1.10 [-0.797(0.0216{1.27 |1.88 |0.650 0.749| 1.35 | 1.65 | 285 | 1.58
61-0.865/-0,645/0.0698 | 112 |1.57 |0.663 |0.762| 1.28 | 148 | 2.37 | 288
T =0 7830574100761 ; 26 (1.0 (D681 '3'.7"53-; 1.22 | 138 | 216 2.62

2

|

!

1

I 1
81~0.7131-0.532{0.08301.08 {146 |0.686|0.768| 1.18 | 1.30 | 1,97 | 2.27

|

|

1

|

Gl=0 621 =0 512{0c 0% (108 | 1.5]1 |0.689 0766 1.16 | 26 | 1LBS 215
In—u.szs—u_walu.nﬁ'.r 108 |1.40 'IZITEIlﬁ.U.'.‘H-i| 114 [ 123 | 179 | 208
115/-0.595/-0.460(0.109 [0.965)|1.27 |0.750|0.809| 1.09
130(-0.570[~0.431|0.0680|0.731 [0.924 | 0.826 |0.868 | 1.04

14| 155 | Leo
05 | 125 | 1.33

Question 1. Assume that a type of bearing has onginal rating
life Ljoe. A sample of bearings will be taken for life tesis after some
improvements of bearings are made. Using the maximum likelihood
method, the shape and scale parameters and rating life are estimated
as & i and [, respectively. Compare the life L, of improved hear-
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ings with the original bearing life
Some basic hypotheses are introduced as follows
Basic hypothesis

H | A

indicates that the life L, of improved bearings is the same as the
Originil. ;

The second hypothesis expresses a deviation from the original
life L g There are three possibilities, that is

H,: e o L o

In this hypothesis, one is concerned about whether the bearing life
L., 1% shorter than the onginal.

_H' E— |l.'-\":‘\||

dre
Similarly, this means that one is concerned about whether the bearing
life L, is longer than the original.

hl . : i i 'r' HI =1

And this means that one has no predetermined idea
To tesl, a quantity
L
L,

1]

cln

is caleulated and compared with u(r, n) given in Table 9.4, In which ¢
and [ .. are unbiased estimates. The acceplance critéria are summa
rized in Table 9.5

Table 9.5 Acceptance criteria

Second iy potfesis

i
| e sy
i | - 7
| P — I.".l'-'ll_'_' Lot O | Y] |
ook
| W, slr. my<eln—— <o, (r 7]
i I'.l\.l

Srarcistical ireatments of life experimens ki

Example (82 . An equipment manufacturer offers a new finishing
process to improve the life of ball bearings. To 1est this improvement,
10 bearings finished by the new process are lested until all failure un-

der conditions for which the original life Lyg, is 98 hours Lipon the
test results, the maximum likelihood estimate gives L= 1265h,

e=1.57.
Assuming
Hy: Lig™ Ligm =98
Hy: Lyo= Lo

and a=10.1. therefore, from Table 9.4
it sl 10,100 = 1.56

Test the hypothesis
[ 2
Pl 57 I

i

0395 < .56

This indicates that the basic hypothesis is accepted. There is no es
sential improvement on the beanng life by the new finishing process.
Similarly, hypothesis tests can be conducied for the shape paramet-
er . Its acceptance criteria are listed in Table 9.6. In which, e, is the
original shape parameter
Table 9.6 Acorptance criteria

Kecond hypothesis Acceplaned criferia fiowr secourd fey o sty

[ - 5 i
= == — - = S e
P
FEg T i LFe R}
Fa
5 i
PR T ¥ aqlr mi= I ir, #)

Ouestion 2. 1t is necessary to test whether there is a significant dif-
ference between two populations of bearings

Two bearing samples from different populations are tested under
the same conditions. Their estimates are L yvys e pyys €« A0A 5 by
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using subscripts to indicate population number,
Acceptance criteria for tesis of Question 2 are listed in Table 9.7. In
which, values of w,(n,, ry, ns, ra) and 1,0m, ry, A, ra) are given in Table

94, My, M, oy r oexpress the size of testing bearings and (runcated
numbers respectively.

Calewlation of sudden death tesis
It can be seen that estimates ¢, #° and £, are obtained if / fail-

ure data of testing bearings are treated according to conventional es-
limate methods. Then parameter estimates of n bearings are

g=g"
E:ﬁ. Hfl.;
b ] Lin
'r'l'? ='Lln'l""'I
Table 2.7 Acceptance criteria
Basic hypothesiz &, | Lo = Lpaty
Second hypothesis i, | Acceptance criteria for M,
- - *l::-:-l-
Ligin< Ly I AR Fyw Ry, Fp) < (E, + &5 )in—=
(L fr
Y A - - LI'JII
P AL BT Lo (£, + &, )in= sty L Py M Pl
I = Laralmys Py My P3) < (& + & i
=HE' 1 i Lo pi [ o]
{":-a :"I-"I' Fys "T:" r:]
Basic hypothesis M, £ =
Second hypothesis I, Apceplance critenia for H,
F
£, =¥, W Wy, PR
L]
£
P o Wy (B o B ]
! z,
= 3
ey W, W ey, Py May Fobs= W eqlM s Pge My Fs)
P
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Table 9.8 Values of woln, r,oo vl ddm ronr)
L F Wy g W b I L] . Wy do Wiy | L Fa i1
T o (= : - - - -
1| 0.149 {1245 2.4 4.08 6.71 7.43 114
4| 024 | 0350 142 | 285 427 | 506 7.4
51 03k 0416 1.37 240 120 406 586
7| 0413 | 0.504 117 .99 2.42 31.36 477
0| 0527 | 0616 | 108 1.62 190 | 298 3,00
ol 3l oum | o267 | 189 | 375 | 583 | 563 | 8E2
4 | 0.240 0336 .45 o8 | &l6 | LED 548
1 0317 | 0402 1.32 2.49 315 1.4 4.40
61 0337 | 0437 | 130 | 229 | 297 | 300 | 421
T | G386 0478 1.2 29 259 282 199
10| D482 | 0562 L .78 108 2.45 .40
15| 0590 | o662 | 1.03 1.51 I.70 226 187
20| 0649 | 0718 | 104 | 139 | 154 | 204 267
0| 3| 0147 | 0241 | 218 416 | 681 6,08 890
41 0.7 0,350 1.50 286 | 4.21 354 5.08
§| 029 | 0395 1.34 253 | 34l 2.76 4.13
6 | D363 | 0453 1.3 il .75 244 z Fie
| 7| 378 | D476 1.20 210 2.65 247 136
8| 0426 | 0521 £15 | 192 | o238 2.30 3,02
9. D450 0536 .1 | 187 o Lot 235 193
10 | 0466 0, 566 e | L7 214 09 168
i5 | 0.554 063l .06 |58 1.8l 192 245
0| 0706 | 0769 | LO3 30 | 142 | 163 | 210
The median unbiased estimate of rating life L, 15
oy a ; ql "-’a“l' m ' 1
L,=1 ,,,:.up{ = 43—— ] (9.32)
The median unbiased estimate of the shape parameter ¢
- - *: '-"}3;’

Vosolls )
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Confidence limits of rating life Ly given by a sudden death test
with (I=a)% probabilily are as follows

o P e b rrrw ;

Lexp| == -

- g, .00 m)
I R L T

(9.34)

&

similarly, confidence limits of the shape parameter ¢

£ £

e T E Ty

(9.35)

where

Values of gi/. m) and v/ [) are given in Tables 9.9 and 9.10
respectively.

In C®0) , & comparison between sudden death and truncated life
lests has been made, The median ratio of upper to lower confidence
limiits is wsed as a criterion. It 15 easy to know that the less the ratio,
i.c, a narrow confidence interval, the higher the accuracy of parameter
estimates. Computed results indicate that the estimate accuracy of
sudden death tests is better than those of truncated life tests il

g(l, m, a)y<hir, n, a)
Values of gif, m, a) and hir, n, a) are gven in Table 9.11. In

which, { 1=a)% is normally called a confidence probahility

Table 9.9 Valwes of (I, m)

! i i e e ! pid I o I fois. | Huw
2 5 | -168 3149 | —2m | +0. 128 104 4.42
3 |10 |-297 i 3§ (o R T B S T
3- | % |—1m -1.19 | —0:853 | 40063 | 1.82 3.44
3|10 | =291 ~1.89 | =13 | =033 | 03866 1.19
4 | 5 =1.19 | BT =1, 65 | LU 1.21 1.63
5 2 | =102 ={. 788 -{1.632 0.302 | 1.80 .27
n} A {1, 590 | =i}, Tidl -{). 597 (). 208 ].43 | 1.82
s | 4 |-083%4 | ~0.73% | -0.59 0.140 121 | .53
5| 6 |-0.997 ~0.748 | -0,679 0,045 01,889 1.14
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Table %.00  Yalwes of Wi, )

{ Vs Fass . | s . Tase | Vam Vo LT
2 | oss4 | oo | o9y | 215 | 787 11.2 28
3 0650 0.767 0564 .53 | 3% 4.11 571
4 653 0,751 0.837 132 | 238 .80 3.73
5 0.6 0,765 0,532 123 | 20 2.28 283
& 0714 | O TR2 {1,543 | .20 | .82 206 241

Table 911 Values of gil, m, oyand Mr, », @)

No.of Voof No.of !'-llll-u.'-"-'rill'-': WL ronfidence TG comfidenoe
hacrings | fetires | groope e prgheabiling prahabifin
f F I | m a0 “”‘L”-"‘ £ WO e 0. 30 g (e 0. 30}
—— ! a X

1] b : 5 1072 11.06 2.5) 235
20 2 2 I 12.39 15.26 R 141
15 j i 3 3.08 163 168 .75
k| 3 3 I ibd LN Lo | .44
0 4 4 5 L 278 1.40 143
10 5 : 2 188 | 348 | 202 1.98
15 3 5 3 197 R 1.59 1.65
20 -] | - g a0 et 1:37 1,46
n -] (- i 19 213 | 135 1.28
i H] f i & 5 1.93 200 | 107 1.1

It can be seen that values of gl m, a) and Mr, #, @) are connected
with the size of the bearing sample. number of failures and groups, as
well as confidence probabilities, Both methods above have recently
been adopted by different companies.

A ppendix
Computer program
As deseribed above, the maximum likelibood estimares of parameters ¢ and f ane
the solulions of equations (% 20 and (9.25), A program 15 wrnilten in BASIC [an-

Buige
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Table 9 A.2  Program for the cstimation of parameters « and i
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Table % A.1 Symbols
Svmbaly Ve ferhlex Explamations
A 7]
k Il Left value of equation 4
<3 ¢
F o Vanable input
G i j= l=n
H h Taking 0.
| 26+
I 2651
M L;
N L]
P ¥ InL
Qo r
R F
5 »int
T ¥ LinL,
8] YL
s Imitial valoe of &
Y flel Left value of sguation 4
Al L =26+
i1l Total nember of bearings
FHO MNumber of bearings Miled
LT Ly
SLOPE £

1]
1)
3
Al
50
)
0

{i1]
110
120
130
1 400
| %0
160
170
1 &0
190
200
210
L]
420
4.
Sl
450
460
470
4HL)
<00)
510

INPUT NO,"N. *FNO": R.“LT": M
=27 FORG=1TOHN

PALUSE USING S a5 G INPUTF
Ally=F : 1=1+1

NEXTG

IMPLIT “X0="; Q:"H=": H
GOSLIB i

GOSLIB 500

Y=H:Q=H+}

GOSUB 404

CGOSLIB 300

D=0 0=0D-H+* ¥ /[B-Y)

IF ABS({D=0) > = E=4 GOTO 70
BEEP I : PAUSE “SLOPE". Q
L == )

1=27FOR G= | TO N

Us UML) O =1+
MEXT G

A=l AR SO

BRINT "A="; A:"Q=": (i
END

P=0:5=03T=0

[ =37 s FORJI=1TOR

P=P+LN A (1)
S=S54+A(1N0
T="T+A{l}40Q = LN A{l)
I=1+1

MNEXTJ

RETURN

B={THN=R)* MAQ* LN M}/ (S+H{N-R)= MAQ-P /R~
RETUEMN

Q

1. ‘symbexls and input
Symbols and their explanntions are summurized in Table 94,1 There are three
groups of input data,
{1} Test conditions, incloding sample size, number ol bearings failed and trun
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cated life. In conventional tests, the longest bearing life can 1ake the place of
truncated lifie.
(2) Bearing lives, ie. life data of feiled bearings and truncated Hves of the (r=r)
bearings,
(3} Initial values, that is an initial value of cstimate & and o variable increment
in calculation of the differentiation. For example, & may be taken as 00001
2. Program
The program is listed in Table 9A.2. It includes one main program and two
subroulines. Statements 10 1o 60 are datum input. Statements 70 to 140 are used
for the iteration of the shape parameter 7, and from 150 10 200 for the computa-
tion of the scale parameter § and output. Finally, equations {9.2%) and (9.29)
should be applied 10 gain the unbizeed sstimates of the parameters,

CHAPTER TEN
Static load rating of rolling bearings

Rolling bearings which are stationary, rotate at very low speeds, or
make slow oscillating movements should not be selected by fatigue of
the bearings but by the permanent deformation at the contact between
rolling elements and raceways.

In practice, a small amount of the permanent deformation in a bear-
ing subjected to a load cannot be avoided even under a light load, The
higher the load acting on the bearing, the larger the permanent
deformation will be. Appearance of the permanent deformation is
indentations and fattened areas formed on the raceways, These cause
the bearing to vibrate and to make noises or lo increase friction.
Therefore, it is necessary to ensure that permanent deformations in
rolling bearings occur to a very limited extent only, without any undue
influence on their running properties.

Experience shows that a total permanent deformation of 0.000] of
the rolling element diameter at the centre of the most heavily stressed
rolling element—raceway contact can be tolerated in most bearing ap-
plications without impairment of subsequent bearing operation.
Therefore, on the basis of the international standard 1SO 76, the static
load rating is given a magnitude such that approximately this
deformation occurs when the static equivalent load is equal to the load
rating. The static equivalent load is defined as that load which will
cause the same permanent deformation in the bearing as the actual
load.

Recently, the international standard 150 76 has been revised. The
static load rating corresponds to a certain value of the caleulated con.
tact stress at the centre of the most heavily loaded rolling
element—raceway contact. The effect of the ratio of the rolling element
diameter to the pitch diameter on the static load rating is considered in
the new standard. These will be described in this chapter.

PERMANENT DEFORMATION IN ROLLING BEARINGS

Palmgren made pressing tests using rolling elements and simulated
raceway—type samples and proposed the following equations to caley-

245
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late permanent deformations.
For point contact

5, = 13010 "8 (o, + py Xp +p) (10.1)
For line contact
o ] LB - .
15“:%%,@_[]{‘-’-4;4' + il i '1“2}
& r

where
3, =total permanent deformation of a rolling elementi-
raceway conlEcl, mim
= contact load, N
D, = rolling element diameter, mm
g and pyy=curvatures of body | in planes 1 and 2, | / mm
iy And e = curvalures of body [1 in planes | and 2, 1 £ mm
@y and py =curvatures of bodies | and [1 at the contact centre in
a plane vertical to the contact line; 1 /£ mm
[. = effective length of the roller.

In the case of a line contact, the permanent deformation at the end
of a roller is larger than that in the central part of the roller. Equation
(10.2) represents the permanent deformation at the end of a roller.
Palmgren indicated that in the total permanent deformation,
approximately two thirds occur in the raceway and one third in the
rolling element. But Kurota's test shows that the concrele proportions
are connected with the shapes of contact bodies and the metallurgical
structure, and also it is possible to have the same permanent
deformation between the rolling element and the raceway.

Q in equation (10.1) is replaced by the maximum rolling element
load, expressed as (. Using equations (2.8) to (2.15) and assuming
the total permanent deformation of 0.0001 of the rolling element di-
ameter under load ;. one may deduce thal for point contact

Q= 13.3?.*:,11'—3-%}7:]?11: . (10.3)

Similarly, for line contact

04=18.70. D, (0 F 5 (10.4)
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where

f= ratio of the raceway groove curvature radius to the ball diameter

y=hecosa 10O,

2= nominal contact angle of a bearing.

In equations (10.3) and (10.4), the upper sign refers to the rolling cl-
ement—inner raceway contact and the lower sign refers to the rolling
element—outer raceway contact,

The permanent deformation is connected with body hardness,
surfacial residual stress, residual austenite content. metallurgical struc-
ture, etc. Even though in the same testing condition, measured perma-
nent deformations are probably different. Experiments prove that the
Hertzian theory of the contact pressure is valid for the condition hav-
ing a small amount of the permanent deformation. The contact per-
manent deformition has a connéction with the maximum static shear
stress below the surface. As mentioned in Chapter Three, this shear
stress is proportional to the maximum contact pressure. Therefore, il
is reasonable to determine the static load rating of a bearing based on
the maximum contact pressure.

STATIC LOAD RATING OF ROLLING BEARINGS

As mentioned above, the static load rating means a load which causes
a total permanent deformation of 00001 of the rolling element diame-
ter 1o form at the centre of the most heavily siressed rolling
element=racewny contact. In this paragraph. the former international
standard of the static load rating is described. And then, the new in-
ternational standard about that is explained,

Former calculating method of static load raiing
When hall the circumference of the rolling element complement is
stressed, then from equation (4.68)

F.o=0.J5 (0.3)Lcosx (10:5)

Substituting equation (10.3) into this equation and considering that
this radial load is equal to the siatic load rating €. one may derive
that the static load ratings of the deep groove and the angular contact
hall bearings are as follows

b, =, FFa 5
C,,FEE.E?J,{H.S}IS%'—'] Z D cosa (10.6)
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Using a symbal f;
fom |3.5M,m.5][ %’.—-_1'1’1]' :
And for i-row bearings
Co=f.iZD:cosx (10.7)
For thrust ball bearings, the static load rating is the centric axial
load. From equations (4.27) and (10.3), it may be expressed as
Co =/ ZD sina (10.8)
where

fo = H_HT[_-"_H.'_—,}:I'J: :

2~ 1
Similarly, for radial and angular contact roller bearings, the static
load rating is given from equations (4.68) and (10.4)
Co=fiZD, | cosx { 10.9)
where
fo = 118.74,(0.541 —4)' °
For thrust roller bearings, the static load rating is written from
equation (4.27) and (10.4)
C,=fZD, ! sinx (10.10)
where
fo=118.7(1 = y)""*

It can be seen that the values of f, should be connected with bearing
types and their internal geometric parameters. But in the former In-
ternational Standard 15076, £, is specified to depend only on bearing
types. For a certain type of standard bearings, it is approximately as-
sumed that f; is not dependent on their internal geomelric parameters.
The values of f, are listed in Table 10.]. Obviously, this assumption
may bring about some deviations, as shown in Fig.10.1. The figure in-
dicates the relation between f, and ¥ in radial ball and roller bearings.
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The dotted line expresses values listed in Table 10.1 and the solid line
15 the calculated values. The conventional range of values y for rolling
bearngs is marked in the figure.

In equations (10.6) to (10.10), the unit of the static load rating is
Mewton.

Table 1L1  Valses of £

Bearing types | § 1 I Bearing types i
- I
Deep groove ball bearings 1226 || Thrust ball bearings 445,00
Angular contact ball bearings | 1226 || Cylindrical roller bearings 21.58
Angular contact ball bearings i Spherical roller bearings 21.58
imagneto bearings) 1.94 || Tapered roller bearings 21,53
Scli—aligning ball bearings 3.33 || Thrust ball bearings | 9807
;i 1al
154
14
i3
12
11
ifi . »
O TRIE I OARE P T IIe T TE—
] L b
Fig. 10,1 Relation between f, and 7. (a) deep groave ball bearings, (b) eylindrical
roller bearimgs

The static load rating is not the kind of load which causes bearing
components to be fractured. Experiments show that the loads which
may fracture bearing components generally is greater than 8 C. For
rolating bearings without strict requirements regarding quiet running,
the permissible static load may exceed the corresponding static load
rating of the bearing. On the other hand, for precision bearings or the
bearings subjected to pronounced shock loads, the permissible static
loud should be chosen according to the corresponding static load rat-
ng divided by a factor of safety which is more than one.
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New caleulating method of static load rating
The new calculating method of the static load rating was first pro-
posed by AFBMA and was accepted in 1986,

Definiticn

The new static load rating is maintained at approximately the same
level as that at which a total permanent deformation of 0.0001 of the
rolling element diameter at the centre of the most heavily stressed rol-
ling element—raceway contact exists. Experiments show that the max-
imum contact pressure corresponding to the permanent deformation
is connected with these types of rolling bearings. Generally, the maxi-
mum contact pressure at the centre of the most heavily stressed rolling
elemenl—raceway contact is in the range from 4000 1o 4600 MPa.

Upon these, a definition of the static load rating is specified as fol-
lows:

The static load rating means a static load which corresponds lo a
calculated contact stress at the centre of the most heavily loaded rol-
ling elemer—raceway contact. That is,

4600 MPa for self—aligning ball bearings;

4200 MPa for all other radial ball bearing types;

4000 MPa for all radial roller bearings.

The radial load is for radial bearings, the centric axial load is for
thrust bearings and the radial component of the load which causes a
purely radial displacement of the bearing rings in relation to each oth-
er is for angular contact bearings.

In this way, the calculated value of the contact pressure depends on
the'external load, internal geometric parameters of the bearing, elastic
constants of the bearing material, etc. and is independent of the
metallurgical structure and surfacial residual stress and so on. There-
fore, it can be calculated accurately. Of course, the actual total per-
manent deformation at the centre of the most heavily stressed rolling
element—raceway contact is probably larger or less than 0.0001 of the
rolhing element diameter,

The unit used to the static load rating is the IU system, i.e. in
Mewton.

Statle load rating of ball bearings
From equations (3.14), (3.18) and (3.19), one may derive the following
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relationship between the contact load of a rolling element and the con-
tact pressure

0-p iz L[ Lo

(10.11)

T I e
where
¢ is the solution of the equation
kT Kie
1—1(;”ﬂ-;$—i]—ﬂp}=n (10.12)
E, = o —E.-: (10.13)
PRI S Y
k a (I=€") (10.14)

If the contact pressure of a most heavily stressed rolling element
reaches the specified value and corresponding axial load is F. as well as
the rolling element contact load is @, then it approximately is:
for deep groove and angular contact ball bearings

i) i
F, = Eﬂax.ﬁmm (10.15)
for thrust bearings
F, = Q,Zsina (10.16)

Suhsl.il_uling equation (10.11) into this equation and introducing a
symbaol fg, one may obtain the basically same equation as that in the
former method.

for deep groove and angular contact ball bearings
Cy = [, iZD;cosa (10.17)
tor thrusi bearings
Co =f,ZDsinz (10.18)
Introducing the following constants
E=207 % 10°MPa
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v

and for deep groove and angular contact ball bearings

R R
— = ),52) e = ()53
D, i,
for thrust ball bearings
R
TR .54

K

It is deduced that the expressions of £, are as follows:
for deep groove and angular contact ball bearngs

: Lie)
: Po \’1
fo=20m2(2 ) = Sy 1 (10.19)
4000 Sk **1_.;. T
for self—aligning ball bearings
Py, '[.-'. 13
= 1 B | - Ty o
fo=20n2(=2z ) | S04+ (10.20)
for thrust ball bearings
4 Lie)
f Pa A\ ]
= 10,361 [~== | + 3 0.2
=10 “imm-l' R[E‘:—ﬂ--_nim} (10.21)

Static load rating of roller bearings
Similarly, the fundamentally same equation as that of the former stal-

i¢ load rating can be derived.
For deep groove and angular contact roller bearings

Co =il D cos {10.22)
where

fo=4(1-7) (10.23)

For thrust roller beanngs
Cy=f,Zl D, sinx (10.24)

—

—

——
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where

fo = 220(1 =) (10.25)

Comparison with the former cale wleting method

In comparison with the former static load rating, Fig.10.2 shows the
relation between the relative ratio of the static load raung and the val-
ue 7. The vertical coordinate is the ratio of the new static load ratin
to the corresponding former one. .

l:-_" -..-I:‘-.:

L C\-;

bk iod

1.2 i.2

1.0k |.': /
CHY \ 0.8

.8 ._-._/

0.4 |5._|_:

0.2 . o

o e I Yo i6 108 0 0,10,70,.50.1 .5

L= |bl

Fig. 10.2 Relation between Cy/ Gy and y. (a) radial ball besrings, (b)

It should be noted that for most types of bearings the new static
load rating generally increases, particularly for cylindrical roller bear.
ings. In reverse, the new static load raling decreases for self=aligning
bearings. The agreement between theory and experiments is improved
for the static load rating using the new miethod. 4

EQUIVALENT STATIC LOAD OF ROLLING BEARINGS

Ir th:lr actual load acting on a bearing is different from the assumed
conditions in determining the static load rating of the bearing, such as
combined radial and axial loads, then it is NECESSAry 0 fﬂn‘-'E'I:I the *11::.-
tual load into an equivalent static load. It js an assumed load wi:;ch
would cause the same contact stress at the centre of the most heavily
loaded rolling element~raceway contact as that which OCCUTS u;:dt:r
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the actual load conditions. The radial load is for radial bearings, the
centric axial load is for thrust bearings and the radial component of
the load which causes a purely radial displacement of the bearing rings
in relation to each other is for angular contact bearings.

Equivalent static load of deep groove and angular contact ball bearings
The equivalent static load of deep groove or angular contact ball benr-
imgs is the greater one between the two values given by the following
equations

Po=XoF, +¥YuF,
- [' (10.26)
Po=F,
where
F, = beanng radial load
F, = bearing axial load
Xy and Y, =coefMicients, as listed in Table 10.2.
Table 10.2 Valves of coclficients 1, and ¥,
Single row bearings | - Double row bearings
Bearirg iype — ——
Xy s Xy ¥y
Deep groove ball bearings” .6 | (13 i .5
Angular contact hall |
bearings

x=15" 1] T 1 0.92

= )" 0.5 042 1 {184

am25* os | oas 1 0.76

a=30" 05 | o0 1 0.66

am3if” 0.3 | 0.29 | 0,55

p=d40 " 1] | O3 | 052

a=45 " 0.5 | 022 | .44
Seli=aligning ball bearings 0.5 . . 2Tcigs | 0.4dctgs

* Permissible masimam valoe of F_ . €, depends on bearing design {inlernal cléarance
and recenay groove depth)

For two identical single row deep groove or angular contact ball
beanngs mounted side by side on the same shaft such that they oper-
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ate as a unit in “back—to-back"or “face—to~face” arrangement, use
the Xy and ¥, values for a double row bearing. On the other hand,
tor two identical bearings in “tandem” arrangement, use the X, and
¥, values for a single row bearing.

Equivalent static load of radial and tapered roller bearings
The equivalent static load of spherical or tapered roller bearings is the

greater one between the values given by the following equations:
Po=XyF, + Yo F, |
Py =F, | (10.27)

where
Xy and Yy = coefficients, as listed in Table 10.3.

Table 103 Vabues of coeffichents X, and ¥,
Dhouble row bearings

Single row bearings

Hearing fvpe

-1.: r-'. .T" | }.I.-
Spherical roller and :
tapered roller
bdur'inﬁ_a L5 | 0. Fcips ] 440t

Equivalent static load of thrust bearings

The static load rating of thrust ball or roller bearings refers 1o the
centric axial load, Because a thrust bearing with < 90 ° can also be
subjected to a radial load, it is necessary to calculate the equivalent
static load by the following equation

Pg=2gaF, +F, (10.28)

This equation is valid for all ratios of radial to axial load in the case
of double direction bearings. For single direction bearings, it is valid
where F,/ F,<0.44ctgz and gives satisfactory bul less conservative
values of Py for F,./ F, upto0.67cigx .

When a thrust bearing with 2=%) ° is subjected 1o an eccentric axial
load, it is necessary (o calculate the equivalent static load. In this case,
the rato of the equivaleni static load to the actual eccentric load is
equal to the ratio of the maximum rolling element load in the action of
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wherne
L= bearing rating life, hours
n=rotational speed of bearing, rpm.
For simplification of the calculation, the speed factor and life factor
are miroduced

I
3_ o I
Sy C"' yh (11.2)
L
L= (m:] (11.3)
Then, equation {11.1) converts to
Ja
C==2p 11.4)
7, ‘

The relationships of speed factor f, life factor f, and rating life
L, are presented in Table 11.1,

Table 11.1 Life factor and speed factor
Bearing type | Ball bearings Roller beavings
Rating life £, L, =500, L, = sogrtt

y [
Life factor £, ,i".,=',l".% f."'f.F
| |

Speed factor f, 333 s 2 315 ] v 1
/s {_:rr } ok

Upon the bearing rotational speed, the speed factor £, can be ob-
tained from Tables 11.2 and 11.3. Correspondingly, the life factor f, is
picked upon the basis of the bearing rating life from Tables 11.4 and
11.5; The rating life can be calculated according to =10 rpm if the
bearing rotational speed is within 1 to 10 rpm. Besides, it is reasonable
lo select a bearing upon its static load rating if its rotational speed is
less than 1 rpm.

i
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Table 10.2 1, valwes of ball bearings

30

A FR AR Y | L x| L B | %
10 |L4B4 |l 56 (0841 || 250 10.341 | 780 |0.350 | 3200 (0.21% |mu,t||u:|44,r
i [ 14471 58 |0831 | 220 |0.533(| 800 |0.347 || 3300 10.216 || 10500]0. 147
12 |1405|| 60 |0.822)| 230 [0.525(] 8200 [0.344 || 3400 |0.214 110001{0. 145
13 |1L369)l 62 |0813] 240 [0.518[ 840 0341 [} 3500 [D.212 115000, 143
14 11.335( 64 0805 250 (0.SILY 860 (0,339 3600 |0.210 || 120000, 14]
15 (1205 66 10.797 1 260 |0.5041 880 |0.336| 3700 |0.208 | 12500)0.139
16 |1.277| 68 [0.788 | 270 |0.49% || 900 [0.333 (| 3800 |0,206 || 1 3000/0,137
17 (12520 70 |0c781 (| 280 (0492 920 (0331 3900 |0.205 | 13500(0.125
18 {12280 7210774 290 0487 | 940 |0.320 || $000 |0.20 | 14000)0.134
19 112060 74 (0,767 || 300 |04811 960 (00326 || 41000 [0201 || 14500] 0,132
20 |L186[} 76 (0,760 310 |0.476] 980 |0.324 {4200 |0.199 (| 15000(0.131
2l [L166|l TR [0.753 Q) 320 (0471 1000 |0:322 | 4300 | 0.198 || 16000| 0.1 28
22 L1481 B0 10.747 | 330 (0466 1050 |0.317 || 4400 (0.196 |(17000(0.125
I3 | 1LA32|| B2 |0.740 ) 340 04610 100 (D312 0 4500 (00195 {| 18000 (.123
28 L6 34 [0.735(1 350 [0AST I 1150 |0.307 || 4600 | 0.193 | 19000 0.12]
25 |L100)| 86 |0.729 (| 360 |0.453 1 1200 [0,303 || 4700 |0.192 (20000 0,119
26 |10B6( 58 (00724 || 370 (0449 | 1250 |0.299 | 4800 (0,191 21000/ 0,117
27 (1073 90 |0THE || 380 0444 | 1300 |0.295 | 4900 | 0.190 ||22000 0.115
28 11060 92 10713 390 0841 || 1350 (0290 || 5000 | 0,188 23000/ 0.113
2% | T04B 1 94 (008 | 400 | 0437 (| 1400 | 0.288 | 5200 (0,156 ||24000/0,112
30 | 1036} 96 |0.703 || 410 10433 1450 |0.284 || S400 (0183 [|250000,110
31 (1L03s) 28 [0.69% | 420 (0430 1500 nzml' 600 (0,181 |{26000| 0,109
3200 LOK4H 100 (0693 1 430 10426 1550 | 0278 || 800 [0.17% || 27000(0,107
33 (1003 105 |0.682 )| 440 (0.423 1 1600 |0.275 )| 6000 | 0.177 || 28000 0,106
3 (09941 110 |0.672) 450 10420 1650 |0.272 || 6200 | 0,175 {29000 0. 105
35 |09R4 0 115 [0.662 || 460 (0417 1700|0270 | 6400 (0,173 '
36 (0975 [ 120 (0652 || 470 [0.414 ) 1750 (0267 || 6600|0172
37 10966 125 (0u6d4 || 450 [0.411 || 1800 (0265 | 6300 |0.170
3 (0958 ( 130 [0.635 | 490 |0.408 || 1850 {0.262 | 7000 |0.168 |
3910949 133 10627 || 500 H0.806 || 1900 | 0.260 || 7200 |0.147
0 OCSEEY 140 (06200 520 | (400 (| 1950 (0,258 || 7400 | 0.165 ||
41 (0833 145 (0613 | 540 (0395 || 2000 (0255 7600 |0.164
42 10.926)| 150 |0.606 || 550 |0.350 (| 2100 ﬂzsl TROD (0.162
43 109194 155 |0.5990 330 | 086 || 22000 0.247 || 2000 (0161
44 109 160 (0503 | 600 LOUIE2 |f 2300 | 0.244 || 8200 | 0,160 ||
40 109054 165 | 0586 )| 620 | 03TH || 2400 | 0.240 || £400 (0,158 I
46 |0A98| 170 |0.58] | 440 (0374} 2500 |0.237 || &600 [0.157
47 08920 175 (0,575 (| 660 (0370 § 2600 |0.234 {| K800 |0.156
45 |0.885) 180 |0.570 || 680 |0.366 | 2700 [0.231 | 9000 |0.155
49 0880 185 | 0565 ) 700 (0,363 | 2800|0228 19200 {0,154
50 0874 190 |0.560 | T20 10,359 || 2900 |0.226 1 9400 (0,153 |
51 (0.863) 195 [0.555) 740 |0.356 SEH.'H‘.Ii-I].E.‘!'EI B600 (0,152
54 |0.850 ([ 200 |0550) 760 (0,353 3:||:u::|ﬂ.zz:| | 9800 | 0,150 |

1
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Tabbe 1.3 F valees of reller bearings Table 114 f, values of ball beari
e [ e i [ = 2] % N S W NP N
10 (1435 54 [oses) 195 |osse ) 720 | 039! 2800 (0265 9000(0.187 100 | 0.585 §| 400 | 0.928 || 1250 | 1.360 || 4500 | 208 [ 1s000| 3.1
11 (139s|  se lossel 200 (0584 740 | 03938 2900 |0.262 920000.185 105 | 0iss || 410 | 0936 | 1300 | 1375 || 2600 | 210 Il 1550 | 314
12 1359 58 (0847 210 |0.576( 760 | 0.391] 3000 |0.259 0.184 10 | 0604 || 420 | 0944 || 1350 [ 1395 | 4700 | 211 | 16000 | 308
13 |1.326} 60 |0.838(| 220 0,568 )| T8O | 0.38%) 3100 (0.257 ﬂ.Jag 19 bz Il a0 L oozt | 1600 | 1 at; el e s
14 l_z'a?:: 62 |0.830)] 230 |0.560 | B00 | 0385 3200 |0.254 | 9%00D,152 120 [ o622 || 440 [ 095 [| 1450 | 122 4500 ool e 2
15 |1271(| 64 |0.822(1 240 |0.553( 820 | 0,383) 3300 |0.252 1 0.181 2% [inar B 430 loass L eson | 1] mﬁtﬂﬂ 5 |'.rmmn 34
16 |1.246| 66 (OBIS{ 250 |0.346 1| 840 | 03500 3400 E.Eiu:r!.lﬂ g:_}fﬁ! 120 | 0639 || s60 | 0973 f 1550 | 1460 | %200 | 213 ll1sme | 2on
17 (1224 68 [0.807 1 260 [0.540 || 860 | 0,377 3500 n.; & el 135 |07 || 47 |osen | 1500 | 1ars el o] Ko
18 |1.203|| 70 (0800 270 |0.534{ 880 [ 0.375 3600 0.;45- 1 0.1 il il Al e Koy b S400 il 35
19 |1.084( 72 0794 280 [0.528{ 900 | 0.372) 3700 |0.243 || 12000017 il Bridl gl fmd o ﬂ:-mm B 'wmﬂm 336
0 (166 74 (0787 290 [0.523 ] 920 | 0.370) 3500 |0.242 || 12500 0.169 ? - | 2 1.
' 3900 {0,240 || 1300000, 167 150 [ 0.670 | 300 | 1L.000 | 1730 | 1520 || 000 | 229 | 20000 | 3.42
3 [1049) 76 [0.781) 300 (0517 940 | 0.367) 0.240 || 1 . 5 9 2 :
3 3 10.238 || 135000 0.165 155 0677 || 520 | 1018 (| 1800 | 1535 || 6200 | 232 21000 | 348
22 (1133 78 0775 310 |0.512) 960 | 0.36%| 4000 |0.23 16
LR | i ¥ 063 160 hbEd 540 _'I:I::‘ I RS0 ]545 by 114 I 22000 l.E‘J'
23 11k ]| %0 (0769 320 (0507 980 | 0363 4100 [0:236f 1 163 3
| = F0.234 | 14500(0.162 165 | 0.691 | 560 | 1040 | 1900 | 1,560 | 6600 | 237 | 23000 | 38
24 (L1482 (0,763 | 330 0503 |{ 1000 | 0.361) 4200 {0.234 1|1 162
35 |1000] w4 (0758 || 340 |o.498 || 1050 | 0.354) 4300 [0233 |1 0. 160 170 | 0.698 || 580 | Loso | 1950 | 1.575 || 6800 | 239 | 24000 | 3.63
% 1077 86 (0753 ] 350 [0.454 ! 1100 0.231 || 16000 0.157 175 | 0705 || 600 | 1065 | 2000 | 1.590 || 7000 | 241 [ 25000 | 368
27 l1oes|| 58 [0.747) 360 |0.4%0] 1150 0,230 170001 0.154 180 {0712 | 620 | 1075 || 2100 | 1685 || 7200 | 243 [ 26000 | 373
3 (ross|| o0 o.742) 370 |0.486 1 1200 0.228 || 180000.152 185 | 0708 | 640 | 1.085 || 2200 | 1.640 || 7400 | 246 [{ 27000 | 378
20 |1.43)| 92 |0.737| 380 04821 1250 0,227 || 19000 0,149 190 | 0.724 || 660 | 1100 || 2300 | 1665 || 7 248 || 28000 | 382
31 |ro2z|l 96 {0728 400 0475 1350 | 0.224 | 2100010. 145 200 (0737 | 700 | 1120 || 2500 | 1.700 || 8000 | 252 30000 | 391
2 lroi2f 98 [0.724| 410 [0.471 [ 1400 | 0,222 || 220001 0.143 : 210 |o7as | 720 | 1130 || 2600 | 1730 | 8200 | 24 31000 | 396
33 |1.003( 100 |0.719( 420 [D.467 ([ 1450 0.220 || 23000 0. 141 220 0761 | 740 | 0190 | 2700 | 1755 | 8400 | 236 33000 | 1o
34 (0504 | 105 |0.709 || 430 |0.464 | 1500 n.:':n 2400010.139 230 [o772 | 760 | 150 || 2800 | 1775 | 8600 | 238 33000 | 400
35 |0oge 110 0099 &40 (0460 [530 n.;j.i { 250000 0. 137 30 | 0783 780 | 1.160 || 2000 | 1795 | e300 | 2.0 =
6 (0977 115 (0690 450 [0.458 | 1600 u.;ulzﬂmn.lgn il P Wirdodd pied | el R o 3m5um A
37 (09691 120 |0.681 || 460 [0.455| 1650 0.211 5.??".&..'5'—’”";1 20 |osoa | 520 | 1180l 3100 | 15 m‘-’im] ol ot o
38 |0.962( 125 [0.673 ) 470 [0.452 1 1700 0:20% ) 2800010.1.3: 270 | 0.EL4 | B40 | 1190 (| 3200 | 1855 | 9400 | 2.66 | 3%000 | 4.24
19 10954 130 |0.665 | 480 |0.449 | 1750 'ﬂ'ﬁi ; ﬂ.m e Bl ot Bl i Bl Bl s
20 logaz|| 135 |I}HT 490 “'ﬁj ;g;ﬂ; -g.ma A el el [ [ BB man | a8 :mm | &
41 |0.940f 140 |0.650 ] 500 |0 i 2 'I g e o fosersf 1ym_t.m i il mmm i
a2 (0933 145 losd3]| 520 l0.439 || 1900 0.297 7000 |0.20 ; 21 0000 :
| | 30 | 0,852 920 | 1.225 || 3600 | 1.930 || 10500 | 2.76 | 35000 | 4.80
43 (0927| 150 [0.637 )| 540 |0.434 [ 1950 | 0295 T200 |0.199 | L | 12 .
155 (0631 || 560 |0.429 | 2000 | 0.293| 7400 |0.19% 320 | 0.86) | 940 | 1.235 || 3700 | 19350 [l 11000 | 280 || s0000 | 494
25 ol lis: 425( 2 54| 7600 |0.196 - 330 | 0870 || 960 | 1.245 || 2800 | 1965 || 11500 | 285 | 65000 | 507
45 |0914| 160 |0.625| 580 [0.425( 2100 | 0.28 ; .
46 |0.908{ 165 [0.619 ) 600 [0.420| 2200 | 0285 7500 |0.195 340 | 0879 | 980 | 1.250 || 3900 | 1985 [ 12000 | 259 | 70000 | 5.9
47 |os02] 170 [0.613 ] 620 |0.416] 2300 | 0.281) 8000 | 0,193 330 | 0885 || 1000 | 1260 || 4000 | 200 12500 2903 | 75000 | 530
48 (0896 175 (0,608 640 |0.412f 2400 | 0.277) 8200 |0.192 360 | 089 | 1050 1,250 || 4100 | 202 || 13000 | 2.96 | 80000 | 5.43
49 (0891 180 (0,603 || 660 |0.408 | 2500 | 0.274] 8400 |0.190 370 | 0905 | 1100 | 1300 | 4200 | 203 |f 13500 | 300 [ 85000 | 5.5
50 |0.EBG6|| 185 |0.598 (| 680 |0.405 | 2600 | 0.271] &&00 |0.189 380 | 0913 f 1150 | 1.320 || 4300 | 205 | 14000 | 304 [l90000 | 565
52 |0.875| 190 0.593(] 700 [0.401 || 2700 | 0.268) 8200 |0.188 330 (0921 || 1200 | 1.340 || 4400 | 207 || 14500 | 3.07 10000K 585

S T T T e ——
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Table 11.6 Values of factor 1

w2 Analvxis of rofling element bearings
Table 115 f, values of roller bearings
L | A L, fi £, L | L fi Ly i
100 | o617 || 400 | 0935 || 1230 | 1315 || 4500 | 1.935 || 1s000| 2.77
105 0,626 A10 | 054 N O30 | 1330 a0 | 1948 15500) 280
110 | 0635 || 420 | 0549 | 1350 | 1.345 || 4700 | 1.960 || 16000| 2.83
115 | 0643 || 430 | 0956 || 1400 | 1,360 || 4800 | 1.970 || 16500 2.85
120 | 0652 || 440 | 0962 || 1450 | 1375 || 4900 | 1985 || 17000] 238
25 | 0.660 || 450 | 0.969 || 1500 | 1.390 || 5000 | 2.00 || 17500| 291
130 | 0.668 | 480 iums.i 1550 | 1.405 || s200| 202 || 18000| 293
135 | 0675 || 470 | o982 | 1600 | 1:420 || 5400 | 204 || 18500| 295
[GEL 0ARA = {!.HEHE 1as0 ] Shi | 2. 19000 298
145 | 0690 || 490 | 0.994 || 1700 | 1445 || 5800 | 209 || 19500 3.00
150 | 0697 || 500 | 1000 || 1750 | 1.455 || s000 | 2.11 || 20000| 3.02
155 | o704 || s20 | 1000 || 1200 | 1470 || s200( 213 || 21000| 3.07
160 |0.710 || %40 | 1025 || vso | 1480 | &400 | 2.35 || 22000( 311
165 o717 S0 I.H]FI 19D ] Gl | 217 23000) 315
170 | 0723 |[ 580 | 1.045 || 1950 | 1.505 | 6800 | 2.19 | 24000| 3.19
175 | 0730 | 600 | 1.055 || 2000 | 1.515 )| 7000 | 221 || 25000| 323
180 | 0736 || 620 | 1.065 | 2100 | 1,540 || 7200|2323 | 26000| 327
155 0,742 k] 1.07s || 2200 1,560 T400 | 2.24 2700|331
190 | 0,748 || 660 | 1085 || 2300 | i.5%0 || 7600 | 226 || 28000) 335
195 | 0754 || 630 | 1,095 || 2400 | 1.600 || 7800 | 228 || 29000| 3.38
200 | 0760 || 700 | 1.105 || 2500 | 1.620 || s000 [ 230 || 30000| 342
210 | 0771 || 720 [ 1035 | 2600 | 1640 || 8200 | 231 | 31000 345
220 | 0782 | 740 | 1125 || 2700 | 1660 [| 8400 | 2.33 || 32000 3.48
230 |o792 || 760 | 1.135 | 2800 | 1.675 || 8600 | 2.35 || 33000 3.5
240 | 002 | 780 | 1.145 || 2900 | 1695 || 3800 | 236 [l 34000| 355
250 | 0812 || %00 | 1.1% || 3000 | 1710 || 9000 | 2.38 | 3s000| 3.8
260 | 0822 || %20 | 1060 || 3100 | 1.730 || 9200 240 || 36000, 361
10 |os3r | #40 | 1070 || 3200 | 1745 || o400 | 241 || 38000| 367
30 | 0.840 || 860 | 1180 || 3300 | 1.760 || 9600 | 2.43 [ 40000| 3.72
290 | 0540 || 280 | 1185 || 3400 | 1775 || 9800 | 244 |45:1m 186
W0 | 0.858 | 900 | 1.190 || 3500 | 1.795 || 10000 | 246 || S0000| 39%
30 | 0Ees || 920 | 1200 || 3600 | 1810 || 10500 | 248 [ ss000| 4.10
320 | 0875 || %40 | 1.210 || 3700 | 1825 || 11000 | 2.53 (| s0000| 4.20
330 | 0883 || 960 | 1.215 || 3800 | 1.840 || 11500 | 2.56 | 65000| 4.30
340 | 0891 (| 9RO | 1.225 || 3900 | 1850 || 12000 | 259 || T0000| 440
350 | 0598 || 1000 | 1.230 || 4000 | 1.865 || 12500 | 263 || 7s000| 4.50
60 | 0906 || 1050 | 1.250 || 4100 | 1.880 || 13000 | 266 || BO00O| 4.58
370 (0914 || 1100 | 1.270 || 4200 | 1895 | 13500 | 269 || B5000| 4.66
w0 | 0921 || 1i%o | 1285 || 4300 | 1905 | 14000 | 272 || S0000| 4.75
390 | 0.928 | 1200 | 1.300 || 4400 | 1910 | 275 [l100000] 450

i4500 | 2

1 1
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Fig. 11.1

Nomograph for rating life

In case of estimation of the bearing life, a nomograph shown in
Fig.11.1 can also be used. Drawing a straight line through two points




| Amalysis of rolling elenrent bearings

corresponding to values of the dynamic load rating, in kgf, and the
equivalent dynamic load, in kgf, its extension intersects the axis L ata
pomnt which shows the rating life in million revolutions. Then, another
straight line is drawn from the point through a point which is the bear.
ing rotational speed, and extended to intersect the axis L. [t intersec:
tion indicates the rating life of the bearing in operating hours. An ex-
ample is shown by dofted lines in Fig. 11.1. A deep groove ball
bearing, €= 1500 kgf, P=400 kgf, one may find L=353x 10%, and
L= 880 h at a= 1000 rpan.

Generally, the operating temperature of a conventional rolling
bearing should not be exceed 120T . The special heat treatment is re-
quired if its operating temperature is higher than 120T | In this case,
the bearing hardness and fatgue life will be reduced. To take into ac-
count the effects of the operating temperature, a temperature factor
f+ 18 inlroduced as follows

Cr=[;C (11.5)

where
€ r=dynamic load rating considering temperature effects
fr=lemperature factor given in Table 11.6
C= dynamic load rating of a conventional bearing.

The influence of the temperature on the bearing life is remarkahle.
For example, the bearing life at 2000C will reduce to a half of the value
at mormal temperature. Hence, in order 1o have a longer life of the
bearing, it is better to produce this kind of bearing from high alloy
tool steels, such as CrdModV,

DEVELOPMENT OF LIFE CALCULATION METHODS

Currently, the Lundbeérg—Palmgren theory has been further
developed, particularly the life calculation for bearings applied under
special operating condition.

Dynamic load rating including life of rolling elements

It can be seen from equation (8.24) that only the fatigue failure of in-
ner and outer rings are considered when the equation of the dynamic
load rating is derived. MNevertheless, the fatigue failure of rolling ele-
ments his 4 large proportion in reality. In (4] | an improved calcula-
tion methoed of the bearing life is proposad,
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The number of stress cycles at a extreme small part of the rolling el-
ement surface per revolution of the inner ring i3

L k.’-”u"ﬂ-n

i (11.6)

1] 'rl
where

uy= number of stress cycles at one point of a rolling element per

one revolution of the inner ring

k, = modified coefficient due to the variation of the rotational axes

of rolling elements around their own axes

n.. = orbital speed of rolling elements

My, =number of stress cycles at a point of the clement surface per

orbital revolution
n,= rotational speed of the inner ring.

As discussed in Chapter Seven, dynamic load rating of a rolling ¢l-
ement can be deduced. Considering the number Z of the rolling ele-
ments, the dynamic load rating of the set of rolling elements may be
oblamned.

For point contact

e J’I i I- Bl .-_’_;{ W N =)
k=g """I.J' |:1 S 1:| L:u-s: )
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For line contact
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.- -5‘: . ( ':-., ) B 1R
(1 =y Fy) \AvBJ, / J, _ (11.8)

%

where, 4 and B are constants relevant to materials. K, and K, are
constants relevant 1o values of K. K, equals 1 for roller bearings., as
well as for ball bearings under axial loads. For other conditions, then
0<Ke<1.J, and J; are explained in Chapter Eight

Obviously, the dynamic load rating of the inner and outer rings can
be calculated using equations described in Chapter Eight. Similar 1o
equation (8.24), the dynamic load rating of the bearing is

e[ (CeY (&))"

It can be seen that if taking the same constants 4 and B as are used
in Chapter Eight, the value € determined by equation (11.9) is smaller
than that determined by equation (8.24).

From a theoretical point of view, it is necessary to consider the in-
fluence of the rolling element lives on the dynamic load ratings. But it
is too complicated to calculate. In reality, the constants 4 and B are
adjusied to fit testing results and equation (11.9) is not applied.

Life calculation for high speed bearings

Generally, bearings whose values D_n exceed 1 10* mm + rpm are
called high speed bearings. In practice, the values D_n of some bear-
ings may be more than 2 10° mm + rpm. For miniature bearings. if
their rotational speeds are higher than 1.6 times of limiting apEmix.
they are also considered (o be high speed bearings even though their
values D_n are not high enough.

Due to an increase of centrifugal forces of rolling elements in high
speed bearings, the distribution of applied loads among rolling ele-
ments is changed. These will be explained in detail in Chapter Sixteen.
In 1952, A.B. Jones (4) took into account the influence of the cen
trifugal forces and derived the life calculation equation of a high speed
ball beanng under a radial load or only pure axial load. His analvsis
indicated that the centrifugal forces of balls might reduce bearing life
significantly. Ball centrifugal forces cause contact angles of inner
raceways 1o increase and contact angles of outer raceway o decrease,
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Jones gave the life equations for high speed ball bearings

i I_(ﬂmﬁ_ )' {]] __I':II 7 |:.,_, -E_L -_-;: )

H-Jn:fr ; ' b r

] 5 I:l:_' ..._. {..I ’-.|'| 1 o

. T+ (C /C ’.,,T (11.10)

fC, } ~ sina,

[f.', 5 ~ sina,

] WA R b T
w f—f_:,-':r_ “ .l_"J_ ";} (11.11)
.;r12|'| = l' I+.1I-r 2+.J.|+.:'Ir s
where

1, &= contact angles of inner and outer raceways
¥i= Lhoosa S D
Ve = Dyosa, / D,
L = beanng life not including the influence of centrifugal forces
C,/ C.=rabe of the dynamic load rating of the inner ring lo that of
the outer ring.

Mew methods will be described in Chapters Sixteen and Seventeen.
Considening the internal geomelry, Kinematics, contacl deformation,
gyroscopic moments and centrifugal forces, etc. in bearings, a set of
simultaneous nonlinear equations of differential equations can be
solved 1o obigin the load distribution among rolling elements.

As seen from equations (8.36) and (8.37), the dvnamic load ratings
of the inner and outer rings respectively are

2
L = (g— ) (8.36)
iy

and

7 Y P
L = (gf ) (B.3T)

where, the equivalent rolling element loads Q. @, of the inner and
outer rings can be determined using equations (8. 10) and (8.17) upon
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obtained (i)
Then the rating life of a high speed bearing may be derived by the
following equation

L=l "+ L ") " (11.12)

where, ¢ is the shape parameter of the Weibull distribution. For ball
bearing, e= 10/ 9 and for roller bearing e=9 ./ &.

Due to their complexity, the above equations are solved by comput-
ET5.

Influence of misalignment on bearing lifie

Various types of misalignment of a bearing ring relative to another
ring may happen during mounting due to influence of manufacturing
deviation, shaft deflection and out of line, etc. A bearing without
self-aligning performance may cause an increase in the rolling element
loads and effect the bearing life.

Influence of misalignment o ball bearings

As described in Chapter Four, if a rolling bearing carries combined
radial, axial and moment loads, the basic analysis is to determine the
relative radial displacement §,, relative axial displacement o, and the
relative angular misalignment #. Given three variables among them,
other variables can be solved. Of course, the computational process is
more complicated.

Life ratho

i T S
& o)

Mizalignment @

Fig. 11.2  Inflsence of misalignment on ball bearing life
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One of the cases is commonly analysed. Given the radial load F,,
axial load F, and relative angular misalignment 8, therefore &, §, and
M can be computed using equations (4.97) and (4.99). Then using
equation (4.95) derives Qi)

The dynamic load ratings of the inner and outer rings are computed
from equations (8.36) and (8.37). And the bearing rating life will be
obtained using equation (11.12).

Fig.11.2 shows the computed resulis of the influence of
misalignment over the bearing life in a deep groove ball bearing, which
has zero radial clearance and carnes a radial load of 5380 N

Influence of misalignment on roller bearings

While having misalignment of the inner and outer rings in a roller
bearing, the load distribution among rollers and the load density along
the rofler length are changed. Computational methods for these will be
introduced in Chapter Seventeen. Since the load denzity along the rol-
ler length is not constant. the roller is divided over its effective length
into several pieces of disc with thickness w. The probability of survival
of & whele roller is equal to the product of the probabilities of survival
of every individual parts. Then, the equivalent roller load per roller
length 15

Pl

g %0 4
1 /3
q, -'{‘.--J i 'IJ.TJ (11.13)

Hence. the equivalent roller load at angular position &, is

E,fwj“(

W

179

l’f: '14.1.1.') (11.14}

il

where
;= load density along the roller length at angular position .
Equation (11.14) may also be changed to

g.?:;'w:*[iqj‘] (11.15)

where
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a,=load density of the i—th piece of disc at angular position .

Easy to see that another equivalent is made due to the vanation of
the load density along the roller length.

Using equation (8.36) yields the following rating life of the inner ning

: ; i
L I ; {'—, (11.16)
- | ! -l"'_' 4
Lyor)
Z 0 J
where
0, =dynamic load rating of the inner raceway contact which is de-
termined by equation (3.9).

Similarly, the rating life of the outer raceway contact can be de

duced from equation (5.37)

2 ....._-.Q*_-'_____:__-I (117

o

(1)

i

where

.. =dynamic load rating of the ouler raceway contact

For simplification, all the descriptions above are based on the fixed
Quier rng and rolating mner rirlg.'.

The rating life of the bearing can be derived using equation (11.12).
Fig. 11.3 shows the computed results of the influence of the relative
misalignment over the bearing life in a radial cylindrical roller bearing.
It can be seen that the life reduces significantly while the relative
misalignment increases,

Life calculation of oscillating bearings
A bearing which does not turn through a complete revolution and os-
cillates reciprocally is called an oscillating bearing. Express jts fre-
quency of oscillation as n cycles per minute and its angular amplitude
as p. To determine the life of an oscillating bearing, its applied load
can be equivalent to & load of a rotating bearing.

It can be concluded from equations (7.10) and (7. 14) that

'y = const.

Consider an equivalent rotating bearing which has the same kife as
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ihe oscillating bearing. Therefore

0= Qrimin

B i

ComE R0

L
Liad

Life ratio

Misalignment #

Fig. 11.3 Infizence of misalignment on roller bearing life

r

0u- (%)

114 (11.18)
g ] ¢

In which, subscript R expresses the corresponding quantity of the
equivalent rotating bearing, and subscript 0 expresses that of the oscil-
lating bearing.

The stressed arc length during one complete revolution of a rolating
bearing ig 2rzr. and that during one complete oscillaton of an oscil:
lating bearing is 4. In which, r is the mceway radius and g is the an-
gular amplitude of the oscillation. Then

H g :l..7

”I

(11.1%)
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Substitution of equation (11.18) vields

Q,= f%] "0, (11.20)

Therefore, the life of an oscillating bearing can be calculated using the
following eguation

L= [-f (11.21)
-
where
Jin L
B, = () 2, (11.22)
For « in degress, then
LT TR
Py [_.;;E;'.— :I P, (11.23)

Where, Py and F, express the equivalent dynamic load of the ro.
tating and oscillating beanngs respectively.

Values of (@ /90 " )'** are given in Table 11.7.

Equation (11.21) is walid for the bearings whose oscillating
amplitudes are more than 90°/ 2 . If the amplitudes are less than
that, it is possible that other failure modes, such as fretling wear,
indentation at raceways will occur. Equation (11.21) is not valid for
this situation.

Table 1.7 Valwesof (@/590") "7

P | s 10 15 2 % 45 60 15 W

Ball bearings ;{].1!-. 048 055 0461 069 070 OF7 094 1.0

Roller beanngs iﬂ.lﬂ 052 058 064 072 081 088 095 1.0

A modified proposal for life caleulation
IS0/ TCA discussed a modified proposal for the life caleulation of
bearing. An effective dynamic load rating is introduced, that is

Crr=b,C (11.24)

where
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b_ = modified coeilicients of matenals and manufacturing quality

C = dynamic load rating given in Table 8.3.

Equation (8.29) may be written as follows

N e
L ,=a.n {%; (11.25)

where

g, = life adjustment factor for reliability, i the factor a; given in

Table 8.13

a, = life adjustment factor for operating conditions. a.= a,.

Therefore, bearing manufacturers guarantee values of effective dy-
namic load ratings, and bearing users select values of factors a, and
a, upon different operating conditions of bearnngs. Unfortunately,
until now we have not had enough data for the selection of b, and a,.

LIFE CALCULATION OF LINEAR MOTION BALL BEARINGS

Linear motion ball bearings are applied to support relative reciprocal
linear motions. In companson with sliding bushes, linear motion ball
bearings have some remarkable advantages, such as low friction, high
accuracy, long life, etc. A typical structure of a linear motion ball bear-
ing is shown in Fig. 11.4. Several rows of balls exist between the outer
raceway and the shafl. The outer raceway is parallel to the axis of the
shaft and balls roll over the raceway reciprocally under an applied

load.

Fig 11.4 Linear motion ball bearing

Main failure modes of this type of bearings are contact fatigue and
wear, Up to now, the contact fatigue still is one of the bases of the life
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calculation owing to shortage of an ideal method for the wear life cal-
culation

Dynamic load rating

The dynamic load rating of a linear motion ball bearing refers 1o a
central radial load under which the bearing may operate to a rating
life of accumulated moving length of 50 kilometers. In other words,
under this load 90 per cent of bearings will reach or exceed their ac.
cumulated moving length of 50 kilometers. On the basis of the
Lundberg and Palmgren theory, the dynamic load rating of linear mo-
tion ball bearings can be deduced. Two types of relative ball positions,
called case [ and [I respectively, are shown in Fig. 11.5.

| Load {Load
I |
e — -
S /(_LT‘;..'“\R
Ar B A €5
Fr == P SO S

Fig. 115 Typical ball positions
For the force balance in case |
PwF, +2F cosep =201+ 2cos™ @) (11.26)
And for case [l

F=1F coslp/ 2) =22 .0 cos(p/ 2) (11.27

where
£ =central radial load of the bearing
Fe £ = load carned by one row of balls
(s, 0y = load carried by a ball
Ze=average number of balls simultaneously carried the load in
one row of balls
o= cenlral angle shown in the Fig., o=3607 i
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i= number of rows.
Fig. 11.6 shows the internal contact condition and contact ellipse of
4 hnear motion ball bearing. It can be seen that the directions of ellip
tical major—axes at the outer and inner raceway contacts are different

Fig. 1016 Infernal contact condition of a bearing

The corvature sum at the contact

e 11.28)
=S RSP ‘
And the curvatere function
iR -
Flp)=——m 11 249
L ID_F R '

where, the upper sign refers to the contact of balls and shaft, the lower
sign refers to the contact of balls and outer ring.
Total number of stress cycles at a point of the raceway is

S0
= L % i
N === (11.30)
I,
where
u=number of siress cycles at a point of the raceway during a
siroke

{,=stroke length at one direction in mm
L = gocumulated stroke length in 50 km
Stressed volumes of an inner and outer raceway contacts
respectively ane
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Voot(bZ DY {(11.31)

V,x(aZ,D ). (11.32)

i which, 0 _is the length of the stressed raceway.

: :'*'}'h-"‘“lmil_llf equations from (11.28) to (11.32) into equation (7.6), as
in Chapter Seven and Eight, yields the dynamic load ralings of an in-
ner and ouler raceway contacts respectively

; T

D 33
) -zs.ﬁm{ D R :
N 3 o i 14 % R
Q. h:s_a-:m[.l 5 } s Vs (11.34)

where

L= effective length of the raceway

The dynamic load ratings of contacts between one row of balls and
the shalt or the outer raceway are

C,=Z,0, (11.35)
C,=Z.0. (11.36)

The dynamic load rating of one row of balls js
C,=(C """+« ) (11.37)

H:}.- th:-: product law of probability, the dynamic load rating of a
bearing in which several rows of balls carry the load will be
S
C= {'.[5 e
JZ()
_Therefore, the dynamic load rating of a bearing in case | is
given by

133 I ]

(11.3E)

C, =28.8664 i pioperLtlcos p
{1+ 2cos” @)
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= 5 [T P | g - i
{ ] ;’ g 1 § I l” . } J ) l 1
€| =2 Flrya (11.39)
e vars ;

If =90 in equation (11.39), p=20" is substituted, i, and i_are
modified factors of manufacturing and structure respectively. For case
1

C, =46.8934,4, D LY cos

ke

(l .”- Y 475 . I}% Y T -]
s =g + |l +— 0
Lpt) {_.| i ] (11.40)

Bearing users may decide which case actually applies, but smaller a
value between C; and Cy is commonly selected for safety. The ratios

of Cyto Cpare listed in Table 11.8. It can be seen that Cis more than
Crexcepl i=3.

Table 11.8 VYalwesaf Oy 7 O

| 3 4 5 fu

s 0.8122 11487 1.1901 1.0584

Calculation of rating life
The rating life of a linear motion ball bearing refers to accumulated
stroke length, or operating hours at a certain reciprocal frequency, for
which 90 per cent of a sufficiently large group of apparently identical
bearings can be expecied to reach or exceed.

The basic equation of the rating life is

; __r-|. e
LB P {11.41)
in which, L i5in 50 km
For a life of aperating hours, this is
L=24x10""nL,l. (11.42)
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where
n=number of reciprocal cycles
L, =life in operating hours
For simplification. a life factor i1s introduced

Life calcplation of rodiing beariigs ard Neir develapment m

Using equation (11.44). one can select a bearing on the basis of s
given load and required rating life. On the other hand, ongé can also
calculate the rating life on the basis of the given type of bearings and

the bearing load.

f the hardness of the operating surface of a shaft 15 lower than

! (11.43) HR 640, it should be modified by the following equation

. F 7
L= {11.45)
LT 'r'i:"

A where
) '\\ k= modilied factor for hardness, given in Fig, 11.7

LIFE CALCULATION OF ROLLING SCREWS

: \ A rolling screw 15 one type of drive in which both bolt and nut have
aie spiral raceways filled with rows of recirculating balls. 1L increases the
driving efficiency and accuracy significantly due (o rolling frichion in-
stead of shiding Mmction.

The structure of the rolling screw is shown in Fig.11.8. In view of
the similarity of the manufacturing technology many beanng industir
companies produce rolling screws. Their calculation methods of the
static load rating and rating life are similar to rolling bearings

In a screw, an angle between a normal to the roceway at the ball
contect point and the transverse section of the bolt is called the con.
tact angle. Generaily., it 1543

W 3 20 b AR,

Fig. 1.7 Muodified factor for hardness

Table 11.9  Life factor [

L Sk ) f; | B o= S0kmb I I Ld = Sk i |
I | 10 0464 100 | e B3
3 [ 0794 1| 0368 | 200 Q171
1 [ (IR K 1] 0,322 ) 149
4 h630 0 {1392 S0 | I
s | ooses P 0271 500 0.126 (] fﬁ’f“ﬁ{ﬁ
1] 0.530 Al 01,255 | i AL
) .53 0 0243
B 1. 51K HiH 0,232 ‘\
9 0481 W 0223

Values of f, corresponding to [ are presented in Table 11.9
Equation {11.41) becomes

Fig. 11.8  Raolling screw

(11.44)

P Dynamic load rating

The dynamic load rating of a rolling screw refers to

an axial load un-
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der which 90 per cent l.?:fr;:]'rp:m:ntl'_-' identical screws can be expected 1o
1¢-.11.‘_h its rating life of 10" revolutions without any sign of fatigue.
: Similar to equation (8.29), the dynamic load rating of rolling screws
L&

C, =/ (i cosz)" gz’ ' p " (11.46)

where
i;=number of spiral circles times number of rows
Z = number of balls per spiral circle
/.= being concerned with geometrical parameters, manufacturing
accuracy and materials. For the groove curvature radius R<
0.52Dy, values of £, may be found up from Table &.5,
The unit of dynamic load ratings in equation (11.46) is Newton.

Calculation of rating life
‘The basic equation of the rating life of rolling screw is

I = ﬁ;—) (11.47)

wihiere

P = axial load,

In mathematics, equation {11.47) is the same with equation (8.35)
Ihe unit of the rating life L is 10° revolutions. If the rating life is ex-
pressed by operating hours, and it is marked L, then

_10°L

f
- Bln

{11.4%)

where
n 15 number of revolutions per minute.

CALCULATION OF WEAR LIFE OF BEARINGS

As mentioned in Chapter Eight, bearings used in various kinds of ma-
chinery, such as machine tool spindles, gyroscopes may fail in 2 man-
ner of wear instead of fatigue. The wear oceurs at the contact surfaces
of rings and rolling elements, or at sliding surfaces of the cage. The se-
VEre Wedr can cause a decrease in the operating performances of bear-
mgs. For distinction from the fatigue life, the operating life of a bear-
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ing is called wear life when it loses its normal performance due 1o
WEAT.

Permissible wear lactor

Wear causes a reduction in bearing accuracy and an increase in bear-
ing clearances, which effect the running performances of the bearing.
A h,;'mm]t way is o use the increase of clearances as a measure of wear
{91) . The permissible radial clearance enlargement V' in ym can be
determined by tests on the basis of different bearing types, sizes and

réquirements. _ .
A permissible wear factor is introduced by the following equation
v
J (11.49)
£y
s mm 2 3 4 -5 4 7 RRI l ] i

i, mm gl o) < ] Lo ice ¥ 1 DW

rveyeer.
e b ——

i

i i "ETRD = k ATEE

i B | {04} THI GO Lol i SO} | () {13
Fig. 11.10 Permisible wear fictor amd wear life

wherne
¢,=wear constant which is dependent on the bore diameter of the
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bearing and indicates the wear velocity, in um. It is shown in
Fig. 11.9.

Ubviously, operating conditions of bearings have an important in
.'.hn:r'.u.u: over the wear life. The relations between the permissible wear
tactor and the wear life are shown in Fig.11.10. The area given by
curves A and 8 15 divided into ten ficlds marked o=k, A tranzition
from @ to & shows that environmental and operating conditions be-
come more unfavourable and wear increases more severely.

Bearing applications covering a wide range of machinery and
equipment and their fields of operating conditions, as well as factor
fv are listed in Table 11.10. It is suggested that the lower values of £,
be selected for more strict applications.

Table 10.10 Chperating conditions and permissible wear fuctar  ©91)

Application “peTaiing fei i
R s fowr permrsinble
[ WEar
Muotor vehilcles
Crearboxes gk S—K
Diriven axbes II.._ =i
Water pumps k =T
Clutehes k =7
Wheel bearings h—1 A=
Rail vehiches
Haulnge cars i—h et
Trams e—f i1
Passenper couches =d =12
Cionis WaEgORS e=d bi=1d
Mineral wagpons e g=12
Metal processing pant veliohes = =12
Kailcars d-= 1l
Locomatives  ouler beanng d—ec =10
Locomaolives / inner bearing d=e 10
Fransmission genrs for il vehicles c—=d =i
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{continaed )

Application

Shipbuilding

Ship's propeller thrust blocks
Ship's propeller shaft bearings
Large manne gears

Agricaliural machinery

Tractors

Seli=propelled agricultural machines
Machines for seasonal use

Comsdruction machinery
Crawler iraclors
Londers

Excavalors

Vibrulors

Eleetric motors

Elecine molors [or hdausehialkl J.rl]"‘liul.l'il.L"‘-
Siandard motors

Large molors

Iraction molors

HRuelling mills, metal processing planis
Rolling mills

Rolling mill gears

Roller tables

Centrifugal casting machines

Machine tools
Lathe spindles
Milling spindies
HBonng spmdies

Grinding spindles

Ll peraring iy factar
o iiiouns far permiinible
.ru'ﬂ'lll.ll.'i T
eI e [1]
g1 15=20
= =10
i~k =10

k =15

k 10=30
i=k &—10
1—K =1 [}
1=k B—15
f—i —4
i—k T=5
= =5
b—d 2 e
l,'-|.| L A
-z =10
e—d -2
[l B-12
e i—12

| 0.5=1.5
a=h 0.5=1.5
b—c =i
o=d I |
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(continued)

Application Operating Iy factar

cowtlivioms for permissible

el W
Headstock spindles a—bh ﬂ.;‘-wi
Machine tool gears e=d -8
Presses / Tywheel d=r 3-%
Presies /' ecceniric shafl d—e -8
Electric tools g=h 3-8
Preumatic iools g=h Tl
Woodworking machines
Milling cutiers e—f I.5-3
Cutter shafts e=f | Pt
Frame saws / main bearings g 14
Frame saws / con rod bearings c=d =3
Grears / peneral engineering
Universal gears d-e -5
Cizar molors d=g =3
Large—sized gearboxes, fixed c—d 610
Materiaks handling cquipment
Belt drives / opencast mining c=d 5=10
Belt convevar idbers gk 10=240
Helt pulleys e[ 10-15
Bucket wheel excavators  bucket wheel g 12-15
Winding cable sheaves c=d B=12
Pump, blowers, compressors
Small fans and bowers i—h §=§
Medium-sized fans d={ 3-3
Larpe fans o= 3-5
Ceninfugal pumps d—i 3-3
Compressors d— 1-5
Centrifuges, stirrers
Centriluges - -4

—
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[continued )

Application

Large stirrers

Crushers, mills, screens, elc.
Jaw erushers

Cone crushers, rodl crushers
Beater mills

Hammer malls, impact mabls
I'uibe malls

Vibrating mills

Vibratung screens

Arguette prosscs

Rotary kiln support rollers

Paper—making machines and

primting machines
Paper—making machines / wet seclion
Paper—-making machines . dryer section
Paper—making machines ./ refiners
Paper—making machines o calenders

Prantng machines

Texiile machinery
Spinning machines . spinadles
Power looms, knitting mechines

Plastics processing mackinery
Screw extruders for plastic materials

Rubber and plastic sheeting calenders

{peraring
coelitfoms
fields

g=h

b—c
1—h
b—=c
a—h
a=h

el
o |

Iy factor
I {aF _|'H'|'.li'.'|'\.,l\.|"'-."|'

Wedr

4-6

il I
=11

Calculation of wear life

Giiven the permissible clearance enlargement of a bearing, it 15 possible

to determine its wear life. The main steps are the Iollowing

{1) 1o obtain the value of the wear constant ¢; upon the beanng bore
diameter from Fig.11.9;
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(2) tocalculate the permissible wear factor f, using equation (11.49):

(3) tlr; :?:ﬂ:l: the corresponding operating condition field from Table

{4) to draw a horizontal line corresponding to the wear constant in
Fig.11.10 and to intersect the boundaries of the field selected.
Then. the abscissas of the intersections are the maximum and min-
imum values of its wear life.

' Example. Consider the wear life of a deep groove ball bearing 6220

tor an application of standard motors. lis permissible clearance en-

largement is 30 um.

lts wear constant is 10 um from Fig.11.9 upon the bearing bore di-
ameter of 100 mm. And using equation (11.49) yields that the permiis.
sible wear factor is five. Furthermore from Table 11.10, the condition
field d is selected. Therefore, the wear life of the bearing is 16000 to
26000 hours.

I the permissible wear factor f;. of a bearing and its bore diameter
as given, then the clearance enlargement of the bearing till the failure
can be deduced using equation (11,49).

It can be seen that the wear life calculation of a bearing only refers
Lo an approximale value,

Special tests are needed in the case of strict requirements.

—_—

CHAPTER TWELVE
Grease life in rolling bearings

In the majority of applications, rolling bearings are lubricated by
grease because the bearing arrangemient design can be relatively
simple. Grease is more easily retained in the bearing and it provides
sufficient protection against foreign particles and water.

Grease—lubricated bearings are widely applied to various types of
machines, such as electric molors, measuring instruments, machine
tools, automobiles, computers, robots, video recorders, electric fans,
etc. In most of the applications, since the bearing speed and the exter-
nal load are not high then caleulaied fatigue lives of beanngs would
probably be several tens of thousands of hours or even more. Bearings
will possibly be damaged in other mode, that is, efficacy loss of grease.
The sudden increasing of frictional temperature causes scuffing of op-
erating surfaces of bearings. The total operating hours of a grease—lu-
bricated bearing from starting running until efficacy loss of grease is
called the grease life.

Sometimes, rolling bearings must be relubricated if the life of grease
used -is shorter than the expected service life of the bearing
Relubrication should be undertaken at a ime when the lubrication of
the bearing is still valid. A bearing may be relubricated several times.
Therefore, it is necessary (o predict the grease life of a bearing and to
specify the appropriate relubrication interval. These will be introduced
in the first paragraph of this chapter,

Grease life also is dispersive, By comparison with the dispersion of
fatigue life, the range of its dispersion 18 narrow

CALCULATING METHOD FOR GREASE LIFE
The calculating method for the grease life of bearings is primarily

based on the analysis of test data: Firstly, the types of grease common-
Iv wsed and their testing methods are described.

Types of grease
Conventional grease is composed of base oil, grease thickener and
additives. Generally, bate ail 70-95%, grease thickener 30—5% and
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with small amount of additives,

Base oils may be mineral or synthetic. The lubricating properties of
a grease are mainly determined by its base oil. For use in low tempera-
ture of high speed condition, the grease with a low viscosity base oil is
selected and for high temperature or heavy loading condition, the
grease with a high viscosity base oil is selected.

Lrrease’ may be classified according to its thickeners, which are
soaps, such as calcium, lithium, sodium, barium, etc. and agents, such
as silicagel, alumina, colourings, etc. Usually, the operating tempera-
ture of a bearing should be 10T 10 20T lower than the drop point of
the grease used. The water resistance of grease depends on its thick-
ener. Sodium base grease is unstable in water or high humidity oper-
ating conditions, because it absorbs water to a certain extent to form
in emulsion.

Additives are primarily used to increase functions of antioxygen,
antirust, EP, efc.

For applications with heavy load or shock load, greases containing
different EP additives are required. On the other hand, for applica-
tions where a long grease life is required, greases containing
antioxidant additive are used.

Functions of conventional greases are listed in Table 12.1. Penetra-
tion 15 an important index. The specification of the penetration means
a depth that a cone which weighs 150 grams penetrates into the grease
al temperature 25C within five seconds, in 1/ 10 mm unit. The pene-
tration indicates “softness "of a grease. Varnous penetrations and their
applications are listed in Table 12.2.

Usually, mixing different types of greases together in application
should be avoided. Also for similar types of greases, a mixture of dif:
ferent additives may have a harmful effect. The anticorrosive proper-
ties of greases are improved by the addition of rust inhibitors.

Testing methods for grease life
To determine grease life by tests, some standard testing methods of the
grease properties and life are specified, as shown in Table 12.3,

On the whole, the testing methods may be classified as the following
two kinds: one is to test until efficacy loss of the grease and fo count
the total testing time and the other is to specify the standard testing
time and 1o measure the vanations of the grease properties. The pri-
mary structures of testing equipment are similar to bearing life testing

Grease fife in rolling bearings
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Table 121 Functions of greases
' Savidiirn Caferum Mixed
i Litkiwm base grease Bgire b Burse
grease Ereise ErEasE
Baze _
odl Mineral C'_L,I'r'_rrdg"r M ineral Mimeral | Mineral
F‘rn;u'rn'r.'i‘ ol ol il ol ail
Drop point © | 170-190 | 200-250 | 170-200 | 70-90 | 160~190
Range of | :
oporating == +100 | =50~ +160 |=20=+130| —20—+60 | —20—+80
_tempemiture T o)
Permissible .
rotatbonal Th il | T 4 70
speed” %% |
Mechanical Good | Good Good Bad Good
stability
Load . | Medium Wenk Strong o Weak Strong fo
capacity | ! medium medium
i Bad if
Water Giood G Bad Giood containing
resislance sodium
base
Good (o = Good o
Antirust Giood Bad LSiisad Good medium
Muninly :1. Movvalid | Load For large
used in | for water | capacity ball or
high | orhigh | canbe roller
Widely wempersiare, | humidity | improved | bearings
uied in nol valid by EP
M. rolling for high additive |
bearings | speed and
heavy
load
conditions |

+ modified perecatages 10 Emiting spocds in o beanng catalogue.
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and 35% of free—space of the bearing, the ratio of their grease lives
approximatelyis 1 « 3.

Calculating methods of grease life

Cin the basis of test data, the average total operating time until effica-
cy loss of grease, i.e. grease life, while the grease quantity filled is
around 30% of free—space of a shielded or sealed bearing may be es-
timated by the following empiric equations

Wilcock formida
Considering the effects of operating temperature, rotational speed, ex-
ternal load, bearing sizes, etc., Wilcock proposed the equation

logt =4.73 = (T = 17.2) x (0.0104 + 8,460

15
% 10 ‘]—H.:]J’L‘i',, (12.1)

where

t=average life of grease, h

= operating temperature of the bearing, C

n=rolational speed of the bearing, rmp

F.= radial load acting on the bearing, kgl

C=dynamic load rating of the bearing, kgf.

Equation (12.1) was presented in the fifties. Due to the improve-
menl of grease properties, the actual life possibly exceeds the corre-
sponding calculated value.

NSK formula
NSK Beanng Corporation in Japan suggests the following formula
logs = 6.54 — 2.6—— — [ 0,025 —0.012—"— )7 (12.2)
rraan Y N e

where
Mg = Imiting speed for grease lubrication specified in a catalogue.
Equation (12.2) is valid under the following conditions

0354 —

M may

If n/ m,, 15 less than 025, then n /4, 15 replaced by 0.25. And if

£] . 0C=ET<120TC
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operating temperature T is lower than 400, then T 15 replaced by
b,

— Deep groove ball bearings
I [ Cylindrical roller beanngs
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Fig. 12.1 Relubrication intervals for radial ball and rofler bearungs

It can be seen that some factors, such as grease quantity filled, types
and compositions of grease, are not taken into account in equations
{12.13 and (12.2). Therefore, caleulated results according to the equa-
tions only give approximate average values.

The above equations are not valid for opened—types of bearings
with grease lubrication. In these cases, relubrication intervals of the
bearings can be found by curve figures or tables. Fig.12.1 and Fig.12.2
respectively show relubrication intervals for radial ball or roller bear
ings and for tapered or spherical roller bearings. These figures are
suitable for bearing temperatures not exceeding 70T . The intervals
obtained from the figures are approximately halfed for every 15T in
crease in bearing temperature above TOT.
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INFLUENTIAL FACTORS ON GREASE LIFE

Various factors, such as operating temperature, rotational speed, bear-
ing load, composition of grease, vibration, ingress of dust or water,
etc. have effects on grease life, particularly the effect of operating tem-
perature is the most remarkable,
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Relubricating interval. h

winl

A, F/min

Fig. 1.1 Relubrication intervals for tapered and spherical roller bearings

‘The effect of temperature. Reference (92) gives a relationship be-
tween the grease life and the operating temperature of a bearing. The
testing conditions are deep groove ball bearings with shields 630577
and with seals 6305 2RS, grease quantity filled 3.4 gram, testing
rotaticnal speed 3000 rpm. Test results are treated by a least square
method and the following equation is given.

lgt = 5.85—0.022T (12.3)

Equation (12.3) shows that grease life will approximately be halfed
tor every 14C increase in bearing temperaiure.
Ihe effect of rotational speed. Similarly, five different Lypes. of

Grease Nie fn rollimy bedarimngs 295
greases are tested in a fixed temperature 120C at different rotational
speeds. It gives a relationship between the grease life and the
rotational speed of a bearing as follows

lgr = 3. 73 = 0.00016n (12.4)

Equation (12.4) shows that grease life will approximately be halfed for
every 2000 rpm increase in rotational speed.

Base oils of greases have a remarkable influence on grease life. Gen-
erally, the base oil with excellent oxidation resistance and heat—resist-
ance means that the corresponding grease will have a long service life.
Experiments in Reference (92) indicate that the ester oil usually
leads to a longer grease life than that of mineral oils.

The bearing load almost has no influence on grease life under light
load levels. But if the bearing load i too heavy to lead to temperature
increase then grease life will be reduced.

Vibration and ingression of dust or particles are harmful 1o grease
life.




CHAPTER THIRTEEN
Operating performance of rolling bearings
—stiffness

In Chapler Four, the load distnibution in rolling beanings and the rela.
tive displacement between two rings under different loading condi-
tions were described. Generally speaking, a bearing subjected to com-
bined radial, axial and moment loads will bring about relative radial
displacement, relative axial displacement and relative tilting angle be-
tween two nngs. These relative elastic displacements will have an im-
portant effect on the bearing applications and reflect one of the oper-
ating performances of the bearing. Normally, the definition of the
stiffness of a bearing is an external load required (o produce one unit
of the relative elastic displacement between two rings of the bearing.
According to the directions of relative displacements, there are radial
stiffness, axial stiffness and angular stiffness. In the first paragraph of
this chapter, some calculating methods commonly used for the relative
elastic displacement and the stiffness are explained. Similarly, the
bending deformation of bearing rings is neéglected in the calculation
and only elastic contact deformation at the rolling element—raceway
contact is considered.,

Different types of machinery have different requirements for the
bearing stiffness. For example, it is extremely important in machine
tool applications, in order to ensure the high productivity and manu-
facturing accuracy of the machine tool. The proper stiffness of bear-
ings for high speed spindles is required to avoid the resonance of the
spindles. To reduce the acceleration square deviation, it is necessary
for gyroscopic motor bearings to have the same radial and axial
stiffnesses.

It is possible to increase bearing stiffness by preload. Angular con-
tact ball bearings and tapered roller bearings are generally adjusted
against each other by axial displacement of the inner and the outer
rings until a certain preload is obtained in the bearing arrangement. In
the second paragraph of this chapter, the principle of preload for
rolling beanings and s calculating method are descnbed.

206
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In the last paragraph, for the convenience of the design and applica-
tion of bearings, the calculating method of the limiting thrust load for
deep groove and angular contact ball bearings is given.

DEFLECTION AND STIFFNESS OF ROLLING BEARINGS

The basis of elastic deflection calculation is the Hertzian contact theo-
ry. As described in Chapter Four, it is necessary to solve a set of
nonlinear algebraic equations for calculation of the relative deflection
between two rings in a bearing under its loading condition. Generally,
this is conducted by a computer. In practice for simple loading condi-
tions, the calculating expressions for the relative deflection between
two rings can be given.

As can be seen from Chapter Four, the maximum relative elastic de-
flection at %, =0 in a bearing subjected 1o combined radial and axial
loads may be determined by equation (4.61)

B man ™= 5, 5ina + &, cOS (4.61)

If only relative axial deflection between two rings exists, L.e. 8, =10,
then

= St (13.1)

If only relative radial deflection exists, i.e. d. =0, then

— S (13.2)

COea

oty

Considering equations (4.1) to (4.5), one may deduce the elastic
deformation formulae for standard bearings made of the bearing steel,
that is, relative deflection expressions belween (wo rings.

In condition of the pure axial deflection, ie. §, =0, for angular
contact ball bearings

i;}: (|
-l : (—"—) (13.3)
y sina D,
for self—aligning ball bearings
B il A (13.4)
' sing D
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tor roller bearings with the line contaci both on inner and outer
FACEWIYS

T ging ' (13.3)
for thrust ball bearings
. 0.00052 [ @. Y
F e L 3
. AT LIJ“ J (13.6)

In condition of the pure radial deflection, i.e. &, =0 for deep
groove and angular contact ball bearings

000044 { o, }

S —— - 3.7
i cosx \ D, | tha:7)
for self-aligning ball bearings
5 - 00007 ( 2, 1358
’ oS D, pca)

for roller bearings with the line contact both on inner and outer rings

0.000077 @
; i Y

{13.9)

For roller bearings with the point contact on one raceway and the
line contact on another raceway, Palmgren gave an approximate equa-
i & |

tion o caleulate the elastic deflection for rolling bearings 17 .
In condition of the pure axial deflection

5 000018 @

! 4. 100
%« " Tsina | il
In condition of the pure radial deflection
0.00018 @5
R e (13.11)

CORT I

-

bl

Ciperaling  parfortmproe o rafling hedrungs CEELHE T 2
where

(), = maximum rolling element load, N

D, rolling element diameter, mm

[.=effective length of a roller, mm

&, = elashic axial deflection, mm

&, = elastic radial deflection, mm.

t should be noted that for a deep groove ball beaning with zero ini
tial contact angle, a pure axial load will cause a larger axial deflection.
s value is connected with the axial load, ball diameter, clearance,
groove curvature radius, ete. 1t is hard to express the value by a smpie
formuli.

As mentioned above, the bearing stiffness is an external load re
quired to produce one unit of the relative elastic displacement between
two rings of the bearing. It can be expressed as

p=<F (13.12)
i)

where
F=load acting on the beanng
d = relative elastic displacement between two rings in the F direc-
tion, such as radial, axial or tilting directions
On the bazis of the load distribution in rolling bearings described in
Chapter Four, substitution of the equation for the maximum rolling
element load inte the corresponding equations (13.3) 1o (13.11) yiekds
the calculating methods for the bearing stiffness. Such as, for deep
groove ball bearings, from equation (S.68)
F . h
0= (13.13)
£ A EMOsT
Considering the effect of a diametral clearance, the following equa
tion is commonly used

5F, 114
O = .;. £l 4l (13.14)
- fCOsy
Substituting inte eguation (13.7}, then
0.00129F .
5 e {13.15)

Z°'D. “cos’ u
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Combining with equation (13.12) gives the radial stffness formula
for deep groove ball bearings

W =232375ZD, "8 “cos & (13.16)

It can be seen that this radial stiffness 15 noalinear to the deflection.
It is possible to increase the bearing stiffness by an elastic radial
pre=deflection.

In practice, axial preload 15 wsually wsed to mcrease the bearing
stiffness. A similar method can be applied to deduce an approximaie
formula for the bearing stiffness. Substitution of equation (4,27) into
equation (13.3) gives the relation between an axial load and its corre-
sponding relative deftection

0000445’ g
§, = et (13.17)
AR LR
Therefore, the axial bearing stiffness is
¥ =162520ZD, "8, “sin” s (13.18)

In equations (13.17) and (13.1%), the variation of a contact angle
due 1o the actton of an axiil load is not considered, so these are ap
proximate formulae. Il the initial contact angle is greater than 20°
the formulae are still certainly accurate,

Similarly, for thrust ball bearings

0.00052F°
e o Y T i L3342

The axial stiffness of the bearing
¥ =126500ZD, "8, “sin " Ca (13.20)

Substituting equation (4.27) into equation (13.5) vields the similar
expression for tapered roller bearings with the line contact on inner
and ouler raceways

0.000077F""
& o S, (13.21)

g '.I'I'r:-im! '
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Correspondingly, the axial st iffness s

¥ =4133521, u-:i_ "sin' @ (13.22)

It can be seen that for tapered roller bearings with the line contact
on inner and outer raceways, the axial deflection varies with load to
the 0.9 power and the axial stiffness varies with deflection to the 0.1
power. Therefore, it can be approximately assumed that the axml de-
flection is proportional to load and then the axial stiffness keeps being
constant. The relevant calculation will be significantly simplified

For any given bearing, the curve exhibited the relation between a
axial load and its deflection can be drawn upon equations (13.17),
{(13.19) or (13.21).

PRELOADING FOR ROLLING BEARINGS

As mentioned above, the purpose of preloading 15 to keep beanng
raceways and rolling elements in a loading condition by pre—deflec
tion between them. The preloading is one of the operating characters
tics of rolling beanngs. Usually, gliding bearings do not work n
preloading condition. Various effects can be obtained by preloading
Those are (1) to improve the running accuracy of a bearing arrange
ment; (2) to increase bearing stiffness; (3) to reduce vibration and
noises of the bearing: (4) to decrease the spinning shding and orbital
sliding of rolling elements

The preloading can be divided into the axial preloading and the
radial one according to the direction of the preload, Commeonly, the
axial preloading is widely used

Based on the preloading methods, it may also be divided into the
fixed—position preloading and fixed—pressure preloading

Fixed—position preloading
Fixed—position preloading is one type of axial preloading which keeps
the relative position of bearings constant. As shown in Fig.13.1, a cer
tain preloading can be obtained by matched spacers
The diagram of axial load vs bearing deflection of two identical an
gular contact ball bearings are mounted in a pair is shown in Fig.13.2.
The horzontal coordinate is axial deflection 4§, and the vertical
coordinate is axial lond F, . Curves [ and [l respectively express the
relations of load vs deflection of the bearings [ and [l . The intersec-
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tion @ of two curves indicates the same axial deflection 8 to be pro-
duced for bearings | and [I under the axial preload Fj . An exter
nal axial

ad F, produces a heavier load on bearing | and an addi-
tonal axial deflection 4, of bearing | ; correspondingly. the load and
deflection of bearing [l are reduced.

It can be seen fmom Fig.13.2, the axial deflections of bearings [ and

[l respectively are
|'|_ i} = o
P W =gk

Correspondingly, the axial loads are

Fig. 131 Fixed-position preloading
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Fig. 131 Loead and deflection in flxved—posktion prelogding

CAPeralIfE  Per oI @ ralling hedrsigs LA RlE LT i3
F Faa+A4AF
F f AF

From the equilibrium of farces
T o F
Ihe axial deflection of the entire bearning system under the axl
load F, is only d,. Therefore, angular contact ball bearings mounted
in & pair may increase the stiflness of an entire bearing sysiem by
preloading
If the external load continues to meresse until AF, Foa: . lhe
axial deflection of the bearing svatem &, will equal 0. that 15 beanng
1 will be completely unloaded.
An external load under which one of the bearings in the system 15
completely unstressed is called the unload. For a pair of identical an
gular contact ball bearings, the untoad

¥ ; LLEY I RIE {13.23)

s

[ an external load is greater than the unload, then only one of the
bearings is completely subjected lo the load. And thus the stifTness
corresponds (o that of the single bearing

[t can be seen from equation (13.22), that the axial stiffness of a ta
pered roller bearing varies with deflection to the 0.1 power only. IT two
identical tapered roller beanngs are mounted in a pair, the diagram ol
axial load vs bearing deflection is shown in Fig 133 Similar 1o ball

- F -
I | 1
’ |
]__l | iF . \ J;
& [ et
| = = i F
1 s r, J
—_— F. -—

Fig. 13,3 Fixed-position preloading of tapered roller bearings
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bearings, the pre—deéflection under preload f4 15 04 An exiernal
axial load causes an additional defllection 4, Because the curves are
approximately straight lines, by comparison with single tapered roller
bearing, the stiffness of tapered roller bearings mounted in & pair may
be increased by two Limes.

For a pair of identical tapered roller bearings, the unload is

Fau=2F 4 (13.24)

Fixed—pressure preloading
Fixed—pressure preloading is ong type of axial preloading which keeps
the axial preload at constant in the operation. As shown in Fig.13.4, a
certain preloading can be obtained by adjustment of the compressive
amount of a spring.

i |

Bl igpsnca =i

Fig. 134 Fixed—pressure preloading

If two identical angular contact ball bearings are mounted ina par,
the diagram of axial load vs bearng deflection is shown in Fig 13.5.
The pre—deflection under preload F, i85 d, Aller an external axial
load F, is applied, the axial deflection of bearing [ increases by 4,
while that of bearing [1 and the preload keep at constant. Because the
stiffness of a spring is much less than that of a bearing, the preload of
n spring is constant in the operation, that 15, a honzontal line in
Fig.13.5.

By companson with the fixed—position preloading, the stiffness of a
fixed—pressure preloading is less than that of the fixed—position
preloading at the same pre—deflection. But in a fixed—posithion
preloading, the factors, such as axial expansion caused by temperature
difference between the shaft and housing as well as radial expansion
caused by temperature difference between the inner and outer nngs ef-
fect the pre—deflection. Therefore, it is necessary to choose the
preloading method upon concrete technical requirements, Generally
speaking, fixed=position preloading is suitable for high-stiffness re-
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quirements and fixed—pressure preloading for high—speed applica-
tions.
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Flg. 13,5 Load and deflection In fved—pressure preloading

Selection of preload amount

The amount of preload to a rolling bearing is limited because friction
moment and operating temperature increase when the preload in-
creases and there is a reduction in bearing life. An optimum preload is
that which gives the maximum bearing stiffness for the smallest poss-
ble increase in friction. Generally, for conditions of high speed and
light load or for a high running accuracy, it 18 betier to select a light
amount of preload. On the other hand, for conditions of middle—class
or heavy load or for requirements of high stiffness, it is suitable (o se
lect a middle—class or large amount of preload.

In fixed—position preloading, the rolling elements and raceways
should be kepl in contact, that s, the “unloading - condition should
be avoided. In order 1o guarantee that each rolling element in a bear-
ing carries a non—zero contact load, the minimum amount of preload
may be determined as given from the equations in Table 13.1.

In practice, it is difficult to measure the actual preload applied
Usually, the following methods are used for adjusting the amount of
preload.
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(1) To measure the starting friction moment of a bearing

‘he relation between the starting friction moment and axial load is
measured in advance. Then, it is possible to adjust the amount of
preload by measuring the starting fnclion moment
(2) To measure the relative axial displacement of a bearing.

The relation between the axial load and the relabive axial displace-
ment of two rings in a single bearing is measured in advance. Then it is
possible 1o adiust the amount of preload upon it
(3) To measure the deflection of ‘& spring

I'he relation between the load and its corresponding deflection of a

preloading spring is measured in advance. Upon it, the amount of

preload can be adjusied
{4} To measure the locking moment of a nut

Radial preloading

Tight fits expand the inner ring of a bearing and contract the outer
ring. This, called radial preloading, eliminates radial clearances and
produces radial and circumferential stressed in nngs

Table 131 Minimum preload in fixed - position preloading

Hearimg 1y Faoad eomdition M ininmmern prefoad |

pure axial load F s (L15F
Anpular I : W B2 T
Bl s 2 17F, 1 g2} —05F
conlact bal g ! 1 g
Combaned mdial P S I gy Y O5F

beanngs i
= and axal joads T ; y
The preater of the two values

Pure axial lozd F e 0.5F,
Tapered I t
rolbler = 7 i & 19K, 1ga T
Combinad radeal ! = b
bearings F e #:1.9F 5 lpa g +05F
e nrsd axinl logds ! ;
Ihe greater of the tw vilses
Symbols = raidin] load acting on bearing |

E,
F,» =radial load acting on beanng [l
' contmct :||'.|::!q; of bearing

%

contact angle of bearing [l
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The major purpose of a radial preloading is to increase the number
of rolling elements in the loading region of a bearing. Therefore, the
orbital sliding in a bearing, particularly high speed cylindrcal roller
bearing, can be reduced.

LIMITING AXIAL LOAD OF BALL BEARINGS

Commonly, a deep groove ball bearing can also be subjected to an
axial load, It is necessary that any ball of the bearing should nol owver-
ride the land under the axial load. Otherwise, stress conpcentration oc-
curs and it will cause a reduction in the fatigee life of the bearing
Lipon this, a limiting axial load of the bearing can be determined.

Fig. 13.6 shows a limiting condition where the balls just touch the
edge of the bearing land. Therefore

Fig, 136 Limiting conact condition

e {13.25)

g, =pog | | ———"=-) {13.26)

where
.= angle between the land edge of outer ring and the central line of
OULET TRCEWRY
= angular extent of the semi—major axis of the contact ellpse
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D = ouler raceway diameter

D, = puler land diameter.

Because the contact deformation is small, an approximate equation
i5 established

:n'

Sing D. (13.27)
wiere

g = semi—major axis of the contact ellipse.

For pure axial loading conditions, combining equations (4.27),
(3.30) (13.25) and (13.27) vields

: 0.0472m C. " f F, il
sin(f, — o) =——— [ : (13.28
el i D, __,.-':'.-:a:l:l:tl,J/‘]
Correspondingly. the axial load is
Zsinad’ sin(0 \ 3
F, q_.-.”,"f?'.’ﬁ'.h.'_’ [!le ] (13.29)

[ m,

where
1-"" = curvature sum
m. = semi—major axis coefficient of contact ellipse, as listed
Table 3.1
C ;= modified coefTicient for materials, as listed in Table 3.2, Cp=1
for the bearing steel.
The value of « is unknown. Substituting equation (13.219) into
{4.57) gives a calculating equation for a.

sin{f, — x) = 0.0472m (13.30)
It is necessary to iterate it numerically, using such as the Newton
Raphson method. Afier « is given, the limiting axial load can be de-
termined by equation (13.29).
Similarly for the inner raceway, the limiting axial load can be de
termined by the following steps.
First, determining the contact angle

-

e

|
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sin{@, — ) 004T2m _ C = (13.31)

I

where

f. = angle between the land edge of inner ring and the central line of
inner raceway. It may be calculated

() Do =D, 5

(13.32
R 2]

And then, deciding the limiting axial load

#, = &0

=Faimah 0 ] - R TN |
F. = gﬂ.}j"‘fﬂrf_:}.r".r | _{_'I_._:.m_iii'_:ﬂ | (13.30)
5 \ [ f
The smaller value between equations (13.29) and (13.33) is the lin-
iting axial load. Generally, the limiting axial load corresponding to an
inner ring is smaller than that of the matched outer ring. Therefore.
equation (13.33) is primarily used.




CHAPTER FOURTEEN
Operating performance of rolling
bearings—friction moment

Friction moment is one of the important charactenstics of rolling
bearings. It has a great influence on energy loss. In order to reduce the
friction loss, one type of bearings, named “energy—saving bearings” is
proposed. The friction moment may cause temperatur: increase in the
operaling process of bearings, or even efficacy loss of the grease, se
vere wear, ete. In some special conditions, the friction moment effects
the accuracy of precise machinery operations and informational
transportations. For example, values and vanations of friction mo-
ments of minidture bearings in gyroscopes have a significant influence
on the navigation deviation. Some special bearings need 1o be in
spected for their friction moments in order o guarantee their quality.

Generally, rolling bearings have lower values of friction moments
than other bearings. Friction moments of rolling bearings are con-
nected with many influential factors including rolling friction, sliding
friction and viscous fluid friction and so on. Formation mechanisms
of the fnction moment in bearings are explained n the first paragraph
of this chapter.

From the pointof view of engineering applications, it 15 necessary to
ke able to calculate the value of a bearing’s frction moment if given
the type and size of a bearing and operating conditions including its
load and speed. Up to now, some predicting methods for fnction mo-
ments of rolling bearings have been developed. These will be intro-
duced in the second paragraph of this chapter

Expeniments indicate that the friction moménis for given beanngs
with the same type and outline are very dispersive. Even for one bear-
ing. the friction moment varies with its running time. Therefore, a cal-
culated friction moment of a bearing is only an estimated value in s
conventional operating conditions. It is better to measure the fniction
moment of a bearing vsing special instruments if an accurate value is
required,

L]
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FORMATION MECHANISMS OF FRICTION
MOMENTS IN ROLLING BEARINGS

Friction moments of rolling bearings are composed of the following

aspects

(1) pure friction caused by the elastic hysteresis of bearing matenial;

(2) friction caused by micro—sliding and micro—slip at rolling contact
surfaces,

{3) friction brought about due to spinning motions of rolling
elemenis;

{4) pure sliding [riction at some contact surfaces;

(5} viscous friction of lubrication,

Pure rolling friction caused by clastic hysteresis of material
Elasiic deformation of matenal below a conlact surface occurs as a
rolling element under loading passes on a raceway. When the loading
is eliminated, & major part of the deformation is recovered. Expen
ments indicate that as the load increases again the deformation corre-
sponding Lo a given stress is always less than the deformation at the
same stress value but under a decreasing load, that is, a hysteresis loop
exists. This phenomena is called an elastic hysteresis, which reflects a
certain degrée of energy loss and exhibits a rolling frictional resistance.
Using a simple model, one may explain a pure rolling friction
caused by the elastic hyvsteresis. Fig.14.1 shows that a rigid cylinder
rolls on an elastic hall=space. As mentioned in Chapter Three, the
pressure per length of the cylinder at a distance x from s contact
cenlre is

i :E_ ] II._.l.I.'-l: (14.1)
x)== - = :
abotfiers i g |
where

() =conltact load of the cylinder

b= hall width of the contact area.

YVertical displacement of the elastic body surface at a distance
v from the contact centre a r\!'lj-:_b_1:_1:|'|1'.|.1,l:|:'_l. 15

X .

alx)=a =

w T AR (14.2)
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A work done by the pressure at width dx and passed forward one
unit of distance is expressed as
2d(x)

il

plxdx

Integrating it from zero Lo b, a work done by the pressure on a front
part of a contact area and passed forward one unit of distance is de-
nved. Then

z I'-q'i'l:‘.'l 2!’,”'
1 ) peld - 43
.n—‘l_lpl.n 5 dt_.’in}? {14.3)

Substituting equation (3.29) into the above equation

N = L IV_I";]_":"I_ [.I 1k 5}:— l—‘ {l4.4)

R

Fig. 14.1 Rolling of a rigid cylinder

Suppose that the energy loss caused by the elastic hysteresis during
a rolling process is a certain ratio of the work N, that is, 2, N. Because
the work done by the friction force is equal to the energy loss, a rolling
friction coefficient can be determined as follows:

F, «,N

dober

where
Fp=[nction force.
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Substituting equation (14.4) into this equation yields

S da { -I.—1i' ;
[x™ 32 LR U =E |]

where
R = radius of the cylinder _
Therefore, the rolling friction moment caused by &n elastic
hvsteresis can be calculated by the following equation

:'l_!': y 1

M, =] J—E--Q' L Sad 10 (14.5)
Mp=fel =7 =ER

Similarly, a rolling friction coefficient for a rigid ball rolling on an

elastic body s
L e e i (14.6)
E 16 | 4R’ Bt

And a corresponding rolling friction moment 1s

5 I 1
3a a/h 3 [l —m" -
e — (14.7)
My = [“‘-"l' E _IJ

It can be seen that this type of rolling friction moment is connected
with the contact load, the material constants, the radius of a rolling cl-
ement, the encrgy loss percent, etc. A rolling friction moment i5 pro-
portional to the 3/ 2 power of a contact load in line contact, while 1t
is proportional to the 4 / 3 power of a contact load in point contact,

Furthermore, considering that a rigid ball rolls along a raceway, one
may deduce an expression regarding the pure rolling friction moment
due to elastic hysteresis as follows:

w159
& - | .

4 ra * & ' s 1'_ 5 III.. 1 : ] 7 |
M | | : 'l'f"'{’ o pedpdx
§8.b0 (14.5)

B

An interesting characteristic is that the friction moment is still pro-
portional to the 4 /3 power of a contact load
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Friction caused by micro—sliding

A micro—sliding at the contact area between a ball and inner raceway
in a deep groove ball bearing under radial load is considered, as shown
in Fig.14.2. The linear velocity of an inner raceway surface is propor-
bional to the distance from the axis. The velocity v, varies in the axial
direction. Similarly, the linear velocity v, of a ball is also proportional
to the distance from its own rotational axis. Then, it can be seen that
pure rolling only occurs at two points and sliding at central and side
regions of the contact area will take place in different directions. This
15 called micro—sliding.

Supposing that the tangential force at any unit area of contact sur-
face varies directly as the contact pressure, Reference [2) gives an
expression of the [riction moment caused by the micro—sliding be-
tween 4 ball and raceway.

Experiments point outl that friction caused by the micro—sliding is
larger than that by the elastic hysteresis i & relative difference between
the radii of the ball and the raceway groove i less than 20%.

Friction caused by spinning sliding
As mentioned in the second paragraph of Chapter Five, a ball may
have a rotational motion normal to the contact surface. Sliding caused
by this motion is called spinning sliding.

lis corresponding friclion moment is given by equation {5.45)

3 =
M= g M, Oalie) (5.45)
Because the vector of the friction moment is in the direction normal
1o the contact area, its axial component exhibits as a friction momen

of the bearing, i.e.

5 i C
M sinx = : p, Qalieying {14.9)

Considering a o<’ *. the friction moment caused by spinning sliding
1= alzo proportional to the 4 / 3 power of contact load

Spinning sliding may take place in thrust roller or thrust needle
bearings, as shown in Fig. 14.3. Supposing that two rings rotate in op-
posite directions, one may express linear velocities of a roller and
raceway as in the figure. It can be seen that the roller will rotate in the
direction normal to the contact area, that is, spinning sliding occurs.
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Fig. 14.2 Aicro—sliding

Fig. 14.3 Spinndng sliding in raller bearing

Pure sliding friction at some contact surfaces

In rolling bearings, pure sliding friction occurs at some contact sur
faces, such as sliding between rolling elements and cage pockets, or be-
tween a cage and its guiding surface of a ring, as well as between roller
ends and inner and outer ring flanges,

Shiding friction between rolling elements and cage pockets is hardly
calculated. And sliding friction between a cage and its guiding surface
of & ring may be estimated according 1o the hydrodynamic lubrication
theory of a short journal bearing. For a properly balanced cage with a
small running eccentricity, Petrofls equation for two concentrical hol-
low cylinders filled with viscous fluid can be applied.
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In addition, sliding friction between roller ends and ring flanges is
not negligent in the friction moment of a bearing, especially tapered
roller bearings, Reference (4] gives an approximate formula for cal-
culation of the friction moment in tapered roller beanngs.

M = pe cosfiF, (14.10)

where
= sliding friction coefTicient between roller ends and nng flanges
e.=distance from the acting point of a contact load between
a roller and a flange to the flange bottom
fi=half taper of a roller
F =axial load of a bearing.

Viscous friction of lnbricants

Lubricants and lubricating methods have an important influence on
friction moments of bearings. Due 1o the action of lubncants, an
elastohydrodynamic lubrication film may be formed between rolling
elements and raceways, and friction coefficients between sliding con-
tact surfaces may vary. During the rotation of a bearing, each rolling
elements is subjected to a viscous drag force caused by a gaseous mix-
ture. Reference (100) proposes to estimate the viscous drag force on
each rolling element by the following equations.

For ball beanngs

F=—C p(D,D_w ) (14.11)

T

For roller bearings

r=-;- €. pD D @) (14.12)
where
g = density of gaseous mixiure :
C,=drag coefficient, connected with lubricant properties and
rolling element sizes.
Grease is widely used to lubricate rolling bearings under
conventional operating conditions. In a grease—lubricated beanng, ra-

tios of various influential factors contributing to the bearing friction

moment are approximately listed in Table 14.1. Fricion moments of

T
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grease=lubricated beanngs are connected with the type and amount of
grease. In general, around one third of the free space in a bearing
should be filled with grease. More than that will lead to a significant
increase in the frictiion moment

Analysing the formation mechanism of friction moments in rolling
beanngs can be a great help in reducing the friction moment through
improvement on structuril designs, manufactunng technology, lubri-
cating methods, etc. But it is not possible 10 predict values of friction
moments of bearings upon the analysis of formation mechanism.
Some empirical equations introduced in the next paragraph can be
applied for approximate calculation of the friction moments for the
bearing selection.

Table 14.1 Composition of friction mament factors

fiem | Percent %

Bolling and shiding friction in bearings 20=30
Citease drag resstance Sl—is
Seal fnction =11

CALCULATION OF FRICTION MOMENT
IN ROLLING BEARINGS

Approximate calcolation
For different types of rolling bearings, their friction moment may be
approximately calculated by the following equation

M = udF (14.13)

where
p=Iriction coefficient of bearings, as listed in Table 14.2
o= bore diameter of a bearing
F=load acting on a bearing, radial load refers 1o radial bearings
and axial load refers to thrust bearings.
Friction coefficients given in Table 14.2 are valued in certain ranges.
Higher values of the coefficient are chosen for F/ €<.0.05 and lower
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values for F/ C2>0.1. It can be seen that it is better 1o select deep
groove ball bearings, self-aligning ball bearings or -.:;:.'Ilmlnr_':ll roller
bearings if lower friction moments of bearings are required.

Tahle 14.2  Friciion cocfliclents of rolling bearings

Twpes of bearings H
Dreep groove ball bearnngs 0.001 5=0.0022
Self-aligning ball bearings (.00 1 0—-0.0018
Cylindrical roller beanings 0001 1-0.0022
Spherical roller bearings 0,000 &~0, 0025
Meadle roller bearings 102 501 (080
Angular contact ball bearings , (.01 50,002 5
Tapered roller beanngs ' (.00 1 8=0.0C1E
Thrust ball bearings LRE R LR
Spherical rofler thrust bearings 0,00 ] 800030

When a bearing starts to rofate, its friction moment at the initial
stage may be higher than the value calculated from equation (14.13)

Muore accurate calculation

: : " :
Based on measurement results of bearing friction moments, Palmgren
proposed the following formula for more accurate calculation (94

M=M +M, (14.74)

where
M. =friction moment connecied with bearing types, speeds and
properties of lubricants, named load—independent friction
moment, M = mm
M, =friction moment connected with loads acting on bearings
named load—dependent friction moment, N * mm

Calcrdarion of Mg

M, results from hydrodynamic losses of a lubricant and depends on
the viscosity and quantity of the lubricant, as well as the rolling veloc:
ty. It can be calculated

Operating performance af roliig hearimgs——friclion  mamrment 1%
if vn>2000 M. =10 ""f(m)y" D, (14.15)
ar - !
if wr < 2000 M,=160% 10 F. 0
where

= pitch diameter of it beanng, mm
f: = factor dependent on bearing design and lubricating methods
as listed in Table 14.3
i = beanng speed, rpm
v = kinematic viscosity of lubricant at the operaling temperature
{for grease, viscosity of the base il should be adopted), mm-™ / 5
Lower values are for light series bearings, and higher values for
heavy series bearings

Calcutarion of M,
M, resulls from the elastic hysteresis of the materal and the
micro—sliding in a bearing, and depends on the load acting on the
bearing. It can be calculated by

M, =P D_ {14.16)

where
f, = factor dependent on the bearing type and the load, as listed in
lable 14.4
F, = calculating load which determines the friction moment, ™
In Table 14.4, P, is the equivalent static load, in Mewton. C; is the
static load rating of the bearing. in Mewton. ¥ is the axial load factor
when F, /7 F.>e.

Caforlation of M

If eylindrical roller bearings are subjected to an axial load and a radial
load, an additional moment should be included. Therefore, the total
friction moment of the beirings is

M=M,+M, +M, (14.17)
in which
M.=f.F I (14.18)

where
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Table 143 Valees of £

O mizs | O barh : 0T Baely [ vertical
Types of  hearings Bl b OF grease ehaaf1 ) ol fes
Deep groove ball bearings 0.7—1 1.5=2 1 |
Seli—aligning ball bearings 0.7-1 | 5=2 14
Angular contact ball bearings
anghe row | ) ]
double row . 4 | ]

Cylindncal roller beanmngs

with cage ‘ =1.5 [ 150 i EEE

full complement = 2.5-4 -
Spherical roller bearings =3 | 4=t =1l
Tapered roller bearings 1.5=2 Yo g
Thrust ball beanings .71 | i—4
Cylinder roller thrust beanings 2.5 5
Spherical roller thrust beanings i-d | =5

Table 14.4 Calbeulation of /; and F
Tvpes of  bearings F P

Dwoep groowe ball bearings GO00S(F, / € J. ; AF, =0L1F,
Self-aligning ball bearings UL LU P o) | 1AFF, =0.1F
Angular contzct ball bearings f . .

ungle row 0001 P, 7 Tyl F, = LlF,

diouble row 0.001(P, / Cy)" IAF, =0.1F,
Cyhndrical roller bearings W

with cage {0 000 2 5= 0003 " * r, :

full complement {1 (W04 5 ?
Spherical roller bennngs 0. 0004—0,0005 1.2YF,
lapered roller beanngs 0. (00E=0 Dons " 2¥YF.
Thrust ball beanngs [ aoo13ce. 7oy F.
Cylinder rolier thrust beanmgs | 0018 E

Spherical roller thrust beanngs| o, noos—-0.0006° * F(F.n =0.55F )

niles o [P <F  uel =F,
s« & ke umaller valoes are for Hght scnes beanngs and ke larger {or heavy seres
DEanngs
s = & for cylindrical reller bewrings subjected fa an axial load, it i needed 1o con

sider an additional momest M, as shown by equatian (1418}
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f>=[actor dependent on bearing design and lubricating methods.as
shown in Table 14.5.

Table 14.5 Valwes of . for cylindrical raller bearings

Tvpes of bearingx (] ubricarion (rrease fubre
With cage (.006 0000
Full complement 0,003 | 0,004

Yalues of j5 are valid for a viscosity ratio K, = 1.5 seen in equation
(8.63)and F,/ F, must not exceed 0.4




CHAPTER FIFTEEN

Optimization of design for
rolling bearings

The design of rolling bearings has a fundamental influence on the per-
farmance, life and reliability of the bearings. Consequently, this miso
affects the operating quality and the economization of machines on
which the bearings are used. The responsibility of beaning designers is
1o select an optimal scheme from all the possible alternative designs,
or simply pul 1o make the best choice

A general procedure of a beaning design 15 shown in Fig. 5.1, Al first,
a proposal of a selection of bearing (ypes 15 put forward upon techni-
cal requirements for the bearing and relevant design standards, as well
as testing data. Secondly, a numerict] computing is made acconding (o
a certain mathematical model. Then, the computed result 1s examined
to see whether all the requirements can be met by it. If they can, the
design is carried onto the next step; if not, modifications and compu-
tations are made again until the requirements are fulfilled. Thirdly, 2
structural design is carried out to decide all sizes and parameters in the
bearing. Finally, a detailed drawing of the beanng 15 laid out and nec
essary technical documents are worked out. Of course, in a broad
sense, the bearing design has to be checked through manufactunng
and testing. By way of explanation for design methods, the step shown
in Fig.15.1 15 a complete designing procedune,

Obviously, the best design schéme should have optimal technical
and economic indexes. For this purpose, various methods are
adopted. A method of intuitional optimizalion means selecting the
best from several designing schemes. And a method of testing
optimization denoles modifying & design by sample tests gradually in
order to seek the best one, Alo a method of evolving oplimization

represents the renewal of a design for improvement upoen comments of
customers or users. By companson with the above, a method of

mathematical optimization has advantages of strict timesaving and
ecomomic characterisiics, Developments of computer technology have
been of great help to the mathematical optimization. Computer—
sided design (CAD) is a dynamic, new field of engineering science. In

=
4
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fact, the mathematical optimization is the base and the core of the
CAD.

I Requirements for o hearing I

Design standards

Dexign plan

bilt

Computing
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Flg. 15.1 A fow chart for a bearing design

In this chapter, design methods of the mathematical optimization
fior rolling bearings are described. Basic concepis and solving methods
of the optimization are introduced in the first paragraph. Then, vari-
ous objective functions in the bearing design are proposed and their

ractical applications in rolling bearings are gmven in the following
paragraphs.

BASIC CONCEPTS OF MATHEMATICAL
OPTIMIZATION OF DESIGN
General mathematical form of design optimization

[hesfen parameters
It is often necessary to decide some variables during a designing pro-
cess. The mutually independent variables which must be determiuned in
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a design are called design parameters. The design of a product is com-
pletely decided as the parameters are given. For example, in the design
of a rolling bearing, diameter and number of rolling elements, pitch
diameter, etc. can be treated as the design parameters.

If n designing variables are arranged into an array of a certain or-
der, the array represents a n  dimensional vector, that is

.

X=| "7 |=tri xason] (15.1)

where
x,= the i~th component of the n dimensional vector.
Design parameters may be either continuous or discrete.

Consirgint conditions

In engineering problems, the value of a design parameter must lie in a
certain limited region. As an example, the assembly angle in a deep
groove ball bearing should be less than a certain value. In order to
complete the formulation of the optimization problem, some restric-
tions must be imposed on the values of the design parameters. These
restrictions are called constraint conditions, which can be divided into
equality constraints and inequality constraints. The mathematical ex-
pressions of the two groups of constraint conditions respectively are

hX)=h (2, x50 = x)=0 j=1, 2, =, n, (15.2)
XY= g(x Xar == X)ED =Ly 3y e A (13.3)

A surface given by gdX)=0 divides the space inlo two parts. In one
of them, the constraint condition g{X)==0 is satisfied and it is not
satisfied in the other. Any point X that satisfies all the inequality con-
siraints (15.3) i5 said to be feasible. The set of all feasible points 15
termed the feasible region. In reverse, the set of all points other than
feasible points is said 1o be the nonfeasible region. Obviously, o design
scheme whose parameters are given in a nonfeasible region cannot be
accepted.
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hfective funciion

A function which is applied to evaluate “goodness * of design schemes
of a product in optimization is called objective function which de-
pends on design parameters in some ways. The function may be any
one of the technical or economic indexes of the product. An objective
function can be expressed by

AX)y=Mx,s x5 ** X.)

In mathematical terms, optimization of an objective function may
involve maximizing or minimizing. Clearly, maximizing an objective
function /TX) is equivalent to minimizing another function —f{X) or
1/ fiX). For the convenience of expression, the general form of an
optimization may be considered as minimizing an objective function
fX). _

It is possible to have two or more objective functions in some enge
neering problems, which are termed mu]u—~-:1h_|-::c1m: |1rnhlems-

In the second paragraph of this chapter, various objective functions
which can be used in rolling bearings are described.

Marhematical model of -I':I'{'.'-'f_!fn'? llﬁfl:ﬂll:r”fﬂ"
As mentioned above, the general form of an oplimization may be
considered as minimizing an objective function f{X), that is

min/[X) XeR" (15.4)

subject to
h(X)=0 j=1. 2. #= n,
EX)y=0 I=1, 2

where, R® expresses n dimensional Euclidean space,

Any point that satisfies equation (15:4) and its constraint conditions
is called an optimum point. Of course, it may be either a local
oplimum point or a global optimum point. From the engineering
point of view, the global optimum point is usually needed. Therefore,
ane may solve an optimization problem by starting from different ini-
tial values of design parameters and examining whether the same
global optimum point is converged to,

In the design of rolling bearings. the number of design parameters
#encrally does not exceed ten.
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Unconstrained optimization methods

An unconstrained optimization problem is to determine an »
dimensional design parameter X withoul any constramt to it in order
for the value of objective function fTX) to be minimum.

Of course, constraint conditions often exist in engineering problems,
But unconstrained optimization problems are essy to solve and any
constrained optimization problem can be transformed into an
unconsirained one. Yanous standard compuling programs are pro-
posed for unconstrained optimization problems (952 , (96)

Mathematically, solving a set of nonlinear equations

v AXI=0

one may obtain a solution of the minimum problem. Then, the solu-

tion should be judeed by sufficient conditions. However, it usually s

more difficult to solve a set of nonlinesr equations like this. Different

search methods are often applied. Considering the characteristics of

an objective function f{X), a special iterative process is adopted. It

seems reasonable to decrease X)) at every iteration until an oplimum

point is obtained. The main sleps ure

(1) to select an initial point X™ nearer to the minimum point;

(2) tochoose a search direction at iterated point X™'(k=0. 1. 2,
) for reduction of the function valuees:

(3} o search in the direction 5 and to oblaina new design point
X" for satisfaction of the inequality AX™ < AX"):

i4) 10 check whether the following inequality

X" ) =X
FIX™)

iz valid at the new design point X', where £ i a miven small value
d1:l:|;_r|'r'|i|;i|ng accuracy. If it is, the point X" would be the approxi-
mate minimum peint, otherwise a continuous search is rﬁ.tmrcd

Unconstrained optimization methods include Newton's method,
variable—metrc method, conjugite—gradient method, conjugate—di-
rection method. etc. The Powell’s methed applied for the design
optimization of rolling bearings belongs o the conjugate—direction
method, Standard programs in FORTRAN language for this are des-
cribed in Reference (961
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Constrained optimization methods

Design optimization of rolling bearings 1s constrained. It can be solved
by direct search methods or by transforming it into an unconsirained
problem. The direct search method is based on function comparison
techniques. It is suitable for problems in which design parameters are
discrete variables. But its disadvantage in general cases is thal few
guarantees can be made concerning convergence. Primal methods ap
p55|.-_. for the design optimization of rolling bearings are indirect meth-
ods, in which the optimizalion problem is transformed into an
unconstrained problem and then an appropnate standard program 15
used for the unconstrained problem.

Penalty function methods can be effectively applied for a variety of
engineering problems. The basic concept of the methods is 1o combine
an objective function and its corresponding constraimed conditions in-
10 a new function, termed penalty function, and the onginal problem
is transformed into an unconstrained optimization of the following
abjective function

mindiX.r, ,r'._ll'l 1] J'I'%i"l.\:l —i 1" fr[L’ (X))

+r. Y Hlh i‘.'h]l-

\'ph.,n a point X does not satisfy constraints, values of terms

Gl 4X)] and P HBX)] would be I.argt.r. lhcn:tnn. a “penalty ~
is imposed on the fonction ®(X, ri™'. r ﬂlll{. when at the
1_‘.1]1-|;|_||]|_|.r_|'| point mnﬂmmh are satisfied, *Iir‘i Fi.ory')  may réach
its -.rpumum value. r " and rm' are called penalty parameters
Y and A may be prugrnmui} increazed (or progressively de-
creased) sequences as the search number k increases. On the basis
of search points inside or outside the feasible region, the methods
are lermed internal or external point methods.

Functions Gig) and Hik) are a certain form of composite functions
which are composed of inequality constraint functions gdX) and
equality constraint functions i(X). For example, a penalty function
for internal point methods may be
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el | L. e ok * 1
DX ) =f(X)+ == Y [h(X)] +r o 15.5
le'l"r J_-E .:l] _I.I,"I{x] { 5 :|
where
L - Pcn::h]. paramelers, progressively decrease positive sequence,
e

A [
Flisp e

The second and third terms on the right side of equation (15.5) are
named penalty terms. The third term also has another name, barmer
term. Values of the third term approach infinity as search points reach
constramt boundanes. In this way, the search points cannot jump over
the boundaries.

A penalty function for external point methods is

X' =X)

+r Y n XN + ™ Y [mindg, (X),00]° (15.6)

whene
= penalty parameters, progressively increase posilive segquence,
e

[y | ikh
D=r <fF Zsef

£,(X) (when outside
min(g ,(X),0) = 1 feasible region) {(15.7)
ll'.l {when in feasible
region)

The second and third terms on the right side of equation (15.6) are
named penalty terms. Values of both the two terms are more than zero
when search points are not in the feasible region.

The computing steps of internal or external point methods are as
follows
{11 to select an initial penalty parameter '™, such as r'"=1:

(2} to choose an matial point X™ inside or outside the feasible region
respectively and to set k= 1;
(%) to start from point X*™" and to obtain an optimum solution

-I'_]‘Fr|'fr.l|:ur|i|r| of r_fg"\..mlr faur Fl.f.'l-n'ik' I'u'n'.l']ﬂ_l.!.'f 3129

X by the optimuzation of function ${X, o)
{4) to check its accuracy, that is, to examine whether inequalities

é_lf.l_xnll H}.}" II:I: <g,
and
X =X" =t

are valid for given small positive values g, and £, If they are,
X™ would be the optimum solution, otherwise a continuous
search is required,

i(5) to set A V=g," B,=01-05 for internal point method and
f,=5=10 for external point method, and to let k=k+] fum to
step three

Because the optimization of function WX, r ') belongs to
unconstrained problems, standard programs which are presented in

References (95) , (96) can be used.

OBJECTIVE FUNCTIONS OF DESIGN OPTIMIZATION
FOR ROLLING BEARINGS

On the basis of operating requirements, different objective functions
for rolling beanngs may be proposed.

Requirement for the longest Tatigue life _
As mentioned in Chapter Seven, in normal operating conditions of
rolling bearings, the main mode of failure is contact fatigue. If without
a special note, the bearing life means contact fatigue life. Therefore, a
basic requirement for conventional rolling bearings is the longest fa-
tigue life. It can be derived from equation (8.35) that for given sizes of
the bearing outline, the dynamic load rating € should be the maxi-
Mum.

For convenience of application of existing programs, a negative
villue or reciprocal of dynamic load rating C may be taken as an ob-
jective  function. Therefore, the above requirement leads o a
minimization problem, that is

min/TX) = min[ — ]

For example, for deep groove ball bearings
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-nun[—j_}'.'- s Jo | D =354 mm

minfX) =+ {15.8)
| ok 143 -
min[—3.6477 Z° "D,"] D, >2154 mm

whiere

= = f ] : -'|_;___i'.' :Ej_l'l 1) &1 =y by .{ o
ff L 3 i']*].] + lt 04 |-| e :__' | (}-.I"'i.,';'.‘— I-r ] J 1

L= P B 2 ] 24l
x[!. A '.J. ][_‘_'r' ‘ (15.9)
(1+7) L& =

For cylindrical roller bearings

min/(X) = min[ = 7.1, 2" D] (15.10)
where
PR T ()
I"|-|--I-'
N Y N e
h:Hll""L':u_ﬁﬁ'1| } (15.11)

Reguirement Tor the longest wear life
Experiments indicate that for miniature bearings and spindle bearings
of precision machine tools, ete., their accuracy and performance de-
crease gradually due to wear at rolling surfaces of the bearings. A re-
guirement for these types of bearings is the least amount of wear. It
can be thought that if a film thickness parameter A in a bearing in-
creases, the wear 1in the beanng will markedly be reduced. Therefore
the optimization problem for these types of beanngs is that for given
sizes of the bearing outline and operating conditions, the film thick
ness should be the maximim.

Similarly, taking a negative value or reciprocal of a film thickness as
an objective function leads to a minimization problem, that i

minX) = mun| — &) (13.12)
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For example, for deep groove or angular contact ball bearings, using
equation (6.32) yields

= o AR
o — 3600,

R:w,ﬁ,’.__ fl:'g ¥

: -..l.‘TJ'J e

% (1 =5y 120" x [| —exp(—=0.703R_ # R.)"™)] (15.12)

For cylindrical roller bearngs, using equation (6.44) welds

— R .- Ll'.lSr'i!IJL‘iu.,n_J“D:hfj:.
e II.EI (101} :
RAL—9) kL e (15.128)
q

Keguirement for the lowest Triction moment

Friction momenl is an important dynamic performance of rolling
bearings. In some special conditions, such as frame bearings for gyro-
sCOpes, energy—saving bearings in artificial satellites, etc., the friction
moment becomes the first important requirement of the bearings. It
can be seen that the optimization problem for these types of bearings
is the minimum of the friction moment, that is

minf{X) = min{ M)

But from Chapter Fourteen, the friction moment of rolling bearings
is formed upon spinning, micro-slip, elastic hysteresis, etc. It is more
difficult to give an accuracy expression for these. Eguation (14.14)
may be used for calculation of the friction moment of a bearing, but it
does not involve internal geometric parameters of the bearing. In
Reference (97) , the friction moment is taken as an objective fune-
tion whose expression 15

minf{X) = min(M , + M, + M) (15.13)

where
M = [nction moment caused by elastic hysteresis at the contact be-
tween rofling elemenis and raceways
M, =lriction moment caused by micro—slip at the contact between
rolling elements and raceways
MW o=friction moment caused by spinning at the contact between

e ————— SRS
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rolling elements and raceways.

Requirement for the smallest value of spin to roll ratio

As mentioned in Chapter Five, the spin to roll ratio indicates the rela-
tive rolling and sliding condition of balls on raceways. The higher the
value of a spin 1o roll ratio, the more severe the wear and frictional
heat will be. Obviously, the best design of high speed ball bearings
should have the ratio as small as possible. From the raceway control
theory, balls are controlled by the outer raceway at high speed, and
spinning of balls occurs on the inner raceway. Therefore, 4 spin o roll
ratio at contact between balls and inner raceway may be taken as an
objective function. lis optimization 1%

FoAk )
minfTX) 111m]i(:--]] (15:14)

.....

From equation (5.51)
min/TX) = min[({1 — y'cosx Ng(z, — f) + ysnx, | (15.15)

It is more complicated to find the solution. Because contact angles
a, and =, at inner and outer raceway arc connecled with Inll.‘r.nall
structural parameters and operating conditions of a bearing, equation
{15.15) should be simultaneously solved with a set of equations in the
raceway control theory.

In engineering applications, severdl groups of internal ﬂru::mr_r:]
parameters of a bearing are chosen in advance. Then, the value of spin
to roll ratio for each group of parameters is computed and the smal-
lest among them is selected. Obviously, the parameters selected are a
better design, but not the best one. !

It is different from the optimization of fatigue life. The
minimization of spin to roll ratio is closely connected with operating
conditions. An optimum solution in a certain condition possibly is not
an optimum solution in another condition,

Requirement for the maximum of static load rating : :
Some bearings, such as extra—large bearings, control beanngs in
airplanes, etc., work at low speed. Their basic technical requirement 13
a support capacity for static loads. For given sizes of the bearing out-
line, the static load rating ¢ should be the maximum.
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A negative valuoe or reciprocal of a static load rating may be taken
as an objective function, that is

minf1.X) = min{ — C_) (15.16)

For example. for deep groove and angular contact ball bearings

minf(X) = min{ = f,iZ D | cosx) (15.17

where, f; is substituted by equation (10.19).
For cylindrical and tapered roller beanngs

minf{X) = min| — 44{1 — y}iZl D, cosz] (15.18)

Multi—objective functions
In some cazes, more than one lechnical requirement 15 demanded. For
example, at the same time, the static load rating and the dynamic load
rating of a bearing are required 1o be maximum, or the maximum dy.
namic load rating and the minimum friction moment are needed, etc.
The optimization problems which require several technical indexes to
be optimum simultaneously are called optimization of multi—objective
functions. In general, that several objectives synchronistically reach
their optimum values is impossible. A certain compromiss of the sev-
eral objectives is arranged in order to obtain a better acceptable design
for every objective. OF course, this kind of optimization solution pos-
sibly 15 not the only one. It 15 effecied by optimezation methods and
subjective judgements of a designer.

Two treatment methods for design optimization of rolling bearings
are miroduced

Primary objective method
Several technical and economic requirements, that s, objective func.
tions for 4 beanng are set one by one in order of their importance.
Then an optimization of each of the objective functions is solved
successively.

For the first objective function, the optimum [unction value 15

."'Il = minf, (X)

Then, the second objective function is optimized with an additional
consiramt
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fX)—{f, +A)<0 {15.19)

where

A, = permissible relaxed value of the first objective function.

The same procedures are made until the last optimization is com:
pletied

I 'w;p']r:'r."J'J.lrrr}.u'nr:m:lrr melrng

Suppose that there are m objective functions /,{X ). (X}, ===, fAX]}in
a design optimization of a rolling bearing and estimates of upper hmits
and lower limits for variations of each objective function are expressed
as

a s (X)sh (=1, 2 == m (15200

then a set of weighted factors wy (i= 1, 2, »=+, m) may be chosen and
the following equation is valid

(15.21)

e =
x

Obviously, weight factor w, indicateés a relative importance of the
i—th ohjective function in the design optimization. 1 w;= 1/ ;. they
are uniform weight factors.

Structuring a unified objective function

k=
fiX)= 3 w _—'||—

I| _rI|

{15.22)

one may transform an original multi—objective problem into the
optimization of the single—objective function,

APPLICATIONS OF OPTIMIZATION METHODS
I BEARING DESIGN

Usually, bearings designed for applications in special operaling condi-
tions including rotational speeds and loads are called special bearings,
which will be explained in next two chapters. Bearings designed for
general applications are called general bearings or standard bearnings
In this paragraph, the design optimization for general bearings is des
cribed. ts objective function is the dynamic load rating of bearings.
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Design optimization for deep groove ball bearings

Objective function
The objective function for deep groove ball beanngs 15 expressed as
equations (15.8) and (15.9).

Design paramefers
Design parameters are internal structural sizes and other variables,
called main parameters, which need to be determined in the bearnng
design.

Consider five design parameters, that is

X=[D,, 2. D_,J

ol | (15.23)
Because y =Dy /D, is not independent, it is not listed in the design
parameters.
Inm some ciases, given £, =0.53 and ;= 0.52, the number of the design
parameters reduces to three.

Canatraint conditions

For the convenience of the bearing aszsembly, number and diameter of

balls should satisfy the following requirement, i.e.
D,
] E:I:JEEHI:]'H— =@, (15.24)

Therefore, & constraint condition

[l

(X}
2ein” (D, /D)

Z+1=210 (15.23)
where

iy = maximum tolerable assemble angle

Diameter of halls should be within an emprical arrangement, that is

D= D—-d

K,.——%D, <K (15.26)

[hesay ¥
where
Kpein and Ky = minimum and maximum values of ball diameter,
empirical constants which are connected with
diametral series of bearings
D and d=oputside and bore dinmeters of bearings.
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Then, corresponding constramnt conditions
g,(X)=2D —K__ (D—d)yz20 (1527}
g Xi=K (D=d=—2D0, =10 (1528}

Pman

In order to guarantee the running mobility of beanngs, the differ-
ence between the pitch diameter and the average diameter in a bearing
should be less than a certain given value.

Therefore,

g, X)=D_—(05—elD+d120 (15.29)
gAX)=([05+elD+d)—-D_=0 (15.30)

where

&= given constant.

In design optimization of bearings, a pitch diameter usually is larger
than the corresponding average diameter in a bearing. Hence, a thick-
ness of a bearing ring at ouler raceway bottom should not be less than
£ [).. £ is @ given constant, Therefore a constraint condition is

g, X)=05D-D_-D.)—eD, =0 (15.31)

Groove curvature radii of inner and ouler raceways in a bearing
should not be less than 0.515 Dy, Mo upper hmit is specilied for the
groove curvature radius. If it is larger than 0.52 Dy, the dynamic load
rating of the bearing will decline

Constraint conditions

g,(X)=r 20315 {15.32)
g,X)=r_=0.515 (15.33)

In summary, a design oplimization problem is summed up as an
oplimization of objective function (15.8) and eight inequality con-
sirainis.

Penalty furction and explanation of  solving methods
Using external point method of penalty function, a penaity function
upon equation (15.6) may be established

X" =Xy + " ¥ [min(g, (X).00] (15.34)
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Fig. 15.2 A flaw chari of program for external point method of pemabty fanction

The design problem is transformed inlo an  unconstrained
optimization. Then its solution can be determined by Powell’s method

Fig.15.2 shows a flow chart of a program for the extéernal point
methed of penalty function. An initial penalty parameter r is decid
ed by testing. On the whole, the objective function and penalty terms
should be adjusted 1o a same grade in quantity. Coefficient i, of pen-
alty parameters is valoed between 5 and 10,

It should be noted that the diameter of balls is a discrete variable
chosen from a set of standard values and the number of balls is a vari-
able of the whole number lype. In previous optimization, both are
treated as contineous vanables. Therefore, some modifications are
needed for thiz difference. It will be explained later

The solution obtained is possibly only a local optimum. In general,
it 15 better to select several initial points and to see whether the same
solution is arrived at. Finally a satisfactory solution is chosen as a
global optimum of the original problem.
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Design optimization for tapered roller bearings

Objective function

he negative value of dynamic load rating is selected as an objective
lunction, that is

minf{X) = min[ =/ (il cosa) "2 DT (13.35)
where
! JHT.‘L-'J';".
(1 _I_..'r o) i = 1487 | & :'.: 257
W i i ¢|*[1_..4[l 1) ] .- (15.36)
(1+9) \ LAy, !

Design parameters

Fig.15.3 shows the structure and symbols of a tapered roller bedring.

Geometrical analyses indicate that the number of independent struc

tural variables in the tapered roller bearing is five. In Reference
{93) | design parameters are chosen

X=la,,a, 6 f D, al il

Ly
Lad

7

where
ay and a, = thickness of the big and small flanges of an inner ring
respectively
f=half taper of a roller
D, = minimum diameter of outer raceway
&= contact angle.
Clearly, another set of design parameters is also possibly taken

Cansirgint condftions
Reference (98) proposes following inequality constraints upon inter
nal geometrical relation and strength check for the bearing.

From empirical relationships of minimum effective thicknesses of

inner and outer rings

g, X)=58 —008(D—=d)=0 (15.38)
g.(X)=5 =§ =0 (15.39)
g,X)=5 -5 +d=20 {15.40)
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where
5, and S, = minimum effective thickness of inner and outer rings
respectively, as shown in Fig.15.3
i = positive value, less than one and connected with the
value of { D=d).

Fig. 15.3 Design parameiers of tapered roller bearings

From empirical relationships of flange thicknesses of inner and out-
Cr nngs

g, X)y=a, - K B=0 (15.41)
giX)=K _  B—a, =0 (15.42)
gyX)=a -K _B20 (15.43)
g.(X)=K,,  B—a 20 (15.44)

Diameter at contact point between the outer raceway and the big
end of a roller must be less than the maximum diameter of the outer
raceway, therefore

g5(X)=D, +2C tgz— Qpsing =0 (15.45)

where
C, =width of an outer ring
p = spherical surface radius of the big flange of an inner ring.
And a series of requirements for lower limits
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r (X)=f=1" =20 (15.46)
guX)=x—10" 20 (15.47)

minimum width @ _of the narrow face of an outer ring should be

guliXl=a —03=0 [ 15.43)
g,(X)=a —-0320 (15.49)
where
i, = width of the narrow face of an inner ring

Thickness Cy of the pocket wall in the direction of circle in a cage
should satisfy

EnlXl=C, = (1.8=2)}5 20 [ 15.50)
where

5= thickness of the steel plate for cages.

All rollers must not protrude from the face of the outer rings
Then

galX)=Cop 30 (15.51)
g (X)=C.__ =10 (15.52)
where
Capin 80d Cyppp = minimum  distances of the contact points between

two ends of a roller and the outer receway from
the faces of an outer ring respectively.
Deviation of the total widih {abutment width) T should be less
than 0,002 mm, i.c.

g (X)=0002=AT =10 (15.53)
In summary, & design optimization problem is summed up as an

optimization of objective function (15.35) and sixteen inequality con-
straints

Peralty fumetion
Lising external point methods of penalty function, a penalty function
may be established
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XV =AX)+r" """_.!IIII:ZI__L;' (X)L (15.54)

{5 solving method is similar to that in deep groove ball beanngs.
The initial penalty parameter ¥ and the coefficient i, are decided by
testing. Reference (98] sets i, =2, thatis, 7 "'=27%

Selection of diameter and namber of balls

As mentioned before, the diameter of balls is a discrete variable and
the number of balls is a vanable of the whole number type. In the
oplimization, both are treated as continuous variables. How to select
heir oplumum values is an important problem. There are two methods
for this

i Srparison medfiod

Having solved the optimization problem upon a treatment of contin
uous parameters, one may select the closest standard diameter and
number of balls. Clearly, the modified solution is a better design, but
not the best one.

Another treatment is as follows. Several ball diameters and
wmbers, which are near to the optimum values, are selected. Then,
one may examine whether different combinations from them satisfy
the constraints, Finally, a group of parameters which leads to a maxi
mum dyvnamic load rating, 1s an approximate oplimum solution. This
method 15 simple and rebable,

Pemalty funetion method for discrete varighles

Design vanables X can be expressed as

X,=[D,. Z|"eR, .

=n
[
L
L
-

where

R, =subset of discrele design variables.

In the program, all possible values of a discrete variable may be ar
ranged as an array in order (o be convenient for comparnson.

Taking deep groove ball bearings for example, one may change the
penalty function (15.34) into

WX, s )= fiX) 4 ¥ [mingg ,(X),00] +ry QX)) (15.56)
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where
el

Ky

and r';' = weighted penalty parameter, progressively increasing
posilive sequence
X, }=penalty term of a discrete variable, which may be
expressed by
=0. (X ,€R,, when a design poinl
| satisfies the discrete values)
X, {15.57)
=0, (X ¢8R, when a design point does
nol satisfy the discrete values)

When & design point does not satisfy the discrete values, (X))
takes an action of penalty. 00X ) may be defined as

GX,)=YHEg =g (15.58)
where

Hik)= exponents. progressively decrease posilive sequence.
Generally, B{0)= 1 is setand

,r:qud.-lr-@

| -5

when { equals to one and two, g, is respectively expressed as

D, =,
g, =
D,.—D,
Yoo
where
Dy, and Py=two discrete points next to the value Dy, ie
Dy Dy< iy,
Z, and Zr=two discrele points next to the value £, e
AL A A A
It should be noted that programs for this are more complicated and

somelimes, one may need to try compuling in order to select a set of

Proper parameiers.

CHAPTER SIXTEEN
Computer aided design of high
speed ball bearings

Even though the function of relling bearings is very simple, motions of
rolling elements and forces acting on the elements are much more
complicated. For high speed ball bearings, some dynamic factors, such
as ball centrifugal forces and gyroscopic moments, have a great impor-
ent influgnce on the bearing design, To consider these factlors, a
quasi=static anialytical design method for high speed ball bearings is
developed. On the basis of a set of equilibrium equations, internal ge-
ometrical relationships, rotational speeds of balls, forces acting on
balls and deflections in the bearing are analysed. By comparison with
the general static design, contact angles, load distribution, orbit and
rotational speeds of balls, a5 well as internal sliding in the bearings are
remarkably different. Therefore, internal structural parameters of the
bearings should be changed correspondingly

Jones first proposed the theoretical basis of the quasi—static analyt-
cal design method in 195% and 1960. He adopled an assumption of the
raceway control, that is, spinning occurs only on one raceway and no
spinning on the other. Then the equilibrium equations of balls and
rings are transformed into @ set of nonlinear algebraic equations,
which may be solved by a Newton—Raphson method. In the first par-
agraph of this chapter, the quasi—static analytical design method,
lermed raceway control theory, is explained. From the early sixties to
late seventies, high speed ball bearings were mostly designed based on
this theory

Considering the ¢lastohydrodynamic lubrication, Harris developed
the quasi—static analytical design method for high speed ball bearings
in 1971 (99 and improved it in 1973 (100} . Boness computed
traclive forces by an empirical equation and obtained a good corre-
spondence with experiments (1010 | These methods will be described
in the second paragraph of this chapter.

lo analyse the whole dynamic process of a bearing, integrate the
differential equation of motion for each bearing component.
Pasitions, speeds of rolling elements and the cage, and other internal
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sliding in the bearing at any time can be numerically deduced. This s
called a dynamic analytical design method, which actually gives a real
simulation of a bearing performance. This method was initially sub-
mitted by Walter in 1971 C(102) and systematically developed by
Gupta (1033 , (104) . Due to the complexity of the equations and
their influential factors, the method requires a substantially longer
computing time and it is hardly applied to engineering problems

Neither the quasi—static method nor the dynamic method is able to
derive its accurate analytical solution. Either of both the two methods
can only be numerically solved by compulers.

RACEWAY CONTROL THEORY

An angular contact ball bearing rotates at high speed under combined
radial, thrust and moment loads. Due to the influence of ball centrifu-
gal forces the contact angle of the bearing can be changed, 5o that in-
ner raceway contact angles have a tendency (o increase and outer
raceway contact angles 1o decrease, The higher the speed of a beanng.
the larger the difference between inner and outer raceway contact an-
gles will be

Fig. 16.1 Angular positions of balls

Fig.16.1 shows angular position of balls in the beaning. Obviously,
the force acting on each ball varies with different positions of balls.
In Fig.16.1, the angular distance between two neighbouring balls is
T

Al ‘{;'

and the angular position of the f~th ball

Comnpicrer alded dexign of high spevd ball bearfng s LR
y 2({—1)
W X
£

Geometrical relation of deformations

Fig. 16.2 shows the relative position of the ball centres at angular posi-
tiom i, . Assume that the outer raceway 15 fixed in space. The groove
curvature céntre of the inner raceway may have a displacement rela.
tive 1o that of the outer raceway. Furthermore, the ball centre moves
due to the variations of inner and outer raceway contact ;Ll:gfl:s

f NI

Fig. 162 Relative position of curvature centres
The distance between inner and ouler raceway groove curvature cen
tres before loading is
Dy = (f +fi— 1), (16.1)

After loading, the ball centre 0 moves to point o and the inner
raceway groove curvature centre & changes to 8. Therefore the dis-
tance beiween the final position of the ball centre and the fNixed outer
Faceway groove curvature centre at any angular position ¥, is

Ay =(f: = 051D + &, (16.2)

Similarly, the distance between the final position of the ball centre
and the final inner raceway groove curvatlure centre at any angular
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posilion g 15
Ay =(fi =050+ 5 (16.3)

where
4, and d,=contact deflections normal to the contact arcas at
angular position ¢, on outer and inner raceways
respectively.

If the relative axial displacement, the radial displacement and the
tlting angle of inner and outer rings are expressed as 4, &, and
¢ respectively, the axial distance between the fixed ouler raceway
groove curvature centre and the final position of the inner raceway
groove curvature centre at angular position ¥, is shown in Fig.16.2,
that 15,

Ay =0CDsng + 6 + R cosp, (16.4)
Similarly, the radial distance between these is
Ay = GDycosx + &, cos, {16.5)
where
x = initial contact angle before loading
A= radius of locus of the inner raceway groove curvature centre.
Introducing two variables x; , x,, , shown in Fig.16.2, one may es-
tablish the following equations

X ri

e e —0.3)Dy + 0y (16:)
sin DR, | [F {16.7}
e e —0.5)Ds + 0 3
cOsE; = £y — X (16.8)
S i = 05D + 8y '
: Al —Xa ’
SInE = =— ___r {16.49)

(i —0.5D +d,
and geometric relationships regarding the change of hall centre posi:
fions
(Aa =X ¥ + (A= x50 = [(fi = 0.5)Dy + 84P =0 (16.10)
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i+ xh = =050 +84) =0 {16.11)

Analysis of forces

In & high speed ball bearing, centrifugal forces of balls lead to changes
of the contact deflections and the contact angles. The variation of a
ball axis about which the ball rotates causes a gyroscopic moment and
corresponding  frictional resistance, Fig.16.3 shows the forces and
moments acting on a ball,

Fig. 163 Foroes snd moments acting on s ball
The centrifugal force of a ball is
hs | )
F .-.l_-"“”" f}“r-J_ (16.12)

Considering equations in Table 5.4, equation (16.12) applied to the
ball at angular position ¥, can be rewritten as

g - /| IR
F, = 1”3 I I:I—J'— ) (16.13)
where
= density of ball material
F.=centrifugal force of the ball at angular position ¥, .
ammularly from equation (5.34), gyroscopic moment of the ball at
angular position ¥, is

W, .-"cu"::inﬁf.-% ] I:r—::- | (16.14)
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where
J=mass moment of inertia

J= %pﬂﬂi (16.15)

If a, is not equal to zero, a gyroscopic moment aboutl axis z exists.
As seen from equation (5.35), then

2 opf (G ) [ )
M ., = Jo*cosfisinff I: 7 'lb I: - |' (16.16)

Assuming the motion caused by 2 gyroscopic moment does not oc-
cur in the raceway control theory, i’ equals zero. Then, the gyroscopic
moment M, is neglected.

As shown in Fig.16.3, @, and @,; indicate normal forces acting on
the ball at angular position ¢, by inner and outer raceways, while
F, and F,, are friction forces acting on the same ball by inner and
outer raceways respectively. In the raceway control theory, these fric-
lion forces prevenl balls from gyroscopic molion at the control
raceway. Therefore

24 M =
s S (16.17a)
T
F.= :f_l__g']_a_“ ' (16.17k)

in which, values of A4, are based on control conditions. £ =1 refers to
the outer raceway control and 4 =0 refers to the inner raceway con-
trod.

In the quasi-static method, considering the equilibrium of forces
nciing on the ball in the horizontal and the vertical directions, .

M :
(ysinay — @ sin,; = ——8=[(] = i;doosx,

.1

= 008, ] =10 (16.18)

2M y o
(2 cosxy; — Q) 008%,; + _n [(1 = 4 )sinex

= Asina, |+ F, =0 (16.19)
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and the :.'quith_r:ium of forces acting on the inner ring in the radial and
the axial directions

- | A1 =24 )M .
F, L| 0 psing, — —.DL -.:-:'n:'-x..] 0 (16.20)
| A1 =AMy .
= E’ (cosx, 7 TR, e sini, | =[] {(16.21)
as well as the equilibrium condition of mement about axis v, that is
# _ o~ +
= { . 2= A 3M \
M, - }"E.{f__-".-ﬂn:._. = -ﬂ—-'m“' R
21— 400
L :'}—J'_]L'U\I,;:-'_ =1 (16.22)
o, ]
where

F,=axial load acting on the bearing
F,=radial load acting on the bearing
M, =moment load acting on the bearing
R = radius of locus of the inner raceway groove curvature centre.

Load—deflection relation
I'he relation of a load to its contact deflection between the ball and ihe
raceway i5 expressed by equation (4.1, It may be rewriiten as

Q=—I — (16.23)

K, B connecled with the contact angle. Therefore, it varies with an-
gular position ¥, . Then equation (16.23) is applied to the inner and
the outer raceways al angular position &, . Respectively, these are

g, =K8" (16.24)

Q,=K,6," (16.25)

The calculation of K, and K, is conducted by equations (16.23)
dnd (4.2). Substituting equations (16.24) and (16.25) as well as equa-
tons (16.6) to (16,9) into equations (16.18) to (16.22) gives the follow
ing equations of the equilibrium
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I__.f_ 0.5)0; + &, 1 U =10, "'I!L E

21— )M,

=t (Aqy=—%4)
D, ; ;
i, ”'5_';”". —‘.. r m ) (16, 26n)
K sy 4 Mg,
|'||-:|-_I X g n" ¥ ﬁc'il._.__!'_r_. —_'\:,:]
(e — 050D + by (f; = 0.5)D, + &,
i -
Al :; :I—‘{-‘—l Ao — Xl
= _I:__I'-_E |E]_€|” T g e F.= ] (16.27)
% =
rr Kgldy —x,000 % - 1My E (A, —x,)
: f'.‘.'.'.'__-. i g
3 E[ (. — 051D, + d, }
= () 16.28)

R r.’lef..‘

G { KolAd EJ::‘*_'T Ay =2l
Fe = (fi —0.5)D; + &,

= (} (16.29)
31 = A
" I Rl ——”—E;'J--E-L—m._. i i]H.
5 b S piag s gaianken body:
Uy 4 U, — 051D, + 8,

+ M1 — &,V Mg }cm-u} 0 {16.30)

A set of basic equations and solving method S
Geometric equations (16.10) and (16.11), and l:"-]LlI.llhlllill'l'! equations
(16.26) to (16.30) are a set of basic equations for calculation of high
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speed ball bearings. f is valued from | to Z. The number of the equa-
tions is (4.2+3). And (4Z+3) unknown variables are x_ . x,, . 8, . &, .
4, , 4, and 6. If taking the symmetry of ball pu:u-;.nmn:: 5111:-'4[: in
Fig.16.1, the number of equations or unknown variables may be re-
duced to (22+7) or (22+5).

Besides the set of basic equations, some supplementary equalions
are used during the solving process. Such as equations (16.4) and
(16.5) which are applied for A, and 4, , equations (16.23) and (4.2)
for &; and K, , equation {16.14) for M, and equation (5.40) for
(g /), . Anequation for (w,  w), may be selected from Table 5.4,
R; is determined by

J'J'

i

oy - F{f; — 0.5)Dpcosx (16.31)

Obvicusly, it is impossible to solve these equations by a strict ana-
Iytical method. The Newton—Raphson method is usually applied for
the simultaneous nonlinear equations.

Some high speed ball bearings are mainly subjected 1o an axial load,
such as high speed ball bearings for internal grinding spindles, motor
bearngs for gyroscopes, ele. In these conditions, effects of the radial
load and moment load are neglected. Therefore. it may be considered
that the geometric relation, forces, loads and deflections are not pre-
cisely dependent on angular positions of balls. The basic equations for
calculation of high speed ball bearings are significantly simplified, that
15, they are composed of five equations: geomelnc relationships
(16.10) and (16.11}, equilibrium equations (16.26) 1o (16.28).

Unknown variables are x, . x, . &, . &, and &, . For the conve
nience of the description, the unknown variables are expressed as 4,
k=12, 51e.8=x, , dy=x. , &=§ ., 5,=8, ,4,=0

A Now chart for ealculation of'a high speed ball b"dr’“b subjected
to an axial load 15 shown i Fig 16.4. Input data include geometric
parameters of the bearing, material constants, load and speed, as well
as el values and permissible errors. The computation may be con-
ducted until the iterative errors

g=0y =8 k=], 2w §

are small enough. Explanations for the subroutines are listed in Table
6.1, Besides ag(k=], 2==+ 5), contact angles at inner and outer
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raceways, contact load, contact pressure, cage speed, ball rotation
speed and spin to roll ratio can also be computed.

—_—
| HERTZ
L
T
BASE (D =
&t raes g el =
H
e T Ll
| AAC CFR = L)
[~}
i =
|
: | |
T |

M |
T Che > L | |
Yos o B 1B 20 30 &0 50 1D 5O

m Axial load, dyn

Fig. 164 A Now chart for Fig. 165 Varistions of
hiigh specd ball bearings contact angles

The basic equations for 4 high speed ball bearing subjected to an
axial load may be solved for variables &, , & ., & , 4, and &, The
meanings of the five unknown variables are obvious and it is ¢asy to
specify their initial valees.
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Reference (105 gives a numerical example. An angular contact
ball bearing 1= subpected 1o a pure axial load at high speeds. lis bore
diameter =5 mm, initial contact angle x=15" . Fig.16.5 shows the
dependence of the inner and outer raceway contact angles of the bear-
ing on axial load and speed. It can be seen that the contact angles

Table 16.1 Explanations

Surhroiinex Brigf explanarions

HERTZL Giiven peomeLnc pRramelers, curvaiunes, sz of comn
tact aren and K, K, are computed

FUNCT | Giiwen initial values, operating conditions. gyroscopic
moments, A, and A, are derermined

BASEQ Toestablish basic equations

JARCOE | To compute partial denvation of the lunction on the
left sade of basic equalions

MEWTMN To linearize nonlinear equations and to solve them

by the ilerative method

Ep‘iﬂ ta rodl Fatio

y ST RO PR e | L}
L | L] RO Q80 130 )

Axial load, dyn

Fig. 166 VYaristion of spin to roll ratio
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increase as the axial load nises. The outer raceway contact angle de-
creases and the inner racewdy contact angle increases al high speeds.
For example, for the axial load 5 dyn and bearing speed 2000 rpm, the
outer raceway contact angle is 10,6 ° and the inner raceway contact
angle 20.5 ° . The difference between the inner and ouler raceway con-
tact angles dechines as the axial load increases,

Fig.16.6 shows the dependence of the spin to roll ratio along the inner
raceway on axial load and speed. [t can be seen that the spin to roll ra-
tio rises as the bearing speed increases and increasing the axial load at
high speed may reduce the spin to roll ratio remarkably. The spin 1o
roll ratio reflects spinning conditions of a ball on the raceway. Its larg-
er values indicate that more serious spinning sliding and wear will oc-
cur. As seen from this figure; the spin Lo roll ratio may reach a relative.
ly high value under a low axial load and at high speed. To eliminate
the harmful influence, a certain value of axial load must act on high
speed ball bearings

T
|
4 |
.
FI ] i
oW L
2 |
E 15—
k] | [
= 1 4 :q_l.l_-p 3 [
—_— G0 i
= 00 (41 |
-
I * I00HEr, miin I
iy = ] |
! i -'I_l- B |'.- 120 Lk

Axial load, dyn

Fig. 16.7 Variation of axizl deflection

Fig.16.7 shows the relation of the relative axial deflection 4, be-
tween the inner and ouler rings to axial load and speed. It can be seen
that the axial deflection reduces as the bearing speed increases. It is
possible to have a zero axial deflection at high speed and under a low
axial load due to the influende of centrifugal forces of balls.

When a bearing is subjected to combined radial, axial and moment
loads, the contact load and the contact angle vary with angular posi-
tions in the bearing. then in turn the orbital and rotational speeds of
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balls, as well as the spin to roll ratio vary with angular positions in the
bearing. An example of the varations of contact angles and spin to
roll ratios with angular positions is shown in Fig. 168 and Fig.Q6.3.

o | 2
A = e P TR
= "
s B
™ -
- b T
- T
B
:_'_; A Ul
= | | | | |
] i |
sl = : } :
E |
L] 11 E
__..--l""lJ J;r ] |-|-.:I!'_-! m|l1'{
M | i l
I3 3 4 8 5.7 & & 0 i) i3 i3 ia
Balls

Fig. 16.8 VYariation of contact angles with angular positions

Variation of the orbital speed of balls leads to impact between balls
and the cage during running process. Therefore, it may enhance wear
and heating.

Spin 1o roll rato
{ L

|
| |

e .I. L
. i 5

|
] 8 T & F O RILE 1304

Balls

Fig. 169 Variation of spin to roll ratio with angular pesitions

It may be concluded that the design of a high speed ball bearing
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must be combined with its operating conditions. The spin to roll ratio
may be used as an imporiant index 1o show if the design of a high
speed ball bearing is correct. The value of the spin to roll ratio and its
vanation with angular positions should be decreased as low as poasi-
ble.

It should be noted that the harmful influence of the spin to roll ratio
can be reduced or ehminated using appropriate lubncating methods.

DESIGN THEORY OF ELASTOHYDRODYNAMIC
LUBRICATION

The raceway control theory provides the basis for considering the
quasi—static analysis of high speed ball beanings. Its major disadvan-
tage 15 that the influences of lubricanis and cages are neglected. Harris
developed a new design theory including the action of the elastohy-
drodynamic lubrication.

Traction forces between balls and raceways

For the convenience of description, the subscripts adopted by Harris
in Reference C100) are used in this paragraph, that is, subscript p=1
refers to a quantity related to the outer ring and subscript p= 2 refers
to that related to the inner ring.

If a rolling bearing in operation is properly lubricated and at high
enough speed, then an elastohydrodynamic lubncation oil film of a
thickness 0.3 (o | um between balls and racewavs will exist. The film
thickness can be calculated by the Archard—Cowking formula, ie.
equation (6.26). The film thickness between a ball and inner or outer
raceway at angular position is

- ; 0%
b =204 1:_'?."!.;:4'-' = ;; 2 R"“’ (16.32)
Al o R ; E [l g t__'} T L
[a+ i ] 4
R,
where

&, = pressure coefficient of viscosity

ne=dynamic viscosity at atmospheric pressure

{2, =contact load between a ball and raceways at angular position
¥

u,=average velocily of a ball and raceways at angular position
iy . then
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Hg = I:h [m-,: fl + ¢ COSY ] + ) COSE y T m_._.:-ini_,_.-l (16.33)

R, and R, =equivalent curvature radii correspondingly in the
directions of ¥ and the major—axis of the contact

ellipse. They can be expressed as follows

WiEY

R = H,',' {1+ ¢,y Co%0) {16, 34)
K= J'L"—.,Ir n:‘l (16.35)

i = (e = i) {16.36)

o iy =

= (16.37)

x

= contact angle between a ball and raceways at angular
position ¢, , as expressed by equations (16.6) Lo (16.9)
w,, and w, =components of the rotational angular speed of a ball
: around its own axis in the direction x and
z correspondingly, as seen from equation (5.10)
e = grbital angular speed of balls at angular position W,
i, = bearing angular speed
o, =constanis, ¢y =1, c.=~—]
f, = coefficient of the raceway groove curvature radius

The film thickness can also be determined by the Hamrock and
Dowson formula, i.e equation (6.31).

The traction force, which has an influence on the zliding and the
contact load on raceways, is a very important factor in the analysis of
high speed ball bearings. As mentioned in Chapter 3ix, several meth-
ods are applied to determine friction coefficients. Some of them are
the following.

Newtonian (Tuid mode! ; ;
On the basis of the definition of a Newtoman fluid, the fluid shear
stress t is proportional to the local Muid velocity gradient in the = di.

reclion, Le.
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Considering that a film thickness in a bearing is very thin, such as
0.1te 1 um, one may simplify the calculation of the shear stress as fol-
lows

r s [16.38)

where
r=sliding velocity
k= film thickness
1 =wviscosity connected with the pressure and the operating tempera-
ture, il can be expressed atl constant operating temperature

n=de " (16,39)

where
dy, dy and dy=constants dependent on lubricant properties
p= pressure, for a point contact

A, - o f
J.r_.‘;_:.'l;r_-._“--..---rw - [ 16.40)

dy and b, =semi-major and semi—minor axes of the contact area
between a ball and raceways at angular position
¥ and I=dimensionless coordinates, that is

X, k
N e I L

i, b

X, = coordinate from the contact ellipse centre in the direction of

the major axis

v. = coordinate from the contact ellipse centre in the direction of

the minor axis.

Relative sliding velocities between a ball and raceways in the v, di-
rection are expressed as equations {5.17) and (5.24). For the conve-
nience of calculation of the traction force, the relative sliding velocity
can be rewritien
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T
By =0 ==

o Fasios{ay Fll ) | — o oos(ag,

Oy ) — g p SN, +0,y) (1641)
where _
r...=distance from the ball centre 1o a point on the contact area
al angular position W

| 3 3 ¥ 1 | 2
F ey (R, —x) [, —a)
D, o L )
) I 5 (16.42)
2D
R B 5 G 5EL IS (16.43)
AR~ O g

fl,,.,=angular coordinate of a point on the contact area of the ball
at angular position y
As shown from Fig.5.3, 8, is expressed as

X g )
0., =arcigt-— | (16.44)
! il ¥ o
Relative sliding velocities in the direction of the major—axis of the
contact ellipse are determined by equations (5.13) and (5.253), which
can be approximately calculated by

By = !. D, o (16.45)

=

In summary from above. components of the traction force on the
contact area in the direction of y, and x, are

Fop = ayby | r, dids (16.46)
& | o il
Fow =0nb, 1 £ i (16.47)
The traction force on the contact arca
F,=(F+ F.)"° (16,48}
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Semi—empiric mode!
On the basis of the elastohydrodynamic lubrication theory and exper-
imental data, Gu proposed a semi—empiric model. It is assumed that

the friction cocfficients in the rolling direction are decided by the fol-
lowing three parameters, that is,

e [ e L L
b1 poh i BK
where

= relative sliding velocity

Po= Hertzian contact pressure

fr= film thickness

K= thermal conductivity coefficient of a lubricant

¥ and fi, = coefficients of the viscosity—pressure=temperature equa-

tion of a lubricant.

n=neexplyp — J(T — Ty

The relation of friction coefficients and G, , G, , G, is usually des-
ignated by curves or listed data.

Empiric made!

Gentle and Cameron proposed that the friction coefficient can be ex-
pressed by equation (6.40) upon experimental data. Values of 4, B,
C and D are decided by experiments. For example, Reference
(1062 gives a group of the following values

A=0.27; B=043CGPa;
C=6.93; D=0,022

As seen from equation (6.40), although it is nonlinear, it avoids the
calculation of integrals in traction forces.

Constant friction coefficient
For the convenience of comparison, a constant value of the friction
coefficient is assumed. Reference € 103) takes the coefficient as
0.007. Obviously, the calculation is significantly simplified. It will be
:_lt:sc ribed later that constant friction coefficient sometimes gives satis-
factory appropriate resulis.
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Forces acting on balls by lubricant and cage
The jet oil and oil mist lubrication are often used in high speed ball
bearings. Besides traction forces in the elastohydrodynamic
lubrication film, the oil drag forces of lubricant and the friction forces
between balls and cage pockets takes place.

Ol drag farce

A ball orbits about the bearing axis within a space of oil-air mixture
and is subjected to the oil drag force of the lubricant. It can be esti-
mated by the following

HP{-JD;"I}H”"m } =
4§ 32g

(16.49)

where
p = density of oil-air mixture
C ;= resistance coefficient
£ = acceleration of gravity.
The direction of F is opposite to the orbital direction of the ball

Normal load berween balls and cage

If the rotational speed of a ball is not equal to that of the cage, the ball
will give impetus to the cage or in reverse. They are in the tangential
direction of the bearing pitch circle and vertical to the wall of the cage
pockets, correspondingly expressed by @, and =0, . But their values
are hardly estimated.

Friction forces bemween balls and cage

Friction forces exist between balls and cage pockets. The values of the
forces, expressed as F,, , can be calculated using the hydrodynamic
lubrication theory.

Basic equations and solution summary
Similar to the raceway control theory, geometric relation, analysis of
forces and load—deflection relation are separately considered.

The geometric relationships of variations of the ball centre position
are expressed by equations (16.10) and (16.11), which are merged into
the following
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:"_.“',.-*. te x V=, —08)D+6) =0 (16.50)
where
Ve = CcOnslanl p I v, =0 P 3 yom|
Ay=corresponding to A ;= A, . Ady,=A,

Xy = corresponding to x=x_ | Xs=x
and the relationship
v Ay e x,

2 = arcig=L
: U

' . ...c.__,'_' (16.51)

| Considering the equilibrium equations of a ball at angular position
i, . asshownin Fig.16.10

:i: Q. cosa, —F sing )=F —F._ =0 (16.52)

Y e Q@ sinz 4+ F, cosx }=0 (16.53)

and dynamic equations of the ball

mD w . des

'!;.- £ .Ic "F, — [} = — SN .. & 1é q_i
_.__ ' & { 2 ':jl.l-" [ . :I
D, e e
e {16.55)
- - E 1.‘|l,.r
- 0. div
LM, == F, = e (16.56)
LM 5T = " dg
L By dlier
S e M (1] _1.1' (16.57)

where
m = mass of the ball
Foyand F, =components of F, in the directions of z and ¥ axes
respectively
M, and M__ =moments of traction forces about ¥ and = axes
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respectively
T R g
M. =g b | | t . rocosia +8  Mdids (16.55)
LI TS B i il oy J -
. o [l =)
M -—ng_hj_| | xr, sinfa, + @, deds {16.59)
y domd =fl=g") e : }

Load=deflection relationships are the same as equations (16.24) and
(16.25).

If the normal load between balls and the cage 15 neglected, i1.e
O.=0, then e, 15 & constant, expressed as o,

-

AT, B8
Fs ! A
T ik
¥ ‘-Irl-_ l“*—:"’ F .l-:‘"l"'\-: =
hY L ]
v plane ;
P & l:‘—g-.___‘.-'.':"': -@
F Py
- Bearng axis :
Fig. 16,10 Ball cguilibriem Fig. 16.11 Loading condition
of & bearing

For a ball at fixed angular position &, , thére are eight equations,
that is, equations (16.50), (16.52) to (16.57). If given relative deflec
tions including displacement and tilting angle of bearing rings and the
cage rotational speed, then unknown vanables (0, , x, , @, , @, .
w, and F, can be solved. Due to nonlinearity the equations are
solved numerically by the Newton—Raphson methed.

Usually, relative deflections of bearing rings and the cage rotational
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speed are unknown and only loads acting on the bearing and the
rolgtional speed of the bearing are given in aclual engineering prob-
lems.

Considering a loading condition shown in Fig. 16.11 external loads
generally are axial load F, radial loads F, and F; in the directions of
v and = axes and moment loads F, and F.. Correspondingly five rela-
uve deflections of rings are expressed as A, f=1, 2, »a 5,

Similar to the derivation of equations (16.4) and (16.5), the varia
tons of the raceway groove curvature centre

A GDsing 4 A+ Ri{Acosd + Asing ) { 166400
A= FIcosx + Asimd, + Acosd (16.61%

From the equilibnium of the inner ring

F :r{_} ysinE, + F . cosa.) { 16.62)

F (@, cosx, — F, sinx, sing {16.63)

F. Y(Q,cosx, —F . SN, Joosy [ 16.0:4)

F,m= ifﬂ_ll:_-' cana, + F cosx, )= f.D,F . jeosp { 16.65)
e 11":_'.|1"-!'_||[J snx, + F  cosx, )=f.D F . |king (16.66)

Furthermore. consider the equilibrium of the cage. Cages are often
guided by the inner or cuter ring in high speed ball bearings, as shown
in Fig. 16,12

The cage is subjecied 1o the friction forces of balls on pocket sur-
faces and the traction force of oil film on the guiding surface, The Lt
ter may be estimated as follows

i ¢ D (o @ )
Fj =y i (16.67)

l
i}

B o o
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Fig. 16.12 Guobding of the cage

where
B_=width of guiding surface of a cage
D= digmeter of guiding surface of & cage
Dy and D;=diameters of guiding surfaces, as shown in Fig.16.12
The sum of moments acting on a steady—state cage should satisfy
the equilibrium equation. i.e.

D YF _+DF, ={ (16.68)

in which, the upper sign refers to the inner ring guiding and the lower
sign refers Lo the outer ring guiding.

Then, the basic equations are composed of equations (16.62) 1o
(16.66) and equation (16.63). Unknown variables are A, f=], 2=, 3,
as well as rotational speed of the cage o,

It can be seen that itis necessary 1o seek more simplified models due
to the complexity of the above equations

Some simplified models

Az mentioned before, a high speed ball beanng subjected Lo pure axial
load is a typical application. It is valuable 1o introduce two simple
models,

Crentle—Boness modef

This model is similar 1o the Harris's method described above except
calculation of traction forces in the lubrication film. The caleulation ol
traction forces based on the Newtonian fluid is required to deal with
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the relative sliding velocity at each point of contact area, and then to
compute a numerical integral. Genile and Boness [107) proposed to
consider the total friction coefficient directly upon equation (6.40) so
that the numerical integral is avoided.

For a high speed ball bearing under a pure axial load, the problem
15 simplified to solve a set of eight simultaneous equations, which in-
clude five equations of equilibrium for a ball, two equations of equi.
librium for the inner ring and a geometric equation reflecting the vari-
ation of the curvature centre position of raceway grooves. Eight
unknown variables are contact angles , and «,, contact loads @, and
Q.. relative sliding velocities ¥, and ¥, as well as altitude angles f and
B’ of aball

Compulations indicate that the selection of initial values has a great
impaortant influence on the convergence of the equations.

s

Fig. 16.13 Forces acting on a ball

Asswmptiom of  the congrant friction coefficient

Considering the loading condition of a ball shown in Fig.16.13, its Zy-
roscopic moment is balanced by the traction force of the lubrication
film. Therefore

M =05DF, + F,)

Values of fnction coefficients are based on data given by two—disc
testing machines,

Assuming that traction coefficients at contact areas of the inner and
ouber raceways are aboul the same, ie.

Compurer atded design of highk speed ball bearings 6T
"y it 16.69
0, 0, i

then, the traction forces can be simply decided. Based on this assump-
tion, Reference [ I08) gives an example of high speed ball bearings
applied to machine tools.

APPLICATIONS OF COMPUTING MODELS

The computer aided design of rolling bearings has been developing
successfully since the middle of the sixties. In order to obhtain the high
reliability of rolling beanings for special applications, it is necessary o
predict the performance and the life of a rolling bearing more
accurately, On the other hand, the development of the tribological
theory and the successful application of computers offer a possibility
for these. Recently, some special programs of the computer aided de-
sign for rolling beanngs have been submitted for applications, or even
commaodities.

Typical input and output

In References C1092 | C1100 , the program functions of the com-
puter aided design for rolling bearings are evaluated. Most of them are
developed by the Mechanical Technology Incorporation and the SKF
Company.

Computer program upon Faceway contral theor

Program TABACY developed by the SKF Company may be applied
to analyse a high speed ball bearing subjected to combined axial and
radial loads, as well as a relative tilting of inner and outer rings. The
outer raceway control is assumed, that is, all the spinning occurs at
contact areas between balls and the inner raceway.

Input data include groove curvature radii # and r. of inner and
Outer raceways, inner and outer raceway diameters D, and D, ball di-
ameter L3, radial clearance o, number of balls £, tilting angle of shaft
#.rotational speed n, radial load F,, modulus of elasticity £, Poisson
ratio v, material density p. viscosity of lubricant n,. pressure coefficient
of viscosity @, etc.

Outpul data include contact loads (7, and {0, between ball and in-
Ner o ouler raceway il angular position g, , contact angles &, , and
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Table 162 Print format of program TABACY
] o
LRIV E 4 b L E HALIL
RADIUS{IN) DIAMETER(IM) DIAMETER

INMER OLUTER INNER OUTER ]

3575 A5TS 30504 d 3504 BETS
DIAMETER SNUMBER SHAE] SHAFT RATHAL THRLST
CLEARANCE OF DEFLECTION SPEED LAY LAY

(i) BALL SLOPE{DEG) (RPN} | LS [LHES)

L | | a0 FR1 R0 L] & HiH}
YOLINGS PrHESINS MATERIAL LUBRICANT PRESSURE
SMOoDULLUS DENSITY VISCOSITY EXPONENT

1FSE) KRATIC (EH 1N = 3j LSS BN & ® J) (Itee =20 LH)

Jo(Hr+ (8 5 et | | & TH—=04 | 11
DUTFLT
HALL CONTACT FORCES COMTACT ANGLE ORBITAIL
[LES) (DEG) YELOCITY
Mo OUTER INMER OUTER INNER (REM)
| MEAEH il RS R ] 10 T2 R AR s h il H
3 R AT IEL Rk | (4 2 HitY +0X [ EL RS ]
TR0 PHTN =02 Q31 1+0] TR0 [ [ R
4 |E53-+03 b a4 BTOI+0] F1 1 &+ GhaCHTH
5 154 [-H13 ] @102 91 55%+01 ¥4 0+02 B s
i [EERET |} 7 TR [ ka3 A TEE{F T 1 e
] (003 THI3+02 1 250+02 S671+02 T23Z+ M
g 1 574+ BTS00 | 408403 L0059+ T390
a LRI G140 ErE v A0 TRS 1 -+{kk
BALIL EPFM ABOUT VECTOR CENTRIFUGAL GYROMOPIC
AN TTETLMDE FUORCE MOMENT
by B4 WS CENTEHR {DEG) {LHS) (LB=IM}

| 4 g 4415 B TEl+0] | [T &% 2T 1401

2 43653+0% HB01+0] 111 T+03 - J6E24+0]
: — 44 55+ Tl 115803 256T40]
| — 45T | +03 Tl 1225+03 2548+0]
L] 4710404 TRITHI B SRtk - IR TE+0]
i 4R T4+019 pE L4 | ST = ROYT40]
y 4 TiF0 % | (ST 45240 d12E=+0]
& SNIR+0% 1 20 ]-+03 LR EE] AT
a9 LRI2H0Y | 28 0+03 L EERIH ~ S[R3+0]

LI FATIGUE LIFE (MIL REW. )

DUTER INNER TOTAL

i s E | 155 T+ JEIDs

MINIMUM FILM THICK NESS (IN) RESISTING

COLUTER INNER MOMENTI{LB=IMN)

TG =01 Fhil==03 1 3R0==)}
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Table 16.3 Custion—amswer procedure of program STARBRG

THE PROGEAM WILL RETURN TO'WHICH QIUESTIOMN3)
IF 99000 15 ENTERED AS THE LAST VALUE OF QUESTIOMNS 4-6
ILENTER TITLE? BALL BEARING FOR MAIN SHAFT
LISIT UNDER PURE THRUST LOAD ONLYT YES
LDOYOU WANT AN EXPLANATION OF TERMINOLOGY T YES
Z=MUMBER OF BALLS
TR=THRUST LOAD, NEWTONS
EPM = REVOLUTIONS PER MIN
D=BALL DIAMETER, MM
FO=0UTER RACE CONFORMITY
Fl=IMNNER RACE COMFORMITY
BET=NO LOAD CONTACT ANGLE, DEG
SER=5PIN TO ROLL RATIO
CAP=LOAD CAPACITY OF A CONTACT, NEWTORMS
D o= PITCH DIAMETER, MM
CP=DYNAMIC VISCOSITY AT OPERATING TEMP.,
CENTIPOISE
ALFA=PRESSURE VISCOSITY INDENR. MMI /N
SUT=01L=-AIR SURFACE TENSION, N/ M
CAP= LOAD CAPACITY PER RING, NEWTOMN
4. 00 YOLU WANT TO COMPLUTE FILM THICKMNESS! YES
ENTER IN ORDER SHOWN: CP, ALFA, SUTT LS, 00145,
(L ERE,
S.ENTER IN ORDER SHOWM: 2. D, DM, FO, F1, BET?
21, 2006375, 159 4885, 0521, 0,516, 26

6. ENTER TR, RPM? 9004, 20000

x., .orbital speed of ball »_, . rotational speed of ball around its own
axis my, . ball altitude angle f; . ball centrifugal force F, | gyroscopic
moment M, beanng life Ly, . munimum (lm thickness & and &,
external moment M, elc

The print format of program TABACY is listed in Table 16.2. It
should be noticed that the film thicknesses are compuled separately
I..Irlﬂﬂ lh:: ht:i-l!'ll!l‘ﬂ FIH rameters LII'HJ. 1= 1.'I'F|1.'IEIIiI'l§! l..".."l".lllthliF.

They are not. the solution: of basic equations including the
elastohydrodynamic lubrication theory
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Table 16.4 Print format of program STARBRG

Analysis of rolling slement bearings

BALL BEARING FOR MATN SHAFT

INFUT

MO, OF BALLS Fi

BALL DIAMETER 064 MM
OUTER RING CONFORMITY S210
INNER RING SPEED 20000, RPM
THRUST LOAD QoG N
DYMNAMIC VISCOSITY 25CP
PRESSURE YVISCOSITY INDEX D145MM2 7 N
FITCH DIAMETER 159,40 MM
INNER RING CONFORMITY 5160
FREE CONTACT ANGLE 26,00 DGR,

SURFACE TENSION OF QIL
OUTPUT

0280 N 7 M

OUTER RIMNCG INNER RING
CONTACT FORCE(N) 3742 .4 670.8
CONTACT ANGLE (DGR 1.3 452
ROLLING VELOCITY(M ~5) a5.7 74,7
MAX. PRESSURE{N / MM2) 1799.3 1101.8
SEMI-MAJOR AXIS{MM) 2718 1691
AXIS RATIOOF ELLIFSE 7.4 98
LOAD CAPACITY(N) Q360.3 64615
SPIN ROLL RATIO 0,002 {0
CAGE SPEED 10156.RPM
EMD FILM THICK NESS{MM) {000 2 000037
MENISCUS DISTANCE{MM) 0.1233 oz
STARV. REDUCTION FACTOR (L3479 .6167

WHICH QUESTION{SINO = STOPO

Computer program for elastohydrodynamic lubricaiion

Program STARBRG developed by the SKF Company belongs to the
person—compuler conversition type. On the basis of the elasto-
hydrodynamic lubrication theory, it can compute internal parameters
of a high speed ball bearing subjected to a pure axial load, contact
load of balls, contact angle, film thickness in starvation, etc.

Coampuier aided destgn of hipk speed ball bearing.s 3 |

I'he question—answer procedure shown in program STARBRG is
presented in Table 16.3. Its print format of input and output data is
histed in Table 16.4.

Input data include number of ball Z, ball diameter D, pitch diame-
ter D, groove curvature radius coefficients /) and f rotational speed
n, of inner ring, axial load F,. initial contact angle 2, lubricant
VISCOSitY 0., pressure coefficient of viscosity «,, surface tension of lu-
bricant T, etc,

Cutput data include contact loads () and @, between balls and in.
ner or ouler raceway confact angles = and =z, rolling velocities
Wy ANd W5 sizes of contact ellipse a, a,., b, and b, Hertzan con-
lact pressure p,, and p.., dynamic load ratings €, and C., spin to roll
ratios (o, .4 and (@, / @, ), cage speed n,., flm thicknesses
h, and k., reduction factor of starvation, eic,

Brief of dynamic design theory

Considering the entire dynamic process of a rolling bearing from the
beginning of its rotation, one may establish a set of the differential
equations of motion of the bearing elements, that is, the motion equa-
tions of the ball mass centre in an inertial coordinate system

mi=F, (16.70)
miF-rg’)=F. (16.71)
m{rp2ro)=F, (16.72)
and ball rotation motion around its mass centre
ey, = Oy (16.73)
Iy —fm = (16.74)
ey lon = i, (16.75]

The ¢oordinate system is shown in Fig.16.14. Forces and moments
acting on a ball are expressed as F,. F,. F, and G,. G, G. respectively.
The components of the ball angular speed are @, @, and w,..

It is necessary to deal with several supplementary expressions, which
are interactions between balls and rings, intersctions between balls
and cage, drag force of lubricant, traction force, etc. No kinematic
constraint about the ball motion is needed. Given the initial condi-
tions, the differential equations can be solved numerically 1o give @
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real simulation of bearing performance. It is easy to see, that the dv
namic design theory can be used to describe the positions of balls and
the cage. internal sliding at any time and 1o analyse the transition pro
cess of motion, such as the sudden variations of load or speed,
unstable motion of the cage. etc. All these could not be solved by the
quasi—static design theory.

The comparison between the quasi—static and the dynamic design
theones s made, as listed in Table 16.5. Obviously, the more the con.
stdered factors, the more complex the computation will be

Bail
coordinates
o
i
"
F
: -
"
Inertial
£t coordinaies

Fig. 16.14 Coordinaie sysiem

In so far as the load distribution and the bearing life are concerned,
the quasi—static design theory may give satisfactory results. On the
other hand, although the dynamic design theory is superior
theoretically, up o now it is still hard 1o obtain practical applications
of the dynamic design theory.

Selection instruction

Fhe following aspects have 1o be considered during the selection of de-

sign theory models.

(1} The receway control theory can provide reliable prediction re-
garding the load distribution and the fatigue life of rolling bear-
ings, If the traction force of the elastohydrodynamic lubrication in
the bearing is higher, then the calculation of mternal motion rela-
ionships 15 also approxmately valid.

Computer alded dextgn of ligh speed ball bearings

ad
|
o

Table 165 Comparison between two thearies

| .
Chugtst=xialic (Reary

EMyracamnic |'l|.'|'l'l"_l-

e ) el S
Equations | Monlinear alpebraic equations | DyiTerential equations of

of static equilibrium
Constraints iKinemaiic comtlramis are
required
Compuiing Convergence & connecied
CONVErgenos with the iraction force maodel

Time dependence | Mo time dependence

Slabilny analysis | Impossible to congider
miion metabslity of beirng
| components
Computing time | Leéss compaiting time
]
|

| astmbution, hic and safiness

Effectiveness | Effective: for computing load

MENLIr
Mo constraint is required

[Convergenoe i nol connected
with the trmciion foroe miodd

{(Solution s & lunction of the
RIETSE

Walid for motion instability
process of beaning compo
nents

Much longer camputing time
is needed

Efective for real=time

|simulation of bearing motion

| performance

Pable 166 Comparison of computed resulis

Parameiers

| Receway con-| Dymamic de-| Dymartic de-

S Tl oy Hheory sirn fheory e feor
Angular speed of a ball '
(r# min) . §T6TO 7410 L1950
i 1] %1 | :"
{0, 154910 104 20
Crbatal speed of ballsir / min) T255 T214 TH47
Spin 1o roll ratio
I'|'l||-i'r|:||'||h! L1 | DK 33 D OEXT
InAer g 0,655 LGT9 0.754
Conlact angie (deg)
ouler ring . 4074 4065 5 154
INILED :i|'.|.' | 37.70 17 K= 37.51
Contact load (M)
ouier nog AR 97 450,07 444.52
INNEr ring T6, 5T Th.61 TH 9%
?il.'l-‘h—l:'ﬂ'lp:.'ll. -'ﬁ ‘onstant trmc
Motes misdel of tion
Iraction cociTicient
fioTco (b (M)7
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In Reference C103) | the computed résults on the raceway control
theory are compared with those of the dynamic design theory, as
shown in Table 15.6.

The bearing parameters considered are as follows:

Zwm]9 fwf w52 D=15081 mm, D_=105 mm, x=25° .

F,=889.84 N, n,= 15000 rpm

It can be seen that the computed resulls of contact loads, contact
angles and orbital rotational speed of balls upon the two design theo-
ries have no major difference. But the computed angular speeds of
balls are dependent on the design theones, especially at low traction
coefficient.

(2} The elastohvdrodynamic lubncation theory can predict the inler-
nal sliding velocity and the rotational speeds of rolling elements
But the convergence is very much connecied with the traction
force model selected and initial iterative values.

1 H“x.__
1% el | 1!:1.'*‘. data
= Waceway control theory
II = EHL theory
[T

Fig. 16.15 HRotational speed of cage

Cme of the common models of failure in high speed ball bearings is
that the orbital sliding of balls damages the inner raceway. The
elastohyvdrodynamic lubrication design theory can give a more effec-
tive analyss than the raceway control theory. Reference (107)  pres
ents the influence of the different design methods on the cage speed

Computer aided design of hivh speed ball hearings 3T

and compares this with test data, as shown in Fig.16.15. 1t can be seen

that the elastohydrodynamic lubrication theory gives more satisfacto-

ry prediction, A considerable distinction is found between the test data
and the raceway control theory.

{3) The dynamic design theory can simulate the transition process of
the bearing motion. Then, it may evaluate the influences of differ-
ent factors and decide which to choose in order to reduce internal
sliding and wear of a beanng in special operating conditions.




CHAPTER SEVENTEEN
Computer aided design of high
speed roller bearings

One type of the typical high speed roller bearings is the cylindrical rol-

ber bearing applied to the main—shaft of aircraft gas turbine engine.

Their major operating characteristics are

(1) extremely high rotational speed at about DN =15 10" (o 2,5 =
10°, DN is a measure of bearing speed, the bore diameter D in
mm, multiplied by the rotational speed in rpm;

(2) light radial load.

Due to the influence of centrifugal forces at high speed, rollers are
pressed to the outer raceway of the bearing. Then, the traction force
between rollers and the inner raceway is not enough to prevent the
relative sliding of rollers. Sometimes. severe wear takes place

The mechanism of the relative sliding can be successfully analysed
by the elastohydrodynamic lubrication theory. Dowson first proposed
an elastohydrodynamic lubrication model for cylindrical roller bear
ings [10] . Harns established a basic mathematic model of high
speed roller beanings 2) . This model is further developed in
References (111 and (112 . Similar 1o the quasi—static design
theory of ball bearings. the geometric and mechanical relationships are
considered and a set of nonlincar algebraic equations is derived.
Therefore, it 15 called the quasi—siatic design theory of high speed rol-
ler bearings, which will be described in the first paragraph of this
chapiter,

To analyse high speed roller bearings, Kleckner and Pirvics devel-
oped 2 complicabed program, which includes 4 main program and 131
subroutines. Using this program, the effects of load, speed and
misalignment of the bearing, as well as the outer ring temperature and
the amount of heat transferred to the lubricant can be predicted quite
well [113) . Gupta presented the dynamic design theory of cylindri.
cal roller bearings in 1979, In the second paragraph, the effect of the
bearing misalignment on the load distribution will be explained

Ll

Computer aided destgn of hgh speed roller bearings i

DESIGN THEORY OF ELASTOHYDRODYNAMIC
LUBRICATION

Assume a high speed roller bearing subjected to a radial load. Due 1o
the action of centrifugal forces, rollers are pressed to the outer
raceway and are separated from the inner raceway al the unloading
region. Similar to ball bearings, the contact load vanes with the angu-
lar positions of rollers in cylindrical roller bearings.

Muotion conditions of rollers

Fig.17.1 shows a steady—state running condition of a high speed rolier
bearing. For consideration of the elastohydrodynamic lubrication, the
major influential factors concerned are the relative sliding velocities
between the roller and raceways, as well as the average velocities at
COMUACT Anesas.

Fig. 17.1 Muotion candition af a evlindrical roller bearing

The angular speed of inner ring is expressed as o, An equivalent rela-
tive motion condition is proposed, in which the roller centre is fixed
and the cuter ring rotates in the opposite direction from the inner nng.

The relative sliding velocily components at contact points between
the roller and inner or outer raceway are

.”H:l]_l. ‘||-||E]

B || =

¥ 'il_h_ Dl — )=

Ka=

I 2
(D + Didwa == Datia (17.2)

okl | e

Substituting ¥= [,/ D, inlo the above equations yields
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- D =
Vg == [(1 ~7Mor —wa) — peoy] (17.3)
4 I, B
| ! _jﬁLlll -.-:]|._|__ --:_1-_;..1 ||.|'.'4_|
where

e, = angular speed of the cage
iy = rotational angular speed of the roller around ils own axis &l
angular position ¥, .
Similarly, the average velocities at the same contact points between
the roller and raceways al angular position g,

= oy

=

Ly =

({1 = yMewi = 0w ) + pow] (17.5)

). g
Ug === +yhoa = poi] (17.6)
For the conveniénce of calculation of the elastohydrodvnamic
lubrication, the following dimensionless parameters are introduced

E_'I e _Ill'_r_ . | 5 '_r_l__
EoRi . EsR.

Jy=tte . 5 = Mol
ZEo R 2E0 i,

where
R; and R,=equivalent curvature radii a1 contact points with the
inner and the outer raceways respectively
Es=cquivalent modulus of elasticity, as shown by
equation (6.8). '
Pure rolling occurs at the unloading region on the outer raceway,
that is, ¥, = 0. From equation (17.4), then ’
: | 4% o
e | = - . ||:_I,.. ||_'|"||
iy, Indicates the rotational angular speed of the roller around its
own axis at the unloading region and is nol dependent on angular po
stion ¥, . Correspondingly, the average velocity between the roller
and the outer raceway at unloading region is

—d
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D

o (14 vHos = ¥orss] (17.8)

tr:-l

and its dimensionless expression

T LT
iz 2 .l'-_' i R a

Analysis of forces

For simplicity, a plane problem is considered, as shown n Fig, |

The following assumplions are proposed

{1} the influence of a gap between roller and pocket of a cage is neg-
lected and a roller entering into the unload region from loading
region is completed at an mnstant;

{2} the contact load between a roller and the cage is vertical to the side
will of the cage pocket:

T
!

: fulFa __L-

Fig. 17.2 Force analysis of a roller

The orbital angular speed is expressed as e, Then, the centnfugal
force of a roller

mis D i (17.9)

k| =

where
™ the roller muass.
- The forces P, and P, acting on a roller at angular position
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@, by inner and outer raceways. Dowson suggesied that while the
matenal factor 1s 5000 they can be calculated by the following
equations L1020

Py =14%] =y
Poo= 143
Harris considered that

L4301 £ )= (5000 7 G)** = 18.4(1 £ UG

mmr

+ )

and proposed approximate aquations

Py = 13.4(1 — )G "2} (17.10)

Poy= 1B.4(1 + )G =030 (17.11}
where

Py and P, =dimensionless pressures corresponding o P, and

P,  thatis
P, P
! e e P,
fe Ea R L EoR

The tangential friction forces acting on the roller at angular position
W, by inner and ouler raceways are expressed as T, and
{; respectively. Their dimensionless expressions are

leEaRi ' 4 [ Eo R,

The normal forces between the roller and inner or outer meeway al
angular posttion W, are represented by O, and @, . Assuming that
the bearing is in a steady=-state running condition, the forces acting on
the rofler should satisfy the following equations of equilibrium

Pi+Ty—Pig=TutFay=0D (17.12)

and
Og+F,=0,% faFa =10 {17.13)

where
F.i=Torce acting on the roller by a pocket of the cage. It should
be noted that directions of the force are different in loading
and unloading regions :

Computer alded design of Mgk speed roller bearings k5 S

fo = Iriction coefficient between the roller and the cage pocket
From the equation of moment equilibrium

Ty—=Ty tfaFm=0 (17.14)

Similar to ball bearings, the tangential traction forces acting on rol-
lers may be calculated by different models

Newtonian (Muid model!
Considering an' elastohydrodynamic lubrication model regarding a
roller rolling with sliding on a plane, Dowson and Harris separately
assumed that the tangential traction force i5 composed of a pure rol-
ling traction force and a sliding traction force. They are represented in
the following dimensionless expression
Koo el wbaing
EaR L EsR N

L'sing viscosity equation (6.3), one may write the tangential traction

foree as follows

R i (17.15)
2 H
: P, Fol
I. - el & A |T.Hi
TR e
where
Iy=2[" 4.‘::'~]J-'-JG4F..’ ] ‘ g (17.17)
-0 .I Lr.. i
. i I; T - e e
fa=12] f:&.pi,fh,'.-| = frie ] I dx {17.18)
o 8 | &l ¢
[Qy o [ 84
T T Y N

M and M= lilm thicknesses calculated by equation{f.24).
The integrals in equations {17.17) and (17.18) must be numerically
compuied.
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Semi—empiric model

As mentioned in Chaptler Sixteen. it is assumed that the traction
coefficient depends on three parameters, that is, 7, /> and &, Then,
the tangential traction forces acling on the roller at angular posilion
i, by inner and ouler raceways are

= |
To=—923F "2 EuR --%H!,ju".. {(17.19)
Ty™ =92G MUY, EsR; +-|3‘_--'--’-_ur, P (17.20)

where
fiT,) =Tfriction coefficient, a funtion of &,. G., G, and tem-
perature T. It can be written as

- I Ny oepas
AT )= FlG,G:.6:,30C)| }E #
T, = temperature at entry of the elastohydrodynamic lubnication, T.

Constani friction coefficient
The calculation is significantly simplified. It is only used for a direct
COMPRTiSOn.

Geometric relation of deflections
Total elastic contact deflection between a roller and raceways al angu-
lar position W, is

d=dy +85, {17.21})

where
#, and 4 =elastic contact deflection between the roller and inner
or outer raceway respectively.
From equations (4.3) and (5.24), the elastic deflections may be ex-
pressed as

B
dy=KQF +0y| ‘{3 ) (17.22)
1 - B4 '-.'rl-'-' BT
. =K.0% + (. ':-'-"3:3‘: ]g._ (17:23)
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The film thicknesses between the roller and inner or outer raceway
at angular position W, are determined by equation (6.24). It can be
seen that the deflections should satisfy the following

oy = Axsing + Aycosy, u,: R+ By (17.24)

where
Ax=deflection of the inner ring in the ¥ diréction
Ay =deflection of the inner ring in the ¢ direction
u, = radial clearance of the bearing.

Basic equations

The calculation theory for high speed roller bearings is summed up to
solve a set of basic equations, which include equilibrium equalions
(17.12), (17.13), (17.14) and geometric relationship of deflections
(17.24), as well as an equilibrium equation of nng and cage. Therefore,

s
Fo= ) Qysing; {17.25)
F, =% @ycosy, {17.26)
and
.-I.
2 Fay=0 (17.27)
where

F, and F,=extemnal load components acting on a bearing.

Number of the basic equations are 42+3. Unknown variables are
rotntional angular speed of a roller w,, , normal loads acting on a rol-
ler @, and @ , force acting on a roller by a cage F,, , angular speed
of cage . , as well as relative deflection between two rings Ax and
Ay . Some supplementary expressions introduced above are required
in the calculation. Obviouwsly, the nonlinear simullaneous equations
must be numerically solved, such as the Mewton—Raphson method

Using the symmetrical condition, one may reduce the number of the
basic equations. To choose initial values properly will decrease re-
quired times of the fteratives. For example, initial values of «_ and
iy, may be established by the simple kinematic relations (5.4) and
(5.7)
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If some assumptions are added for simplification, it will be more
convenient o solve the basic equations.

Simplified equations
To simplify these equations, Harris proposed the following assump-
Lions
(1) in the unloading region, the tangential traction force acting on a
roller through oil film by an inner raceway is neglected;
{2} in unloading region, the values of forces acting on rollers by a cage
are the same, expressed as F__:
{(3) in the loading region, the values of forces acting on rollers by a
cage are also the same, expressed as F
From assumplion (1), equation (17.12) in the unloading region is
simplified to the following form, which is not dependent on the angu-
lar position

.o+ T, —Faa=10 (17.28)
where, the symbol Fa. is
- ,‘.hu
Fas ===t
leEoll,

substituting equations (17.11) and (17.16) into equation {17.28)
vields

— B2+ 290G "R + Fae =10 (17.29)

Using the equilibrium equation of the cage and from assumptions
{(2) and (3), the force F_ acting on a roller by the cage in loading re-
gion can be deduced. [ts dimenstonless expression is

R A e
Fa 77, (17.30)

Considering the maximally loading roller position in loading region
and indicating its corresponding quantities by a subscript “07, the
equilibrium equation (17.12) may be rewritten as

i P
T+ = (17.31
= ;

Substitution of equations (17.10), (17.11), {17.15), (17.16) and film
thickness equation (6.24) into equation (17.31) gives

P+ Fo—2e (B

e e

—
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926 -0 + 21008 | 1540 - 9)G 2 UW

by

BT Dl
. R, [ G =0 MY g I-UI:_'E:-'-'I
2| 9262 UN + o
e e :
+ 18.41 + G " UN +=——— | =0 17.32)
1841 + v U _..-" = Ll |

Meglecting the friction forces between rollers and pockets of the
cage and using the equilibrium equation {17.14) of the roller in loading
region vield the following dimensionless equation

R: = -
do e 2= (1 .'..'l.:'-!
T, R I L

For the maximally loading roller position, substitution of equations
{17.15) and {17.16) into (17.33) gives

_92G vy + LeleQR

L.6G™ Y
R. ( e TrEs AT TT E"ll ) -
+ 2 [ _gaG-90W 4 =0 (17.34)
R, | 1 11’::’; s 78 '
20} J 1

Cape specd, 1/ min

Bearmg load, M

Fig. 17.3  Rotational speed of the cage
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Then equations (17.7), (17.29), (17.32) and {17.34) are @ sei of

nonlinear equations. Unknown variables include rotational angular
speed of the roller ey, , angular speed of the cage w,, | rotational an-
gular speed of the roller in unloading region w,, , the force acting on
the roller by the cage in unloading region F,. elc.

Harris gave a numerical example by these simplified equations. A
cylindrical roller bearing, roller diameter D= 14 mm, number of rol-
lers Z=36, effective length of a roller [, =20 mm, pitch diameter
D,.= 18288 mm, radial clearance 4, =0.064 mm, lubricant
MIL-L-7808. The computed relation between the rotational speed of
the cage and the bearing load is shown in Fig.17.3.

For the convenience of comparison, a cage sliding ratio is defined

where
iy =computed angular speed of the cage upon the simple
kinematic relationship.
I'he relation between the cage sliding ratio and the bearing load is
shown in Fig.17.4.

w {

E III| Ay IF fi
- ' |||'!I

E:' | |||II SR M

= \,ﬁ

- 1 ISHIT min

§ 0.3 '

:;.- I I REin

T e —— e
F | Lo TR T

Bearing load, M
Fig. 17.4 Cage sliding ratio

_ From the computed results shown in the above figures, the follow-
ing conclusions can be oblained.
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{1} An approximate correspondence is found between the prediction
of rotational speed of the cage and test data. The higher the bear-
ing load, the more accurate the prediction will be. On the other
hand, the higher the bearing speed. the larger the deviation be-
tween the prediction and the test data will be. These indicate that
the simplified equations have a certain limit to application.

(2) The cage sliding ratio is relatively larger at the lower beaning load.
Therefore, a light load or out of loading is harmful or even dan-
gerous o cylindrical roller bearings

{3) Reducing the number of rollers properly may decrease the cage
sliding. It can be seen from Fig.17.5 that proper reduction of the
number of rollers, for example, from Z =36 1o Z£= 18§, leads to in-
crease the load on ecach roller and to decrease the shding
significantly.

For the selection of n bearing, it is necessary (o consider all of ils
operating conditions. Making a choice solely upon the dynamic load
rating is not always suilable.

Cage sliding ratio 5,

B T

Bearing load, N
Fig. 17.5 Cage sliding ratio

Comparizon of different methods

Reference C1113  gives a numerical example of a cylindrical roller
bearing for the comparison of different caleolating methods. The
geometric parameters of the bearing are: bore diameter 65 mm, roller
dinmeter 21 mm, effective length of a roller 17.68 mm, number of rol.
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lers 12, pitch diameter 10249 mm, éxpenmental rotational speed
15100 rpm. lubricant MIL~L-7808. The companson between the cal-
culation and experimental data is shown in Fig.17.6.

Curve | represents the computed resulis based on the simplified
equations and Curve 2 represents those based on the above basic
equations. Finally the influences of friction at the cage guiding surface
and the lubricant drag resistance are supplemented in addition to the
above basic equations. Curve 3 indicates the resalts of this improve-
ment. It can be seen that Curve 3 is very close to the experimental
data. Of course, it requires correspondingly more complicated compu-
tation.

o
v

|."..I.F.E \Fﬂ:fd F e
<

TTH 3056 5334 7112 EERO

Bearing load, ™

Fig. 17.6 Comparison of differeni methods

INFLUENCE OF MISALIGNMENT ON
CYLINDRICAL ROLLER BEARINGS

Inaccuracies in (he alignment of bearing locations due o mounung or
shaft deflection, etc. are called misalignment. In evliindrical roller bear.
ings, the misalignment leads to nonuniform loading over the roller
length. Particularly at high speed. it brings about irregular rotations of
the roller and the increase of stress al the roller end. Therefore, the
misalignment has a great influence on the bearing life. Obviously, how
to caleulate the load variation along the length of a roller in contact 15
the basic problem for influential analysis of the misalignment. Harrs
proposed a method for analvsing the roller axial lead distnbution

without consideration of the centrifugal forces of rollers (2

g
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Program CYBEAN developed by Kleckner C113) may be used to
compute the effect of the bearing misalignment. In this paragraph. an
improved method in Reference (112 is introduced. It can consider
the influence of the centrifugal forces of rollers for high speed roller
bearings. On the other hand, it does not require solving a large num-
ber of nonlinear equations and the convergence of its solving method
will be more rapid.

Greometric relation of deformations

To eliminate the stress concentration at the roller ends, commonly
crowned rollers shown in Fig.17.7 are used. The central part contour
of the rollers are straight lines:

Fig, 17.7 Crowned raller

Assume that the effective length of a reller is divided into n seg.
menis with width w and the segments are numbered from the left end,
fe, f=1, 2 s p. It can be seen from Fig.17.7 that the crown drop of
the i~th segment is given as follows

e o *_{,,-,:. [ "“-%:}w"j"}' :

Ci=0: 2l g (i1 gl (17.35)
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{ [R' '4_' ':I;R"lll.' ;I:Il.l":—JJ-
'I—'-:f' '-’El:l-%..lh'i-'.-”
where

[ =straight line length of the roller peneratrix.

The geometric relation of a relative misalignment between inner and
outer raceways 15 shown in Fig.17.8. The angular position of a roller,
counted from the top of the beanng. is expressed as ¢ . Due 1o a
rachial displacement of the misaligned inner ring 4,, the radial deflec-
tion of the roller at angular position g, 1s

e

By = d,co5f; —— (17.36)

I'¥,

- _|L_- _!l-'_ l! + ‘
= ;

Fig. 178 Misalignment of bearing

Svmbol @ indicates a tilting angle of the inrer ning relative to the
outer ring. It can be seen from the fligure, only the point 8, on the n-
ner raceway keeps the same position as that before the misalignment.
The x coordinate of the point B, is

{
Xp = ———1g=

o
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For angular position o, , 8 is replaced by feosgy; in the above equa-
tion. I'hen

Dy feosi;

X o T

&= .

(17.37)

Symbol 4, expresses a relative approach between the roller axis
and the outer ning at point & in the radial direction. Similarly, a reta-
tive approach between the roller axis and the inner ring is

Bun = Brc0sg; —— — Sy (17.38)
The tilting angle of a roller at angular position ¥, is expressed as
B; . The angle between the roller axis and the outer ring is £ 8, . and
that between the roller axiz and tilted inner nng s foosy. = 4, in
which the upper sign refers (o the case cosy, = 0-and the lower sign
refiers Lo cosg, < (.
The additional contact deflection of each segment for the inner
raceway contact due lo the tilling can be calculated
b [ Boosyr;
Buig (i)

f._-=1__| -

tg(fcosy; + ;) — C, (17.39)

Similarly, the additional deflection of each segment for the outer
FACEWwiy contact

. f i ! 1 1] -
Lo = r.*ﬂTm[h—ﬂ_jﬁ*-—:l.lmiﬁ.l—{ { 1 7.4
where
X —'IT'+I:.E—%]-L1'

The total contact deflection of the —th segment at angular position
¥, consists of the inner raceway contact deflection &, and the outer
raceway contact deflection 4., , that is,

I #

l'r'-.. - :'F.l\:ql'\ul',:' ':1- — -;E'_,
Fi ffeosd; A - -
+| x+=5-tg { "LEJ;:"":' | |tgifeosg; F 8 — C; (17.41)

and
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! I n oSy | . .
Jge ™ g +| 2 +=—1g| —" | |t@{ £ )=« (17.42)

Relation between load and deflection
It can be derived from equation (3.30) or (3.37) that the eclastic ap-
prodch of a line contact may be determined by the following

5=k "T’ (17.43)
where
K. = constant.
3 Al =) |
K. =181 —=——=t
RE

Symbol g indicates the contact load per unit effective length, 1.e. the
load density

=2 (17.44)
!
Combining with equation (17.43) gives
sun e
—_ (17.43)
if ﬁ.ll ||...

It is easy to see that the influence of the effective length of a roller
on the load density is quite small. Using equations (17.41) and (17.42)
for the load densities, one may derive the load density of the —th seg
ment at angular position &, [or the inner raceway contacl

ok 1
. Ml T T T TE (17.46)
o= gernpen
and for the ouler raceway contact
Sl e
qo =5 . (1747)

If &, or 8, <0, the i~th segment of roller / separates from ils
corresponding contact and its contact load i xero.

Analysis of forces
As shown in Fig.17.9. considering the equilibrium of the roller al

avenll
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angular position ¥, gives

W i H'ir,r. + F. =10 {1T.48)
and :
S auf e (i-2)e]
= iq. :I,. [ i ,l, ||-'§ =1 (17.49)
wherg

F_ = centrifugal force of a roller calculated by equation (17.9). In
which, the orbital angular speed of a roller may be
determined by the simple kinematic relation.

If given 4, and ), one may solve the simultaneous equations (17.48),
(17.49) and obiain the values of unknown variables &, and f; at an-
gular position ¥, . Then, the variation of the contact load along the
roller length can be deduced

If the centrifugal forces of rollers are neglected at low speed. then
from equation (17.48), g..=g..

From equations (17.41) and (17.42), we oblain

I - U

[ = ||1.4_|_1\'I.l_|, = |
. BeOs
By =

The calculation will be much simpler
The total contact load between the roller and the inner raceway at
angular posiion b, is

(0 '—h'}_-.r;_ {175ty

If the bearing is subjected 1o a radial load F, and a moment load
W which makes the misalignment, one may consider the equilibrium
ol the beanng nng. Then

-

Fe— Y Qcosf; =0 (17.51)
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and
T = 7.53
M= 0,ecos9, =0 {17.52)
where
¢;=ecccentnicity of the contact load for the inmer raceway at
angular position W, . l.e.

ool 5 - (i-3)»

e i S R A (17.53)

E-ﬁ'u.

Fig. 17.9 Force equilibrium of o rolber

If given external loads F and M, unknown variables 4, and { may
be solved from equations (17.51) and (17.52). On the other hand, if
given F and @, then §, and M can be solved.

In the Newton—Raphson iterative process, it is necessary to find the
derivative of 3, with respect to 4,. By comparison with the neglect of
the centrifugal forces of rollers, it is assumed that

3

=

& I{r'hcr.n.-::.'-. — :I (17.54)

IJ|
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From equation (17,41}, the denvative

£ i i :
e SO TOOERS |
[’

Combimng with equation (17.54), then

Eed iy Il

d :
| — ——————2 o, 17.55)
(7 | dycosf; = 0.5u, J 5 :

It should be noted that. the ilerative process will be conducted
this way. Firstly, 4, and & are solved upon given F and M. And then,
substiiution of the values of 4, and # into the equations to find
iy, und f§; . Repeal agiin until the convergence.

# = 3 ~.
| y L
J "
| 2 i\
<3 | 1
| W !
.ll. 1 '.- N
T
15 I y

Load densaty, N mn

s |

/{ T. .a’f-f =32

Percent abong raller lengih,

Fig. 17.100  Load density of the roller with crown

After solving the load distribution in the bearing and the load varia-
ton along the roller length, one may calculate the beanng life upon
the dynamic load rating theory. Similar to the raceway control theory
of ball bearings, the resulls regarding the load distmbution and the
load vanation along the rolier length are reliable.

A numerical example
Reference (112 gives an example by the above method: a cylin-
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= Contact with inner ring II.

s Comitact with outer ring I.'

i

Load densdty, M/mm

Percent along roller length, !

Fig. 17.11  Load density of the roller without crown

drical roller bearing MU30D8, Major geometric parameters are: rolles
diameter 14 mm, effective length of the roller 14.68 mm, length of the
straight generatnx of the roller 8.73 mm and 14.68 mm, roller crown
radius 1270 mm, inner racewsay diameter 51.918 mm, outer raceway
diameter 79.959 mm. The variations of the load density along the rol-
ler length are shown in Fig.17.10 and 17.11.

It can be seen that, the misalignment of cylindrical roller bearings
has a remarkable influence on the load non—uniform distribution
along the roller length, particularly for rollers wath an entirely straight
generatrix

(9
IO
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