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Preface 

Magnetic Bearings are bearings where the suspension forces are generated magnetically without 

any contact. 

The advantages to modern machinery are obvious: no mechanical wear, no lubrication, potential 

for high rotor speed, accuracy, and high dynamic performance, new constructional solutions to 

a classical problem in machine dynamics. 

The realization of such bearings is in rapid progress. Examples for application areas are 

turbomachinery, centrifuges, vacuum techniques, machine tool spindles, 

chemical industry, medical devices, robotics, high speed drives, spacecraft 

equipment, con tactless actuators, vibration isolation. 

The Symposium is demonstrating the current state of the art in this developing field of 

mechatronics, showing actual research efforts, reporting on applications in the various areas, 

and discussing open questions. The main purpose of the Symposium has been to establish a 

common information basis for people working on magnetic bearings. It will point to promising 

areas, and it will help to facilitate decisions on research and development projects, and on 

investments for applications. 

The Advisory Committee for the Symposium consisted of 

Prof. P.E. Allaire, University of Virginia, Charlottesville, USA 

H. Habermann, Societe de Mecanique Magnetique, Vernon, France 

Prof. T. Higuchi, University of Tokyo, Tokyo, Japan 

Prof. R. Holmes, University of Southampton, Southampton, UK 

Prof. G. Schweitzer, ETH Zurich, Zurich, Switzerland, (chairman) 

The Symposium has been drawing considerable interest from research and from industry. Only 

36 papers of a much larger number of submitted contributions could be considered for 

presentation. The 180 participants came from 15 countries with an especially large delegation 

from Japan. This Symposium was the first of its kind. There are plans to have the Second 

Symposium in Japan in July 1990, hosted by the University of Tokyo, and an invitation for the 

Third Symposium comes from the University of Virginia, Charlottesville, USA. 



VI 

For the proceedings the original manuscripts submitted by the authors are reproduced. 

Therefore varying quality of the papers can be observed in this book. Only limited editing has 

been done as to preserve the individual flavor of each contribution. The contributed papers 

reflect the scientific, industrial and commercial interests of the authors. The lectures were 

devoted to the following main topics: 

Applications in Space, Applications in Physics, Applications in Robotics, 

Special Bearings, Stabilization of Rotor Motion, Vibration Control of 

Flexible Rotors, Industrial Applications, Identification of Bearing and 

Rotor Parameters, Unbalance and Disturbance Control, Digital Control, 

Signal Processors and Applications 

Some of the papers are related to more than one of these main topics, but in order to assist the 

reader we have structured this volume according to the main topics, thus maintaining the structure 

of the Symposium. 

The lectures were extensively discussed, and it is expected that the Symposium will have a 

stimulating effect on further research in this challenging and promising field of mechatronics. The 

discussions in the audience and statements of the members of the Advisory Committee indicate 

that there are necessary and promising directions where future efforts will have to go: 

- further industrial applications 

- power electronics 

- digital control, at least for high level tasks (diagnostics, adaptive control, 

operational aspects) 

- safety design and retainer bearings to improve customer acceptance 

- permanent magnets for low energy or low price solutions 

The Symposium was sponsored and financially supported by 

Eidgenossische Technische Hochschule ZUrich 

(Swiss Federal Institute of Technology Zurich) 

Schweizerische Gesellschaft fUr Mikrotechnik 

(Swiss Society of Microtechniques) 

European Research Office of the US Army 

This help is gratefully acknowledged. 
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The Local Organizing Committee consisted of 

Mrs. G. Junker, Prof. J. Hugel, Prof. G. Schweitzer (chairman), Dr. A. Traxler 

A main contribution to the success of the Symposium is due to the help and excellent work of the 

staff of the Institute of Mechanics of the ETH. 

The editorial work of the Proceedings was supported by the Institute of Mechanics of the ETHZ. 

Thanks to the Springer-Verlag are due for an agreeable and efficient cooperation. 
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Research and Development of Magnetic Bearing 
Flywheels for Attitude Control of Spacecraft 

Atsushi NAKAJIMA 

Space Technology Research Group 
National Aerospace Laboratory. Tokyo. Japan 

Summary 
Magnetic bearings for space and industrial applications have 
undergone considerable development in laboratories and indust­
ries. Since 1978. several types of magnetic bearings have been 
manufactured and tested in National Aerospace Laboratory (NAL). 
concentrating on the development of the magnetic bearings 
utilizing permanent magnets and their applications for space. 
Two degree-of-freedom (OOF) radially controlled magnetic 
bearings is a candidate of practical use as attitude control 
actuator of spacecraft. In order to evaluate the characteris­
tics of this type magnetic bearings. on-orbit experiments under 
zero g condition were performed. i.e. magnetic bearing flywheel 
developed by NAL was launched by }I-I rocket TF#1 into a 1500 km 
circular orbit on summer of 1986 and several experiments were 
carried out successfully. This paper summarizes the activities 
of NAL for research and development of magnetic bearings. 

1. Passively stabilized stiffness 
Utilization of permanent magnets in the magnetic bearings 

not only provides the passive stabilization but it also helps 
the control system to overcome the inherently nonlinear 
relationships between the electromagnetic quantities (e.g. coil 
current. gap flux density etc.) and the resultant forces by a 
technique called "flux density modulation". Another advantage of 
permanent magnet utilization is that it enables the "Virtually 
zero power" method capable of minimizing (or nulling) the power 
consumption in the control coil by balancing the constant 
external force (e.g. gravitational force) with the unbalance 
force produced by permanent magnets. For practical uses of this 
type bearings. it should be poiqted out that the procurements of 
a stable high speed rotation. sufficiently large stiffness and 
oscillation damping about passively stabilized axes are 
particularly important. 
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The passive stiffness is produced by the sum of restoring 
force acting on the magnetic pole pieces. Fig.1(a) shows the 
magnetic flux distribution chart calculated by finite element 
method(FEM). The magnetic fluxes generated by the permanent 
magnets pass through all magnetic pole pieces and concentrated 
on the central pieces. A specially magnified detail drawing of a 
central piece is shown in Fig.1(b). Magnetic force vector of 
each corresponding magnetic flux is expressed by a straight line 
wlth an arrow head and the vector sum is decomposed into 
attraction force and restoring force. The attraction force is 
controlled by electro magnets which is not shown in this figure 
and the restoring force support~ the rotor mass passively. The 
force distribution on the magnetic pole-face is shown in 
Fig.1(c). The restoring foree is highly centered on an extreme 
edge of magnetic pole pieces. As a result of this calculation, 
the passive stiffness becomes large with the increasement of the 
edge of magnetic pole pieces. 

(a)Magnetlc flux (b)Magnetlc force 

z 1. 0 

upper W' pot-.r.et I under 
POll-'AC=oII oppouo to polti-r.CII 

ttl_ .. tater 

(c)Restorlng force 

Fig.1 Magnetic force produced by permanent magnets. 

The vibration damping in the passively stabilized axis is 
produced consequently as eddy current losses caused by the 
relative movements of stator and rotor in the magnetic fields. 
Under ordinary circumstances, the value of damping ratio will 
take an order of 0.05, which is strongly dependent on the 
magnetic parameters such as materials of magnetic poles, 
magnetic flux density, levitating position and so forth. 

2. Configurations of magnetic bearings 
2.1 One DOF active magnetic bearing 

One DOF active magnetic bearing has the most simplest 
construction and the highest reliability because of the minimum 



Fig.2 One DOF MBMW. 

Table 1 Specifications of one DOF 
active MBMW (joint develop­
ment between NAL and MELCO) 

items measured values 

Axial stiffness Ka[N/II] 1.78xI0 6 

Radial stiffness Kr[N/m] 2.12xl0 5 

Orthogonal stiffness Ke[Nm/rad] 4.62xl02 
Dimension [lID] rP 260 x 400 
Rotor weight [kg] 6. 55 
Moment of inertia [kg'1I2] 

Iz(rotation axis) 3.28 x 10-2 
Ix=Iy 3.83xI0-2 

Angular momentum [NIS] 34 
(at fl).OOO rpm) 

5 

electroni~ circuit. Fig.2 shows a laboratory model of One DOF 
active magnetic bearing momentum wheel jointly developed by NAL 
and Mitsubishi Electric Corporation (MELCO). The purpose of 
this development is to investigate the rotational 
characteristics of this type magnetic bearings with two radial 
and two conical passively stabilized axes. Table 1 shows the 
specifications of this model. From the solution of the rotor 
dynamics equations. the natural frequency of the cylindrical 
mode is 28 lIz. On passing through this rotation speed, the 
vibration amplitude was 0.47 mm p-p , which could be decreased 
by balancing the mass unbalance of the rotor more precisely. 
After the passage of this natural frequency, this cylindrical 
mode oeeurrcd agaIn at the rotation speed over 41.8 lIz. It is 
well known that the energy dissipation in the rotating body 
would cause the instability at a high speed rotation. From the 
results of this instability analysis [1] , the damping ratio of 
the cylindrical mode becomes as follows 

(1) 

where rOCY and 'iCY are the damping ratios of stator part and 
rotating part, w is rotaion speed and wncy is natural frequency 
of the cylindrical mode, respectively. From the measurements of 
rCY at several rotation speeds,tCY decreased linearly in inverse 
proportion to the rotaion speed and became zero at 41.8 Hz 
(Fig.3). From Eq.(l) and the experimental data shown in Fig.3, 
rOCY and r iCY were estimated as 0.0016 and 0.0034, respectively. 
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In order to avoid this 
instabIlity, special attention 
should be paid to design the 
damping mechanism of passively 

stabilized axes. In our labora­
tory model, this problem was 
solved by introducing the an­
isotropic radial stiffness [2] 

and stable rotation more than 
10,000 rpm was obtained as a 
result. 

Relation between damping ratio 
of cylindrical oscillation and 
rotational speed for isotropic 
radial stiffness. 

2.2 Two OaF active magnetic bearing 
Two OaF active magnetic bearing has a relatively simple 

arrangement and easy construction. The most preferable feature 
of this type is its virtually flat-shaped form, which enables 
achieving a high moment of inertial/mass ratio 
this point of view, it is possible to realize a 

flywheel. From 
high capacity 

angular momentum with minimum weight and manufacturing cost. 
Since 1980, the author and others have studied and manufactured 
by way of trial several types of two OaF magnetic bearings [3,4] 
and found that they have a hIgh potential for space applications 

such as reaction wheel. 
Fig.4 shows a flat shaped reaction wheel jointly developed 

by NAL and Toshiba Corporation (TOSHIBA). The design goals of 
this model were to 
reduce weight,dimen­
sions (especially 
height) and power 
consumption, and to 
increase angular 
momentum, bearing 

stiffness and relia­
bility. The magne­
tic bearings were 
Instailed at the 
outside of the sta­
tor, then the mass 
concentration to the 
outer part of 
wheel could 
satisfied. 
installation 

the 
be 

This 
have 

OC BRUSnLt5S MOTOR 

RADIAL POSITION SENSORS 
TOUCH OOWN MOTOR STATOR 

BALL BEARING 

Fig.4 Flat shaped reaction wheel 
(joint development between 
NAL and TOSHIBA). 

Table 2 Specifications of two DOF active MBRW 

items measured values 

Axial stiffness Ka[N/II] 3. 2x 10 5 

Radial stiffness Kr[N/II] 7.6xl05 
Orthogonal stiffness Ke [NII/rad] 1. Sx 10 3 

Dimension [n] ¢2S0xSO 
Rotor weight [kg] 2. ( 
Angular momentum [Nms] 7. S 

(at 3,000 rpm) 
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brought about high moment/mass ratio and high stiffness of the 
magnetic bearings. The values of stiffness were measured 
dynamically by modal analysis using the impulse hammering test, 
the results of which are shown in Table 2. The damping ratios 

were also measured and their values are over 0.3 for radial 
directions and over 0.01 for axial direction and the axes about 
radial directions. 

In order to promote the practical use of magnetic bearings 
for space, research flight model (REM) of magnetic bearing 
flywheel was manufactured [5] and launched into orbit to obtain 
several technical data of magnetic bearings operated under zero 
g condition. Experimental items are: 

(1) manufacturing of a magnetic bearing flywheel for space 
flight model 

(2) functional test of the launch lock mechanism 
(3) measurements of the damping characteristics of passively 

stabilized axis 
(4) comparison of the ground tested data with the space 

experimental results, especially related to the levitation 
characteristics. 

RFM of two 
DOF active magne­
tic bearing fly-
wheel was manufac­
tured by MELCO by 
the contract of 
NAL. Cross sect­
ional view is 
shown in Fig.5. It 
was composed of 

axially magnetized 
samarium-cobalt 
permanent magnets, 
electromagnetic 
coils for x- and 
y-axis control, 
two pairs of eddy 
current type 
position sensors 
to detect the 
radial displace-
ments of rotor, a 
flywheel to 

Posilion senSOrs 

~~ 
Eleciromoclnels-W~*=~ 

Magnetic bea,; 
molor 

"..a3a!'.- Louncn 10c k 
mechanism 

Fig.5 Magnetic bearing flywheel for space 
experiment (developed by NAL). 

Table 3 Spicifications of two DOF active MBFW 

itells measured values 

Axial stiffness [N/m] 8.3xI04 
Radial control force[N/A] (.8 x 10 
Dimension [mm] 270(dia.) x 127 (machine body) 

200X 252X 151 (electronics) 
Weight [kg] 7.23 (machine body) 

5.10 (electronics) 
Rotation speed [rpm] 1. 000 (only for this exp.) 
Power consumption [W] 3(suspension), 7(at 1000rpm) 
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accumulate an angular momentum, emergency ball bearings and 
launch lock mechanism which fasten the rotating part with 
elastic metal plates and 2 mm diameter twisted wire. Additional 
four position sensors are mounted on the bottom base of the 
stator to detect the axial displacement of rotor by adding the 
four output signals and to measure the rotor's tilting motions 
about x- and y -axis by subtracting each pair of sensors. A 
pair of electromagnetic coils arc additionally wound around 
stator yokes to excite a tilting oscillation for the purpose of 
damping characteristics measurement. Several environmental 
tests were performed before system integration. Random vibra­
tion level for each direction is about 14.5 g rms and the 
temperature range is -20 - +50~. Dimensions and specifications 
are shown in Table 3. In order to measure several features of 
magnetic bearings, this RFM was not designed in conformity to 
the purpose of the direct application for spacecraft from the 
view point of dimension and weight because of the additional 
sensors and coils for experiments. 

On the early morning of August 13th, 1986, MAgnetic Bearing 
flywheel Experimental System (MABES) was launched by H-l rocket 
test flight number 1 (2nd stage) into a 1500km nearly circular 
orbit. MABES was given a pet name "JINDAl" after launch. The 
total system of JINDAl were already shown at the previous paper 
[6]. The experiment's duration time was three days and the 
termination of this experiment was brought about the current 
consumptIon of the onboad Ni-Cd batteries. Planned experiments 
were perfectly performed. After about two hours from launch, 
136 MHz VHF telemetry data were transmitted from JINDAl and the 
first experiment has begun according to the command signal of 
the ground control center the launch lock release was 
successfully functioned, which was proved by the evaluation of 
position sensors' output signals. Secondary, magnetic levitation 
was confirmed after the corresponding command transmission and 
various telemetry data which indicate the operating conditions 
of magnetic bearings were recorded on the magnetic tape and 
converted simultaniously into the physical quantities for quick­
look monitoring. The rotation speed of the flywheel was 
limitted to 1,000 rpm because of the minimization the amount of 
energy to be used. Fig.6 shows the damping characteristics of 
the tilting oscillation of the rotor about x-axis perpendicular 
to the rotation axis caused by the command signal. For 
application of magnetic bearings with passively stabilized 
stiffness, it should be focused our attention on the damping 
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characteristics under different circumstances such as zero g 
condition. Fig.6(a) denotes the output signal of peak hold 
circuit while (b) is the original analogue value. Under the 
limitations of the telemetry transmitting capacity, the original 
analogue signals were sampled every 30 ms and digitized. Example 
telemetry data are shown in (c). From these data, oscillation 
period and its damping ratio were calculated. Fig.7 shows the 
levitation characteristics compared of the ground tested data 
with the space experimental results. The relative positions of 
actively controlled x- and y-axis were not different each other 
as inevitable results. On the other hand, z-axis position has 
displaced in the axial direction by 0.22 mm which corresponds to 
the rotor mass. The results of the tilting motion experiment are 
shown in Fig.7(c). A group of data obtained on the ground are 

File NOlDe PCMd.tIl S 1988/00227 10,30, 39 
Frame No. 163 I 417 
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Fig.7 Levitation characteristics (Comparison of the ground 
tested data with the space experimental results). 
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plotted on the upper right of the 
figure. on the contrary. space 
experimental data are plotted on 
the lower left. The oscillation 
periods under zero g condition 
become smaller than that of the 
ground data. which express the 
increase of stiffness about x-
axis. As the increse of the 
stiffness is closely related to 
the increase of the axial 
stiffness. the experimental 
result can be explained by the 
fact that the axial stiffness has 
the maximum value at null 

30 : 6~ I I 
1(.; 
I ~/ 

~-R:~o-r-~a:.- ---1'~;'= -;." / I 0/1 thCl ,1'01.10 

Jj, 
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I 
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Fig.8 Fz and z relation. 

Uon 

• 

position. The seperation of space experimental data (51.9 ms and 
53.6 ms) is inexplicable matter at present. The damping ratios 
under different environment are seperated clearly. It was proved 
that the oscillation damping ratio of passively stabilized axis 
became smaller than the measurement's data on the ground. That 
phenomenon can be explained in physics as follows ; the magnetic 
ficlds around the magnetic pole pieces are different under 
different relative position of stator and rotor. The magnetic 
flux distribution will effect the damping characteristics which 
are closely depend on the eddy current losses. 
the difference was about 20 %. Fig.8 shows 

The magnitude of 
the relationship 

between the axial displacement of rotor and the restoring force. 
Close agreement between measurement on the ground and calculated 
values was obtained. Z-axIs displacement shown in Fig.7(b) Is 
coincide with the results shown in Fig.8. 

2.3 Three OaF active magnetic bearing 
The gimballing capability is possible by adopting the 

magnetic bearings with more than three OaF active type. Three 

r ..-.=..--~ ...i!&-~~ 
·~PCl"'l:Iane l'lll. 1II.,ntlt L rn.t'n' 

(a)Cross sectional view (b)Axlal control (c)Gimbal control 

Fig.9 Control principle of three DOF MBMW. 
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DOF active magnetic gimballed momentum wheel was designed and is 
under developement by the cooperation with NAL and MELCO [7], 
which is shown in Fig.9. The stator is composed of four 
equivalent parts, each of those has a gimbal control coil, 
permanent magnets and an axial position sensor. The mechanism is 
much simpler than that of the five DOF active type. For the 
axial control, a thrust control coil wounded around the four 
stators is used. The axial position of the rotor is measured by 
four sensors and the control current modulates the flux 
densities in the four inner gaps by the same quantity as shown 
in Fig.9(b). For the gimbal control, two pairs of gimbal 
control coils are used. The gimbal deflection of the rotor is 
measured by subtracting a pair of axial position sensors and the 
control current yields two control forces with opposite 
directIons; upward force in the left quarter, downward force In 
the right quarter(Fig.9(c». 

2.4 Four DOF active magnetic bearing 
Four DOF acti-

ve magnetic bearing 
has also a poten­
tial for high speed 

Table 4 Specifications of four DOF active MB for 
high speed rotation (developed by NAL) 

rotating machine. 
The basic construc­
tion of this type 
is similar to that 

items 

Axial stiffness 
Radial control force 
Dimension 
Rotor weight 
Rotation speed 

measured values 

Ka[N/.] 2. 46x 10 5 

[N/A] (4-5) x 10(variable) 
[11m] app. tP 90 x 150 
[kg] 5.7 
[rpm] 32.000 

of the two DOF active type and has a easy handling for assembly 
and disintegration. For the purpose of high speed rotation, a 
laboratory model of this type magnetic bearings was manufactured 
and some rotational tests were performed. Magnetic characteris­
tics of this model are shown in Table 4. 

2.5 FIve DOF active 
bearing 
Five DOF active 

bearing has also jOintly 
ed by NAL and MELCO [8], 

magnetic 

magnetic 
develop­
which is (a)Cross sectIonal view 

different from other types in 

~::~. nOInP:~::~e:~ 7::~::: :~: :l}~ ~ 1r :b~~: 
mass property of this type magne- (b)Axlal control (e)Rodlol control (d)Glmb.1 control 

tic bearings, axial electromagne­
tic coil was omitted, while two Fig.10 Five DOF MBMW. 
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pairs of upper and 
lower electromagnetic 
coils were installed 
in a conical shape for 
five axes active cont­
rol as shown in Fig.-
10. By activiating an 
equivalent pair of 
coils, axial, radial 
and gimbal control 
could be obtained. 
The characteristics of 

Table 5 Speeifieations of five DOF active MBMW 
(joint developlent between NAL and MELeO) 

it en .easured va lues 

Orthogonal st irfness Ke [NI/rad] 1.9xI0 2 

Dilension [II] t/J3ux125 
Weight [kg] 5.2(total) 

2. 6 (rotor) 
Angular 10ientul [NIS] 18 

(at 10,000 rpI) 
MOlent of inertia [kg·12 ] 

Iz(rotation axis) 1.7xIO-2 

Ix=ly 1.1xIO-2 

Gi.bal angle [deg] ±0.5 

this model are shown in Table 5. 

3. Applications in space 
Several types of magnetic bearings are described in this 

paper. These models are not necessarily manufactured for the 
purpose of the space use directly, but some of them would reach 
the stage of becoming practical uses in space. As a result of 
the space experiment in JINDAl, two DOF active magnetic bearings 
developed by NAL could be available as a reaction wheel for 
three-axis stabilized satellite. Five DOF active type jointly 
developed by NAL and MELCO could also be a candidate as a momen­
tum wheel with gimballing capability. 
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A 3(5) Degree of Freedom Electrodynamic­
Bearing Wheel for 3-Axis Spacecraft Attitude 
Control Applications 

Abstract 

U. Bichler, T. Eckardt 
TELDIX GmbH, Germany 

This paper deals with two related types of electrodynamically 
suspended rotors, acting either as momentum or reaction wheels 
for spacecraft attitude control purposes. One is of the 
three-axis active type, the other involves five actively 
controlled degrees of freedom. 
The wheels are of a pancake design with the control forces 
acting on the outer rim where the main rotor mass is 
concentrated thus avoiding low structural resonances. The rim 
is decoupled from the hub by titanium springs. Both wheels 
provide a vernier gimballing capability enabling three-axis 
attitude control of spacecraft with one rotating mass only. 
A special decoupling tilt control loop design eliminates all 
gyroscopic effects, such as precessional and nutational 
osci !lations. 
The electrodynamic bearing principle is advantageous because 
main parts of the mass can be concentrated on the outer rim of 
the rotor contributing to the desired inertia. Force generation 
is linear involving only very small lags and practically no 
cross-coupling exist between the orthogonal axes facilitating a 
control strategy to prevent disturbing unbalanced forces from 
affecting the stator of the bearing for the use in so-called 
'micro-gravity' environment. The wheels are actually in the 
development phase and in the paper the principles, the design, 
the control loops and first results are presented. 

Introduction 

GeoSYn h 
c ronous Orbit 

~~~ /~~omentum Wheel 

Fig. 1 Satellites with 1 Momentum Wheel or 3 Reaction Wheels 
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In principle, momentum wheels are gyroscopic actuators designed 

for compensating periodic disturbing torques which act on 
geostationary communications satellites. A momentum wheel 

mounted in a double-gimbal system offers the additional 

possibility of tilting the satellite with respect to the wheel. 

Satellites in a low earth orbit are equipped with a set of at 

least three perpendicular reaction wheels providing attitude 

control about all three axes. 

Almost all momentum and reaction wheels in orbit are equipped 

with ball bearings but wheels with magnetic bearings offer some 

special features which are of interest with regard to the 

increasing attitude performance requirements of modern 

spacecraft and with environments where only extreme low 

disturbing accelerations can be tolerated [11. 

In magnetic bearings, the achievable speed is not limited by 

friction and fatigue effects of ball bearings. They provide low 

friction and no stiction at zero speed, are insensitive to hard 

vacuum and need no lubricant. If a vernier gimballing capa­

bility is implemented an active satellite nutation damping and 

a three axis attitude control for small roll and yaw angles is 

enabled with one rotating mass only. Unbalance forces are - as 

far as no permanent ma9nets are involved for direct attraction/ 

repulsion - transmitted to the stator only at an amount which 

can be kept near zero when a special control law is applied. 

Principle 

cb ,xx,,*Z Y $Z X~Y X$Z Y 
I ~ (1 ~ ~ -.:: 

~ Cl ~ 

1A lA 3A , ]A 4A SA 
v 

Vernier Gimballing Capability 

Fig. 2 Different Types of Magnetic Bearings 

Several designs of one- and two-active-axis magnetic bearings 

are known [2,3,41. They all use a permanent magnet flux which 

is superimposed for control purposes by a variable coil flux. 

The disadvantages involved are that the ma9nets must be very 

homogeneous to avoid drag torque due to eddy current and 

hysteresis losses, that the passively stabilized degrees of 
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freedom have a low stiffness and that practically no inherent 

damping is present. Especially the passive tilt suspension 

forms a weak spring and leads, together with energy losses in a 

passive damper, to satellite nutational motion [5,61 requiring 

additional nutation dampers. The permanent magnets cannot be 

'switched' to a lower flux mode in micro-g environments, and 

unbalance disturbance isolation is only possible by active 

means. 

Magnetic bearings with three and more active axes have the 

important advantage of the tilt axes controllability offering 

the vernier gimballing capability [71. The top magnetic bearing 

is the five-axis active one, which does not need any permanent 

magnets in direct attraction or repulsion. This type is perfect, 

very stiff and controllable in all axes with excellent damping. 

Design 

Because of the mentioned features, a modular design of an axial 

and tilt-controlled bearing with both a passive and an active 

radial suspension, resulting in 3- and 5-axis active magnetic 

bearings, was chosen. 

Additional overall design requirements have been an easy 

assembling procedure, a high momentum/mass ratio, obtainable by 

arranging most of the mass at the outer rim of the rotor, and 

control force injection and position detection at this 

location, too, to avoid low resonances between hub and rim. 

The magnetic bearing rotor is essentially composed of a rim 

which is connected to the hub by five titanium springs. Two 

slots in the rim which are equipped with Neodym-Iron magnets 

form, together with corresponding air-coils on the stator, the 

axial/tilt actuators and the drive motor. The hub contains the 

radial center bearing, either passive or electromagnetically 

active, and carries the emergency bearings. 

The electrodynamic force generation was chosen as best suited 

for a large diameter and the associated high circumferential 

speeds, which resulted from the design requirements. The 

ironless armature coil consists of four 90 0 segments. The axial 

forces are provided by applying a similar current to all 

coils. The tilting torques about the two perpendicular radial 

axes are yielded by exciting two opposite coils alternatively. 
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3 Axis Active Magnetic Bearing Wheel 
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Fig. 3 Schematic Diagrams of the Magnetic Bearings 



17 

Redundancy is assured because only three coils are necessary to 

produce the desired forces and torques. 

The radial bearing of the 3-axis wheel consists of two sets of 

concentric permanent magnet rings. The axial stiffness is, of 

course, unstable, the tilt stiffness has been designed to zero 

around the neutral position. For the radial bearing of the 5-axis 

active system, the electromagnetic force generation principle 

was chosen because of the small circumference in the hub. 

Any deviation from the nominal rotor position is detected in a 

redundant way by a set of four position sensors, each located 

besides a stator coil, and - using three control loops -

balanced by forces generated in the coils. The sensors are of 

the eddy current type and invole only very small lags. 

The connection of the rim with the hub is achieved by titanium 

springs, which provide the decoupling of the different strains 

of rim and spokes due to centrifugal forces and temperatures by 

means of radial weakness of a single spoke, but a high stiffness 

in all directions against relative motion of hub and rim. 

The task of the emergency bearing is to provide a nondisturbing 

landing of the (spinning) rotor in the cases of a failure in 

the suspension electronics or in the power supply and with 
externally applied forces or torques exceeding the active 

stiffness capability within the given mechanical limits. The 

emergency bearing in the 5-axis active system consists of two 

ball bearings the locating of which is determined by 

circumferential speed limits and some considerations concerning 

gyro- and centrifugal effects. In the three-axis active system 

a spherical surface sliding bearing will be tested. 

The drive motor is of the brushless, ironless d.c. type which 

allows an excellent controllability of torque while providing 

high efficiency. It is located in the outer rim because in this 

position the mass distribution between rotor and stator is 

advantageous. The ironless armature consists of a three- phase 

stranded winding emoedded in an epoxy material to avoid radial 

destabilizing forces as well as cogging torques caused by 

armature slots. The commutation is performed using three reflex 

light barriers which are also utilized to detect the sense of 

rotation. 

In the 3-axis bearing, a special short-circuited winding is 
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introduced into the motor slot which uses the motor magnets to 

damp radial oscillations. The rotational drag is negligable if 

a sufficient uniformity of the induced voltage per magnet can 

be achieved. 

Both types of magnetic bearings have been built and the 5-axis 

configuration has already been tested statically and up to 7000 

rpm. The main data of the 5-axis bearing are: 

Diameter 0.3 m Height 0.1 m 

Rotormass 6.65 kg Total Mass 10 kg 

Max. Speed 14000 rpm Nom. Speed 10000 rpm 

Inertia 0.1 kgmZ Momentum 100 Nms 

Axial Gain 55 N/mm Tilt Gain 3000 Nm/rad 

Gimballing Angle ± 1.5 ° Slew Rate 17 Dis ** 
Motor Torque ± 0.35 Nm 

Angular Momentum Cross Component: 5.3 Nms 

* Preliminary value obtained from laboratory model with 

* 

test-baseplate, protecting housing and breadboard electronic 

** Short time. 

Control 

The elements of the axial and tilt control loops of the 

nonrotating wheel are shown in Fig. 4. The plant consists of a 

double integration with the massl transverse inertia of the 

rotor as integration constant. The actuator consists of a 

current-controlled amplifier and the electrodynamic force 

generation system. The actuator and also the position sensor 

can be modeled as first order lags. The controller must provide 

at least one 90 0 phase shift to achieve stability. In the case 

of the passive radial bearing, an unstable spring feedback is 

introduced into the plant. As controller also a simple po-type 

can be used, but the stability conditions become more severe in 

this case. By means of a superimposed zero-power controller, 

the system becomes selfadjusting into the axial position of 

minimum (zero) bearing current. If a high static stiffness is 

required, an integrator term can be added, the controller is 

then of the PIO-Type. Of course, a PIO- and a Zero-power 

controller cannot be used simultaneously in this configuration. 
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Fig. 5 Nyquist Plots and Step Response of the Axial Loop 
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Z(o.) 

The radial control loop of the 5-axis active bearing is 

principally the same as that of the axial loop of the passive 

radial bearing. The difference lies in two nonlinear 

dependencies of the operating point: the destabilizing feedback 

is proportional to the square of the bearing current while the 

actuator gain is inverse square proportional to the radial 

elongation of the rotor. These nonlinearities can be defused 

with the help of a linearizing network or a bias current. In 

the radial loop, a PO-controller or a PIO-controller can be 

used. Fig. 6 shows the stability region for the controller 

parameter which is moving and size-varying with the operating 

point. 

If the controller is provided with a variable parameter set, 

the active stiffness of the radial loop can be changed while 

keeping an optimal damping. A stiff controller can be used at 

normal operation. In zero-gravity conditions where no strong 

external forces are applied, a very smooth operating parameter 

set can be chosen which keeps the average rotor position 
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without transmitting high-frequency sensor disturbances, 

generated by the rotor spinning about its center of gravity, to 

the stator. 
Vl 

unstable 

bearing 
current 

[T T 

20 ms 

.-~.~~~ 

[\'-. 

Fig. 6 Stability Area and Step Response PO-controlled Radial Loop 

When the wheel is rotating, additional gyro-couplings between 

the tilt axes of the wheel arise which are proportional to the 

speed and which enable the precessional and nutational 

oscillations. The highest nutational frequency of a flat rotor 

is about twice the speed - a tilt controller, which copes with 

these frequencies, must be of high bandwidth and therefore 

causes an increased power demand in the actuator due to noise. 

One possibility to overcome this problem may be the introduction 

of a gyro-decoupling network, as depicted in Fig. 7. If the 

decoupling parameter matches the plant parameter, the resulting 

plant at all speeds is the same as that of the wheel standing 

still. In the step responses in Fig. 8 it can be clearly seen 

that the cross coupling between the tilt axes is removed and 

the damping is improved. 

Fig. 7 Block Diagram of the Gyro-coupling and -decoupling 
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a: without decoupling, b: with decoupling 

The influence of such a decoupling on the overall satellites 

stability must be considered separately. 

Conclusion 

21 

Two magnetic bearing wheels of low profile design have been 

built, a 3-axis active version and a 5-axis active one. Both 

provide a vernier gimballing capability due to electrodynami­

cally controlled tilt axes. This is of interest with respect to 

the increasing attitude control requirements of modern 

spacecraft. With the use of four sensors and four bearing 

coils, redundancy is built in inherently. The wheels are 

actually in the test phase and the five degree of freedom wheel 

has been already stable levitated and rotated up to 7000 rpm. 

A special tilt control loop design eliminates all gyroscopic 

couplings and improves the dynamic performance of the active 

gimballing. Using a control loop with variable active 
stiffness, the wheel can be switched in a smooth mode 

preventing unbalance disturbances from affecting the satellite. 
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Fig. 9 The 5-Axis Magnetic Bearing 
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Radial Shear Force Permanent Magnet Bearing 
System with Zero-Power Axial Control 
and Passive Radial Damping 

Johan K. Fremerey 
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Summary 

The bearing system described was developed starting from the idea of a sim­
ple radial magnetic floatation system with axial pin stops, i.e., mechanical 
contacts, as devised by L.I. Mendelsohn for application in watt hour meters 
(General Electric Patent, 1953). The Mendelsohn system provides positive ra­
dial and, without the stops, negative axial bearing stiffnesses due to mag­
netic forces acting between cylindrical magnets with axial magnetization. 
The magnets are mounted to the rotor and stator assemblies in a face-to-face 
configuration for mutual attraction. A novel stabilization unit has been de­
veloped making the Mendelsohn system a non-contacting device. The unit com­
pensates for the axial force instability and additionally provides radial 
damping forces. Axial stabilization is accomplished by interaction of elec­
tric coils with the end faces of two axially spac~d, cylindrical permanent 
magnets fixed to the rotor shaft, while radial damping is provided by inter­
action of the rotor magnets with a copper disk projecting into the axial 
flux between the rotor magnets. A high-speed neutron beam chopper cascade 
(four units) equipped with the new bearing system is running in continuous 
operation at ILL-Grenoble since 1985. A turbomolecular pump prototype for 
industrial application was set up in 1987. 

Introduction 

The design of a magnetic bearing system is a challenging and enjoyable task 
in view of the manifold structures that can be realized by various combina­

tions of permanent- and electromagnets, attractive and repulsive forces, ra­
dial, axial, or mixed control, coupling and transformation of orthogonal 
parameters, analog and digital electronics, etc. Each application demands 
careful analysis of the individual system requirements and optimum adapta­

tion of the bearing parameters toward those requirements. On the other hand, 
transfer of 'a magnetic bearing device from the laboratory status into an in­
dustrial product sensibly depends on parameters such as manufacturing cost, 
compatibility with existing systems, specific styling, etc., which do not 
necessarily meet the ideas of the designer. 
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The magnetic bearing system described in the present paper has been develop­
ed at KFA-JUlich for high-speed rotor application in laboratory as well as 
in industrial environments. No active components are used for radial force 
control of the system, and axial control becomes active only in case of dy­
namic axial load. Due to the simplicity of the bearing and electronics 
structure, manufacturing cost is substantially lower than that of the avail­
able active radial control systems. A large potential for laboratory and in­

dustrial applications which do not require the dynamic load capacities of a 
multiaxis active control system may be exploited by the introduction of pas­

sive radial bearing concepts. 

The shear force permanent magnet bearing concept 

r1agnetic forces generated by a tangential displacement of opposing magnetic 
poles are defined here as magnetic shear forces. In particular, the restor­
ing force arising from a radial displacement of the rotor shaft in Figure 1 

is a radial magnetic shear force, and the corresponding bearing structure 
will be termed a radial shear force permanent magnet (PM) bearing. 

Figure 1. Radial shear force permanent magnet (PM) bearing 
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This type of bearing has been proposed some 35 years ago by Mendelsohn [1] 
for application in watt hour meters. The effect of axial unbalance of the 
rotor magnet between the adjacent stator magnets was eliminated by axial pin 
stops on either shaft end. The stops were adjusted so as to keep the rotor 

magnet close to the axial magnetic force equilibrium position. 

By using state-of-the-art permanent magnet material such as samarium-cobalt 
or neodymium-iron-boron alloys, appreciable bearing forces and stiffnesses 

can be generated by a magnet configuration according to Figure 1. Radial 
load capacities of more than 100 times the magnet weight can be provided 
without pulling the system apart, and similar forces are available along the 
axial directions, still keeping the axial force equilibrium point within the 

axial play of the rotor magnet. 

A radial shear force PM bearing for support of a high-speed rotor system can 
be utilized advantageously by recognizing and taking into account both the 

intrinsic capabilities and the weaknesses of the bearing structure. Capabil­
ities have already been mentioned. The axial unbalance stiffness and, in 

particular, the poor inherent damping of the radial shear force PM bearing 
are considered the main drawbacks of the structure. A suitable bearing de­
sign has been achieved by introducing the asymmetric support and damping 
concept to be outlined in the following. 

The asymmetric support and damping concept 

When considering high-speed rotor application a major item of the system de­
sign is the damping mechanism for the control of precessional motions. In 
view of their spatial characteristics these are often termed "conical" mo­
tions. In fact, during precession the rotor spin axis moves on a double cone 

surface with the node point being bound to the center of mass of the rota­
ting assembly. A radial damper will be most efficient when it is located at 

some distance from the node or center-of-mass point. On the other hand, the 
efficiency of the support bearing with the primary purpose of balancing the 
rotor weight will be high when this is located close to the center of mass. 
These considerations have guided the development of a bearing concept ac­
cording to Figure 2. 
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ROTOR 
MOTOR 

PM BEARING 
STABILIZER 

~I-·------------------------· 325mm ·1 
Figure 2. Passive radial bearing system with asymmetric support and damping 

The main support is accomplished by a radial shear force PM bearing near the 
center of mass of the rotor system. Two rotating magnets are provided for 
higher bearing stiffness instead of one as described before. 

A passive radial damping mechanism of the eddy current type is incorporated 

as an integral part in the stabilizer unit located near to the remote shaft 

end. The eddy current mechanism gets effective on radial vibration of the 

rotor shaft due to displacement currents generated within a massive copper 
disk. The disk is penetrated by the strong axial magnetic field extending 
between mutually attracting pole faces of rotating permanent magnets. No 
eddy currents are generated by the shaft rotation when the magnetic field is 
symmetric with respect to the spin axis. In fact, the overall eddy current 
losses observed on a 12-kg rotor system (Figure 3) running at 20,000 rpm was 
only about 3 watts including the losses generated within the support bear­
ings and the motor. 
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Except for the damping effect the stabilizer maintains the non-contacting 
condition of the rotor system at the axial force equilibrium point of the 
support bearing, hence replaces the function of the mechanical pin stops as 

used in the original r1endelsohn concept. The axial tuning forces are gener­
ated by electrical coils acting on the damper magnets. The coils are driven 

by an electronic amplifier according to the output signal of an axial posi­
tion sensor looking onto the end face of the rotor shaft. An automatic zero­

power stabilization means drives and keeps the rotor system to the axial 

position where the static axial forces cancel. At that point the coil cur­
rents approach zero. The complete stabilization electronics is carried on a 
70-cm2-area printboard. 

Besides the radial damping and axial control the stabilizer also serves for 

passive radial centering of the rotor shaft end. The centering is effected 
by radial shear-type restoring forces acting between the damper magnets and 

the ferromagnetic pole faces of the axial control magnets. The asymmetric 

support and damping concept provides a clear separation of the support and 
stabilization functions of the bearing system by locating either function in 
a bearing component of appropriate design. The functional separation is sim­

ilar to the one applied for aircraft stabilization. 

Figure 3. Neutron beam chopper prototype (1984) 
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Applications 

The system displayed in Figure 2 was built in early 1986 as a test facility 
for hi~h-speed chopper application [2] • Similar systems with support bear­

ings on either side of the disk rotor have been realized at KFA-Ju1ich since 
1981. Figure 3 shows a neutron beam chopper prototype under test before de­
livery to Institut Laue-Langevin, Grenoble, in 1984. A neutron monochromator 

consisting of four synchronized choppers was installed at ILL-Grenoble in 

1985 for materials research. The system is operated in a 24-h service since 
that time. 

Figure 4 shows an advanced test prototype of a 300-1/5 turbomo1ecu1ar pump 

which was developed on the basis of a cooperation project with Leybo1d AG. 

The pump is operated at a nominal speed of 51,600 rpm of the 1.5-kg turbo 
rotor. No adjustment is required when changing the pump axis orientation to 
any arbitrary direction. The bearing system has emerged by adaptation from 

the one outlined in Figure 2. 

Figure 4. 300-1/5 turbomo1ecular pump advanced prototype (photograph by 
courtesy of Leybold AG) 
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High Precision Particle Beam Choppers 

R. Hackenberg, H. Ebert 

Uranit GmbH, Jijlich 

Summary 

The special requirements of fast rotating particle beam 
choppers comply best with magnetic bearings. Three types of 
magnetic bearings for rotor weights between 1 kg and 12 kg are 
described, which are used in chopper systems. The most 
important advantages of this bearings are a very low power 
consumption, a high phase stability and the suitability for 
high vacuum. 

Chopper systems are used in many laboratories and in industry 

to cut particle beams into packages of known size or energy. 

This technique is used in the fields of fundamental research, 

material research and of surface analysis of semiconductors 

for example. 
Usually the particle beams are cut by fast rotating discs, 

which allow the beams to pass through a couple of windows. The 
speed of rotation may be in the order of 1 kHz. 

Chopper systems are often part of much bigger and very ex­

pensive devices. In some cases they may be activated by neu­

tron beams. So it is obvious, that the chopper bearings shall 

be designed for high life time and high reliability and that 

they shall show no bearing wear. 

In many fields of application it is necessary to have chopper 

rotors running under vacuum. In these cases it is better to 

use bearings without lubrication oil. 

The above mentioned requirements on chopper bearings 

disqualify the use of ball bearings. On the other hand active 

magnetic bearings fit very well the requirements mentioned 

above. 

But in many cases there are additional specifications which 
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favour special types of magnetic bearings among many others. 

For example there is often the claim for an extremely high 

accuracy of phase control, if several choppers are used 

together in a chopper cascade. This can only be fullfilled, if 

the required motor power is very small compared with the 

energy of rotation. In this case it is of advantage to use the 

zero power magnetic bearings, which have been developed by the 

Kernforschungsanlage in Jijlich and which have been manufac­

tured under license by our company for serveral years. 

The very small power loss of this bearing type is possible, 

because the rotor weight is fully compensated by permanent 

magnets. Only small electric power is necessary to stabilize 

the rotor position in the center of the bearing. 

Eddy current losses in the rotor are small, because the field 

of the permanent magnets and of some electromagnets has only 

small deviations to an axially symmetrical shape. That is why 

the rotors of our chopper systems have a homogeneous not la­

minated structure which is suitable for the use in high 

vacuum. 

Another condition for the application of choppers in high 

vacuum is the great radial gap between rotor and stator 

magnets, which is necessary to separate rotor and stator by a 

vacuum tube. The stator packet can easily be removed from the 
vacuum tube to clean the vacuum surfaces by heat treatment. 

The figures 1 to 7 show the design of the two magnetic 

bearings type I and II, which have been manufactured by us for 

several aplications. The bearing type III, which has been 

developed also by the KFA (fig. 8), is now built for the Hahn 

Meitner Institute. 

On fig. 1 you can see a cross section through the chopper 
type I, which has two magnetic bearings symmetrically 

arranged. 
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Fig. 1. Cross section of the chopper type I 

Fig. 2 shows a total view of this chopper but without the 

chopper disc. Different kinds of discs may be mounted on the 

left side to adapt the chopper to the special requirements 

of molekular beams or neutron beams for example. 

Fig. 2. Total view of the chopper type I 

35 
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Fig. 3. Vacuum tube, rotor and stator packet 

of the chopper type I 

Fig. 3 demonstrates, that the bearing-motor packet may easily 

be removed as mentioned above. The rotor may be pulled out of 

the tube very quickly, if a change of the chopper disc is 

necessary for example. 

Fig. 4. Bearing and motor parts of the chopper type I 
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The details of the magnetic bearings are shown in fig. 4. You 

can see from left to right the magnetic flux sensor, the 

permanent magnets with a pair of iron sheet discs in front of 

it, the electromagnet, the rotor and the motor. The iron discs 

have excentric holes and compensate the rotor wheight by field 

deformation, if the chopper is arranged horizontally. The 

centric position of the rotor will be stabilized by the seg­

menta ted electromagnet, controlled by the signal of the flux 

sensors. 
The total electronic supply of the choppers type I and II is 

integrated in one common electronic unit, which contains the 

DC power supply, the motor power supply, the operation status 

control unit, two control units of the magnetic bearings and a 

floating battery power supply, which is sufficient for a 

complete run down of the chopper. 

emergency bearing 

permanent magnet 

flux sensor 
electromagnet 

motor 

Fig. 5. Cross section of the chopper type II 
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The following gives some details of the bigger chopper type 

II (f ig • 5 to 7). Fig. 5 shows a cross section of this 

chopper and fig. 6 a total view. 

Fig. 6. Total view of the chopper type II 

On fig. 7 you can see the arrangement of the two magnetic 

bearings and the rotor. As the main body consists of alu­

minium, some rings of ferro magnetic material are fitted to 

the rotor. 

The details of the magnetic bearing of the chopper type II 

are very similar to the parts of type I (fig. 4) but of 

greater size. As type II has been realized only in a vertical 

arrangement, the pair of excentric iron discs is not 

necessary. 



Fig. 7. Rotor/Bearing subassembly of the chopper type II 

electromagnets 

motor 

radial 
bearing 

actIve axial 
bearing 

eddy current 
damper 

permanent magnets 

axial sensor 

optICal sensor 

chopperdlsc 

Fig. 8. Cross section of the chopper type III 
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The third chopper type is shown in fig. 8. This type is now 

built for the HMI with some modifications. The changes 

concern the arrangement of the bearings and the chopper disc, 

which shall be mounted in an overhung position. This is 

necessary, because the choppers shall be used in pairs with 

contercurrent rotating discs close together. 

The most important data of the three types of chopper bea­

rings are presented in table 1. The speed of rotation and the 

rotor weight in this table are not ultimate figures but 
typically realized values. 

Tab. 1: Characteristic data of magnetic bearings 

Type I Type II Type III 
Radial bearings active active passive 
Axial bearing passive passive active 
Arrangement vertical/horizontal vertical horizontal 
Rotor weight 1 kg 8 kg 12 kg 
Bearing gap 3,5mm radial 2,Omm radial l,Omm axial 
Rotor speed ~ 1000 Hz 600 Hz 333 Hz 
Phase accur acy: 

per convolution ~O,025· ~O,W ~O,Ol· 

max.deviation ~ 1 O· to,Ol· to,Ol· 
Radial bearing stiffness 160 000 N/m 100 000 N/m 210 000 N/m 
Cooling medium air air air 



Wide-Gap, Electro-Permanentmagnetic Bearing 
System with Radial Transmission of Radial 
and Axial Forces 

Karl Boden 
Kernforschungsan 1 age Jill i ch GmbH, Inst itut fUr Grenzf1 achenforschung und 
Vakuumphysik'; Postfach 19 13, 0-5170 JUlich, F.R. Germany 

Abstract 
The unique features and applications of this magnetic bearing essentially 
result from two facts: (I) The only bearing components attached to the rotor 
are non-laminated ferromagnetic steel collars or cylinders; (2) all radial 
as well as axial forces are transmitted via radial gaps. The stator assembly 
needs no axially overhanging components that might impose restrictions on 
the rotor design and axial mobility. Due to the use of flux modulation tech­
nique wide radial gaps (25 mm are realised) can be provided at virtually ze­
ro-power conditions. The large gaps allow for effective encapsulation and 
shielding of rotors at elevated (or low) temperatures, corrosive environ­
ment, voltage potentials, and pressure. A 2-kg X-ray rotary anode was oper­
ated under high-vacuum conditions at + 100 kV anode potential, 6000e tempe­
rature at the bearing collars and speed 18,000 r.p.m. with 13 mm radial 
gaps. The complete X-ray tube is easily exchangeable by removing it from the 
stator assembly along the axial direction. Similar handling conditions were 
achieved with hollow cylindrical rotors (up to 500 m/s periphal speed at the 
bearing gap), spin turbines and choppers (up to 90,000 r.p.m.), and with 
long-stroke supporting shafts for crystal pulling plants. 

Introduction 

The magnetic bearing system described is part of development activities, 

which started in KFA JUlich in 1974 on the basis of previous work and expe­
rience of the involved staff. At the beginning most effort was directed to 

vacuum compatible magnetic bearing configurations but in the meantime vari­
ous types of magnetic bearings for a wide field of applictions were develop­

ed, manufactured and tested, ranging from one-axis to five-axis actively 
controlled degrees of freedom. 

This paper presents a special one-axis passiv stabilizing magnetic bearing, 
its particularity and some applications. 
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Magnetic bearings 

For rotating equipment, five degrees of freedom of the rigid body have to be 

constraint, three attached to the translational motion and two degrees of 
freedom attached to the rotational motion about the cross-axes, i.e. perpen­
dicular to the rotational axis. Only the motion in the rotational axis 

should not be constraint in order to allow free rotation of the suspended 

body around this axis and keep the drag torque as small as possible. A lot 
of different magnetic bearing systems are developed, including actively and 

passively stabilizing bearings, which fulfil the mentioned conditions. Ac­
cording to Earnshaw's theorem at least one degree of freedom must be active­
ly controlled. Of course, a magnetic bearing with only one active stabiliza­

tion solves all bearing problems for a few applications and seems to be the 
best configuration at all. But, taking in consideration simplicity of the 
rotor design, problems with high speed, damping, elevated temperatures, cor­
rosion environment and assembling aspects the presented axially passive and 
radially active magnetic bearing type meets all this requirements, so that 
we prefer this special bearing configuration in many cases [1]. 

Passive axial bearing 

The bearing stator has approximately a square cross section with a central 
hole for the moving body (Figure I). It comprises at least one axially mag­
netized annular permanent magnet, which magnetize the compact mild steel 
part of the moving body via two radial air gaps, the upper gap and the lower 
one. The mean part of the permanent magnetic flux passes symmetrically one 
after another a flux concentrating flat steel plate, the upper air gaps, the 
mild steel collar on the moving part and the lower air gap. 
In this radial air gaps the magnetic flux generates attractive forces be­

tween the bearing stator and the moving part in axial and radial directions. 
This forces only depend on the variation of the magnetostatic energy of the 
system. The system is autonomous - it doesn't comsume energy. 

In the axial direction the force to distance characteristic shows a stable 
working area. In this area a constant force opposite to the magnetic force 
(i.e. the weight) stretches this "magnetic spring" to a stable equilibrium 
point. When the magnetic force of the carrier magnet is so dimensioned, that 
it can safely carry the weight of the moving body, the permanent magnetic 



flux is able to provide a stable passive magnetic suspension of the moving 
body in axial direction without any consumption of external energy. 

43 

Since the carrier magnet holds the moving body stable in axial direction, 
the radially flowing part of the permanent magnetic flux generates an unbal­
anced force characteristic in the radial directions. The symmetric annular 

magnet configuration provides a central equilibrium point, where the op­

posing permanent forces are compensated. At the lightest deflection the 
moving body is attracted in this direction by the carrier magnet - the equi­

librium is unstable. 

Active radial stabilization 

To stabilize this unstable equilibrium in the radial direction a stabilizing 

device is required. This device comprises 
- contactless sensors for measuring deviations of the rotor position from 

the equilibrium point or the desired position and means for producing 
electrical sensor signals in accordance with the deviation 

- electronic control devices for amplifying and phase-displacing this sensor 
signals to produce output signals 

- electromagnetic means for producing substantially radially directed magne­
tic fields which generate restoring and damping forces to the rotor. 

The position sensor 

The position sensors are preferably small-sized magnetoresistive plates, 
which are mounted on the inside of the flux concentrating plate in the upper 
gap, so that they are cut mainly by a radial component of the permanent mag­
netic flux of the carrier magnet. The change in field strength as a function 

of the distance produces a change in resistance and forms the sensor signal. 
The mentioned flux concentration results in a high sensitivity. When ope­
rated in differential mode the nonlinear flux-resistivity function is 
changed to a linear function in the midrange and a null-position is created 
in the bearing centre. 
This sensor system is rather simple and cheap. Beyond it no additional sen­

sor specific rotor peaces are necessary. 
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Force coil 

The electromagnetic coil system (Figure 2) [2] preferably consists of four 

segment coils, which are wound on a common laminated ring. (Only two seg­
ments are figured in the drawing.) They operate in pairs with diametrically 
opposite coils developing opposing fluxes. The coils of each pair are con­

nected in series to yield the same radial control current. The flux gene­
rated by the control current is forced one after another across a first air 

gap, through the ferromagnetic bearing collar of the moving body, across the 
opposite air gap and short circuited by the laminated ring, which forms a 

parallel path for the control fluxes. 
The control fluxes dont have to pass the permanent magnet, so that the per­

manent magnet does not contribute to the control circuit reluctance. On the 

other hand, the coil system is arranged immediately next to the permanent 

magnet, so that the permanent magnetic flux passes the lower gap parallel to 
the control flux. Thus the control flux modulates the normally symmetric 

permanent magnetic flux differentially and produces control able radial 
forces in two perpendicular directions. 

Radial gap 

The gap flux density depends among other things on the volume of the per­
manent magnets. The placement of the magnets in the stator permits relative­

ly large area magnets, so that cheap materials with low magnetic energy den­
sity can be used and large gaps can be realized without essential restric­
tions on high bias flux level, which is advantageous for both the sensor 
sensitivity and the effectiveness of the electromagnetic control coil sys­

tem. 
The radial unbalance stiffness decreases and the homogenity of the permanent 

magnetic field increases with increasing gap width. 
Large gaps allow the arrangement of housing cylinders consisting of non-mag­

netic material with high electric resistance like stainless-steel, heat-in­

sulators or glasses for effective encapsulation and shielding of the rotor 
at elavated temperatures, in corrosive environment, in vacuum or at elevated 
pressure. As there should be an additional clearence between rotor, stator 
and housing cylinder, both can easily removed to allow withdrawal, exchange 
or assambling. This clearances also permit axial movement of the rotor 



45 

and/or stator during operation, so that both can be adjusted at several de­
sired axial positions, axially transported without touching one another over 

long axial distances or oscillated by using additional axial field coils or 

linear motors. 
The biasing effect of the control flux by the permanent magnetic flux be­
sides the conversion of the radial instability into a stable one, has the 

desirable benefits of 
- linearizing the force-versus-current relationship 

- multiplying the effectiveness of the control ampere-turns 
- zero force at zero current in the passive equilibrium position, which con-

sequently represents the reference axis for the position control loop 
- minimizing of electric power consumption 

- the realization of large radial gaps between rotor and stator. 

Control loop 

The need of two control loops per bearing complicates the electronic device 

somewhat. On the other hand due to the use of flux modulation technique the 
control electronic is freed from linearization networks for sensor and force 

signals and high-power consumption. 
As described before, the control current is fed-back, so that the output 
command voltage is proportional to the output current or control force. This 
feedback makes the effect of the coil inductance negligible. 
The bearing stiffness is adjustable within the stable area of the control 
loop. It usually has a frequency characteristic, which allows reduction of 
unbalancing forces with increasing spe~d. The damping of the system can also 
be adjusted by variation of the phase-shifting network. 
Electronic balancing of the radially symmetric unbalance forces enables the 

virtually zero-power method, which is used for minimizing the power consump­

tion and for compensation of the sensor signal drift. Consequently, the 
electronic control device is characterized by low energy consumption and 
simple structure, which can be flexibly adapted to the application require­
ments. 
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Rotor collar 

As already shown, the radial stabilizing control force generated by the 

electromagnetic coil system is multiplied by the biasing permanent magnetic 

field strength. The larger the biasing field, the smaller the required am­

pere-turns of the control system, i.e., that the magnetic polarization of 
the ferromagnetic rotor collar is the more homogeneous the higher the bias­

ing field can be arranged. Consequently, the hysteresis- and eddy-current 
losses in the rotor are diminished. The diminution of these losses lowers 
the generation of heat and permits the use of compact mild steel collars on 
rotor even in high-speed rotor application. Compared with rotating permanent 

magnets, steel collars have the essential advantages of high yield strength, 
high Curie-temperature and corrosion-resistance. The additional fact that no 

overhanging bearing parts between rotor and stator are needed permits sub­
stantial freedom in the rotor design. 

Complete bearing system 

For the entire suspension of the moving body a second coaxial bearing is 

needed in order to constraint all radial degrees of freedom (Figure 3). This 

second bearing can be of identical construction as the one described above 
[3]. The passive forces in axial direction can be directed to support the 
first bearing in order to enlarge the axial load capacity in vertical-axis 
applications. In horizontal-axis applications (Figure 4) the bearings should 
be arranged to counteract in axial direction, so that one bearing preloades 
the other one in order to produce a stable equilibrium in the absence of ex­
ternal axial holding forces. 
There are a lot of variations and combinations of the magnetic configuration 

developed [1,2,3,4,5] for example, the arrangement of 
- pole-shoes in order to optimize the permanent magnetic flux loop 
- additional magnetic force coils in order to influence the axial exerted 

permanent magnetic force or to stabilize or to vary the axial position 

- the bearing stator inside a hollow cylindrical rotor 
- multiple gaps in order to enlarge the load capacity and/or the stiffness 
- radi a 1 magn.et i zat i on of the permanent magnets 
- permanent magnetic material with high energy product. 
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Rotor drive 

For the rotor drive normally a cylindrical rotating field stator is used, 

which is mounted on the stator. The structure of the rotor armature depends 

on the motor system. Synchronous and asynchronous drive motors are 
compatible with the magnetic bearing system. As described above the drag 
torque is rather low, so that in the absence of external torque very low 

drive power is required. 

Examples of Application 

Figure 5 Rotating hollow cylinder (1969) 

Rotor speed 

Velocity in the bearing gap 

60,000 rpm 

500 m/s 

The cylinder material is high yield strength steel and allows high rota­
tional frequency. The tangential velocity is essentially limited by the 

yield strength. Due to the absence of axially overhanging rotor and stator 

parts the rotor is easily dismountable by moving it along the axial direc­

tion. This leading feature is used at most of the following applications. 

Figure 6 

Figure 4 

Figure 3 

Figure 7 

Fi gure 8 

Spinning turbine (1973) 

Working speed 
Fast speed 
Molecular chopper (1974) [9] 

48,000 rpm 
90,000 rpm 

Rotor speed 24,000 rpm 
Vacuum environment 
Neutron chopper (1975) [9] 
Rotor speed 36,000 rpm 
Fast light chopper (1983) 
Rotor speed 84,000 rpm 

X-Ray-tube with rotating anode (1979) [6] 
Rotating frequency 
Radial gap 

Rotor temperature at bearing 
Anode potent i a 1 

18,000 rpm 

13 mm 
o parts < 600 C 

> 100 kV 
This arrangement has the function of a current switch. The rotor can be 
moved to two different axial positions by means of an additional axial field 
coil arrangement. [4]. 
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Figure 9 

Figure 10 

High speed UHV-Chopper (1986) 
Installed at Philips Eindhoven 

Corrosive environment 

Rotor speed 

Neutron beam chopper (1986) 

24,000 rpm 

Installed at Rutherford Appleton Lab., UK 

Rotor speed 36,000 rpm 
Figure 11 Apparatus for pulling crystals from the melt (1986) [7,8]. 

Both, crystal and crucible are carried and transported by magnetically sus­
pended shafts. Since these parts move in clean vacuum or pressure environ­
ment inside the housing the stators are arranged outside the housing, and 
can be axially moved by means of a linear drive. Even with comparatively 

thick-walled vessels, the gap width (24 mm) is sufficient for accommodation 
of additional tempering elements, i.e. elements for controlling the tempera­
tures of the housing wall up to 7000C, and for cooling the stator unit. Con­

sequently this machine permits for the first time to make use of the "hot­

wallO-method for the growth of monocrystals from so called III-V compounds, 
especially GaAs and InP at an industrial scale. In a test setup several 
crystals of semiconductor material with a weight up to several kilogramms 
have been pulled. 

Conclusion 

A practical non-contacting magnetic bearing system using flux modulation 
techniques has been developed. It has been worked very effectively, yet the 
bearing parts are very simple and inexpensive. For example, flat annular 
speaker magnets, made of cheap Bariumferrite-material, simple coils and sen­
sor systems and mild steel collars make up the entire parts of stator and 

rotor. 
The bearing configuration permits 

- wide radial gaps 
- very simple rotor structure, far-reaching freedom in rotor design 

- no axially overhanging bearing components of rotor and stator unit 

- high rotor speed 
- low and high rotor temperature 
- clean and corrosive atmosphere 
- vacuum and pressure environment 



- axial mobility and position control of rotor and stator during rotation 

- easy installation 
- low power consumption 

The bearing concept thus covers a lot of complex requirements and sets up 
new fields of design and application. 
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Magnetic suspension systems have been developed at the University of Virgin­
ia (Holmes and Beams 1937) for the special purpose of spinning small bodies 
up to ultimate speed. The frictional torque acting on a rotating body when 
being suspended in a magnetic field with a highly symmetric flux distribu­
tion around the vertical axis was found to be many orders of magnitude lower 
than the torque exerted by gas friction at atmospheric pressure. Consequent­
ly, that type of suspension system was proposed and used lateron for pres­
sure determination in rarefied gases. Drag torques down to 10-17 Nm have 
been resolved under optimum laboratory conditions. The present paper de­
scribes the magnetic suspension system of the "Spinning Rotor Vacuum Gauge" 
(SRG) which as a commercial unit resolves about 10-14 Nm under regular labo­
ratory conditions. This figure corresponds to a pressure resolution of about 
10-7 mbar, nitrogen equivalent, of the gauge. The SRG was introduced as a 
transfer standard in 1979 by BIPM and is commercially available since 1981. 
The gauge head functions will be discussed with special emphasis on mini­
mization of the residual drag. 

Introduction 

The achievement of low bearing friction is a general aim in mechanical en­
gineering. Ultra-low friction is demanded if rotational drag is to be deter­
mined for metrological purposes. The most advanced practiced system of this 

kind is the spinning rotor gauge (SRG), which allows pressure determination 

in rarefied gases by evaluation of the gaseous drag on a freely spinning 
rotor [1,2]. In a high vacuum, i.e. at pressures below about 10-2 mbar, rea­

sonable pressure resolution can be achieved only in the absence of mechani­
cal bearing friction. The development of a non-contacting magnetic rotor 
suspension by Holmes [3] in 1937 is to be regarded as the starting point of 
high-resolution friction metrology. The residual bearing friction in a mag­
netic rotor suspension results from eddy current losses in the rotor due to 
asymmetries of the magnetic field with respect to the rotor spin axis, as 
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well as from eddy currents in conducting material in the vicinity of the 
rotor due to a non-uniform rotor magnetization. The inner losses (inside the 

rotor) are minimized by providing a highly symmetric suspension field while 
outer losses can be widely reduced by making the rotor from homogenious ma­

terial and giving it a highly symmetric shape. The above conditions have 
been realized to a high degree by the type of permanent magnet suspension 

described in the present paper. Torque resolutions of the order 10-17 Nm 

have been achieved in laboratory units especially designed for basic re­

search in the field of gravitational dynamics [4,5]. The above resolution 
corresponds to a deceleration time constant of several hundred years as ob­

served on a 2.5 mm steel ball spinning at 200 Hz. Time constants of still 
several years can be resolved by the present commercial spinning rotor 
gauges. 

Gauge head functions 

A schematic of the gauge head is shown in Figure 1. The design of the stator 

package was guided by the need for a most symmetric arrangement of all sus­
pension and operation components around the vertical spin axis of the rotor. 

The rotor is typically a 4.5 rrm diam ball bearing. The ball is stabilized 
between two mutually attracting rear-earth-cobalt magnets supported and cen­

tered inside a mild steel case. The case provides magnetic flux return and 
effective shielding of the stator package against outer magnetic fields. The 
field symmetry in the center of the 35-rrm magnetic gap is enhanced by circu­
lar pole discs made of Armco iron. The axial field strength is tuned by the 
number and location of the discs so that the magnetic forces acting on the 
ball just balance the gravitational forces when the ball is in the center of 
the stator package. At this position the ball is unstable along the vertical 
axis and natural stability is given in the horizontal plane, where the ball 

favours the location of highest field strength right on the symmetry axis of 
the system. 

Only minimum active axial control is necessary for keeping the ball to the 
central equilibrium position. This is done by two coils coaxial with the 
magnets and equidistant above, respectively below the ball. The coils serve 
for sensing of the vertical rotor position (inductive pickup) and simulta-
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Figure 1. Single-axis permanent magnet suspension 

neously for magnetically restoring and damping of the rotor along the verti­

cal. 

When the ball is at the magnetic equilibrium position the sensor output vol­
tage and the control current become zero. A special section of the axial 
stabilization electronics serves for automatic tuning of the sensing-and­
control amplifier to the zero-power condition. Thus, heat generation within 
the coils is reduced to a negligible amount associated with the inductive 

pickup. 

In order to suppress or damp out lateral oscillations of the ball which 

would lead to disturbancies of the rotational field symmetry, the ball is 

surrounded by additional four coils in 90-deg separated, off-axis positions. 

In Figure 1 two of these coils are shown. The magnetized ball rotor induces 

a voltage proportional to its lateral velocity in one of these coils which 
is used for pickup while the opposite coil serves as the corresponding damp­
ing actuator. 
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The arrangement of further coils which are necessary for operation of a 

spinning rotor gauge are shown in the perspective view of the complete gauge 
head in Figure 2. Four drive coils with horizontal axes in connection with a 

two-phase generator drive the ball up to the operation frequency of about 
410 Hz. After spin-up, the frequency of the freely rotating ball is picked 

up by two coils next to the rotor. An a.c. voltage is generated in these 

coils due to the horizontal component of the rotor magnetization. This ro­

tating component mainly results from the asphericity of the ball. In view of 
a useful pickup amplitude, high-grade production ball bearings are too 
spherical, even though desirable for lowest eddy current drag. Low eddy cur­

rents and distortions of the magnetic field symmetry by the vacuum encap­
sulation is achieved by making this from an amagnetic steel (1.3952) tubing 
providing high electric resistivity and low permeability. 

Vertical line-up (±0.5 deg) of the stator package is required for the rotor 

to be matched with the field symmetry axis. 

Figure 2. Spinning rotor vacuum gauge (SRG) head 
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Performance 

The attributes of the ultra-low friction magnetic bearing structure with re­

spect to resolution of low drag effects is visualized by Figure 3. The rotor 

frequency was monitored at a background gas pressure below 10-9 mbar over a 

period of three days. 

(Nm).....-------------------, (cps) 
x 10-14 

412 
5 ROTOR FREOUENCY - 411.4 
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. ' 

". 
", : ....................... 

LAB. TEMPERATURE 
............. : ........ . 

...................................... . .......•.. 
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(OC) 

25 
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Z 
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Figure 3. Frequency decay of SRG rotor and equivalent drag torque in corre­
lation with laboratory temperature 

The absolute frequency decay during this time was 1.2 cps. With a mean spin 

frequency of 410.8 cps this gives a decay ratio of 1.5x10-8 sec-I, or a de­

cay time constant of about two years. 

With the gas friction eliminated, the decay is due to the eddy current drag. 

The mean value of the drag torque as obtained from the frequency decay is 
about 2 x 10-14 Nm and the resolution is of the order 10-15 Nm. In terms of 

gas pressures this resolution is of the order ±lxlO-8 mbar. 
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The obvious fluctuations of the drag torque, which amount to about 1/3 of 

the overall drag are correlated with the drift of the laboratory tempera­
ture. The fluctuations are caused by the change of the rotor size with tem­

perature and corresponding changes of the rotor inertia. Due to conservation 
of the angular momentum of the freely spinning rotor fluctuations of the ro­
tational speed come into appearance. The example was chosen in order to dem­
onstrate that no longer the bearing friction of the SRG suspension, but 

other effects determine the limit of torque resolution [6]. 

The temperature effect underlines the importance of a zero-power stabiliza­

tion, which became feasible with the permanent magnet bearing concept. 

A natural limitation of the residual drag torque acting on the ball is given 

by the Corriolis effect [7]. This is caused by the tendency of the ball to 

keep its spin axis fixed in space, while the support field turns with the 

earth. For central European latitudes the resulting drag torque is of the 
order 10-15 Nm. Thus, the drag actually observed in a commercial SRG is not 

far from the Corriolis limit. 
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Abstract 

Wed esc rib e a v a c u um c en t r i f u g e w h i c h con sis t s 0 f a 1 0 n g v e r t i -
cal rotor that is at its upper end electromagnetically sus­
pended inside a vacuum tank. The design is arranged such that 
it fulfills the requirement for a thoroughly clean vacuum re­
cipient. Experiments are discussed which illustrate the appli­
cation of the centrifuge to liquid phase epitaxy of silicon 
multilayers. 

Introduction 

Pre par a t i on for the pro d u c t ion 0 f h i g h qua 1 i t yep it a x i a 1 s em i -

conductor layers requires conditions of extreme purity. Impuri­

ties and foreign atoms, even when present in minute traces, can 

impede the uniform growth of new crystalline material on the 

substrate and thereby impair the required structural perfection 

of the multilayers. In addition, impurities may alter the elec­

trical and optical properties of the epitaxial layers. 

Liquid phase epitaxy (LPE) requires crystal growth systems that 

provide for brief dwell times for the liquid applied to the 

substrates. Transporting the solution by centrifugal force in a 

rotating crucible is, therefore, advantageous. Short dwell 

times of the solutions ensure growth of the desired thin 

crystalline layers on the substrates. In growth systems 

equipped with conventional bearings for rotary motions, how­

ever, the quality and uniformity of the opto-electronic mate­

rial properties and the reproducibility of the growth- results 

suffer severely if contaminated by lubricants, or because of 

wear and abrasion. 
Magnetic bearings provide a unique opportunity for avoiding 



60 

such difficulties [1,2J. The vacuum centrifuge described in the 

following text uses magnetic bearings and meets all require­

ments of liquid phase epitaxy. The description will be followed 

by a brief outline giving basic principles of LPE and explain­

i ng the features of operation of the rotating crucible within 

the centrifuge. Finally, a few examples of high quality silicon 

multilayers grown in the centrifugal system will serve to de­

monstrate the advantages which the centrifugal technique uti­

lizing magnetic bearings possesses. 

Fi g.1. LPE centrifuge 
with contactless elec­
tromagnetic suspension 
of the rotor, schemati c 
longitudinal section 
after [1-4]. The bear­
ing and sensor plane 
positions a,b,c and d 
are measured from the 
centre of gravity at 
x(c=O). The planes are 
perpendicular to the 
z -a xis ( see a 1 s 0 

Table 1). 

V a c u um e pit a x y c en t r i f ug e 

r ----
a 

L_ ---fEf:5P--

Rotor 

Radial sensors"d" 

Rod ial beari ngs .. b" 

Induction motor 

Radial bearings"a" 

Axial bear ing 

Rad ial sensors"c" 

Axial sensors 
Vacuum tank 

Quartz tube 

Laboratory furnace 

Crucible 
Disc valve 

Loading chamber 

Manipulator 

Figure 1 shows a schematical longitudinal section of the epi­

taxy centrifuge. The epitaxy crucible is mounted at the lower 
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end of a vertical rotor. The rotor's upper end constitutes a 

part of a contactless electromagnetic suspension arrangement 

inside a thin-walled vacuum tank l2J. The bearing magnets and 

the rotor drive are outside the tank. The upper part of the 

tank surrounds the rotor and consists of a stainless steel 

tube. A flange connects the stainless steel tube with a quartz 

recipient. The lower end of the rotor and the crucible are 

surrounded by a quartz recipient. The crucible is heated froJil 

outside the quartz tube by a laboratory furnace. To reduce 

contamination of the system, the crucible is loaded and un­

loa d edt h r 0 ugh a loa din g c ham be r • Th e loa din g c ham be r i s 

flushed with pure hydrogen and is equipped with a magnetic 

feedthrough and a manipulator. Since temperatures of about 

lOOO°C may be required in the crucible, the magnetic bedriny 

and the rotor drive are water-cooled. The cooling jacket pro­

v ides also for the mechanical rigidity of the system, Fi g. 2. 

Rotor and magnetic bearing 

Fig.2. Upper part of LPE 
growth system with centri­
fuge. Loading chamber and 
manipulator are reilloved. 
MaQnetic bearing surrounded 
by· cooling jacket 

Figure 1 illustrates the arrangement of bearings and sensors. 

Figure 3 shows the rotor of the vacuum centrifuge. The various 

physical system parameters are indicated in Table 1. The elec­

t romagnet which generates the bearing force is part of an 

automatic control loop. The radial gap between rotor and bear­

ing is 1.8 mm wide. More than half of the distance is filled by 
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Fig.3. Rotor with 
two beari ng ri ngs 
for the radial 
bearing (right), 
support disk for 
the axial bearing 
(center) and pay­
load crucible 
(left). 

the 1 m m t h i c k w all 0 f the v a c u urn tan k. A sac 0 n seq u e n c e, rot 0 r 

movements in the tank are restricted to 0.4 mm. In order to 

pre v e n t tan k dam age 0 win g to" 0 v e r loa d" 0 r sud den s top p age of 

the rotor, two graphite rings are fastened in the tank and 

serve as emergency bearings. The radial bearing has an 80 mm 

inner diameter and the comparatively large gap width mentioned 

above. The ratio of bearing force to control current is approx­

i mately 60 N/A. The gain factors are selected so as to achieve 

a maximum radial force of 60 N. The bearing's stiffness obvi­

ously depends on the dimensioning of the controller and is 

frequency-dependent. Bearing forces are fully effective up to 

a frequency of about 30 Hz. As shown in Fig. 4 they decrease 

wit h a fur the r inc rea s e 0 f the f r e que n c y. The s ys t e In m u s t b e 

sufficiently vibration-free l5j. 
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Fi g.4. Amplitude-frequency relation of radial rotor motion. 



63 

Ta b 1 e 1. Phtsica1 S,lstem Para meters for the Cent ri fu ge 

Rotor length L 1 m 
Ro tor mass m 9 kg 
Radial moment of Inertia Ix .616 kg 10 2 

Ax i a 1 moment of Inertia Iz .0092 kg m2 

Rotational speed f! 1000 rpm 
Fo rce-c urrent factor k· 66 N/ amp 
F 0 rce-d i spl acement factor k1 80 N/ mm 
Bearing and sensor positions (Fig.1): 

s 

Bearings II a" a 118 min 
Bearings II b II b 346 mm 
Se nsors lieu c 0 mm 
Se nsors II d II d 411 mm 

Oescription of the crucible and epitaxial growth of multilayers 

In LPE, single crystalline layers are deposited from saturated 

solutions on usually single crystalline substrates. The sol­

vents applied for this purpose consist of molten metals saturd­

ted with the substance which is to be deposited epitaxially. 

The saturated solutions are brought into contact with the sub­

strate, Fig. 5. Cooling of the system causes an epitaxial layer 

to grow on the substrate. When the solution is removed from the 

surface of the grown layer the epitaxial growth is terminated. 

2 

3 

substrate 

W.:~~·~;· ,~i") --~ 
epitaxial layer 

~.- --" , -
,.: -:-:. :v==== 

epitaxial layer 

~6I:itj"';;'h) --

Fi g.5. Li quid Phase 
Epitaxy (LPE). The 
three basic stages in 
layer growth proce­
du r e: 

1 solution and sub­
strate are brought 
into contact 

2 cooling of the 
system: growth of the 
epitaxial layer 

3 solution is removed 
from sub s t rat e • 

One of our graphite crucibles of simple design which allows for 

the basic processes which are illustrated in Fig. 5 is schema­

tically shown in Fig. 6. This crucible comprises four con­

t a i n e r s for sol uti 0 n s a sin d i cat e d b y the n um be rill II i n Fig s • 

6a and b. 
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On e way i n w h i c h the g row t h pro c e d u reo f the n p n - m u lt il aye rca n 

occur is the following lIJ: Two of the containers opposite to 

each other, as for example those close to A and C, are filled 

wit hAs - and Ga - d 0 P ed, sat u rat e d sol uti 0 n s, res p e c t i vel y. The n 

two substrate wafers are placed in positions A and C, and two 

undoped wafers serving resaturation of the solutions are placed 

at positions Band D. When the crucible starts to rotate, the 

solutions flow fro.m container position 1 to the growth posi­

t ions by which they cover the substrates 2, whereby filling the 

gap-l ike channels above the substrates A and C. In this parti­

cular example, the crucible then rotates with 230 rpm. --

Fig.6. Crucible of the LPE centrifuge (a) cross section, (b) 
longitudinal section. The crucible itself contains no moving 
parts. The solutions are transported by centrifugal force. (1) 
containers for solution, (2) substrates, (3), (4) and (5) solu­
tion-flow channels, (6) substrate holder blocks. 

If the temperature of the revolving crucible is reduced, growth 

of epitaxial layers on the substrates A and C results. Increds­

i ng the rotational frequency of the crucible causes the solu­

tions to be withdrawn from the substrates. Growth is then ter­

minated and the solutions move upwards through the flow-chan­

nels 3 into the storage-channels 4. The solutions remain there 

as long as the crucible rotates at higher speed, e.g. in this 

example 600 rpm. When the rotational frequency is reduced 

again, the solutions fall through the channels 5 (Fig. 6a) into 

the inner containers close to Band D. If the frequency of the 

boa tis the r e u p 0 non c e m 0 rei ncr e as e d u p to 230 rpm, the 

solutions creep into the gaps above the wafers Band D. These 

wafers being undoped, the solutions become, with an increase of 
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the temperature of the crucible resaturated at the expense of 

t he wafers Band D. Du ring further increases, decreases and 

again increases of the rotational frequency of the boat, the 

solutions move on to substrates C and A. There, during times of 

temperature reduction, the next epitaxial layers grow. This 

g row t h c Y c I e for p n- and n p- s t r u c t u res can b ere pea ted man y 

times during one run. Both the operation of the epitaxy centri­

fuge and the epitaxial growth process are computer controlled. 

After charging the crucible the automated epitaxy apparatus 

produces single- or multilayers according to a chosen program. 

It needs no supervision. 

Exam~of grown mul til ayers 

The repetitive and clean operation of the epitaxy centrifuye 

serves to grow high quality multilayers, such as pnpn-struc­

tures [4,5j or other sequences of layers. Fig. 7 shows a sili­

con p n p n- m u It i I aye r g row n fro m two d i ff ere n t sat u rat e d sol u­

t ion s 0 f s iIi con i n In d i um, d 0 p e d wit h G a and As, res p e c t i vel y • 

The scanning electron micrograph of a photo-etched cleavage 

face of this sample shows that the thickness of the individual 

I ayers can be precisely controlled because of the automation of 

the system. An example which shows the defect-free growth of 

multilayers with even much thinner individual layers, as ob­

s e r v e d wit h the h e I p 0 f t ran sm iss ion e I e c t ron m i c r 0 s cop y, i s 

given in Fig. S,and the sequence of As- and Ga-doped layers is 

clearly visible. No crystalline defects have been formed during 

10~ 

Fi g.7. Si licon pnpn-multilayer 
grown in centrifuge. Photoetched 
cleavage f ace ,S E M- m i c r 0 g rap h • 
p-laver l018cm -3 Ga, n-layer 
1 0 1 ffc m- 3 As [7 ] . 

Fig.S. Transmission elec­
tron micrograph of pnpn­
multilayer. Cross-section 
specimen, g diffraction 
vector. The multilayer is 
free of defects. 
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growth. This result is mainly due to the cleanliness which has 

to be observed during the whole growth process. It has to be 

noted that in the two cases illustrated in Figs. 7 and 8 the 

interfaces are remarkably planar which is a prerequisite for 

the technological application of multilayers. 

Other examples of epitaxial growth, in particular the growth of 

multilayers on structured substrates, and of selective epita­

xial growth yielding silicon on insulators, are given in the 

1 i t era t u r ell ,4 - 6 J • 

Co n c 1 us ion s 

The vacuum centrifuge equipped with magnetic bearings has been 

successfully used in many experiments for the growth of semi­

conductor multilayers by liquid phase epitaxy. The operation of 

the automated system has proven to be reliable, economical and 

productive of multilayers having highest crystalline and elec­

tronic quality. 
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Abstract 

Early uses of scanning tunneling microscopes indicate that 
many areas of science could greatly benefit' if centimeter scale 
objects could be probed on an atomic scale. This could be 
accomplished by the development of a linear slide having one 
Angstrom resolution and a one-tenth meter range of travel. 
Magnetic suspension technology has been proposed as an ideal 
candidate for the suspension of the linear slide. This 
technology is attractive since it combines low noise, excellent 
positioning accuracy, zero wear, and requires no lubrication. 
The paper examines the feasibility of developing a magnetic 
suspension with a required resolution exceeding one Angstrom 
and establishes the requirements for this suspension. The 
achievable resolution is shown to be determined by position 
measurement accuracy, suspension gain, suspension bandwidth, 
and disturbance force levels. Expected disturbance force 
levels from ground motion, air currents, and acoustic effects 
are projected. Given the expected disturbance force levels, 
measurement accuracy, and required controller performance, a 
magnetic suspension could be developed which would provide 
resolution better than the one Ang.strom required. 

Introduction 

Several Angstrom resolution devices currently exist. 

Scanning electron microscopes (STMs) are flexural linkage 

structures with Angstrom resolution and range of motion only on 

the order of one micron [1]. Because of its small range of 

motion, an STM can be made small enough to make it virtually 

immune to thermal and vibration problems that would plague a 

machine with centimeter range of motion. Researchers at the 

National Physical Laboratories (NPL) in England have built a 

linear stage with 1 A smoothness of motion over a range of 
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centimeters. The stage uses Rulon™ pads as bearings that are 

arranged kinematically on a Vee way [2]. However, questions 

regarding long-term stability of the plastic bearings and 

controllability in the presence of sliding friction remain 

unanswered. Current designs of other precision machines such 

as wafer steppers and diamond turning machines [3] are 

principally performance limited by mechanical contact between 

moving parts, misalignment between actuators and bearings, 

bearing stability, and attainable temperature control [4,5,6]. 

To help overcome these problems, coarse-fine positioning 

systems, have evolved as shown in Figure 1. Although they can 

be effective, they are mechanically cumbersome and are 

intrinsically difficult to control. The design envisioned for 

the ARMM would address these issues by way of its kinematic 

magnetic bearing design. 

Vokl;l coil aClu .. lor fur 
Y a.x.i s finG lUolion COl1lrol 

Flexures for 
fine X ami Y 
axis mOlion 

FiJI"; ulutiun 
1h.: :uJI';.1 :suppurl 
hames 

Smfacc on which 
workpiece is mounlcd 

Pi ezoele c lric AclUalor 
(on~ of Ihn::e for h(; i ~hl, 

roll . ;wd pilch error 
correcdon) 

X axis (ine modon 

Macro siage platten driven 
by 30 aCIU;.Ior such as a 
ba ll screw 

Fig.1. Example of a Coarse-Fine positioning system used to 
correct for slide errors caused by errors in slide geometry and 
forces caused by a misaligned actuator 
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The design of the ARMM evol ved into the crossed axis 

design shown in Figures 2-4. A two-axis version only requires 

fabrication and installation of a "mirror image" of the first 

axis. The resultant two-axis machine would have a spherical or 

cubic shape to maximize structural efficiency with respect to 

stiffness and thermal stability. The axis' moving structural 

members would be mirror finished and be used as reflectors for 

the laser interferometers that provide position feedback 

signals to magnetic bearings (The axis would be designed so 

servo forces from the bearings and the weight of the part 

caused less than 0.1 A deformation.). The magnetic bearing 

actuators would be configured kinematically: five magnetic 

bearing actuators positioned to control five degrees of 

freedom. 

Plane minor or (l illerenhal plane 
mlllO r lruerl eromeler 

Fig.2. cutaway side view of Atomic Resolution Measuring Machine 
(ARMM) 

MIT/SatCon Magnetically Suspended Linear Slide 

Current designs of precision machines such as wafer 

steppers and diamond turning machines are generally performance 

limited by mechanical contact between moving parts, 

misalignment between actuators and bearings, stability of air 
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1)lanc mirror 01 dllrerentl31 plane mirror In terfe rome ler 

PW20 . Inchworm deviCe 

n'ackel 

magnet 

Fig. 3. cutaway right end view of Atomic Resolution Measuring 
Machine (ARMM) 

Plane mirrm or ditrerential plane mirror inte,felOmeler 

1 G,avlty Optically finished surface 

Fig. 4. cutaway left end view of Atomic Resolution Measuring 
Machine (ARMM) 
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bearings, and/or attainable temperature control. To help 

overcome some of these problems, coarse-fine positioning 

systems have evolved such as shown in Figure 1. Although 

effective, they are mechanically complex when compared to a 

magnetic bearing supported slide. 

In order to maximize performance and minimize cost of 

magnetic bearing supported linear slides, kinematic design 

principals must be adhered to. with respect to spacing of 

components, in one extreme, the farther apart bearings are 

placed, the less chance of the system "walking". However, the 

farther apart the bearings are, the larger the structure needs 

to be in order to span the bearings, and thus the lower the 
system natural frequency. 

Hence spacing and size of members should be kept in 

proportion: following the rule of the Golden Rectangle seems 
to provide for dynamically stable and structurally stiff 

systems. The Golden Rectangle was discovered by the Greeks and 

is seen in their ancient architecture quite frequently. A 

Golden Rectangle is a rectangle of dimensions a x b, whose 

proportion is such that when a square of size a x a is cut from 

the rectangle, the ratio of the sides of the remaining 
rectangle is the same as the ratio of the sides of the original 
rectangle. This ratio is (1 + (5)0.5)/2. 

If a kinematic design is used, then a closed form solution 
for the effect of motion induced by one of the actuators on the 
motion of any point of the sample can be formulated. 

Similarly, if the position and orientation of a region of the 

slide is measured, the inverse kinematic solution allows for 

the precise quasi-independent servoing of each of the magnetic 

bearing actuators. 

Even if direct measurement of the position and orientation 
of a region on the slide is made, precise position measurements 

of each bearing's distance from the surface of the slide must 
be made in order to maximize performance. This is due to the 
fact that a magnetic bearing's performance is sensitive to the 
speed of its controlling servo-loops and the accuracy of the 

gap measurement. If the inverse kinematic solution were used 
in lieu of a direct sensor measurement, the speed of the servo-
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loop may be five to ten times slower. 

The baseline slide as currently envisioned would have 
envelope dimensions of 12 inches by 6 inches by 2 inches. This 

baseline slide would have a weight in Earth's gravity of ten 

pounds. In this paper the baseline slide will be used as a 

conceptual model to examine the resolution capabilities of a 

magnetic suspension system. The analysis assumes that the 

slide dynamics are beyond the bandwidth of the magnetic bearing 

and will not be a factor in the suspension's performance. 

A baseline magnetic suspension block diagram is shown in 

Figure 5. The principle of operation of a magnetic suspension 
system is quite simple: the position of the suspended slide is 

measured and the control system regulates the current to an 

electromagnet by a gain the slide at the desired location. A 

simple control system might be characterized by a gain 

(stiffness) which relates errors in position to applied 

magnetic force and a bandwidth which indicates the frequency 

range over which the magnetic force may be applied. In 

addition to gain and bandwidth, the control system would 

require electronic compensation for stable operation. However, 

discussion of this is beyond the scope of this paper and has no 
impact on the conclusions. Magnetic suspensions generally have 

unstable plant characteristics which lead to a minimum required 
system bandwidth for stability of about 10 Hz for many 
suspensions. Maximum achievable bandwidths could range from 
100 Hz for a simple attractive system to 40 KHz or higher for 

systems implemented with ferrite or voice coil actuators. As 
with all position control servos, accuracy is determined by 

position measurement accuracy, controller gain, controller 

bandwidth, and disturbance forces acting on the suspended 

slide. 

Suspension Performance 

At low frequencies suspension performance is determined 

almost completely by the ability of the controller to cancel 
disturbances. The primary control system parameter effecting 
disturbance cancellation is the controller gain which 
determines suspension stiffness. The higher the suspension 
stiffness, the greater the ability to reject force 
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disturbances. At high frequencies, however, all the 

disturbance force is absorbed by the slide inertia. The 

required bandwidth is the frequency at which the inertia of the 

slide alone could keep the slide motion below the required 

resolution. At frequencies below the required bandwidth, 

position measurement errors translate directly into resolution 

errors in the slide. At frequencies above the required 

bandwidth, resolution is independent of position measurement 

errors. Figures 6 and 7 show the achievable resolution at 

various disturbance force levels as a function of suspension 

stiffness and bandwidth, respectively. The disturbance force 

represented is modeled as a broad band disturbance over the 

entire frequency range of interest. For the simple control 

system considered, the bandwidth and stiffness requirements are 

related by bandwidth = (stiffness/mass)1/2 x 2Pi. 

position Measurement 

There are four principal sensor systems that need to be 

designed for the ARMM: 

(1) Environmental. Temperature, pressure, and humidity 

all need to be monitored to enable the environment to be 
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Fig.7. Achievable suspension resolution vs. suspension 
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controlled to ensure accuracy of the machine. It is 

anticipated that temperature control good to 0.01-0.001 °C/cm 

will be required for the ARMM. In order to achieve such high 

resolution and accuracy, a Mach-Zehnder interferometer will 

probably be used. 
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(2) Large range of motion, high resolution. For example, 

the axial position of the platen has to be measured with a 

resolution on the order of 1.0-0.lA over a range of motion on 

the order of 50 mm. Differential plane mirror interferometers 
will probably be used for this application. Existing 
technology allows for resolution to ~/512 (about 10 Angstroms). 

(3) Small range of motion, ultra-high resolution. For 

example, the lateral position of the platen, the magnetic 

bearing gap, needs to be measured with a resolution of 0.1-

O.OlA over a range of motion on the order of 11'm. A Fabry­

Perot interferometer with the capability to resolve to A/lOG 

could even be used for this type of application where one of 

the reference optics is moving orthogonal to the distance being 

measured. 

(4) 

tunneling 

Existing 

Measuring location of atoms. For example, scanning 

probes need to be adapted for use on the ARMM. 

technology developed for the STM could be used; 
however, a single probe would take many thousands of years to 

map a 50 mm diameter specimen. Thus multiple probe techniques 

would be needed. 

Capacitance probes or laser interferometers can be used to 
make ultra precision measurements of the bearing gap. 
Regardless of the system used, however, a through the bearing 
measurement method must be used. This maintains accuracy of 
the kinematic model and provides for checking measurement 
closure should direct measurement of the position and 

orientation of a region of the slide also be made. 

If a laser interferometer system is used as shown in 

Figure 8, then the slide itself must be polished to optical 

quality. The cost of a laser interferometric measurement 
system is on the order of $10,000 per measurement axis. It is 

envisioned that in the near future the resolution of 

differential plane mirror interferometers will exceed the one 

Angstrom level. Thus a single magnetic bearing supported slide 

would require $50,000 worth of laser interferometers. 
For substantially less cost, on the order of $2,500 per 

axis, capacitance probes, also shown in Figure 8, can be used 
for through the bearing sensor. They have the advantage of not 
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requiring the surface of the slide to be optically polished. 

The finite area of their measuring tips creates an averaging 

effect which reduces the effect of surface finish errors on the 

gap measurement. However, long-term drift problems may render 

the probes inadequate for continuous operation of the system 

over a period of days. 

All measurement systems, as well as the machine i tsel f , 

are very sensitive to thermal effects. Thus control of the 

overall temperature and of temperature gradients is extremely 

important. A detailed discussion of temperature control 

methods is beyond the scope of this paper, but some general 

comments on the effects of magnetic bearings on the overall 

system thermal budget are in order: 

(1) Magnetic bearings with copper windings do dissipate 

heat; however, power dissipated can be minimized with a proper 

balance of permanent magnets to support 98% of the weight of 

the slide. Copper windings would then be used to provide 

servoing capability. 

(2) Resistance heaters can be used to make the bearings 

constant power devices, thereby minimizing the effect of 
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transients on the system. The system could then be more easily 

operated at its thermal equilibrium. 

(3) The availability of "warm" superconductors could 

dramatically change the way magnetic bearings are designed and 

used, and is thus a research area that required serious 

attention. 

Disturbance Forces 

The principle disturbance forces acting on the slide in a 

laboratory environment are due to air current, acoustic 

disturbances, and ground plane motion. The forces were modeled 

to have a broad frequency content over the range of interest. 

Figures 9 and 10 show the disturbance forces for impinging air 

flow and acoustic disturbances, respectively. Figure 11 shows 

the disturbance forces as a function of base motion for various 

suspension gaps. A comparison of Figures 9 through 11 shows 

that base motion is the largest single contributor to slide 

disturbance force. If necessary, the sensitivity to base 

motion could be reduced by one order of magnitude by 

incorporating magnetic flux feedback in the control loop and by 

two orders of magnitude by employing voice coil actuators. 
Even without these changes the total disturbance force level 

\UOCIfY (fIlSH) 

Fig.9. Slide disturbance force 
as a function of impinging 
air flow 
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Fig.10. Slide disturbance 
force vs. acoustic noise 
level 
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could be kept below 5 x 10-3 pounds. This is based on the MIT 

experience with expected base motions, air velocity, and 

acoustic effects in a well-controlled laboratory environment. 

Conclusions 

The factors that determine achievable resolution for a 

magnetically suspended slide are position measurement accuracy, 

controller bandwidth, controller gain, and disturbance forces. 

Laser interferometers are expected to be available in the near 

future with resolutions exceeding one Angstrom and adequate 

accuracy for a one Angstrom resolution slide suspension. At 

the expected disturbance force level of 5 x 10-3 pounds, the 

suspension would be required to have a bandwidth of 1,000 Hz 

and a stiffness of 1,000,000 pounds per inch to maintain a 

slide resolution of one Angstrom. These suspension 

characteristics are achievable with state-of-the-art magnetic 

and electronic components. Based on these considerations, the 

authors believe that a magnetically suspended slide having a 

resolution better than one Angstrom could be developed using 

state-of-the-art and near-state-of-the-art technology. 
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Applications of Magnetic Bearings in Robotics 

TOSHIRO HIGUCHI 

Institute of Industrial Science 
University of Tokyo, Japan 

Abstract 

Magnetic bearings have the ability to support objects without 
mechanical contact. In addition they have the functions 
of controlling the stiffness and damping of levitation and 
controlling the position and attitude of the supported object 
wi th an accuracy of a micro meter or submicrons. By taking 
advantages of these characteristics of magnetic bearings, 
robots are expected to improve their abilities, to expand 
the field of activity in clean rooms and in vacuums, and 
to have good tools for the tasks which need precise manipu­
lation. In this paper the following researches and attempts 
which are related to applications of magnetic bearings in 
robotics are introduced. These are: development of clean room 
robot of which joints are composed of magnetic bearings, 
development of super clean actuators which have the function 
of magnetic bearings and stepping motors in one construction, 
and development of magnetically supported intelligent hand 
as an end effector of robots to do precise assembling. 

Clean Room Robot 

Cleanliness of production environment is said to greatly affect 

the reliability and yield rate of semi-conductor circuits. 

Since the integration of semi-conductor circuit is increasing 

and the width of the circuit pattern reaching the order of 

sub-micron, prevention of dust and oil vapor generation in 

clean rooms is becoming an even greater necessity. Human 

operators being the greatest source of contaminant, it is 

desirable to replace them by robots and automated machines. 

However, when even greater degree of cleanliness of environment 

is needed, dust and oil generation from the machines can not 

be overlooked. So, the robots to be used in super clean rooms 

should not contaminate the air. 
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There are two ways to avoid the dust generation from robots. 

The first and conventional one is applying sealing technique 

to separate the inside of a robot where dusts and oil vapor 

are generated from motors, gears, ball screws, and guides etc. 

from the outside of the robot where cleanliness is required. 

Most of the commercialized clean room robots are made based 

on the method and also keep the inside pressure of robots lower 

than the pressure of clean room to prevent escape of dusts. 

The second and ideal one is to develop inherently clean robots 

by using magnetic bearings and magnetic levitation to eliminate 

mechanical contacts which are the worst source of dusts. 

The clean room robot installing magnetic bearings in its joints 

is more expansive than the conventional sealed robots. But, 

the increasing demand for perfection of cleanliness will choose 

the robot with magnetic bearings. And since the robots without 

mechanical contacts need no lubricant, they are also suitable 

for applications in a vacuum and in space. 

In order to make the clean room robot, it is also necessary 

to use clean actuators, which will be described later. Under 

gravitation, it is not easy to support all links of multi­

link robot by installing a magnetic bearing to each joint. 

Therefore, as the first step, we [1) designed and constructed 

the parallel link robot of which upper two joints are composed 

of magnetic bearings as shown in Fig.1. 

The construction of the robot manipulator is shown in Fig. 2. 

Links 1 and 2 are driven by DC motors at joints 1 and 2 respec­

ti vely. Joint 3, 4, and 5 are passive joints wi thout driving 

mechanism. Magnetic bearings are applied to joints 4 and 

5. Joints 1, 2, and 3 are composed of usual ball bearings. 

As the air flow of clean rooms is made downward, joints 4 

and 5 are the most important joints to be clean. Link 4 is 

completely levitated by the two magnetic bearings. 

Links and 3 have equal length of 300 mm. The length of 

link 2 and the distance between joint 4 and joint 5 are 170 mm. 



Fig. 1. Prototype of clean room 
robot with magnetic bearings. 
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Fig. 2. Construction of the 
prototype of parallel link 
clean room robot. 

bearing axial electromagnets 

radial electromagnets 

Fig. 3. Structure of the magnetic bearings of the joint. 
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The structure of the magnetic bearings of jOints 4 and 5 is 

shown in Fig. 3. It is composed of two radial bearing units 

and one axial bearing unit. And the axial one is located 

between the radial ones. The rotors of the magnetic bearings 

of joint 4 and joint 5 are installed into the link 4 as shown 

in Fig. 4. The air gaps of the electromagnets are 0.7 mm 

and the rotor can move ±O. 5 mm in radial direction and ±O. 7 

in the axial direction. Mass of a stator is 6 kg, that of 

a rotor is 1.3 kg, and the total mass of the link 4 is approxi­

mately 5 kg. 

The gap sensors are eddy current type with resolution of O.5pm. 

All of the five degrees of freedom of each magnetic bearing are 

controlled actively by means of 32 bit micro computer. 

So far the levitation of the link 4 has been succeeded. The 

clean room robots using magnetic bearings are expected to 

have the advantages and functions beside the cleanliness as 

follows, so studies are continuing to investigate the functions 

by using the developed prototype. 

1) Being free from troublesome problems of frictional forces. 

2) Function of micro manipulation of work piece by active 

rotor position control of the magnetic bearings. 

3 ) Function of controlling exerting forces and stiffnesses at 

the handling point (tip of link 4) • 

4 ) Function of sensing of forces acting on the robot. 

5 ) Function of active vibration control of robot arm. 

Fig. 4. Photo of the link 4 with magnetic bearing stators. 
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Development of Super Clean Actuators 

In order to complete the clean room robots clean actuators are 

indispensable for driving and positioning. For robots and 

automated machines in clean rooms, vacuums, and space, we [2] 

developed new actuators which have the functions of magnetic 

bearings and the functions of stepping motors in one construc­

tion. The rotor of the motor is suspended exactly like usual 

a magnetic bearing and can rotate completely like a stepping 

motor. In this paper, the structure and the design of the 

actua tors are presented with introduction of some prototypes. 

Explanation of the idea and basic construction of the actuator 

will be done in the case of a linear motor. A conventional 

linear PM (Permanent Magnet) stepping motor is shown in Fig.5a. 

Propulsive force is gained by superposition of the magnetic 

flux generated by the currents of coils onto the magnetic 

flux generated by the permanent magnets. A strong attractive 

force, approximately ten times of the maximum propulsive force, 

acts between the mover and stator. Ball bearings, which are 

the source of dusts and oil vapor, are used to maintain a 

constant gap. Fig. 5b shows a concept of an active magnetic 

suspension. The current of the electromagnet is controlled 

according to the output of gap sensor to keep the gap. Fig.5c 

shows the basic element of the super clean actuators. Its 

structure is quite similar to that of PM stepping motor except 

that the permanent magnets are replaced by electromagnets 

(main coils). By controlling the current of main coils based 

on gap sensor signal, mover is expected to levitate with a 

constant gap in spite of the toothed pole structure inherent 

to stepping motors. The developed super clean actuator may 

be regard as an amalgam of stepping motor and magnetic bearing. 

The schema and structure of the element of the actuators are 

shown in Fig.6. Six coils are wound to the laminated core. 

A pair of lager coils (main coils) connected in series produce 

main magnetic flux. Coils Al and A2 are connected in series 

and when one coil produces a magnetic flux in the same direc-
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tion as the main flux, the other produces a magnetic flux 

against the main flux. The same applies for coils B1 and 

B2. The core has four toothed poles. Let one pitch of the 

teeth be expressed as 2pi radian, then the phase relation 

of the toothed poles are presented as T2-T1 = pi rad., T3-

T1= -~ pi rad., and T4-T1= ~ pi rad. The equivalent circuit 

of the magnetic circuit of the element is shown in Fig. 7. 

Attractive force and propulsive force of the motor element 

can be calculated as the derivatives of the magnetic co-energy 

by H (gap direction) and X (traveling direction) respectively. 

The calculated value of the attractive force is shown in Fig.B. 

Due to the toothed pole structure, the attractive force acting 

on each toothed pole fluctuates severely as the line indicated 

by F1 along the direction of X. However, summation of the 

forces of four poles is rather constant and insensitive to 

change of position X. This comes from the phase relationship 

of the toothed poles. It was found from calculation that 

the fluctuation of the total attractive force takes minimum 

value when ratio of tooth width to pitch lies between 0.45 and 

0.5. From the numerical analyses and experimental results 

related to the attractive force [21, it is confirmed that 

active control of magnetic suspension can be realized only by 

controlling current of the main coil independently of traveling 

position X. 

Driving of the motor can be done in exactly the same manner as 

2 phase PM stepping motor by using coil A (A 1 +A2) and coil 

B (B1+82). The driving method commonly called mini-step drive 

or micro-step drive, where the currents are provided like 

sinusoidal forms, is preferable to this actuator. Rapid change 

of the currents of coil A and coil B may disturb the calm 

suspension. And micro-step drive is also desirable for precise 

positioning and smooth movement. 

Since the element shown in Fig. 6 has no function of attitude 

control in itself, totally contactless suspension of a rigid 

body requires several elements or co-use of electromagnets. 
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By this time we have made and tested more than 6 types of 

super clean actuators based on the idea. Two of them are 

linear motion type and the others are rotary type. Here 

two typical examples will be explained. 

The first prototype of super clean rotary motor is shown in 

Fig. 9. It consists of three stator blocks and a rotor shown 

in Fig. 10. The two outer side blocks are stepping motor 

uni ts whose stator core is shown in Fig. 11. Each unit is 

composed of four basic elements shown in Fig. 6. The unit 

has the same function of radial bearing unit of common totally 

active magnetic bearing in addition to the function of stepping 

motor. And it has two capacitance type gap sensors for active 

magnetic suspension. The block at the center is used for 

passive thrust position control by means of circular grooves. 

Since it has also the function of a radial bearing uni t, one 

of the outer side blocks is able to leave out. But experiments 

were done mainly by using the outer units as radial bearings. 

When preset gap was 0.25 mm, gap fluctuation has been confirmed 

to be no greater than 4 pm p-p at an angular velocity of 0 to 

40 pi rad/sec (velocity of rotor surface is 0 to 5 m/sec). 

Stiffness of suspension in the gap direction was 6 N/pm. 

Its maximum torque was about 1.0 Nm. And angular positioning 

accuracy was almost the same as usual stepping motors. 

The other example is shown in Fig. 

NSK for presentation in robot show. 

magnetically like the first example. 

12. It was developed by 

The rotor is suspended 

But the construction is 

outer rotor type. On the upper part of inner surface of the 

rotor cylinder teeth are made so as to control the rotary 

motion. And on the lower part of both the inner and outer 

surfaces of the rotor cylinder circular grooves are machined 

in order to control the height position (axial motion) of 

the arm. Four eddy current type gap sensors are used. Rotary 

motion and up and down motion of the rotor are controlled by 

means of the function of stepping motor. The other freedoms 

are controlled actively like magnetic bearings. 
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On the top of the rotor an arm is attached. Though it has only 

two degrees of freedom of large motion control, it can do 

simple tasks in clean rooms and vacuums. 

simplest clean room robot by itself. 

So it may be the 

Since the super clean actuators are completely friction free, 

they have the possibility to be the ideal actuators for DD 

(Direct Drive) robots where frictions of bearings are obstacle 

to precise motion control. 

Fig. 11. Stator core. 

Fig. 12. Super clean actuator with both rotary and thrust 
motions in one body. 
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Magnetically Supported Intelligent Hand 

Magnetically supported intelligent hand is a new end effector 

for robots to do precise assembling by using magnetic bearings. 

In the assembling process, usually it is very difficult to 

align a part to another part. So it is necessary to correct 

the attitude and position of the part. The developed hand 

can achieve very precise assembling tasks by correcting the 

the alignment errors automatically by means of both passive 

method and active method. For the passive method, the magnetic 

bearing supports one of the mates with appropriate compliances 

like RCC. And for the active correction, the magnetic bearing 

manipulates the part according to information of forces acting 

between the mates. The force can also detected by the currents 

of coils and air gaps of the magnetic bearing without using 

addi tional force sensors. In this paper conception of the 

hand will be described, and its structure, control system, 

functions, and the experimental system will be explained. 

Insertion operation is a basic task of assembling and it is 

a kind of geometric problem. If a couple of mating parts 

could be aligned perfectly, insertion operation would always be 

done successfully. In actual cases, however, cost and techni­

cal limitations make the initial perfect alignment impractical. 

Successful insertion requires that the initial misalignment 

shown in Fig. 13 should be automatically corrected during the 

insertion process. 

Many methods to correct the initial misalignment have been 

suggested. They can be classified into two methods: A) passive 

method using elasticity which absorbs the alignment errors 

passively, B) active method using sensory feedback to correct 

the errors actively. The Remote Center Compliance (RCC) is 

one of the devices estimated most highly for insertion opera­

tion due to its simplicity and performance. It is a mechanical 

elastic device of the passive method developed by Whitney 

and Nevins [3] [4]. Many similar mechanical elastic devices 

have been developed. 
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We [5] have developed the magnetically supported intelligent 

hand (MSIH) which has the function corresponding to that of 

RCC. Further, it has the advanced RCC function and the other 

useful functions explained later. It has the unique structure 

shown in Fig. 14 incorporating a magnetic bearing. It is 

composed of a hand shaft, two radial magnetic bearing units 

and one axial magnetic bearing unit. The hand shaft which 

hold a work piece with its gripper is supported by the magnetic 

bearing. Five gap sensors are installed and five degrees 

of freedom of motions of the shaft are controlled actively. 

In most cases of the passive insertion method, a part is sup­

ported compliantly and it is tilted and translated by the 

mating forces and moments during the insertion process to 

correct misalignment between parts to mate. If certain symmetry 

conditions are satisfied, then support system can be represent­

ed mathematically by a compliance center and compliances at 

and around the compliance center. In the RCC theory, it is 

suggested that the optimum location of the compliance center is 

a point close to the tip of the supported part and it is con­

cluded that the RCC has the ability to reduce mating forces 

and the chance of jamming by the function shown in Fig. 15. 

The MSIH can posses a function corresponding to that of the 

RCC. In addition to that, it can easily and intentionally 

move the compliance center and change the support stiffness 

by altering the control parameters of the magnetic bearing. 

Whereas the mechanical RCC devices have a fixed compliance 

center and stiffnesses, the MSIH has the flexibility to be 

adapted to many kinds of parts. 

The MSIH can realize more effective passive insertion by cont­

rolling the compliance during an insertion operation. And 

it is posible to support a work piece stiffly during trans­

portation by the robot, whose arm is connected to the MSIH, 

to insertion spot, but flexibly during insertion in order 

to save the settling time of vibration of the hand shaft caused 

by the rapid robot motion. 
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The MSIH can not give large movements to the work piece, since 

the air gaps of the magnetic bearing limit the movable range. 

It can, however, translate and tilt the work piece with a 

resolving power almost equal to that of gap sensors. The 

prototype of MSIH has positioning accuracy of pm. This 

high resolution enables MSIH to do active correction of small 

errors during insertion. The active insertion method is 

expected to do such difficult tasks as insertion with very 

close clearance, mating of parts with large diameters, mating 

of fragile parts, and press fit insertion. 

In order to realize the active insertion, it is necessary 

to acquire information of misalignment and forces during the 

process. Position and attitude of the work piece are calcu­

la ted from the outputs of the gap sensors. The forces and 

moments acting between parts to mate can be calculated by 

solving the static force balance equations where magnetic 

forces of the electromagnets are calculated from the coil 

currents and the air gaps. Therefore MSIH has the ability to 

infer the direction and degree of the initial error and to 

estimate the situation during the insertion process. 

The experimental setup is shown in Fig. 16. It is composed 

of the MSIH and the xyz-posi tioning system and the control 

sytem. The cross section of the MSIH is shown in Fig. 17. 

The average gap of the radial bearing A is 2 mm, that of radial 

bearing B is 1.1 mm, and that of the axial bearing is 1.6 mm. 

The mass of the hand shaft is 1.4 kg. On the end of the hand 

shaft a peg is attached directly for experimental study of 

insertion. 

The xy-table positions a mating part with a hole with resolving 

power of 1 pm. It is used to set various initial errors between 

the parts (the peg and the hole). The z positioning device 

moves the MSIH in the z direction to execute the insertion. 

The control system was designed to utilize digital control as 

much as possible. It is composed of a Digital Signal Processor 

(DSP) circuit, a personal computer, A/D converter circuits, 

D/A converter circuits, coil current controller, and xyz-posi-



Fig. 17. Cross section 
of MSIH. 
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Fig. 16. Experimental setup. 
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tion controller. All five degrees of freedom of the magnetic 

bearing is controlled by DSP. Sampling period of DSP for 

suspension is 60 ~sec. Schematic of the control system is shown 

in Fig. 18. The feedback matrices K and P which determine 

the compliance matrices and the damping matrices of the suspen­

sion is given from the personal computer. Detail of the control 

system is described in the paper (5). 

The hand shaft can be supported magnetically with the accuracy 

of about ±2 ~m by digital control. By using the RCC function 

of the MSIH, we have succeeded in automated insertion with 

the experimental system under any following conditions: the 

diameter of the peg is 19.995 mm, the diameters of the holes 

are 20.003 mm, 20.013 mm, 20.024 mm, and 20.052 mm, the lateral 

initial errors are 0.2 mm, 0.35 mm, 0.4 mm, and 0.5 mm. 

MAGNETIC BEARING SYSTEM r----------------­
I~-----------------------------------------, 
I 

:L-~--~~~----------~----~~~--~--_r~ 
I 
I 
I 

ELECTROMAGNET 

LOW PASS FILTER 
xl0 

D/A CONVERTER 
xl0 

DSP pPD77230 

PERSONAL COMPUTER PC9801VX 

CONTROLLER 

Fig. 18. Control system of MSIH. 
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Conclusion 

The ability and the performance of robots should be progressed 

by using magnetic bearings for their jOints and their end 

effectors. The examples presented in 

the beginning of the applications of 

magnetic levitation. Further studies 

this paper are only 

magnetic bearings and 

and developments are 

demanded to increase the supportable load, stiffness, and 

accuracy of positioning of magnetic bearings and to decrease 

the weight and size of magnetic bearings. 
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Lift Force Analysis in a Controlled­
PM LMS Maglev Carrier 

K. Yoshida, E. Zen and H. Inoguchi, S. Sonoda, T. Nakao 
Kyushu University, Japan Yaskawa Electric MFG. Co. Ltd., Japan 

Abstract 
The lift force in the controlled permanent-magnet (PM) linear synchronous 
motor (LSM) Maglev carrier is theoretically evaluated by using the analytical 
formulas previously proposed by one of the authors and numerical finite-element 
method (FEM). The proposed theory and the FEM analysis are verified from 
comparing the calculated results with measured values in the experimental 
carrier designed on a basis of our analytical formulas. 

Controlled-PM LSM Maglev carrier 
A long-stator type of LSM with controlled-PM excitation has the integrated 

functions of LSM propulsion and attractive-mode levitation. Modern PMs with 

high energy products, such as SmCo or NdFeB material, are applied for basic 

Controlled- PM 

Fig. 1 Configuration of a controlled-PM LSM Maglev carrier 
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excitation. This machine can be used as contactless actuators or carrier for 

factory automation (FA) and office automation (OA). 

Figure I shows configuration of a controlled-SmC05PM LSM Maglev carrier which 

has a 2-pole controlled-PM at each of the corners. The experimental carrier 

is studied here theoretically as well as experimentally. 

A 2-pole LSM with controlled-PM excitation shown in Fig. 2 is theoretically 
treated using an analytical method and numerical FEM in the following. 

z 

Fig. 2 Cross-section of 2-pole LSM with controlled-PM excitation 

Ana]LtJc<D....AE.eroach 
The translator in Fig. 3 is made of an array of PMs with alternating poarity 
fixed on a magnet yoke and the control coils wound directly around them. The 
field analysis of the machine is carried out analytically using a simple PM 
model [1], which is available for SmCo and NdFeB magnets. The PM modelling 
is based on the conception of an equivalent non-magnetic layer region which 
has an impressed volume-current density equivalent to the coercive force and 

geometries of PM. An impressed volume-current density of the control coils is 
superposed to that of the PMs in the non-magnetic layer model. The boundary­
value field problem is solved analytically using the transfer-matrix method 
[2]. The formulas for thrust and lift forces are simultaneously derived in the 
analytical form [3]. 



z 

y 

z 

L-----________________ ~--------------------~--x' 

a 

H(x') 

b 

Fig. 3 (a) Cross-section of the LSM with many controlled-PMs 
mounted directly on magnet yoke 

(b) Distribution of the resultant MMF per unit length 
along the PM height 
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The lift force consists of three components. The first one is an attractive 
force of the controlled-PMs attracting magnetically the stator laminated iron. 
This is the main levitation force and is given as follws : 

where 

R. 
K (0)- 16 b 1 . 2 M 
ZMne - 2 lloP t'2 Sl.n k-2 

~ n n 

III I kn I 

, 2 hM 2 hM 
Sl.nh kn T cosh kn ( T + hMyn) 

sinh2 k (0 + h + h' + h' ) 
n e M Myn Syn 

-- + tanh knh i 
\10 \10 kn 

tanh knhl ~ i~ My. Sy 
III III I kn I 

1 oj. tanh knh l 
110 kn 

(2) 

(3) 
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o = k 0 e c k = Carter's coefficient c 
(4) 

When Eqs.(l) - (4) are applied to the calculation of lift force in the 2-po1e 

machine in Fig.2, attention is paied to the difference between Figs. 2 and 3. 

The longitudinal end effect due to leakage flux and the effect of iron salien­

cy between PM and magnet yoke can not be taken into account in the analytical 

model in Fig. 3. 

Numerical Analysis via FEM 

Numerical analysis method is suitable for mathematical model of some complex 

geometry as shown in Fig. 2. FEM is used, via which the non-linearity of 
magnet and stator yokes are taken into considerations. 
When PM is magnetized constantly along the PM height with a magnitude of co­

ercive force Hc ' the equivalent volume-current density is given by [4J 

(5) 

where ~(lc,Za) and a(lc + l M,Za) are 0 function. 
This Eq.(5) means that PM can be replaced by equivalent current sheet on the 
side surface of the PI~. Ampere-turns HchM and - HchM are equally distributed 
at the nodes of each side surface of the P11. 
Current-carrying control coils are treated similarly by distributing equally 
ampere-turns N2I2 or - N2I2 at the nodes in each cross-section of the control 
coil s. 

Numerical Calculations and Experiments 
The flux pattern, and the space distribution of the x-and z-components of 

airgap flux density and attractive force are calculated using FEr4 and are 
shown in Fig. 4. It is found,especia11y from symmetricity of attractive force 
per pole with respect to each pole axis, that the end effects are almost 
negligible. In case of carrier with very small airgap length, airgap flux is 
concentrated strongly within the magnet length, due to very high coercive 
force of SmCo5 magnet. 

Figures 5 and 6 show a comparison between calculated results from Eqs.(l)­
(4) and via FEM and measured values, regarding the stator without slots. 
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The measured values are obtained by adding the four values measured independ­

ently for each controlled-PM of carrier. Figures 7 and 8 show a comparison 
between the calculated results and measured values, regarding the stator with 

slots. The measured values are obtained when the experimental carrier is levi­

tated stationary by the controller. In Fig. 7 the control current 12 is con­
trolled to be almost zero, by regulating sensitively the airgap length of the 

four controlled-PM. The net weight of the carrier is about 26kg, which corre­

sponds to the airqap length of about 3.5mm as shown in Fig. 7. 

The theoretical values are somewhat larger than the experimental ones. But 

they generally show a good agreement. Though FEM treats more exact model, it 

has tendency to overestimate the lift force. Analytical method explains more 

precisely the experimental results. The analytical formulas propsed are veri­

fied experimentally and theoretically to be effective in the design of 2-pole 

controlled-PM LSM with iron saliency, which is used for Maglev carrier. 
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Experimental Investigation of an 
Eddy-Current Bearing 

JORGEN L. NIKOLAJSEN 

Texas A&M University 
Mechanical Engineering Department 
College Station, Texas 

Summary 
An AC-electromagnetic bearing based on eddy-current repulsion has been 
built and tested. The bearing was found to be inherently stable and able 
to provide support in five degrees of freedom, i.e. a short rotor WRS 
fully supported by a single bearing without any feedback control. 
However, with the current design configuration, the load carrying 
capacity and the stiffness and damping are lower than for the conventional 
DC-electromagnetic bearing and the power consumption is higher. 
Experimental confirmation of the inherent bearing stability and the 
support capabilities was reported in an earlier paper. The current paper 
reports on the experimental investigation of two additional capabilities, 
namely motoring and emergency shutdown without catcher bearings. In 
addition, quantitative experimental results are presented by which the 
goodness of each of the bearing capabilities can be judged. Based on 
these results, design modifications are proposed for improving the 
bearing capabilities. 

Introduction 

The magnetic bearing described in this paper is based on the so-called 

Electromagnetic River suspension for high speed vehicles which was 

proposed and demonstrated by Eastham & Laithwaite [1] in 1974. The 

Magnetic River was turned into a journal bearing by bending it into a 

circular 

designed 

in the 

shape (see Figure 1). The resulting Eddy-Current Bearing vas 

and built on the basis of the Magnetic River behavior reported 

literature (see, for example, references quoted in \2] and \3]). 

No analytical work has yet been conducted. The objective was to 

the basic desirahle determine whether the bearing would inhed t 

characteristics of the Magnetic River such as inherent stability, SIiPPO' t 

capability in five degrees of freedom, motoring capability, and emergency 

shutdown capability. This paper reports on the experimental ftnclinRs to 

date. Preliminary resul ts were repor ted in 14]. Add it j ollill hilCkR,oolllHi 

can be found in [5]. Work on other types of AC-electromilgnetic heRrings 

has been reported in [6] through [9]. 
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A U~l NUl1 SLEEVE 

ROTOR 

76,2 

48.3 

50.8 LENGTHS IN mm 

Figure 1 The Eddy-Current Bearing (Cross Section) 

Figure 2 The Eddy-Current Bearing (Prototype) 
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The Experimental Apparatus 

113 

Four U-shaped electromagnets are spaced 90 0 apart in a star formation to 

form a 10.16 cm diameter bearing as shown in Figures 1 and 2. The magnets 

are mounted in a non-magnetic stainless steel housing. The magnet cores 

are made of grain-oriented 0.356 mm laminations with a saturation flux 

density of about 2 Tesla. The coils have 58 turns each. They are wound 

with two parallel flat copper wires with a total cross section of 

approximately 6.35 mm x 4.32 mm. The inductance of two coils mounted on 

one core was measured to be about 3.2 mHo 

Each of the four 

Power is supplied 

magnets has an electric circuit 

from a 115V 60 Hz single phase 

as shown in Figure 3. 

outlet. The power is 

adjusted 

used to 

current 

enough 

the variable transformer. The variable capaci tor is by means of 

adjust the 

will circulate 

power factor (or tune the ci rcui t) such that a large 

current is 

between the capacitor and the coil while only 
2 drawn from the supply to cover the I R loss in the 

coils and in the rotor. The variable capacitor consists of a bank of 

oil-filled capacitors in parallel. Each capacitor bank hai 13 IOO~F 

capacitors and 13 150~F capacitors connected such that the capacitance 

can be varied in steps of 100~F from zero to 32S0~F. Fine tuning of the 

power factor is therefore not possible but the reactive power can he 

reduced sufficiently to permit experimentation with the available 

equipment. It was generally found that II to 13 capacitors needed to be 

switched in to minimize the supply current. 

Five rotors made of construction aluminum were available for levitation. 

Three of these were 15.2 cm long with an inner diameter of 7.62 cm and 

outer diameters of 9.50 cm, 9.73 cm, and 9.91 cm respectively. They were 

used to study the effect of bearing clearance. A 15.2 cm long solid iron 
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cylinder with 7.62 cm diameter was made to fit snugly inside the aluminum 

sleeves to provide extra weight. Two additional aluminum sleeves with 

lengths 12.7 cm and 17.8 cm were used to study the effect of sleeve 

length. A pure copper sleeve with length 15.2 cm and inner and outer 

diameters of 7.37 cm and 9.50 cm was also made to study the effect of 

improved conductivity. The masses of the three 15.2 em aluminum sleeves 

were 1.038 kg, 1.176 kg, and 1.288 kg. The iron core mass was 4.883 kg 

and the copper sleeve mass was 3.859 kg. 

Results 

Levitation and Stability 

All three 15.2 cm aluminum sleeves were successfully levitated as shown in 

Figure 2, confirming the inherent stability of the bearing and the five 

degree-of-freedom support capability. Contrary to expectations, slightly 

larger currents in all four magnets were required to achieve stable 

levitation of the large diameter sleeve than for the medium and small 

diameter sleeves (75A 182V) versus 60A [65V) in the bottom magnet). The 

larger current was not required to lift the sleeve but to provide 

sufficient support stiffness to prevent excitation of radial vibrations 

of the sleeve by the 60 Hz magnetic flux pulsations. Such elCcitation 

otherwise led to rattling of the sleeve against the pole faces. 

Vith the iron cylinder inserted in the aluminum sleeves, there was 

insufficient power available to energize all four magnets for full 

levitation. Vith the bottom magnet excited only, the 6 kg sleeve/core 

combination could be lifted free of the bottom with 130A (128V) and 140A 

(l33V] for the large and medium diameter sleeves respectively while the 

small diameter sleeve was unable to fully lift off at 160A [142V] which 

was the maximum power available. For comparison, 40A (44V) to the bottom 

magnet was required to Ii ft each of the three sleeves wi thou t the i mn 

core. Thus, a maximum lift capacity of 59N has been demonstrated so far. 

Although the copper sleeve geometry is almost identical to the small 

diameter aluminum sleeve, it suffered axial instability and tried to exit 

the bearing when lifted. The long (17.8 em) aluminum sleeve behaved 

similarly suggesting that the copper sleeve might be stabilized by 

reducing its length. The length of the copper sleeve was reduced to 13.8 

em which made it stable in the axial direction. However, pitching 
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oscillations would very slowly build up and eventually the sleeve would 

start colliding with the pole faces. It is not known whether this was a 

true self excited instability or a subharmonic response to the 60 Hz 

nonlinear magnetic flux pulsations. In any case, it confirms that the 

inherent damping is very low. 

Although the 

instabili ty, 

long (17.8 cm) aluminum sleeve suffered from axial 

it had a significantly better radial support capability than 

the 15.2 cm sleeves. On the contrary, the short (12.7 cm) aluminum sleeve 

capability than the 15.2 cm sleeves but 

capability. This suggests, as expected, that 

had less radial support 

considerably bet ter thrust 

it will be difficult to optimize the bearing with respect to all its 

capabili ties simultaneously. 

The magnetic support stiffnesses, with the three 15.2 cm aluminum sleeves 

levitated, were estimated by impacting the sleeves and counting vibration 

periods with a stopwatch. The average radial, axial and angular 

s t i ffnesses were found to be in the neighborhood of' 80 N/m, 60 N/m, and 

0.3 Nm/rad. The damping was again found to be very low, as evidenced by 

the long time taken for the vibrations to die out. These preliminary 

results showed, as expected, that the axial stiffness increased as the 

bearing clearance decreased. However, contrary to expectations, both the 

radial and the angular stiffnesses were found to increase with increasing 

clearance. 

Motoring 

The motoring capability was confirmed. With single phase curren't supply, 

the three 15.2 cm aluminum sleeves were levitated and would rotate in the 

bearing when the magnet currents were adjusted to position the sleeve 

eccen trically wi thin the bearing clearance. They would stop ro ta t illp; wlH'1I 

brought back to the concentric position and would rotate in the opposite 

direction when brought to a diametrically opposite eccentric position. 

The larger the eccentricity, the higher the speed. The maximum speed 

recorded with single phase current was about 50 rpm. With 3-phase 

current, the rotational speed could be increased to about 750 rpm with 

the sleeves supported mechanically. It was not possible to fully 

levitate the sleeves with 3-phase current, apparently because the torque 

at zero speed would rotate the sleeves before metal contact could be 

broken, thus initiating a backward whirl instability. 
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Emergency Shutdown 

It was predicted [5J that the rotor could be decelerated safely after a 

power failure by switching to battery operated DC-power. The operating 

principle would change to so-called electrodynamic levitation with the 

eddy-currents generated in the rotor by the high speed motion of the rotor 

surface past a 'row' of DC-magnets. Both levitation and braking forces 

would be generated. This is the principle used in levitation of high 

speed trains by superconducting magnets [10). 

It has not yet 

levitation with 

long aluminum 

been possible to fully demonstrate the electrodynamic 

the available equipment. The 9.50 cm diameter, 15.2 cm 

sleeve was mounted on a 350 VA electric hand drill, 

inserted in the bearing, and accelerated to 1190 rpm. The top and side 

magnets were disconnected and the bottom magnet was connected to a large 

DC-power supply. A strong braking torque was developed as the DC-power 

was increased. At 8V, 250A, the braking torque almost stopped the drill 

but no appreciable lift force was detected. Apparently, the surface speed 

of the sleeve (6 m/s) was too low (11). 

Efficiency 

After less than five minutes of operation, the aluminum sleeves got too 

hot to be hand held whereas the magnets remained cool with only a modest 

temperature increase to be felt. Sleeve temperatures over 110"C were 

measured with corresponding magnet temperatures of about 35"C. The copper 

sleeve ran slightly cooler than the aluminum sleeves, attesti'ng to its 

greater conductivity. An increase in supply current to one circuit would 

result in a similar current in the other circuits, indicating strong 

mutual inductance between the magnet coils. 

Power Frequency 

Finally, the effect of power supply frequency was studied using a 60 liz 

magnet and a 400 Hz magnet. The 60 Hz magnet was identical to the bearing 

magnets except that the pole faces were flat. The 400 Hz magnet had 

identical geometry but was made of 0.1 mm laminations, and the number of 

turns was 15 per coil to achieve the same magnetic flux density as with 

the 60 Hz magnet but using a 150V, 400 Hz power supply. According to the 
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analysis of (8), a frequency increase should result in a significant 

improvement of the lift capacity. This did not occur. The main effect 

was that thinner aluminum plates could be lifted with 400 Hz power supply, 

presumably because the eddy-current penetration depth decreases with 

increasing frequency. 

Conclusions 

The experiments have confirmed that the EddY-Current Bearing retains the 

basic advantages and disadvantages of the Magnetic River suspension: 

1. A single eddy-current bearing is sufficient to fully support a short 

rotor in all five degrees of freedom simultaneously. 

2. The bearing provides inherently stable rotor support. No feedback 

control is needed. 

3. The bearing will act as a motor and as a support simultaneously. 

4. The lift capacity and the stiffness and damping achieved so far are 

well below those achieved by DC-electromagnetic bearings. 

5. The efficiency of the bearing is low due to a high I2R loss in the 

rotor. This is considered to be the most serious problem which must 

be overcome before the bearing finds practical application. The 

current thinking is to move the design closer to a conventional 

induction motor to gain motoring efficiency. The bearing could then 

be used in space-based applications such as flywheel energy storage 

systems where it could support the flywheel and also act as the 

motor/generator. 
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ABSTRACT 

In this paper, the production mechanism of self-excited vibra­
tion of a magnetic bearing-rotor system is explained theoreti­
cally, and the related operating stability is investigated. A 
clan of the stable boundary curve derived theoretically is 
basically in agreement with the experiments. Those provide a 
foundation to choose the parameters of a rotor system, such as 
the parameters of rotor, damper and magnetic bearing. In this 
paper, a prototype device could be run up to a high 
speed(30,OOOr.p.m.) stably and repeatedly.This device possesses 
a rotor which weighs 10 kilogram and is suspended with a con­
trolled magnetic bearing. 

I. INTRODUCTION 

The rotor controlled ~ith a 
produced self-excited vibration 
stability and ~hich comes from 

magnetic bearing is easily 
which interrupts the operating 
the states of the controlling 

circuit and the hysteresis of the material, when it turns 
with a high speed. Therefore, the technical problem of how to 
eliminate self-excited vibration must be solved. Early in 1946, 
J.W.Beams[l] had possessed a specific device to avoid 
self-excited vibration in a ultra-centrifuge, and then other 
scientists also studied the similar devices. G.Schweitzer[2] 
studied anoth~r kind of magnetic bearing, possessing radial 
rigidity and damping. 

The device described in this paper was developed early b~ 

fore, and its construction is very simple, but its mechanical 
performance was satisfied. A simple description of this 
device is shown in Fig.l. The rotor is suspended by an 
attraction of iron. core which is immersed into damping oil and 
is hung at the axis of the hole coil through a steel string. 
Then we could have the fairly good result to avoid 
self-excited vibration if we change the parameters of the 
diameter of steel string and viscosity of the damping oil. The 
philosophy of choosing all these parameters will be given 
theoretically later. 

II. THE MECHANICAL-MODAL OF MAGNETIC BEARING-ROTOR SYSTEM 

When the theoretical analysis is undertaking, a suitable 
mechanical-model should be built by simplify of the mechanical 
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device. The basic hypothesis will be given as follows. 
(l)Both rotor and iron core are regarded as 

neglecting their moments of inertia. 
(2)ln equilibrium state, the mass centre 

electromagnetic iron core, the mass centre of the 
point down side are all in a same vertical line. 

(3)Only the horizontal movements of the rotor 
core are considered, when rotor is turning around. 

particles, 

of the 
measured 

and iron 

(4)Being not in its equilibrium place, the rotor will be 
acted by a restored force which is proportional to the relative 
displacement between the rotor and the iron core. 

(5)The damping force acting on the rotor is viscous 
when rotor moves in the oil. The symbol applied in this 
paper is given in the following: 

m ---The mass of the electromagnetic iron core (kg). 
t 

m ---The mass of the rotor (kg). 
2 

f ---The restored force of the rotor (N). 
o 

k ---Equivalent stiffness of steel string (N/m). 
t 

k ---Equivalent stiffness of magnetic force (N/m). 
o 

d ---External damping coefficient from the viscosity 
i 

of the oil (N/s.m). 

I.vibration meter 
controlling box(circuit) 
speed meter 

2.controlling coil 
3.iron core 
4.steel string 
5.damping oil 
6.rotor 
7.vacuum casing 
a.motor 
Fig.1. Experimental rig 

I 
I ~$)I 

o 

Fig.2. Coordinate system 
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d ---Internal damping coefficient of the magnetic 
o 

damping (N/s.m). 
w ---Angular speed of the rotor (rad/s). 

o 
·m---The.dimensionless mass (m=m 1m ). 

f. 0 

d---The dimensionless damping (d=d Id ). 
t 0 

k---The dimensionless stiffness (k=k Ik ). 
i \) 

III. EQUATION OF NOTION 

As shown in Fig.2. a coordinate system XOY is 
fixedly on the foundation, "x ,y " represents the 

f. 1 

of the mass centre of the electromagnetic iron 

represents the ones of the rotor. By these, 
equation of motion of the iron core and rotor: 

m z + d z + k z - f = 0 
i1 1111 " 

m Z + f = 0 
2 2 0 

Where z ,Z are the following complex expression: 
1 2 

Z = X + iy = ( eiwo t 
1 1 1 t 

. r iw t 
Z = x + lY = .. e 0 

2 2 2 2 

From that we conclude . 
(k iw ( e 

iw t 
Z = + 0 

k o k 

(k 
. 

iw 
iw t 

= Z - Z e 0 
k 0 k k=1.2 

established 
coordinates 

core "x y" 
1 2 I. 2 

we obtain 

(1) 

(2 ) 

(3 ) 

Assuming the rotor and the iron core move corresponded, 
then obtain: 

iw t 
f = [k (( - (1 ) + d 0((2 - ( )] e 0 

0 o 2 1 

= k ( Z -Z ) +d (z - Z ) - i~, d ( z -Z 
0 2 t o 2 1 0 0 2 

Expression(I) becomes: Considering Eq.(2 , 4), 
m z +(k + k )z -k Z 
1110102 

+(d + d )i - d i - iw d (z -
1010200 2 

m z + k z - k z + d z d z - iw d (z -z )=0 
2 2 2 2 0 1 0 2 o 1 002 1 

Introducing the symbols 
02 = k 1m 0 2 = k 1m 

1 1 1 0 \) t 

cn = d 1m en = d 1m 
1 1 tOO 1 

k 1m 
o 2 

cn = d 1m 
202 

1 
) 

z )=0 
1 

(4 ) 

(5 ) 

(6 ) 

Assuming that the damping is light, the quantity c is a small 
one, the Eqs.(5) are transformed as 

2 I' 2 0 2 • ) • . ( ) ) z + (n +d) z - z = e [n Z - (n + n Z + lW n z - Z 
1 1 01 02 02 1 01 001 2 

Z + 0 z2 - 0 z2 = e[n z - n z + iw n (z -z ») 
2 2 2 2 1 0 1 2 2 0 2 2 1 

and the related homogeneous form is 
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z + (02 + 02 ) z 
t tOt 

Z 
2 

+ 02 Z 02 Z = 
2 2 2 t 

= 0 

Assuming the solution of Eqs.(8) possesses a form 
iwt 

Zt = Ztk e 

iwt 
z2 = z2k e 

Substituting Eqs.(9) into Eqs.(8), then obtain 

(_w2 + 02 + Oz)z _ OZz = 0 
t 0 tk 0 zk 

z z z 
(-w + O)z - 0 Z 

2 2k 2 tk 
= 0 

(8 ) 

(9 ) 

(10) 

If the solution for Eqs.(9) is nontrivial, then an eigen-value 
equation must be satisfied 

_ w2 + 02 + 02 
t 0 

_ OZ 

Then eigen-values are 

-

-

02 
0 

0 = 
2 OZ w. + 

w2 = [(02 + 02 + 02 ) + l' (02 + 02 - 02 ) + 40202 ]/2 
k t 0 2 t 0 Z 0 2 '( 1 1 ) 

k=t.2 
Noticing Eqs.(6). these expression can be simplified 

(w /0 )2= [(1 + k + m) + ,I (1 + k - m)2 + 4m ]/(2m) 
k 2 

(12 ) 

Substituting Eq.(11) into first one of Eqs.(10). then obtain 

z = (z /z ) I = [(1 + it - m) 
k 2k tk "\ 

I _ _ 2 

± i (1 + k - m) + 4m ]/2 

(w /0 )2 = (1 + it - z lim 
k 2 k 

k=1.2 (13 ) 

Rewriting these eigen-solutions into matrix 

V=[;l ;J (14) 

Introducing a variable transform 

{:'} = V {:m'} 
2 rr.2 

and multiplying Eqs.(7) with VH ~hich is a conjugate transpose 
matrix of V. then obtain 

Z + (l Z = (z f (C) - f (C» / (z - Z ) 
m1 1 ml 2 1 2 2 1 

where f 
t 

Z 
11'02 

'C), 

+ w2 z = (z f 'C) - f {.!'»)f(z 
2 r ... 2 t 1 2 1 

- Z 
2 

f (Clrepresent the right of 
2 

Eqs. (5). 

equations are equations of motion in standard form. 

( 15) 

These 
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IV. BUILDING THE STABILITY CRITERION BY THE METHOD[3,4) OF 
PERTURBATION 

For quantity £ is small, we can use perturbation method to 
extract the stable boundary curve obtained in Eq.(15). 
Eq.(15) is a linear differential equation with constant 
coefficient, so its solution can be expressed as follows: 

co k CO k co k CO 

z = (E A kC )exp(iw +E6 c·) + (E B £ )exp(iw + E6 £k, 
m1 1. 1 1k 1k 2 2k 

° 1 ° 1 

co k(16) 
+ t"'6 oS ) Z 

m2 
010 

Substituting Eq.(16) into Eq.(15), then 
term co, we can obtain a solution shown 
taking the first order term £1, 

corresponding coefficients1 we obtain the 

1..1 2k 
1 

taking the zero order 
in Eqs.(11),(13). If 
and equalizing the 

quantities 6 I 

11 
(.> , 

21 

for simplification, the details of derivation are omitted. The 
6 , 6 are called modal damping which show the stability of 

11 21 
a 

system, The system are stable, if 611 <0, 6 21< O. lie put them in 

following expression 

wo /02 ~ [1 + d/(l -Zk)2]~ 1 + it -zk)/m (17) 

choosing the sign of equality in Eqs.(17), we obtain the stable 
boundary curves shown in Fig.3. The curve I is determined by 
k=l, corresponding the lower eigen-frequency, and the curve II 

is determined by k=2, cresponding the higher one. They are all 
expressed in non-dimensional forms. A clan of curve shown in 
Fig.3 indicates the influence on the stable area when the mass 
ratio; changes. The curves shown in Fig.4 expresses the 
influence of the damping ratio d to the stable area . 

• ee '--_ ....... __ .,-_ ....... _--1 
2.e 3.e 4.9 

12012 
Fig., Stable speed ~ increuse 

when iii dtcrea.ae. 

.ee I.e 
• BB L--....... --...---,-----i 

.Be I.e 2.8 S.B 4.e 
nl./l, 

Fig.4 Stable speed ~ increase 
when a increase. 



126 

4B. 

28. 

18 • 

• 88 '----r.L_-r---r---t • ee I-. ...... "'"r--"-r_--r---t 
.BB I.B .811 I.B 2.8 3.11 4 •• 

nl/nz 
Fig.5 Comparison between theo- Fig.6 The work state of proto-
retical curve and experimental type(point 0 ) 

pointa(o). 

~ BUILDING THE STABILITY CRITERION BY THE METHOD OF ENERGY 
EQUILIBRIUM 

In the paragraph IV, the perturbation method is used for 
searching the stable boundary curves. More accuracy results can 
be de~ived, if the higher orders of small quantity c" are put in 
the calculation. Of course, much more tedious calculation must 
be dealt with. However, another method of energy equilibrium is 
simpler for this purpose(2). We consider that in eigen-state 
k=l,2 the damping force from the oil is shown as 

Ftl: = d t z1 1: = iWl:d1Ztk' 1:=1,2 

When the rotor and the core vibrate, the force dissipates the 
energy in oil, the corresponding power is indicated by 

P = ZH F = d w2 z 2 (18) 
11: 11: ik 1 1: 11: 1:=1,2 

The internal damping force from hysteresis is shown as . . 
F = d (z - z ) -iw d (z -z ), 

2k 0 21: 1k 0 0 2k 11: 

and the force introduces the energy into the system from motor, 
the corresponding power is as 

• • H 
P = (z -z ) F = d w (w - w )(z -

21: 21: 11: 2k 0 k k 0 2k 
Z )2 

11.: 
If the system is stable, the dissipated energy by d 

1 

larger or equal the energy introduced by d , i.e. 
o 

P1k~ P2k ' k=1,2 

must 

Putting Eqs.(18),(19) into Eqs.(20), a criterion of energy 
stable boundary can be transformed as 

- - 2 
W /w ~ 1 + d/(l-z I 

o 1: k k=t,2 

Zl: = Z1/z2l: 1:=1.2 

Considering Eqs.(13 rewrite Eqs.(21) as 

(19 ) 

be 

(20) 

for 

(21 ) 
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w 10 ~ [1 +d/(1 -Zk)2]~ (1 + k -z ) 1m 
o 2 k k=1.,2 

which has a same form as Eqs.(17). Therefore, the same results 
can be obtained from both methods, perturbation method and 
energy method. 

VI. OPERATION EXPERIMENT 

With the axial position controlled by controlling box, an~ 

driven by the high frequency motor, the rotor is run inside 
the vacuum-protect casing. Using the vibration meter to check 
the radial amplitude and using the speed meter to cheek the 
rational speed of the rotor. 
The rotor is made from aluminum alloy CL4 with high strength, 
and the attraction top of which is made from high quality 
low-carbon steel, the iron core from pure iron. With the safety 
in mind, the experiment to verify the stable boundary curve is 
carried on the parameters of the low-speed states ( choosing 
a=5), the parameters of the experimental 
Tab.2.I. The eigen-frequency w of the 

1 

device is given 
electromagnetic 

in 
iron 

core is changed by changing the diameter of the 
The values of w with respect to the steel string 

1. 

steel 
with 

string. 
length 

100mm and varies diameters are given in Tab.l. Measuring five 
actual experimental points, on which the v~lues is fairly 
approximate to the theoretical ones (just a little larger, ref. 
Fig.5), it is sufficient to verify that the preceding 
theoretical analysis is accuracy enough. 
The actual prototypes requires to run in a high speed, namely a 
maximum rotational speed, 30,000r.p.m. is asked, (which is the 
limited speed of the material CL4 ¢240mm), i.e.,the maximum 
rational speed ratio w 10 is demanded to reach 35.7 nearly. To 

o 2 

reach such a high rotational speed, the achievements in the 
above theoretical analysis should be used to choose the 
suitable parameters of a rotor system, such as the parameters 
of rotor, damper and iron core. The iron corn is designed to be 
hollow (Fig.}) so as to decrease the mass ratio m and to 
increase the damping ratio a. The parameters of the prototype 
is given in Tab.2.II. 
The work states of the prototype is shown in Fig.6; 
was run up to a high speed of 30,000rpm stably and 

the rotor 
repeatedly, 

Tab.1. (2 and the correspongding diameter of steel string 
2 

T 
I 

Diameter(mm) 

(2 (rad/s) 
1 

D (rad/s) 
2 

1.5 1 
8.8 I 
0.6 

2.0 2.5 3.5 5.0 

11 .7 14.5 20.5 29.0 

0.8 1.0 1.5 2. I 
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Tab.2. The parameters of experimental rig 

Items Mass(kg) Material Dimension Freq. (rad/s I Note 

Rotor 10.0 CL4 ¢240x82 02=14.0 

I Iron core 5.0 pure iron ¢60x230 01(Tab.1) d=5.0 

¢50-25x220101=17.0 
-

II Iron core 2.5 pure iron d=20. 

nothing is found unusual, and the rotor which weighs 10 
kilogram is suspended by a controlled magnetic bearing. 

VII .CONCLUSION 

(1) A damping device must be used to eliminate the 
self-excited vibration when the magnetic bearing-rotor system 
turns with a much higher speed than the eigen-frequency which 
is about 15 Hz (900 r.p.m). 

From Fig.4, we know that if the external damping 
light, only when the ratio w /w is a bit larger 

o k 

d is very 
than l,the 

system do not produce self-excited vibration. Namely, the 
rotor is stable only when the speed is about 15Hz 
(i.e. 900 r.p.m.l,but up to a little higher speed,(for 
example,more than 900 r.p.m.),it will lost its stability. 

(2) It is convenient to expand the stable area that the 
mass ratio m of the rotor to the iron core is decreased 
(Fig.3). But to decrease the ratio m is limited by the 
magnetism saturation of the iron. 

(3) It is also very convenient to extend the stable area 
to increase the damping ratio d. We should try to increase 
the external damping d t • If ~ is large enough, the rotor can be 
run up to a high speed. 

(4) When the two eigen-frequencies of the rotol and the iron 
core 0 , 0 are matched each other, the best damping effect 

1 2 

could be obtained. 
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SUMMARY 

In this work we will apply a linear quadratic regulator for the 
controller of the magnetic levitation of a rigid body. A success full 
implementation with a diferentiator to estimate the velocit." is 
showed, using a linear and not noisy displacement sensor. Another 
implementation with a pragmatic control policy that worked well 
with a noisy and strongly nonlinear sensor is presented. 

1.9) INTRODUCTIOH 

Robustness is a well-known property of optimal linear 
quadratic control (LQR). Guaranteed phase and gain margins of 
respectively, 60 degrees and -6 dB to infinity is a measure of 
robustness with this control policy [1J, [2:1. For a system 

x=Ax+Bu, v=Cx 

in which we at tempt to minimize the functional 
+<10 

J= J (x'Ox + u'Ru )dt 
9 

(1.1> 

(1.2) 

with Q, R s."mmetric and respectivel.", semi-definite and positive 
definite matrices, the stead." state optimal solution doesn't depend 
on the initial condition Xo and it is of the state feedback form, 

u(t)=Fx(t), (1.3) 

where P is the unique solution of the Riccati equation [3:1. 
Furthermore, controllabilit." of (A,B) ensures stabilit." of the 
closed-loop s."stem x=<A+BF)x. 

In this work we will appl." a LQR for the controller of the 
magnetic levitation of a rigid body, (4:1, [5:1, for two cases. In the 
first one we will use a linear displacement sensor, and in the 
second one we will use a nois." and nonlinear sensor. 

2.0) PLANT IDEHTlFlCATlOH 

The state variable System representation will depend on the 
knowledge about the magnetic actuator, sensors, power amplifier 
and body weight. In this section, the plant identification and its 
linearization are described. 

2.1> Magnetic actuator 

The following law will be considered for the magnetic 
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actuator force, 

f=C(I/X)2 (2.D 
f: force. (H) 
I: coil current. (A) 
X, displacement (m) and 
C: magnetic actuator constant. 

The magnetic actuator constant C can be found through 
experimental methods. 1:6]. analytical methods (in some cases) or by 
finite element approach. We used an experimental method. in which 
the current I is obtained for a constant f. at each gap X. Thus. we 

obtained C=2.223E-5 Hm2 /A2. 

2.2> Displacement sensors 

We used an eddy current sensor and an inductive sensor. 
The first one presents a good linearity while the second one is 
highly nonlinear. In the test rig we got the calibration curves (fig. 
1>: 

,...-----------------, -e- Eddy current 

-- Inductive 

-2 

-.+---_r---,---~--_r--~ 
o 6 12 

Gop ([-4 rn) 

Fig. 1 - Sensors calibration curves 

Eddy current sensor: v=2625X-8.92. 

Inductive sensor: v=-3.32+1.33E4X-1.22E7X2 +3.87E9X3 

<2.2.1> 

(2.2.2> 

2.3) Power amplifier 

The power amplifier used 
frequency response. Then. we can 
Ka =8.42 A/U. 

is linear and has a very 
describe it as a constant 

2.4) St.at.e variable syst.em represent.at.ion 

The linearized force around levitation gap is: 

flat 
gain 



f= f([o,Xo) +df I (X-Xo) 
~ X=Xo, 

1=10 

+df 1(1-10) + 
dI X=Xo, 

1=10 
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(2.4) 

where Xo and 10 are respectively the levitation gap and levitation 
current. If we write x=X-Xo and i=I-lo, and use (2.1), we get: 

f>=CKk 2-Kxx+Kmi (2.4.1> 

where: Kx=2C[o2/x03; Km=2Clo/Xo2 ; Kk=lo/Xo. 

Thus, the differencial equation for the system linearized 
around levitation gap is Mx=Kxx-Kmi (M: mass of body). [n matricial 

representation <1.i): 

<2.4.2> 

We can change the mechanical state variables by the 
eletrical state variables: 

<2.4.3) 

with Kd= dv I and 
dX X=Xo 

Va: control voltage output. 

In this way, when evaluating the state feedback to get a 
LOR, we have to calculate the gains for displacement and velocity 
signals. 

3.0) CONTROLLER DESIGN: EDDY CURRENT SENSOR CASE 

Choosing Xo=8.3S mm for the levitation gap we obtained the 
following matrices for the system: 

[
B 

A-
S.684E+4 

[ 9] [1]' B= ,C = 
-2.0B7E+5 9 

(3.1> 

It is easy to demonstrate that the system above is 
control able and observable, [5J. 

We evaluated the LOR feedback matrices F for different 
choices of the ponderation matrices Q and R. Through computer 
simulation of the nonlinear system model, we found the best gains. 

Q= [ ~ R= r 1 J, F= r-1.32 -1.77E-2J_ <3.2) 

We got a good performance with this choice of F <Fig. 2, 
curve 1>. For that ponderation the levitation was fast and without 
overshoot. The simulation results were very close to those ones we 
got in the test rig, where we used a differentia tor to produce a 
velocity estimation. The implemented transfer function and its 
approximation for low frequencies were: 

G(s)= 1.32+ __ --=2 ..... 7:....9=..6=6::.E;:8,:s __ 

s2+U.3E3s+1.58EI9 

>= 1.32+1.77E-2s (3.3) 
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3.1> Set-point regulator (SPR) 

In order to obtain greater bearing stiffness around the 
levitation gap, we tried to increase the closed-loop gains using 
another F, but the levitation transient became worse due to growth 
of the overshoot (Fig. 2, curve 2). Overshoot appears because the 
magnetic actuator can't produce repulsive forces to brake the 
body. 

Gap/m I 
(.002 

I 
I 

I 
I 
I 

I 
I 0 0.1 Time/s 

Fig. 2 - levitation Transient, 6ap(m) X Time (s) 
D Fll=1.32; 2) FU=3.42 3) Fll=3.42 with SPR 

High closed-loop gains usually produce high currents with 
abrupt variation in the levitation transient. When magnetic material 
is submited to that flux variation, it becomes magnetized (magnetic 
remnant). This will produce greater overshoot in the test rig than 
that one obtained by computer simulation (where the magnetic 
remnant model is not available>. 

A solution found for this problem was to get slow levit.ation 
transients with high closed-loop gains. This was possible due to 
robustness of the lQR during transient levitation and b!;l a slowl!;l 
variable signal which was added to the set-point D.C. voltage for 
gap Xo. This corresponds to the following block diagram' 

SPR 

Set-point D.C. 
voltage 

Controller t----r 
Plant }-------l 

Fig. 3 - Set-point regulator (SPR> control block diagram 

The SPR has been used in order to keep the control error 
signal very small during all the levitation transient and 
consequently to produce small body acceleration and coil current, 
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even with high closed-loop gains (Fig. 2, curve 3). 

4.0) CONTROLLER DESIGN: INDUCTIVE SENSOR CASE 

In section 3 we presented a controller with a differentiator 
to produce a velocity estimation. This worked well because the Eddy 
current sensor is linear and not noisy. However, the same control 
policy presented a bad performance when using an inductive sensor. 
This is due to the noisy nature of that sensor. Furthermore. the 
inductive sensor is strongly nonlinear (Fig 1>. 

The controller for this case must be robust (specially due 
to the non-linearity of the sensor) and the closed-loop system 
must have good noise rejection properties. 

The first possible approach is the design of an 
observer-based compensator. considering the closed-loop robustness. 
Transfer function computations will be necessary to determine the 
noise and mechanical disturbance rejection. For final verification. 
the sensor non-linearity will be taken in account in computer 
simulation. 

Considering the differential equations of the system and a 
observer-cont.roller topology [7] with a full state observer. we 
have: 

[:] = [~GC A+6~: BF ] [:] + [:] v(t) + [:] q(t) + [_:] r(t), 

y= rC 8J [:]. (4.1> 

where r(t) is the sensor noise. v(t) is a known input and q(t) is an 
unknown mechanical disturbance. We can use the Similarity 
transformat.ion in order to compute the transfer functions: 

BF ] [ I 
A+GC+BF I ~ ] A+BF 6C]. 

o A+6C 
(4.2) 

From matrix Ac (4.2) the so called deterministic separation 

propert.y is clear. Indeed. the tringular-block form of (4.2) implies 
that the poles of Ac are the poles of (A+BF) and (A+GC). The 

controlability of (A.B) and the observability of (C.A) ensures 
arbitrary allocation of the poles of (A+GC) and (A+BF), respectively. 
For instance. we can use LQR algorithm to determine the optimal 
feedback F and use the dual system to determine a 6' so that 
(A'+C'6') has adequate poles. Unfortunately, this ensures stability 
but there is no guarantee of robustness with observer-based 
controllers [8:J, [9:J. In the new base defined by the similarity 
transformation (4.2) is very easy to compute all the transfer 
functions from v. q and r to x. Moreover, it's clear that the 

controler's transfer function is L(s)=-F(sl-(A+BF+GC»-lG, and the 

plant's transfer function is H(s>=C(sI-A)-lB. So it's not difficult to 
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determine the open-loop l(s)H(s) (so the gain and phase margins) 
and noise and disturbance rejection. Then, we can proceed in the 
design with several choices of F and G, comparing the results of 
each one. 

For our particular problem, we observed that the 
robustness and noise rejection of the closed-loop system led to 
relatively low gains of the controller. On the other hand we 
required that the controller must levitate the body from its start 
position. which is 1.15 mm distant from the levitation gap 8.35 mm. 
Due to the non-linearit.y of t.he sensor and actuator, the linearized 
open-loop gain around the start posit.ion is many times lower than 
that one around the levitation gap. In practice, the gain adjustment 
of the controller became almost. impossible. because it must be high 
enough to produce a current in the magnetiC actuat.or in order to 
levitate the body, but it has to be low enough because of the 
noise and stability restrictions. We solved this problem by adding an 
integrator to the system, and then proceeding with a LQR policy. 
The plant to be controlled <2.4.3) was a little bit different from 
the one in the section 3, and is given by: 

[ 
8 

Al= 
5.6E+4 

1 

o 
] , [ 8 ] Bl= , 

-1.3E+5 Cl=[ ~r (4.3) 

We added an integrator in the way that a new input was 
defined. The complete new plant will be: 

1 

o 
o 

B= [-1.3:+5 :]. 

e -1 

This corresponds to the following block diagram: 

ul H1<s) ] 1 
~ K } 

u2 

(4.4) 

y 

Fig. 4 - Integrator system block diagram - HHs)=Cl(sl-A1)-lB1 

We added an integrator and a gain K to the original system, 
defining a new input u2. The exact value of K was determined in a 
trial and error fashion. To this new system defined b.., (4.4) we 
evaluate the LQR feedback matrices with differents choices of Q, R 
and K in functional (1.2) and in the system (4.4). The main idea was 
to have a strong ponderation of the first input ul compared with 
the second input u2. This was done in order to have lower gains in 
the proportional and derivative parts of the controller, but great 
gain in the integral part. which will produce high D.C. gain. With the 
choices: 



the 

9 

9.135 

9 : l' 8.5 

optimal feedback matrix was found 

Fo= [ 
2.31 L69E-2 8.1B7 ]. 

-2.74 2.BBE-4 B.27 

The reader can verify that the 

135 

R= [2:8 8], (4.5) 

K=58. 

to be 

(4.6) 

matrix Fo with Fo22=8 

will produce the same closed-loop poles. The controller transfer 
function would be Us)=L69E-Zs-Z.31+3B.42/(s+B.Z7). 

The implemented transfer function was, 

where, 

l(s)=lo (s)+Li(s) 

Lo(s)= -2.0BEB<1.69E-Zs-Z.3l> 

s2+5.02E4s+2.BBEB 

and Li(s)= 38.42 

s+B.27 

<4.7> 

The Lo(s) produces an estimation of the proportional and 

derivative part of the control. Its poles were selected by trial and 
error, in order to have robustness and good dynamic response, 
dictated by the closed-loop poles. The Li(s) is the integral part of 

the controller. 
In order to check the closed-loop system behavior, several 

computer simulations were performed. We check the controller 
performance considering sensor and actuator non-linearities, 
mechanical disturbances and sensor noise. In this way the controller 
(4.7> was found to be a good choice. As an example of simulation, 
we show in the figure 5 a typical levitation curve with the 
set-point regulator. These results were very close to the 
experiment results . 

0.002 

Gap/m f\\ 

I.r----______ _ 

o 
Time/s 0.04 

Fig. 5 - Levitalion Transient, System with integrator 
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5.0) CONCLUSION 

In section 3 we showed that, in some cases, the 
differentia tor is a simple manner to produce a velocity estimation 
and an optimal control can be implemented with good closed-loop 
performace. In section 4, we showed that, in the case of a noisy 
and non-linear sensor, a simple design method was able to produce 
a robust controller. In this case an integrator was added and its 
pole was determined by an LQR algorithm. So we can call the 
controller of section 4 as an ·optimal PID control-. 

J..Ie showed the great influence in controller design of the 
displacement sensors. 
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Summary 

The design of an example set of magnetic bearings for a small high speed compressor is 
presented. The bearings were designed to replace the fluid film bearings of an existing 
compressor design. Reduction of parasitic power losses due to the bearings is projected to be 
from the current 2 kW down to approximately 200 W. 

Introduction 

Magnetic bearings are beginning to see application to a broad spectrum of industrial 

machinery. The motives for using magnetic bearings are as varied as the machines in which 

they are found. In large turbomachinery, these bearings have proved attractive because they 

can eliminate complex lubrication systems [1]. In the petrochemical industry, canned pumps 

can benefit from the longevity of magnetic bearings in harsh chemical environments [2]. 

Rotary anode X-ray tubes have taken advantage of the ability of these bearings to operate in a 

vacuum [3]. For the application discussed here, the primary motive for using magnetic bear­

ings is to reduce parasitic power losses in the bearings. 

The application of magnetic bearings to small, high speed rotating machinery accentuates 

constraints in the design of the magnetic components which may be considered of secondary 
importance in larger machinery. First, the magnetic components generally must fit into a 

very small space. This tends to discourage the use of designs requiring complex pole struc­

tures such as is the case with many of the hybrid electro-permanent magnet designs. Further, 

minimum coil volume dictates high coil current densities so that providing adequate cooling 

for the coils may be difficult. Second, the mass added to the shaft must be minimized in 

order to avoid adverse effects to the shaft dynamics. As a percentage of total rotor mass, the 

added journal mass for magnetic bearings will typically be higher in small equipment than in 

large. Finally, any rotating components should, if possible, be pemlanently mounted to the 

shaft so as to minimize the eccentricity (and resulting unbalance) associated with slip fits. 

This is especially significant in machinery intended to operate at very high speed. 

Partial funding for this work was provided by Sundstrand Corporation, the Army Research Office, and the 
Center for Innovative Technology of the Commonwealth of Virginia. 
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The purpose of this paper is to describe some of the factors which should be taken into 
account in the bearing analysis. No attempt is made here to investigate the detailed finite ele­
ment analysis which should ultimately conclude any design project of this sort. 

The example bearing design to be discussed here exemplifies this type of highly constrained 
problem. The machine for which the bearings were designed is a small, electrically driven 

compressor. It has an operating speed range of 30,000 to 70,000 RPM. The motor armature 
is integral with the compressor shaft and is centered between the two radial bearings whose 
span is 20 cm. The shaft mass is approximately 1.6 kg. Design of these bearings was some­
what complicated by the requirement that they be retrofit to an existing design, so that they 

had to fit within the physical envelope originally provided for fluid film bearings and the 
associated seals. 

The actual perfomlance specifications and design figures presented here are intended only to 
iIIustmte the considerations governing the design process. They do not precisely correspond 
to any bearing design actually being constructed either by the authors or their sponsors. 

Nomenclature 

Ag 
a 
Bsa' p 

~ 
E 

f 
G 
he 
Ib 

~ 
k 
ks 
110 
N 

pole face area 
temperature coefficient of wire electrical conductivity 
magnetic saturation flux density 
geometry factor: dG I ax 
ratio of total conductor volume to total coil vol ume 
characteristic coil radius 
bearing derating factor 
bearing force 
nominal air gap between bearing stator and rotor 
convection coefficient 
nominal, or bias coil current: time invariant 
coil perturbation current: varies with time 
coil current density 
coil bulk thermal conductivity 
spool thermal conductivity 
magnetic permeability of free space 
total wire turns linked by a given magnetic circuit 
coil spool effective inner radius = perimeter length /21t 
coil effective inner radius 
coil effective outer radius 
wire electrical conductivity at To 
reference temperature at which wire electrical conductivity is measured 
pole structure fixed temperature 
coolant free stream temperature 

Design Overview 

The integrated compressor/bearing design is shown in Figure 1. From a mechanical point of 
view, several features are of immediate interest. 

The bearings are constructed in such a manner that all rotating components, i.e.: the lam­
inated stators and the thrust disk, are pemlanently mounted to the shaft. Disassembly of the 
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compressor does not require removal of any of these components, which permits the shaft to 

be balanced as an assembly outside of the compressor housing. The shaft assembly with lam­

inated journals and thrust disk is shown in Figure 2. 

Axial motion sensing can not be accomplished by simply directing a proximitor at the shaft 

end due to the impellers fitted to both ends of the shaft. Instead, both axial and radial motions 

are detected by a set of three probes at the right end of the compressor (see Figure 1.) These 

probes are located at ninety degree intervals around the shaft and are oriented at a forty five 

degree angle relative to the shaft axis. The axial, horizontal, and vertical motion of the shaft 

can readily be extracted from these probe signals by simple coordinate transformation. This 

scheme will inevitably lead to some crosstalk between the three axes due to calibration error 

and drift in the probes, but these effects are expected to be relatively minor. 

The top shaft speed of 70,000 RPM dictates that hoop stresses in the various rotating com­

ponents generated by the high centripetal forces cannot be neglected. Particularly affected by 

this is the thrust disk because it has the largest diameter of any of the rotating parts and also 

because it is constructed entirely of magnet iron, which has a substantially lower yield stress 

than do high strength steels. The design solution to this problem involves providing the thrust 

MOTOR A~UATURE 
lAUINA TEO JOUANAL 

Figure 2 - Shaft with Laminated Journals and Thrust Disk 
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disk with a thick hub and tapering the disk to a thin section at the outer radius. 

Backup bearings are provided at each shaft end in the event that the bearings should fail or an 

external load exceeding the capacity of the bearings should be applied. These are simple 

overbored bushings and are not intended for continuous operation. An axial backup bearing 

is provided by coating the faces of the thrust bearing with an anti-wear coating. 

Performance Specification 

The design of the magnetic components was guided by three major concerns: load capacity, 

thernml performance, and size. The radial and thrust actuators must be able to generate the 

magnetic forces required to meet the specified load requirements. At the same time, resistive 

heating in the coils must not exceed the capacity of a realistic cooling system to prevent 

overheating and failure of the coil insulation. Above all, any usable design must fit into the 

allotted space. 

For the thrust bearing, the anticipated static axial force due to the pressure differential 

between the two stages is approximately 35 N. An additional sinusoidal component due to 

fluid forces generated by off-design operation of the impeller- volute interaction is expected 

to be on the order of ten percent of the static load. Excess load capacity of three times the 

total shaft weight, or 48 N is required for transient loads. 

The radial bearings must support the static weight of the shaft (about 8 N per bearing) plus 

unbalance forces and transient loads. Impeller blade pass and hydrodynamic unbalance 

forces are expected to be substantially smaller than mass unbalance effects. The largest syn­

chronous harmonic forces to be generated by the magnetic bearings depend both on the worst 

case unbalance distribution and the control algorithm employed. For the initial design work, it 

was assumed that these forces would be at most 4 N. The transient loads are expected to be 

no more than three times the rotor weight, or 24 N. 

Cooling of the coils is provided by two primary mechanisms: conduction to the pole structure 

and convection to a cooling fluid. The thrust bearing coil is entirely enclosed by the pole 

structure and the thrust disk, so that only conduction to the pole structure is significant for this 

coil. For the radial bearings, however, the coils are exposed to the working fluid, so they can 

be convectively cooled as well. As design limitations for these two mechanisms, it was 

assumed that the temperature of the pole structure would not exceed 60°C and that the max­

imum allowable coolant flow rate is about 800 cc/sec. The coolant fluid is air at a maximum 

supply temperature of 50°C. 

Space restrictions are the least flexible contraint in the problem. The outer diameter of the 

motor arnlature sets the minimum inner radius of the thrust bearing at 1.9 cm. If the thrust 

bearing pole pieces are of a smaller inner radius then disassembly of the compressor will 

require removal of the thrust disk. The casing dimensions fix the maximum outer diameter of 

both the thrust and radial bearings at 7.0 cm. Finally, the axial length of the thrust and radial 

bearing set on the right end of Figure 1 could not exceed 6.5 cm. 
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Magnetic Model 

For each of the five axes of control, an axially opposed pair of electro- magnet pole structures 
as shown in Figure 3 provides a reversible control force. The magnet coils are energized with 
a fixed bias current of equal magnitude on each side. The coil currents are then symmetri­
cally perturbed to produce the dynamic control force. The fixed bias current provides a lim­
ited linearization of the bearing force - perturbation current relationship, as well as permitting 
rapid changes in bearing force (high slew rate) even when the nominal bearing force is zero 

[41· 

Simple analytic studies of this arrangement have been widely reported in the literature [5,6]. 
The analysis yields an analytic expression relating the bearing force to the various design 
parameters but neglects nonideal behavior of the magnetic circuit such as leakage and fring­
ing. Allaire, et al. [2J have proposed a fairly simple scheme for computing a correction fac­
tor, e, which derates the bearing performance based on an approximate calculation of the per­
meabilities of the leakage and fringing paths. The derating factor is fairly insensitive to small 
changes in design geometry so that various designs may be compared using the same derating 
factor. A factor of 1.1 was used for both the radial and thrust bearings at the design stage. 

The resulting governing equation is: 

!loPN 2Ag [ i l 2 

/= 4e2 (G - px)2 

where the currents i land i 2 are governed and restricted by 

and iSa1 is the coil current which produces magnetic saturation in the pole structure: 

iSa1 = 2GBsQl !!loNe 

Thermal Model 

The ultimate goal of thermal models in magnetic bearing design is to deternline the maximulll 
wire temperature within the coil as a function of the coil current. This maximum temperature 
must be less than the manufacturer's thermal rating for the wire insulation. 

POLE PIECE 

Figure 3 - Actuator Current Configuration 
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In this study, an analytic thermal model of the coils was used to predict the maximum wire 
temperature. This model is based on the following approximations: 

l. the coil thermal conductivity can be modeled as a homogeneous bulk property 
2. the coil geometry is adequately modeled as cylindrical 
3. thermal gradients are purely radial 
4. convection from the coil outer surface is uniform 
5. the coil is wound on a spool of finite conductivity 
6. the spool is in intimate contact with a pole piece at fixed temperature at its inner 

radius (a low spool conductivity can be used to simulate high contact resistance) 
7. the electrical conductivity of the coil wire varies with temperature according to 

0= oo/(l+a[T-To]) , where 0 0 is the nominal conductivity measured at the tem­
perature To: a = 0.OO393/°C for copper wire, 0(T=20°C) = 5.8x106 mho/cm 

Given these approximations, the temperature in the coil can be represented by 

T(r) = 'tcIJo(r 15) + 'tc2Yo(rI5) + To-1!a 

where ~ == [(ookcg)/a]'hIJ, 't == T oo-20+l/a, 'tp == (Tp-20+l/a)/'t, Jo and Yo are zero order 
Bessel's functions of the first and second kind, and the coefficients c 1 and c 2 are found from 
the matrix equation 

[ 
jo(ro/~) ~ hc&lo(ro/~)/k Yo(ro/~).+ hc~Yo(ro/~)/k 0] [c IJ [hC~/kl 

Jo(r/~) Yo(rjl~) -Bkslkrj c2 = 0 

J o (r/6) Yo(rj/~) In (rslrj) c3 'tp 

Smith [7] provides a table originally developed by General Electric which correlates a con­
ductivity enhancement factor (to be applied to the conductivity of the coil potting compound) 
with the percent metal by volume of the coil. For a typical wire packing factor of 0.72, the 
coil is about 57% metal by volume. Assuming full impregnation of the coil with polyester 
potting compound, the bulk conductivity of the coils should be about 0.012 W Icm/°C. 

Given the specified limit on coolant flow rate and an estimate of the free space between the 
coils, the coolant free stream velocity around the radial bearing coils is expected to be on the 
order of 4 m/sec. The convection coefficient can be computed using standard expressions for 
multitube heat exchangers [8]. The predicted convection coefficient is 0.008 W/cm2 1°C. 

Assumption I produces a model which does not indicate the local thermal gradients surround­
ing the individual conductors, while assumptions 3 and 4 ignore stagnation zones in the 
coolant flow. Further, the thrust bearing coil is in contact with the pole structure both on its 
inner radial surface and on one of its axial faces (see Figure 1.) This additional conduction 
cooling is ignored by assumptions 3 and 6. Because of these three significant errors, the 
model can be expected to predict peak temperatures which are low for the radial coils and 
probably a little high for the thrust coils. 

With the exception of coolant stagnation, these errors can be avoided by using a finite ele­
ment model to compute the temperature distribution. The model must be quite detailed, how­
ever, in order to properly predict the local gradients surrounding the conductors. 
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The approach actually adopted in this study employed various engineering judgements in 
applying the coil current density limits determined by the analytic model. These judgments 
are discussed in the next section. The current densities arrived at in this manner appeared to 

be consistent with industrial experience in the design of electric motors. For both bearings, 
the current limits predicted by the thermal model were compared to the RMS current required 

to generate the stated static and harmonic load capacities. 

Bearing Design 

Given the close spatial limits for the bearings, the design approach was to first find the axially 
shortest thrust bearing design which would meet the performance requirements. The analyti­
cally determined thermal limits were followed fairly closely, with the modification that the 
peak coil temperature used to determine the maximum allowable current density was 40°C 
lower than the wire manufacturer's limit. This provided a safety margin which should 
accomodate localized gradients. 

Once the thrust bearing design was detemlined, the radial bearing was designed to fill the 
remaining space. In this way, a thermally conservative design was obtained for the radial 
bearing for which the thermal model is expected to be the least certain. 

Choice of the magnetic air gap length for the two bearings was somewhat arbitrary. For both 
bearings, a gap of 0.5 mm was used, which is twice the tolerable shaft excursion in each 
direction. This figure reflects a desire to limit actuator nonlinearities due to shaft displace­
ment: a shorter gap would produce a strongly nonlinear bearing, whereas an excessively long 
gap produces a reduced current-to-force gain resulting in high power losses. 

The resulting bearing designs are summarized below. 

Rated RMS load 
Peak load capacity 

Thrust Bearing 

Coil current density at RMS load 
Maximum safe current density (themlal model) 
Coil resistance 
Coil inductance 
Wire turns per coil 
Wire gage 
Bias coil current 
Nominal air gap 
Coil thickness (axial) 
Coil thickness (radial) 
Spool Thickness 
Total package length (2 bearings + thrust disk) 
Linearized open loop stiffness 
Linearized actuator gain 

Radial Bearing 
Rated RMS load 

37.5 N 
273.8 N 
465 A/cm2 

640 A/cm2 
3.90 
6.4mH 

323 
26 
0.55 A 
0.05 cm 
0.96cm 
0.76cm 
0.08 em 
3.57 em 

-69600 N/m 
17.8 N/A 

10.8 N 
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Peak load capacity 
Coil current density at RMS load 
Maximum safe current density (thennal model) 
Coil resistance (per coil) 
Coil inductance (per coil) 
Wire turns per coil 
Wire gage 
Bias coil current 
Nominal air gap 
Journal length 
Journal diameter 
Coil length 
Coil thickness (radial) 
Spool Thickness 
Bearing axial length 
Linearized open loop stiffness 
Linearized actuator gain 

45.1 N 
576A/cm2 

1270A/cm2 

1.62 n 
4.5mH 

189 
26 

1.30 A 
0.05 cm 
1.00 cm 
3.50cm 
1.18 cm 
0.41 cm 
0.08 cm 
1.80 cm 

-83600 N/m 
35.7 N/A 

The axial length occupied by these two bearings is 5.4 cm out of the total 6.5 cm available. 

This leaves 1.1 cm for probes, coolant passages, and clearance around the motor windings in 

the right end bearing envelope. 

Power Loss Estimates 

There are three main sources of power dissipation which must be considered for magnetic 

bearings. These are resistive losses in the coils, inefficiency of the coil power supply and 

power amplifier, and combined eddy current and hysteretic losses in the magnet iron. The 
first are readily estimated from the expected loads, the actuator gain, and the coil resistances. 

For the radial bearings operating at rated RMS load, the anticipated power loss would be a 

total of 49.3 watts. The thrust bearing should dissipate approximately 3.9 watts at rated load. 

The inefficiencies of the supporting power electronics provide a multiplicative factor for the 

coil current losses. For a conventional transformer-capacitor DC power supply and a pulse 

width modulated power amplifier, the total efficiency should be on the order of 75 percent. 

This raises the electrical power losses associated with each of the bearings by a factor of 1.33, 

yielding 65.7 watts for the radial bearings and 5.3 watts for the thrust bearing. 

The hysteresis and eddy current losses are difficult to estimate accurately, but an upper bound 

can be determined by computing a worst case flux variation in the stator and rotor, assume 

that the fluctuations permeate the magnet iron unifonnly, and use manufacturer's data to 

determine the resulting losses. For the radial bearing journal, the worst case operation would 

involve complete reversal of the saturation flux density in the rotor at a frequency of four 

times the highest running speed. This corresponds to a sinusoidal flux variation of amplitude 

1.2 Tesla at a frequency of 4800 Hz. For the stator, the maximum amplitude of flux variation 
should be one half of the saturation density at a frequency equal to the maximum running 

speed. This corresponds to a sinusoidal flux variation of 0.6 Tesla amplitude at a frequency 

of 1200 Hz. The total magnet iron mass associated with the radial bearing pole structures is 

0.232 kG, while the combined mass of the two journal laminations is 0.073 kG. Given these 
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figures and the manufacturer's data on iron losses for the lamination material, the expected 

losses are 5.1 watts in the pole pieces and 40.2 watts in the journals. 

The total power losses for these bearings are thus conservatively estimated at under 200 

watts. This is a reduction of at least 90% from the 2 kW reported with fluid film bearings. 

Effect on Shaft Dynamics 

One of the most troublesome aspects of applying magnetic bearings to small flexible rotors is 

that significant rotating mass must be added to the rotor in the form of laminated journals and 

the thrust disk. This tends to reduce the frequencies of the higher critical speeds and may 

bring them into the operating range. Figure 4 shows the critical speed map of this rotor prior 

to addition of the magnetic bearing components. The operating speed range is neatly tucked 

in between the third and fourth critical speeds, providing an acceptable speed margin at both 

of the extremes. After adding the magnetic components, Figure 5 shows that the fourth criti­

cal speed has been dropped into the upper extreme of the operating range. If the bearing is 

capable of providing sufficient damping at this speed, then this condition will be acceptable 

although not desirable. For slich a design, rigorous analysis of the unbalance response near 

the fourth critical is mandated. 

Conclusions 

The magnetic component design for magnetic bearings in a typical high speed rotor has been 

presented. Three primary design factors were considered: load capacity, thermal perfor­

mance, and size. The relations presented for analyzing the design are approximate. but are 

useful in the preliminary design stage. Any bearing design should ultimately be examined 
using finite element methods. 

BEARING STIFFNESS IN/M) 

Figure 4 - Critical Speed Map of 
Original Rotor 
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Figure 5 - Critical Specd Map with 
Magnetic Bearing Components 
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To date, very few magnetic bearings have been employed in high speed rotors. Much 

research and design work needs to be done to make the design procedure as routine as it is for 

more conventional bearings. The development of computer programs using the type of 

analysis presented in this paper will greatly assist in this process. Advanced finite element 

packages will also be required and are beginning to emerge. In particular, there is a need for 

a method of estimating eddy current and hysteretic losses which is more convenient than the 

detailed analyses currently in the literature, but more accurate than the very crude method 

desribed in this paper. 
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Summary 

The purpose of this study is to investigate the effects of a magnetic 
damper on a mult imass rotor. A small three mass rotor which would 
simulate the dynamics of a centrally mounted steam turbine or compressor 
was built and a magnetic damper placed near the rotor midspan. The 
magnetic damper was constructed of four separate radially arranged silicon 
iron magnets with coil windings. A proportional and deri vati ve control 
circuit was employed to control the damper. The rotor was run at speeds 
from 0 to 10,000 rpm, through three natural rotor- bearing- support system 
resonances. 

Introduction 

Rotating machines with long thin shafts often have vibration problems. 
Modern stearn turbines, compressor, and gas turbines operate above the 
first critical speed in many cases. Large clearances must be maintained 
in the seals to avoid contact during running through the critical speed. 
Some high speed machines even operate above two or more critical speeds. 
The trend is to higher speeds and thinner shafts to improve operating 

efficiencies so that vibration problems will continue to be present. 

A damper placed at the center of such machines could control the high 

levels of vibration. Until recent years, no damper could operate in the 

working fluid of the rotating machine because the temperature was too high 

(steam turbine) or the gas would become contaminated with the oil used in 

the damper (compressor) unless complicated seals were used. 

*Partial support for this work was obtained from the U.S. Army Research 

Office and the Center for Innovative Technology of the Commonwealth of 
Virginia. 
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Magnetic dampers can now be used in industrial machines for vibration 

reduction. Magnetic bearings are being employed in compressors such as 

natural gas pipeline compressors. Many other papers are available in the 

literature on applications or research related to magnetic bearings used 

for support of rotating machines. Due to length restrictions, these will 

not be discussed in this paper except when they relate directly to the 

damper employed in this study. 

Magnetic dampers have been reported in the literature in only a few cases. 

Nikolajsen et al. [1] described a magnetic damper used to control 

v ibrations in a long transmission shaft. This pioneering work discussed 

both the design of the damper and its optimum location along the shaft. 

Another paper by Gondhalekar et al. [2] gave further developments in this 

project. 

Burrows and Sahinkaya [3,4] applied an electromagnetic damper to a 

laboratory rotor supported in fluid film bearings. They considered the 

effects of employing a limited number of measurement sites on controller 

performance. Vibration reduction of 907. was obtained for the first mode. 

Wai and Morel [5] used a large midspan damper to control a single mass 

test rig. 

Allaire, et al. [6] presented a paper on the use of a centrally mounted 

magnetic damper. An experimental test rig was set up with a long thin 

shaft and several masses to represent a flexible shaft machine. A 

dramatic reduction in vibration amplitude was obtained at the rotor center 

with the damper on. Kasarda, et a1. [7] reported further work with that 

damper in controlling vibrations through the rotor first mode. The 

magnetic damper was placed in three locations: near the midspan, near one 

end disk, and close to the bearing. With typical control parameter 

settings, the midspan location reduced the first mode vibration 827., the 

disk location reduced it 757. and the bearing location attained a 747. 

reduction. Magnetic damper stiffness and damping values used to obtain 

these reductions were only a few percent of the bearing stiffness and 

damping values. A theoretical model of both the rotor and the damper was 

developed and compared to the measured results with good agreement. 

Some aspects of the control algorithms used in the works [6,7] were 

discussed by lIumphris et a1. [8]. The same magnetic bearing/damper 
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configuration was employed in other papers [9,10,11]. All of the above 

work was carried out with an analog controller as described in [8]. 

Recently a digital controller has also been developed for the magnetic 

bearing/damper [12] and successfully rotor test rig runs carried out. 

The purpose of this paper is to report on some new magnetic damper 

research. The damper magnetic component remained the same as [6,7] but a 

new electronic controller was employed. The initial controller had some 

amplifiers which would saturate under high speed and amplitude of 

vibration conditions. Thus it did not operate well above a speed of about 

4,000 rpm. 

Appendix A. 

The transfer function for the new controller is given in 

It allowed for damper test rig operation up to 10,000 rpm as 

well as more independent variation of the damper proportional and 

derivative gains. 

Magnetic Damper 

The magnetic damper employed in this study consisted of four 

electromagnets located radially around the rotor. Figure 1 illustrates 

the geometry as employed in this study [6,7,8]. It is an active damper, 

as compared to a passive damper, because the electromagnets have currents 

continually adjusted by an automatic feedback control circuit. The 

feedback signal is provided by induction probes which sense the 

displacement of the shaft [8]. A damper differs from a bearing in that it 
does not support a steady state load in any direction. Rather, it 
provides damping, and possibly stiffness, in response to shaft lateral 

vibrations. 

• 
AlGID HOUSING 

• 

Fig. 1 Magnetic Damper Model Fig. 2 Pump Bearing 
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Figure 2 shows a magnetic bearing/damper suitable for use in a rotating 
machine. It is employed in a canned motor pump at the University of 
Virginia. The prototype damper shown in Figure 1 used in this study is an 
older version which was available for this study. 

The four electromagnets were located radially around a laminated 
ferromagnetic disk attached to the rotor shaft. Each magnet core 
consisted of a silicon-iron horseshoe with pole faces cut to a diameter of 
60.5 10m (2.38 inches). The radial clearance was 1.0 mm (0.040 inches). 
Each leg of the coil was wound with 920 turns of wire. The disk provided 
a continllous flux path between the magnets and the rotor with a minimum of 
eddy current losses. All steady state bias currents in the four magnets 
were the same. 

Two position sensing eddy current probes of standard commercial design 
were placed in the horizontal and vertical directions. They were located 
axially near the damper for feedback control. Various tests were 
conducted to insure that there was no coupling between the probes and the 
magnetic fields from the magnets. 

The dynamic properties of the damper are very important to the level of 
vibration control of the rotor. A di~cussion of these properties is given 
in [7]. The two basic control gains in the damper were the proportional 
gai n, denoted as Kg' and the deri vat i ve gain, denoted as Kr . It is shown 
in [7] that the proportional gain is directly related to the effective 
stiffness coefficient of the damper while the derivative gain is related 
to the effective damping coefficient. Other studies with this 
bearing/damper have verified that the stiffness is linear with Kg and that 
the damping is linear with Kr [8]. 

The three mass laboratory rotor, shown in Figure 3, was assembled with a 
19.0 mm (0.75 inch) shaft supported in conventional sleeve bearings with a 
bearing span of 660.4 mm (26.0 inches). The total rotor length and 
weight, including the laminated magnetic disk, was 762 mm (30.0 inches) 
and 107.2 N (24.1 lb), respectively. Three steel disks were placed four 
inches apart at the center of the shaft leaving 190.5 mm (7.5 inches) 
between each outboard disk and the closest support bearing. Each of these 
three disks was 139.7 10m (5.5 inches) in diameter, 25.4 mm (1.0 inch) in 
thickness, and weighed 28.48 N (6.4 lbs). 
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~xperimental and Analytical Results vs. Damping 

The rotor was operated through a speed range of 0 to 10,000 rpm as shown 

in Figure 4. Only the vertical probe measurements on the rotor at the 

Fig. 

Fig. 4 
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left end disk are shown for simplicity. With the damper of f, three 

critical speeds were observed in the rotor. These were at approximately 

1600, 7200, and 9000 rpm. An undamped critical speed analysis predicted 

critical speeds at 1641, 6176, 8465, 8879, and 16004 rpm. The first two 

matched the observed first and second critical fairly well. The third 

critical calculated at 8465 rpm was a well damped cantilever mode of the 

motor which did not appear in the measurements. The undamped fourth 

critical speed at 8879 rpm corresponded to a pedestal mode measured at 

9000 rpm. It was modeled with a support flexibility in the analytical 

model for the critical speeds. The 16004 rpm mode was above the running 

speed range. 

Dearing properties for this test rig were estimated by comparison with 

analysis. The bearing stiffness was approximately 2,100,000 N/m (12,000 

lb/in) and the bearing damping was estimated at 1100 N- S/III (6.4 lb- s/in). 
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Damper properties were obtained by the method described in Appendix B. In 
the speed range of the first critical speed, approximately 1600 rpm, the 
damper had an estimated stiffness of -9,000 N/m (-50 lb/in) for a 
proportional gain Kg = 0.0 and a damping of 31 N- s/m (0.18 lb- s/in) for a 
rate gain K = 2.5. An increase in the rate gain setting to K = 10 r r 
corresponded to a damping of 66 N-s/m (0.38 lb-s/in). 

At 1600 rpm, the damper had the effect of reducing the amplitude at the 
probe from 260 microns (10 mils) pk-pk to 120 microns (4.5 mils) pk-pk 
with Kr = 2.5. A slight decrease in the critical speed was due to the 
negative stiffness of the damper. At Kr = 10, the amplitude was reduced 
further to approximately 32 microns (1.3 mils) pk-pk. This was an overall 
reduction of 887. over the case with no damper. 

For the second rotor critical speed at 7200 rpm, the damper had much less 
effect. The damper stiffness was estimated at 28,000 N/m (160 lb/in). 
The estimated damping was 30 N-s/m (0.17 lb-s/in) at Kr = 2.5 and 5.3 
N-s/m (0.03 lb-s/in) at Kr = 10. \lith no damper, the amplitude was 210 
microns (8.5 mils) pk-pk. \lith the damper at Kr = 10, the amplitude was 
180 microns (7.4 mils) pk-pk. This was only a 137. overall decrease. 

The pedestal mode at 9,000 rpm showed a small reduction as well. At Kr = 
10, the overall reduction was about 187.. 

An analytical unbalance reponse computer run was carried out for each of 
the speed ranges near critical speeds. Figure 5 shows the results 
obtained ncar the first critical. The overall reduction in amplitude is 
817. for Kr = 10 as compared with the measured reduction of 887.. Results 
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for other speed ranges were also obtained but the plots are not shown here 
because of space limitations. Generally the agreement was good when the 
estimated damper stiffness and damping coefficients were employed. 

Experimental Results Vs. Stiffness 
The effect of proportional gain Kg for the damper at the midspan is shown 
ill Figure 6. The estimated damper stiffness with Kg = 2.5 was 140,000 N/m 
(800 lb/in). No estimate of the stiffness was made for Kg = 10. The 
rate gain was held at Kr = 10. 

Fig. 6 
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The measured result for hoth Kg cases is overdamped so the exact frequency 
is difficult to determine. There appears to be approximately a 50 rpm 
increase for both runs. There is little effect on either the second 
critical speed or the pedestal mode. 

Conclusions 
Experimental and analytic studies have been carried out on the forced 
response characteristics of a three mass rotor with a midspan magnetic 
damper. Vibration reductions were observed near the left end disk in all 
cases to be consistent. With an increase in damping as discussed earlier 
in the paper, the amplitude of vibration was reduced by 887., 137., and 87. 
for the three critical speeds of the rotor. Small shifts in frequency 
were found with changes in damper stiffness, at the highest damping value. 

In all cases presented in this paper, the damper was located near the 
midspan of the rotor. The first mode of vibration was the largest at the 
midspan so it was reasonable to expect the largest reduction in amplitude 
for that mode. The second mode of vibration had a node point near the 
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midspan. Thus it was expected that the vibration reduction would not be 
as good. Similarly, in the pedestal mode, the shaft and rotor base are 
moving together. Thus the damper, fixed to the base, did not have much 
effect on that mode. Other damper locations will be discussed in future 
papers. 
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A feedback control diagram of the controller is given in Figure 7. The 

controller transfer function is 

The nomenclature is the same as that in earlier papers. 

y 

ELE C TRONIC/COMPENSA nON 

Fig. 7 Diagram of Magnetic llamper System 

Append i x 1\ - Iletermi nat ion of Ilam[)el' llynami c j'ro))erties 
Damping and stiffness characteristics of the magnetic damper for various 
controller settings of proportional gain (Kg) and rate gain (Kr) were 
determined experimentally by examining the vibration characteristics of a 
single mass rotor as shown in [7]. The single mass rotor was 
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intentionally unbalanced and the effect of the electromagnetic damJler 
(with various control settings) was compared to an analtyical model of the 
rotor-bearing system. 

The effective stiffness of the damper is determined by the proportional 
gain (Kg) setting only. The effective damping of the magnetic damper is 

determined by the rate gain (Kr) setting. 

A rotor model of the single mass rotor was established including support 

bearing characteristics, shaft bow, and unbalance in the rotor. The 

support bearings had a vertical stiffness of 4,030,000 N/m (23,000 lb/in) 

and a vertical damping of 10,000 N-sec/m (57 lb-sec/in). This model was 

used in a forced response program and the predicted response was compared 

to experimentally measured rotor response. Various values of st iffness 
and damping were added to the rotor model at the electromagnetic damper 
location until predicted response (i.e. frequency and amplitude of the 
first mode response) matched the experimental rotor response to within 

approximately 57.. 
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Ahstract 

This paper describes the design of a magnetic actuator designed to control the synchronous 
vibration of a 2.3m long 100mm diameter rotor supported on oil-film bearings. An algorithm 
is described which allows the control force to be computed to minimise the synchronous rotor 
vibmtion without prior knowledge of oil-film or rotor characteristics nor of the inherent OUl­
of-balance distribution along the rotor. In this approach the magnetic actuator is first used to 
apply sequential test signals along two orthogonal axes whilst the shaft is rotating. The 
corresponding displacements are measured and the algorithm used to detern1ine the control 
forces to be applied by the actuator. The process is applied sequentially as the rotor is run-up 
from rest to the required operating speed. Some experimental results are presented to 
demonstrate the ability of this technique to significantly reduce the synchronous vibration. 
I t is also discussed how the electromagnetic actuator can be used to avoid the instability 
associated with oil-whirl. 

1. Actuator design 
Electromagnetic actuators can be used to apply forces to a rotor without contact. These forces 
may be controlled by an independent external source, or by the rotor vibration. Thus the 
actuators can be used as a contactless excitation device e.g. for parameter estimation studies, 
as an active damper, or as an active bearing. 

Magnetic actuators can be designed for quite different applications[ 1 J. The objectives of this 
design are small overall dimensions of the actuator, high force output over a wide frequency 
range, and inherent capability for the dynamic requirements of vibration control. 

Fig. 1 shows the electromagnetic actuator. It consists mainly of a magnet unit (a), power 
amplifiers with some additional electronic network (b), a rotor sleeve (c) and sensors (d). The 
inner diameter of the actuator is 190 mm, the gap between rotor sleeve and actuator is 1.0 mm, 
the length including a gap limiting roller bearing is 150 mm and the maximum force is 1200 
N. The displacement sensors are of the eddy-current type. They have a measurement range 
of two millimetres and measure signals up to 10 kHz. Due to the direct measurement of 
displacements, the controllability of the displacements in tl1e subsequent vibration control will 
be optimal. 
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Fig. 1; Magnetic Actuator ETH-190/50/1 
a) Magnet unit b) Power amplifier and signal conditioning c) Rotor sleeve d) Sensor unit. 
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Fig. 2: a) Magnet configuration of the actuator b) Connection-diagram of the coils 
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The magnet configuration of the actuator is shown in Fig. 2a. The magnet has eight poles, 
carrying coils. The configuration corresponds to four U-shaped magnets and therefore the 
coils of each pole-pair are connected together as shown in Fig. 2b. Each pole-pair is 
energized by one of four power amplifier-channels. The number of coils and amplifiers could 
be minimized down to three[2], but the magnet configuration with eight poles needs smaller 
coil-heads and thus less space. And the eight-pole design with its inherent decoupling of the x 
and the y-axis simplifies the control, and makes it faster. 

One of the objectives of the design of an electromagnetic actuator is to make optimum use of 
the available space to maximise the attainable control force. This is achieved by judicious 
alocation of the space between that needed by the iron core and that for the windings. The 
optimisation process has been done with the help of a CAD prob'I'am. 

2. Actuator control 
The actuator is designed to give linear input/output characteristics, that is the generated forces 
are proportional to the input signals to the power amplifiers. This simplifies design of the 
control system for the vibration control at the expense of slightly more complex hardware. 
This can be justified on the basis that there is a large body of knowledge to aid with the design 
of linear control systems but the design of nonlinear systems is still less well-defined. The 
problem is magnified because of the complexity of the equations needed to model a flexible 
rotor, especially if it is carried on oil-film bearings which introduce co-ordinate coupling[3]. 

The nonlinear characteristics of the magnets are linearized, using ~ias currents and differential 
currents in corresponding pairs of magnets [1]. An electronic circuit calculates for the two 
corresponding power amplifiers of the x and the y direction the output currents i+ and i- from 
the force control signal Ufo 

i+x = k (Uo+ Ufx); 
Lx = k (Uo- Ufx); 

i+y = k (Uo + Ufy) 
Ly = k (Uo - Ufy) 

(1) 

(2) 

Usually, the bias signal Uo is equal to the maximum of the force control signal Ufo Neglecting 
saturation effects and leakage flux, the generated forces Fx and Fy are proportional to the 

force control signal Ufx and Ufy' They depend significantly on the position of the rotor 

within the magnet unit. Furthermore this linearization method leads to the desired linear force­
displacement characteristics of the actuator[!]. The linearized input-output relation of the 
actuator can be expressed by 

Fx = ki Ufx + ks x 
Fy = ki Ufy + ks Y 

(3) 
(4) 

where ki and ks are hardware dependend constants and x and y are the displacements of the 
rotor from its zero-position within the magnet. Fig. 3 shows the measured force 
characteristics of the actuator. 

For vibration control the actuator forces should be controllable in a large frequency range. 
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The amplitude of the forces will be limited by the current and the voltage that can be supplied 
by the power amplifiers. In simple terms: the higher the maximum current output, the higher 
the attainable force amplitude, and the higher the maximum voltage, the higher the maximum 
frequency at which this maximum force amplitude can be achieved. 

To keep the losses low, the power amplifiers are of a chopper type. They work with pulse­
width-modulation at a pulse frequency of 50 kHz. The applied voltage is 310 V and the 
maximum current of each channel is 2.8 A. With this power, the maximum force amplitude of 
1200 N can be applied up to 24 Hz. At frequencies higher than 24 Hz, the maximum force 
amplitude reduces 20 dB per decade, i.e. the maximum force amplitude at 240 Hz is 120N. 

The small signal performance of the actuator is given by the linear transfer function of the 
electromagnet-power amplifier combination[2]. The measured transfer function is shown in 
Fig. 4. 

3. Rig. 
The actuator described above was applied to a 2.3m long 100m diameter steel rotor carried on 
two oil-film film bearings. These bearings cause coupling between axes [3] as weIl as 
introducing the possibility of instability due to oil-whirl. It has been shown elsewhere that the 
actuator can stabilise the system in addition to reducing the synchronous vibration [4]. The 
arrangement is shown in Fig. 5 from which it is clear that the rotor carried two large 
overhanging discs of mass 93kg. each. 

The rotor was driven by a 25kW d.c. variable speed motor over a speed range of 0-5000 
rev/min. 

The journal bearings had a 10 mm circumferential central groove and 35 mm land along either 
side. The measured dian1etral clearance was between 0.305 mm and 0.279 mm. The static 

load per land was 828 N. Shell TeIlus oil TIS (average viscosity 0.013 Nsm-2 at the average 
operating temperature) was gravity fed to the grooves from a 180 litre reservoir. No end seals 
were employed. 

Shaft vibration was monitored by eight eddy current proximity probes. The signals were 
conditioned before being fed to an ADC. The computed control forces were fed back to the 
actuator through a DAC. These convertors were synchronised by two signals (one pulse/rev 
and 36 pulse/rev) generated by optical switches actuated by a slotted disc mounted on the drive 
shaft. 

4. Vibration Control Algorjthm 
The rotor-bearing system can be modeIled as a multimass linear system. If!l represents the 
complex displacement vector for the measured stations, then the synchronous response to a 

change Oll(jw) in the control vector llUw) = (ux uy)T can be formulated as foIlows: 

(5) 
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Fig. 5: Test Rig 
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The complex scalars ux' Uy are the control forces along x and y axes. The change Oll is not 

constrained to be a small variation providing conditions for linearity are not violated. The 
corresponding complex vectors of influence coefficients are Rx, Ry. The displacement vector 

is 90. 

Equation (5) can be rewritten as follows 

Then, the Least Square estimation of O.ll to minimize the performance index en T u) is as 
follows 

(6) 

(7) 

where <R) represents the complex conjugate, and T denotes the transpose. The above optimum 
force expression depends on the measured response and the corresponding influence 
coefficients of the system. The difficulty of assigning reliable theoretical values to the elements 

of ROw) associated with the oil-film bearing coefficients is well known. This problem is 
overcome by estimating the R matrix on-line. 

The overall control is achieved by the help of a digital computer. Pulses are generated once 
and 36 times per revolution to synchronise the input(displacement) and output(force) to and 
from the computer. The overall control algorithm can be summarised as follows 

(i) sample displacements and perform FIT to construct Uo Ow) 

(ii) set Oil = ( 0.1 Ux) , sample displacements and perform an FIT to construct 

o 1Jo,1 Ow) and calculate Rx as follows 

Rx = <90,1- 90)/(0.1 ux) 

(iii) set Oil = ( 0 ), sample ~isplacements and perform an FIT to construct 9o,2(jw) 
0.1 uy and estImate Ry as follows 

Ry = (90,2- 90)/(0.1 uy) 
(iv) estimate optimum control force adjustments from equation (7) 

(v) check the statistical data on oll (goodness of fit and standard deviation) to assess its 
validity. 

If not suitable set O.ll = (g)and go to (i) 

If suitable set O.ll = oil 
(vi) monitor speed and displacements. Whenever updating is required go to (i) 

It is important to note that a background program ensures that the synchronous control forces 
are continuously fed to the magnetic actuator independent of the speed of the above control 
algorithm. (i.e. the previous value of il is retained until a change is required). Initially, 

typically at low speed, Oil in (ii) and (iii) is set at an arbitrary value. This is updated 
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after the first implementation of the above algorithm. Since the force is applied in open loop 
there is no danger of causing instability. The statistical data obtained from the Least Square 
estimator is discussed in detail in Reference [3]. 

5. Jillllll.s. 
The actuator is able to apply forces along the horizontal and vertical axes. The control 
algorithm determines the correct amplitude and phase of each force to minimise the 
perfonnance index. It is stressed that this is done without knowledge of the bearing and rotor 
parameters nor of the unbalance distribution. Some typical optimum control forces obtained 
experimentally are shown in Fig. 6. This figure also includes confidence bounds generated by 
the algorithm. The corresponding controlled synchronous response is compared with the 
uncontrolled response in Figure 7. This shows the amplitude response at two different 
sections along the rotor. The significant reduction in vibration due to the magnetic actuator is 
apparent. The results are obtained by use of horizontal and vertical displacement 
measurements at three rotor stations. The consumed power by the magnetic actuator to 
provide the reduction in amplitude was typically 250W. It is significant to note that unlike 
many results presented in the literature. the controIled response is compared with the ~ 
response of the rotor and not the undamped vibration. There is a ninety per cent reduction in 
amplitude at the critical speed. It has been shown also [5] that the reduction in synchronous 
response could not be achieved using local closed-loop control because that would require 
negative stiffness and damping values which would lead to instability. 

Although oil-whirl did not occur it can be shown that feedback can be used to increase the 
stable operating range(before minimising the synchronous vibration). This leads to the idea of 
combined open loop and closed loop control using one actuator to both improve stability and 
reduce vibration. 

6. Conclusions 
The paper describes the design of a magnetic actuator for use with a 100 mm diameter and 
2.3 m long rotor suported on oil-film bearings. A control algorithm has been implemented for 
in-situ tuning of the magnetic actuator to reduce synchronous vibration. The control has been 
achieved without prior knowledge of any system parameters or unbalance distribution. This is 
particularly significant because oil-film bearing parameters cannot be accurately predicted from 
theoretical modelling. 

The approach described here allows automatic on-line tuning of the actuator to the system. 
Monitoring the actlllitor signals provides a facility for condition monitoring to detect changes 
in system characteristics associated with the rotor or bearings. 
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Abstract 
The magnetic bearings described here has been developed for 
high speed rotating machinery. The manufactured experimental 
model is 4-axis-active type with simple structure. Since the 
model Is so called outer-rotor type, resonance frequency of the 
rotor could set higher than rotating frequency, and only first 
resonance frequency of the stator shaft is in the rotating 
region. In this paper, we describe the analysis and 
experimentai results to obtain stable high speed rotation. 
Firstly, stability of the gyroscopic motion of rigid mode is 
examined at low speed rotation. Subsequently, influence of 
flexibility of the stator shaft on stability is discussed. 
Then we Indicate that nonlinearity of the power amplifier 
plays an Important role in stabIlIty of the system. Finally, a 
suppression method using notch-filters and Inter-axis cross 
coupling feedback at relatively high speed rotation is 
discussed. 

1.Introductlon 

The 4-axis-active control magnetic bearings is composed of two 

radially-controlled magnetic bearings which utilized permanent 

magnets. As the results, the rotor is passively stabilized by 

the restoring force of the magnets in the thrust axis 

direction. Since no active thrust bearing is used, this model 

has a simple structure and easy to assemble compared to five­

axis control type. The permanent magnets enable virtually zero 

power(VZP) method, which can levitate rotors with zero DC power 

and also can compensate the sensor drift. 

Thus, the model has several advantages, so we have been 

researching the model in order to realize the practical use. 

The most dIfficult problem is control in high-speed rotating 

region. In this paper, we descrIbe analysis and experimental 

results which are performed to investigate and to suppress the 

whirlIng motions of the model. Mainly, we deal with the 
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gyroscopic and flexible stator shaft problems which must be 

resolved to obtain stable high speed rotation. 

2. 4-Axis Active Control Magnetic Bearings 

2.1 Structure and Static Characteristics of the Model 

The model, shown in Fig.l, is composed of two radially-active 

type magnetic bearings which are located on both ends of the 

high speed motor. This model is so called outer roLor type and 

has an 

inertia 

oblong 

ratio 

shape (moment of 

0.504). Axial 

sLi ffness of Lhe bearings keeps Lhe 

rotor 0.3mm drop from geometrically 

symmetric point due to the gravity 

force when the rotating axis is 

vertical. These static characteris-

tics of the model are 

table.l. 

shown in 

Table.l Static characteristics 

Rotor Mass 

Rotor Inertia 
Spin Axis 

Radial Axis 

Ratio 

Ax i al Sti ffness 

Radial Unbalance 
St i ffness 

M = 5.7 [kg] 

I p= 15.9X 10- 3 [ kg·.2 ] 

I d = 31. 5 X 10- a [ kg·.2 ] 

r = I ,/ I d = 0.504 
Kl= 2.46XI05 [N/. ] 

K u= 12. 7X 105 [ N/. ] 

2.2 Block diagram of the system 

Poslt1cn 
. - Sensor 

IVA·~I--~ 

Fig.l 

Upper 
Mae;letlc 
Bear1rlg 

H1!'Jl 
Speed 
Motor 

Lower 
MaeTletlc 
Bear1rlg 

_ PosltlCtl 

Structure of 
the model. 

The motion or the rigid rotor which rotate at w is separated 

into translational and rotational motion. A block diagram of 

the system including gyroscopic motion is shown in Fig.2, where, 

11 and 12 are the distance from the top and the bottom sensors 

and Ll and L2 are the ones from the top and bottom actuators, 

to the center of the gravity, respectively. gxl' gx2' gyl and 
gy2 arc distances or Lhe rotor rrom neutral position of the 

gap for each axis, respectively. Fcxl' Fcx2' Fcy1 and FCy2 are 
the control force of actuators for each axis, respectively. 
II(s) represents a transfer functIon of each control circuit. 



2.3 Control circuit 

The independent control method, 

which docs not separate the motion 

into translational and rotational 

one, was adopted for simplicity 

in structure. Every axis has the 

same compensator, which consists 

of a lead-lag clement and a first 

order lag power amplifier posi­

tively fedback by an integrator 

for VZI'. 

3. RigId mode 

3.1 Stability of conlca] motion 

Though the system has unstable 

poles caused by control force of 

the permanent magnets and VZP, 

adjustment of loop gain of every 

axis stabilize these roots which 

start from the unstable poles . 

171 

Fel L @ill 
gao 

Fc::u 
H(S) 

gx> 

Fen . 
(H@ 

0.,2 

FeYI 
III(S)~ n" 

Fig.2 Block diagram 
of the system. 

When rotation of the rotor is taken into consideration, the 

roots move due to the gyroscopic effect. Root-loci of the 

conical motion for variations of rotational speed arc shown in 

Fig.3 . The characteristic roots of precession mode(long period 

mode) move into the unstable region at approx. 20,000 rpm. 

This instabilIty is caused by the phase lag at low frequency of 

the control circuit on account of VZI'. 

1200 

'" I~ 
,-20.000 rpm 

" '" 160 

~ 

I '" .. ';( 
c: .. 'a' .. ;:-
E .. 

c: 

WITH VZ? 

WITHOUT VZ? 

600 'a' 

'" 80 
f 10 ,000 rpm a rpm 

4--~ - ..... , y- , 
20,000 rpmP, 

oL-------~~~--~--~ 
-500 -250 a lOa 

Rcal axis 

a 40 
OL-------~--------~--~ 

-160 -80 
Rcal axis 

(a) Nutation (b) Precession 
Fig.3 Root-loci of the conical motion (influence of VZP), 
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3.2 Modification of control circuit 

In rigid mode with restoring 

control force, there are two 

conical or whirling motions i.e. 

precession(long period, backward) 

and nutation(short period, forward) 

motion [11, which should be sup­

pressed by adequate control cir­

cuits. If we can get rate informa­

tion of the rotor, the control 

circuit becomes rather simple, but 

we have no rate sensor in the model. 

Instead of the rate signals, we can 

use Inter-axis cross coupling feed­

back(cross-feedback) method for 

that, provided that rotational 

directIons of the coning motIon are 

known. fortunately, as each mode 

has different frequency at high 

rotation speed, we can separate 

1tTIs 
Hl(s) = 1tT2S 

KeTis 
H2(S) = =-::::-;--:;::--:-;--;-;:­

Te Tis't Tis-KeKI 

Fig.4 Control circuit 
including cross-feedback. 

each mode by simple fIlters. A Iow-pass-filter(LPF) is used 
for precession control(P-clrcuit) and a high-pass-fllter(IIPF) 

is used for nutation control(N-circult). The separated signals 

can be mixed in opposite sign and cross-fedback. A control 

circuit including the cross-feedback is shown in Fig.4. As 

analytical results show unstable precession at high rotation 

speed, I'-clrcult is applied to suppress it. The root-loci of 

1200r-----------------,---, 
.!!? 
)( 

'" 
'" .~ 
Ol ., 
§ 

600 

,. 20,000 rpm 

110,000 rpm 

,.- 0 rpm 

o~------~------~--~ 
-500 -250 0 100 

Real axis 

(a) Nutation 

!'! 
x 
CD 

~ 
'" c 
C. 
'" 80 .§ 

O~------~--------~--~ 
-160 -80 0 40 

Real axis 

(b) Precession 

foig.5 Root-loci of the conical motion (effect of P-circuit). 
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conical motion in case of cross-feedback of P-circuit are 

shown in Fig.5, where the precession mode is clearly improved. 

4. Experiments 

In experiments without P-circuit, amplitude increase of 

the precession at about 10,000 rpm was observed. By insertion 

of the cross-feedback of P-circuit, problem of the precession 

is cleared. However, when the rotation frequency approaches to 

a resonance frequency of the stator shaft(about 530 Hz), the 

system became unstable. 

5. Flexible mode 

As the model is an outer-rotor 

type, 

the 

resonance frequency 

rotor could be 

of 

set 

at rather high value. But the 

first bending mode frequency 

of the stator shaft is in the 

rotational region. 

5.1 Structural model 

Xg 

l ..---~---, ROTOR : M 

-Ku : Unbalance 
St i ffness 

H: Controller 

Fig.6 Structural model. 

As the stator shaft has a cantilever shape, the top part swings 

large, whereas the bottom little. Therefore, we adopt a 

structural model shown in Fig.6, where the flexibility is 

considered only at the upper side magnetic bearings. In block 

diagram of Fig.2, the flexibility is shown by dotted line. 

5.2 AnaJysis of 

characteristic roots 

The root-loci of the system 

is shown In Fig.7, where 

the feedback gain Kg of all 

compensator is varied at a 

time. SInce the damping 

ratio of the flexible mode 

characteristic roots at 
operating pointe 6 mark in 

Fig.7) is not so small, we 

don't think the flexible 

mode alone is a cause of 

10.000 

XPOLE <II 

o ZERO 
)( 
oS 

~ 
to 
c 

'" to 

E 
5.000 

-10.000 -5.000 o 1.000 
Real axis 

Fig.7 Root-loci of the system 
wi til !'lexible stator shaft. 
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the instability. 

5.3 Nonlinear characteristics of the power amplifier 

Transfer functions of power amplifiers have been expressed by 

linear lag clements so far. However, the results of detailed 

experiments about the system clarified the nonlinear 

characteristics of the power amplifier. The circuit of the 

power amplifier used in the system is shown in Fig. 8. 

It has such nonlinearity as its phase characteristic is getting 

worse in the case where high frequency with large amplitude 

signals arc applied. Fig.9 

+30V 
+12V 

shows the experimental results 

of frequency response of the 

power amplifier for variations 

of input amplitudes. As is 

clear from the Fig.9, the 

larger the amplitude of input 

signals become, the worse the 

phase characteristics of the 

power amplifier become. 

'~ 7J-J;;c-, -CJ-~-c:r-f4lC0r--IL-1 

2°r-~T7,~,~"~,,r-~77~~~~~~ 
t IIIII 

1"11' 
"'111 

-20L-__ ~'_'~'~"~'~~~~~~~~~~ 

180 '-~-;-;-77";"77r--;--;-~~r-~~~:"rI 

-18 o~ __ :_:_: :~: :':-,.1 ---.~"""""'.....J....--'---'-'~.;!lJ 
10 100 10K 

Fig.9 Frequency response of the 
power amplifier (experiments). 

-12V 
\-----K MJ1 1016 

-30V 

Fig.8 Circuit diagram of 
the power IlmplIfier. 

[In 

r-®~.~TC~=~I.~I~IX~10~-·4------? 

<2>. TC= 3.21 x 10'4 

CD. TC=1.14xIO- 3 

[SEC] 

Fig.IO Variation of 
root-loci to TC. 

In the case, where the frequency characteristics of the power 

amplifiers are approximated to a first order lag element, the 

variations of root-loci to three step changes of time 

constant(TC) of the element are shown in Fig.IO. When TC is 

small(CD), the flexible mode has wide stable region. But when 

TC becomes large(GD), the roots of flexible mode move quickly 

to unstable region. 
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5.4 StabIlization of stator shaft vibration 

The system is stable unless the resonance signals of the shaft 

are applied to the power amplifiers. The band-elimination­

fllters(llEfs or notch filters) are adopted as a compensator. 

According to the mode shape of the stator shaft, the UEfs are 

inserted in the detection 

circuits of upper bearings 

only. flg.]1 shows the 

root-loci of the system 

when the flexible mode is 

compensated by BEFs. The 

power amplifiers keep small 

time constants because of 

the BEFs, and the poles of 

flexible 

dipoles. 

mode construct 

The new roots, 

starting from the poles of 

the UEFs, have rather good 

damping ratio. 

.-------,----,--.--,10.000 

XPOLE 
OZEnO 

-10,000 
Real axis 

on 
X 
<II 

>-

'" C 

01 
<II 
E 

5.000 

Fig.!! Root-loci of the system 
with BEF. 

5.5 Influence of the BErs on the conical motion 

The root-loci of the conical motion of the system including P­

circuit with and without BEFs for variations of rotation speed 

are shown in Fig.!2. Influence of BEFs on precession mode is 

only little but the one on the damping ratio of the nutation 

mode is rather large. 

2,500 ., 200 
40,000 rpm x ., 

'" x 
>- '" 2,000 :;; ~ 
c '" a c: 

'" 0. 
1,500 .§ '" E 

100 

1,000 

500 

o o 
-500 -250 o -200 -100 o 

Real axis Real axis 

(a) Nutation (b) Precession 
fig.12 Root-locI of the conIcal motion (influence of UEF). 
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5.6 Suppression of the nutation mode 

In addition to the P-circuit, N-circuit is applied to 

compensate the characteristic root of the nutation mode, and 

the second order IIPF were adopted to the N-circuit. Fig.13 is 

simulation results of upper side whirling motion, and we can 

see good convergence of the nutation mode but small flexible 

mode remains. The flexible mode Is decaying by its own damping . 

.-. 30 .-.30 
E E 

:::t :::t 

til til 
f--.-

If 1\ 
\ ' ~~ ) 

>< >< 
«: «: 
I I 

>- >-
0 0 

~ ........ ,Y -
-30L--l __ ~ __ L--L __ J-~ 

o 30 -30 
-30 

-30 o 30 
X-AXIS [tt m] X-AXIS [tt m] 

Fig.13 Transient response of relative motion of rotor and 
flexible stator shaft. 

6. ConClusions 

The results of this research are summarized as follows. 

(1). In rigid mode, virtually zero power method cause unstable 

precession mode, which could be stabilized by cross-feedback of 

low-pass-filtered signals (P-circuit). 

(2). The system falls into unstable due to interaction between 

flexible mode of the stator shaft and nonlinearity of the power 

amplifiers. 

(3). Though notch filter(BEF) can eliminate nonlinearity of the 

power amplifiers, but may give bad influence on nutation mode. 

(4). Cross-feedback of high-pass-filtered signals(N-circuit) 

can increase damping of nutation mode. Small flexible mode 

remaIns, but decays by its own damping. 
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Motion of an Axi-symmetrical Spinning Rigid Rotor Suspended by 

Magnetic Bearings" , First International Symposium on Magnetic 

I3earings, June 6-8, 1988, ZURICH. Switzerland. 



Vibration and Control of Flexible Rotor Supported 
by Magnetic Bearings 
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1. INTRODUCTION 
Many papers have been written on magnetic bearings. These papers are 
divided Into two categories: One Is the use of magnetic bearings taking 
the place of contact bearings, and the other Is the use of noncontact 
actuators for active vibration control. These categories are combined 
In applications. The research on using magnetic bearings In place of con­
tact bearings has been going on for years. As early as 1842 It was known 
that magnetic bearings should have at least one direction actively con­
trolled [1]. For the last century and a half there has been a great deal 
of research and development. Magnetic bearings have been used mainly In 
experiments and In aircraft and missile Inertial guidance control. How­
ever, these bearings are now coming Into use In the Industrial world [2] 
for turbo-molecular pumps [3], machine tool spindles, etc. Although these 
magnetic bearings are for rigid rotors [4 to 6], they recently have been 
used with flexible rotors [7 to 9], In such applications, the magnetiC 
bearings suppress unbalance vibration. Many papers have been published on 
this subject [10 to 16]. 

This paper Is concerned with active vibration control of flexible rotors 
supported by magnetic bearings. Using a finite-element method for the 
mathematical model of a 'flexible rotor, the author has formulated the 
eigenvalue problem taking Into account the Interaction between the mechan­
Ical system of a flexible rotor and the electrical system of magnetic 
bearings and a controller. However, for the sake of simplicity, 
gyroscopIc effects are disregarded herein. It Is possible to adapt this 
formulation to a general flexible rotor - magnetIc bearIng system. Con­
trollability with and without collocation sensors and actuators located 

*Natlona1 Research Council - NASA Research Associate; on leave from 
Chlba UnIversity, 1-33 Yayol-cho, Chlba 260 Japan. 
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at the same distance along the rotor axis Is discussed for the higher 
order flexible modes of the test rig. In conclusion, the author has pro­
posed that It Is necessary to add new actIve control loops for the hIgher 
flexIble modes even In the case of collocation. It Is then possIble to 
stabIlize for the case of uncollocatlon by means of thIs method. 

2. Analysis of Rotor - Magnetic BearIngs System for Flexible Rotor [17] 
The mathematical model for this flexible rotor Is gIven by usIng a fInIte 
element method: 

[Ml{q} + [Gl{q} + [Kl{q} • {OJ (1) 

where [Ml, [Gl, and [Kl are the mass, gyroscopic, and stiffness matrices, 
respectIvely. He assume [Gl • 0 for sImplicity. Therefore, the X and 
Y directions are uncoupled. This flexible rotor Is now divided Into six 
elements as shown In FIg. I, and the state values are set as XI and 91 
at each station. [Ml, and [Kl become 14xl4 matrices and {X} vector 
(Instead of (q} vector) of length 14 In the X direction. The flexible 

rotor Is supported by magnetic bearings at stations 2 and 6 and sensors 
are located at stations I and 7. From these results, the formulations In 
the horizontal direction of the left magnetiC bearing shown In Fig. I are 
defined by 

Elxo. RI + RZ 
V = --- V xl. CRI CRI R2 xl. 

Elxo. = - flo.x l - f20.X l - f30.«0. 

where the force uxo. acts on station 2, and the subscript 0. means the 
left magnetic bearing. The steady-state values PO, hO, and 10 are 
replaced by Pl., HI., and 10.. The expressions are derived about the right 
magnetic bearing In the same manner. Combining Eqs. (I) and (2) , we can 
obtain the 34th order state equation as shown In Eq. (3): 
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where the subscript r means the right magnetic bearing. In addition. 
fl~' fZ~ .f1r and fZr show feedback gains added for active vibration 
control loops for higher modes. Similarly. we get almost the same equa­
tion for the vertical direction. Equation (3) Is systematically formu­
lated for a general flexible rotor with magnetic bearings. We can design 
the control system by solving the eIgenvalue problem of Eq. (3) . 

3. Experiments 
3.1 Test Rig 
The laboratory test rotor Is shown schematically in Fig. 1. The flexible 
shaft. whIch Is a 10-mm-dlameter drill rod that is 1000 mm long. has five 
disks with masses as Indicated In Fig. 1. The total mass of the flexIble 
rotor Is about 3.3 kg. Two of the disks are used for magnetic bearings 
and two others are used for sensors - I.e. the bearings and sensors are 
not collocated. The rotor Is supported by two magnetic bearings with a 

/10 fOR 
SlOt 

I'IAGNET I C BEAR I NG I'IAGNETl C BEAR I NG 

~Ml ~Mr 
DISK 1 DISK 2 DISK 3 DISK ~ DISK 5 iii 
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FIG. 1. - SCHOIATIC OF TEST ROTOR. 

bearing span length of 680 mm. 
motor by a flexible coupling. 

The shaft is connected to the driving 
This Is a radial magnetic bearing system 

with four degrees of freedom only because the radial directions are non­
contactIng. The gap between the electromagnets and the disk Is about 
2.0 mm. The backup bearings protect In an emergency when the amplitudes 
exceed 1.0 mm. The shaft displacements, which are measured by gap sensors 
of the eddy current type, are measured as close as possible to the magnetic 
bearings. These signals are the Inputs for the analog controlJer. The 
analog controller consists of proportional, differential, and Integral 
circuits, the phase lead circuit, and some filters. The control signals 
from the analog controllers are supplied to the electromagnets through 
servoampllflers. 



3.2 Experiments for Flexible Rotor 
3.2.1 Critical Speed Hap 
Figure 2 shows the critical speed map of the rotor model shown in Fig. 1. 
In the case shown, both stations 2 and 6 are supported by the equivalent 
spring K. For zero bearing stiffness, there are two rigid modes at 0 Hz, 
the first bending mode at 20 Hz, the second at 86 Hz, and the third at 
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130 Hz. The computed free-free data have good agreement with the measured 
free-free test data shown in Fig. 3. From this, it seems that the mathe­
matical model is correct. The actual critical speeds are estimated as the 
dot-dash line shown in Fig. 2 using the measured spring constant. 
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FIG. 3. - I£ASURED FREE-FREE TEST DATA. 

3.2.2 Frequency Response of Flexible Rotor - Magnetic Bearing System 
Figure 4 shows the measured frequency responses of the FFT analyzer based 
on an impulse response using the same conditions as in Fig. 2. Figure 5 
shows measured mode shapes. The first mode at 10.40 Hz is omitted because 
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It is similar to the second mode. The modal damping ratio at the first 
mode was ~ = 15.04 percent. The measured critical speeds up to the fifth 
in Figs. 4 and 5 coincide with the computed critical speeds shown In 
Flg.2. The resonance peaks from the first through the third are not 
clearly recognized because of their high modal damping ratios as shown in 
Fig. 5. 

3.2.3 Eigenvalue Analysis 
In this section, we determine the eigenvalues by using Eq. (3). Table I 
lists the eigenvalues with collocation In the ideal case and Table II shows 
the eigenvalues without collocation in the case of this experiment. Only 
complex eigenvalues are listed In the tables and the real roots are omit­
ted. The parameters and feedback gains used for the eigenvalue analysis 
are the same as those In Section 3.2.2. The results in Table II almost 
coincide with the results of the critical speeds shown In Figs. 2 and 5. 
The fourth mode Is unstable in Table II. The measured modal damping ratio 
at 123.13 Hz (as shown in Fig. 5) Is too small. Moreover, we cannot pass 
the fourth critical speed (as shown In Fig. 6) because the amplitudes at 
locations near the magnetic bearings are growing at speeds greater than 
5500 rpm. Therefore, the results of the eigenvalue analysis of Eq. (3) 
are reasonable. It Is possible to design the control system of a flexible 
rotor - magnetic bearing system by using the eigenvalue analysis of 
Eq. (3). It Is very clear that every mode is stable with collocation. 
However, the roots of the higher order modes approach the Imaginary axis 
as shown In Table I. Table III shows the improvement of the higher modes 



/lODE FREQUENCY. 
Hz 

~ ~ 13.42% 
2 12.48 

3 22.94 

4 84.07 

~ ~ 1.49% 

5 123.13 

FIG. 5. - I'£ASUREO /lODE SHAPES ANO /IOOAL OAl'lPING RATIOS. 

TABLE I. - EIGENVALUES WITH 
COLLOCA TION 

Real ImagInary Frequency. 
TABLE II. - EIGENVALUES WITHOUT 

COLLOCA nON 

-0.222730-2 
-.223590-1 
-.702420-1 
-.575190.0 
-.897740.1 
-.226300+2 
-.647340.2 
-.474600.2 
-.821290.2 
-.941460.2 
-.497050+1 

Hz 
Real 

0.361280.5 5750.0 
.157250.5 2502.7 
.127840.5 2034.6 0.161810.2 
.593810.4 945.1 .748420.2 
.291590.4 464.1 .716040.2 
.206260.4 328.3 -.111110+3 
.946920+3 150.7 -.127220.3 
.667310.3 106.2 -.651550+1 
.158050.3 25.2 
.152870.3 24.3 
.122350+3 19.5 

TABLE III. - EIGENVALUES HITH COLLOCATION 
IN ADDITION TO VELOCITY FEEDBACK 

Real ImagInary Frequency. 
Hz 

-0.469110+3 0.115550+4 183.9 
-.596020.3 .911 030.3 145.0 
-.146250.3 .368650.3 58.7 
-.286290.3 .345150.3 54.9 
-.467640.0 .137290+3 21.9 

ImagInary Frequency. 
Hz 

0.201010.4 319.9 
.869250+3 138.3 
.627560.3 99.9 
.173930.3 27.7 
.150320.3 23.9 
.106770.3 17.0 
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with collocations in addition to new velocity feedback loops. The diffi­
culty of passing the higher order critical speeds with collocation Is a 
very important result. Namely, It points out that the usual design method 
for a rigid rotor has a natural limitation for control of flexible modes. 
New active control loops are needed for the higher flexible modes even 
with collocation. 

3.2.4 Unbalance Response 
Figure 6 shows the unbalance responses for this experiment for the condi­
tions of Section 3.2.2. From these results, both the horizontal and the 
vertical responses have similar characteristics. There are only low 
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FIG. 6. - UNBALANCE RESPONSES. 

amplitude resonances up to 5500 rpm. The rotor should have passed the 
fourth critical speed by 5500 rpm since the fourth critical speed exists 
at 84 Hz, 5040 rpm as shown in Fig. 5. Some results indicate that this 
is caused by gyroscopic effects. 

3.2.5 Active Vibration Control 
Improving the damping characteristics at the fourth mode is needed in 
addition to considering the velocity feedbacks f2~' and f2r'. Namely, 
the vibration velocities measured at locations 3 and 5 are used as the 
control inputs at locations 2 and 6. The results of the eigenvalue 
analysis for this are shown in Fig. 7. The measured frequency responses 
by an FFT analyzer are shown in Figs. 4(b). The analysis and exper-
iments show that the characteristics of the fourth mode are improved by 
active velocity feedback loops. It is possible to pass the fourth critical 
speed If the dynamic characteristics are as shown in Figs. 4(b>. 
However, it is impossible to pass the fourth critical speed In the actual 
test rig because of gyroscopic effects. He must design the active vibra­
tion control system taking into account the gyroscopic effects of matrix 
[Gl in Eq. (l). The higher order critical speeds can be passed if the 
flexible rotor - magnetic bearing control system is designed using the 
stable eigenvalues of Eq. (3) .that take into account gyroscopic effects. 
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4. Conclusions 
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This paper deals with vibration problems and control methods without gyro­
scopic effects for a flexible rotor supported by radial magnetic bearings 
with a four-degree-of-freedom system. The conclusions obtained are as 
follows: 

(1) The eigenvalue problem, taking into account the interaction 
between the mechanical system of a flexible rotor and the electrical sys­
tem of magnetic bearings and the controller can be formulated as shown 
herein. The control system of a flexible rotor - magnetic bearing system 
was designed by an eigenvalue analysis. 

(2) If the control system Is designed for a rigid rotor, the flexible 
modes do not become unstable with collocation. 

(3) New active control loops must be added for the higher flexible 
modes even with collocation because the damping characteristics degenerate 
for the higher order modes. It is possible to stabilize for the case of 
no collocation by means of this method. 

(4) It is not possible to pass the critical speed in the actual test 
rig even if frequency responses by a FFT analyzer are satisfactory mainly 
because of gyroscopic effects with rotation. 
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*notes 
Po 
10 
hO 
L 

the steady-state attractive force 
the steady-state current 
the steady-state gap length 
the coi 1 inductance 
the coil current 

E1 the Input voltage to the 
phase lead circuit 

R the coil resistance 
V the phase lead voltage 
fl. f2. f3 : feedback gains 
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The Electromagnetic Damper - Towards a First 
Large-Scale Industrial Application 

CHAN HEW WAI C. ; MOREL J. 

Electricite de France 
Direction des Etudes et Recherches 
1 avo du General de Gaulle 
92141 Clamart. FRANCE 

SJlmmar~ : 
Studies concerning the magnetic bearing were begun at the 
Research and Development Department when the first industrial 
applications on large machines appeared. Our work concerned, in 
particular, the modelling of this device and the construction of 
models used in performing validation tests. Furthermore these 
studies involved the search for new applications. Thus a large­
sized electromagnetic damper was constructed and tested on a 
second test bench to demonstrate that this solution may be 
applied to a large 900 MWe turbo-generator in operation. 

Since advances in power amplifiers indicated the possibility of 

supporting large sized rotors, the Research and Development 

Department at Electricite de France became actively interested in 

the magnetic bearing. From 1979 studies have enabled the 

potential of this new technology to be evaluated. In 

consideration of all that is at stake and the serious constraints 

concerning the availability and reliability of machines, 

considerable efforts are being made in the areas of modelling, 

behaviour prediction and reliability. Validation tests on large­

scale models complete this work. 

The project included three phases 

1) The development of software enabling the dynamic behaviour 

of the active magnetic bearing to be predicted, 

2) The construction of test benches designed to verify the 

computing programmes and to measure bearing characteristics. 

3) Application tests. 

The requirements with respect to machine operating conditions and 

reliability are such at E.D.F. that it is impossible to put a new 

machine into operation unless its operating characteristics, 

under all possible abnormal conditions, are known, including 

exceptional transient currents (broken turbine 
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blades, earthquakes, etc ... ). It is therefore indispensable to be 

able to simulate the behaviour of the machines under these 

conditions. Computing programmes which the E.D.F. has had in its 

possesion for many years now make this analysis possible. They 

were adapted with regard to the particular type of support 

provided by the magnetic bearing. The models used are capable of 

handling the following types of problems : 

linear (small displacements) at steady state, 

linear transient currents, 

non-linear transient currents, 

stability. 

The above concern machines with several types of bearing. 

FIRST CONCLUSIVE TEST 

Along with theoretical studies and simulation calculations, tests 

involving real equipment were conducted, either to evaluate the 

characteristics of the active magnetic bearings (AMB) , or with 

the intention of direct applications to machines in operation. 

To this end, the Electricite de France constructed a test bench 

around a 4 t supporting capacity bearing. Its purpose was : 

to verify the computing programmes 
to measure bearing characteristics 
to enable reliability testing 

to test the emergency devices 
The test bench consists of a 4 m long 2 t rotor, which is 
supported by two oil-film bearings (end bearings). The magnetic 

bearing, with a load capacity of 4 t, manufactured by the French 

company S2M (Societe de Mecanique Magnetique) is located in the 

middle. This arrangement is best adapted to the first two points 

of the study. The first tests conducted in 1984 are very 

encouraging since there is an accurate correspondance between the 
measured and computed characteristics (see table). The dynamic 

coefficients of the magnetic bearing were determined by finding 

the first two natural frequencies of the rotor. For the second 
natural frequency, the magnetic bearing is located on a 
vibration node . This enables the dynamic coefficients of fluid 
bearings to be evaluated. This, along with the knowledge of the 
first natural frequency, enables the dynamic coefficients of the 

magnetic bearing to be estimated. 
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Measurements computations 

Control loop Magnetic bearing Magnetic bearing Magnetic bearing Magnetic bearing 
gain stiffness damping stiffness damping 

K (N/m) C (N.s/m) K (N/m) C (N.s/m) 

0,25 2,25 107 9,09 104 2,15 107 8,39 104 

0,5 4,59 107 1,62 105 4,50 107 1,64 105 

0,7 6,23 107 2,22 105 6,51 107 2,29 105 

1,0 9,17 107 3,20 105 9,81 107 3,24 105 

Table. Determination of the dynamic coefficients of the magnetic 
bearing as a function of the control loop gain. This table shows 
a good concordance between the computed values and measurements 
on the test bench with respect to magnetic bearing stiffness and 
damping. 
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Fig.i. Comparison between simulation and measurement on the test 
bench during the detachment of a rotating explosive bolt 
(transient unbalanced mass). Overvoltage levels are very similar 
in both cases. However, numeric computations lead to greater 
amplitudes, especially in the actual transient phase. 

Furthermore, the response to a disturbance, (the detachment of an 

explosive bolt during rotation) has proven to be in conformance 
with predictions (see figure 1). These results, obtained for 
small displacements (linear) still need to be validated with 
respect to large displacements, and especially in the vicinity of 
saturation areas (magnetic fields greater than 1.3 Tesla). 
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SUPPORTING OR CORRECTING BEARING? STEPS TOWARDS A FIRST LARGE­

SCALE APPLICATION 

Another application of the AMB consists in using it not as a 

support, but as a corrector or damper. Indeed, traditional 

bearings generally offer little damping and exceeding of critical 

speeds may lead to vibratory problems. In these cases, one 

solution would be to insert an AMB in the shaft line which serves 

as a damper facilitating the crossing of these critical speeds. 

In this instance the bearing does not have to support the rotor. 

Its only function is to develop a force in constant opposition to 

that created by eventual unbalances. This type of application is 

already being considered by Electricite de France on high-power 

turbogenerators in operation. The idea is not new. Several papers 

have described the use of electromagnetic forces to dampen 

vibrations, but only for small-size machines. 

Nikolajsen and Holmes (1) have demonstrated the effectiveness of 

a controlled electromagnet in reducing vibration in a 

transmission shaft. 

Allaire and Humphris (2) have developed magnetic bearings which 

were tested on a flexible rotor as both supporting bearings and 

dampers. Our approach is original for thr.ee main reasons : 
1) Our purpose is to show that this method may be applied to a 

900 Mwe turbogenerator in operation. 

2) The electromagnetic damper only uses the upper 2700 of the 

rotor to facilitate mounting and dismounting at the site. 

3) The rotor is massive and evaluation of rotor heating is an 

important point of our study. 

In order to demonstrate the feasability of such an undertaking, 

a test bench has been developed. This test bench takes into 

account the dimensional restrictions of the actual shaft line 

with respect to the planned installation point of the 

electromagnetic damper (coupling plates) . 

DIMENSIONING OF A LARGE SIZE ELECTROMAGNETIC DAMPER 

The first phase of the study consisted in determining (by digital 

simulation on shaft line models) possible installation locations 

and the performance of the electromagnetic dampers so as to 

provide the required impedance to the shaft lines. 

These preliminary computations have shown that on the machine 

under consideration, a device which only provides damping 
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offers the optimal solution with respect to vibration reduction 

at all critical speeds. Furthermore, they reveal that a rotating 

force of approximately 10 tons would be sufficient to 

significantly reduce vibration when passing the most difficult 

critical speeds. Figure 2 shows the peak vibrations obtained by 

digital simulation in the horizontal direction at coupling 2 and 

in the vertical direction with respect to coupling 3 during a 

deceleration. with magnetic dampers, the horizontal amplitude is 

divided by 7 and the vertical amplitudes by 3.5 during the 

crossing of critical speeds. In this simulation, the damping of 

each damper is 8.10 6 N.s/m. 
Electromagnetic 

Dampers 

HP LPt 1 LP2 ~ ALT 

~~~~L..----'~:-cJ-
CASE 1 CASE 2 CASE 1 CASE 2 

400 _400. '00. . 400. 
0, 2, 0, 2' 0.2909 29 

Frequency (Hz) Frequency (Hz) Frequency (Hz) Frequency (Hz) 

a) Horizontal vibration at coupling 2 b)Vertical vibration at coupling 3 

Fig.2. Digital simulation (finite element method) of the effect 
of 2 electromagnetic dampers installed on couplings 2 and 3 
during deceleration. 
Case 1 Initial 
Case 2 : With 2 magnetic dampers each producing 8.10 6 N.s/m. 

The second phase therefore consisted in developing and 

constructing a large size damper for controlling the vibrations 

of an existing shaft line. 

The damper which was proposed, following all of the above 

considerations, is described in figure 3. 

It includes 6 poles with 4 magnetic axes. It only covers the 

upper 2700 of the rotor to facilitate installation on the actual 

machine. This particular characteristic means that it must 

operate in the vicinity of an average static force so as to 

create the necessary rotating force to dampen vibrations. Each 

45° pole contains 3 independant electromagnets. Each of the 18 
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power amplifiers which drive each electromagnet operates on 160 V 

dc with a maximum current of 50 A. In our application, flux 

circulation is axial in order to reduce losses in the rotor. 

6 poles of 45° each Axial flux circulation 

Fig.3. Electromagnetic damper working principle. 

The rotating force is optimised via a compensation method which 

consists in supplementing to the detector signals of the various 

poles with part of the signals that the missing poles would have 

detected if they existed. Use of the latter improves the modulus 

of the rotating force approximately 43 % (3). Thus, each pole 

must provide 7,000 daN in order to develop 10,000 daN of rotating 

force. 
The stability and dynamic characteristics of an active magnetic 

damper (or bearing) are determined by the electronic control 

system. In our application, the various filters used provide a 

phase of approximately 90° in the 10 to 20 Hz frequency range. 

The damping function is assured in this way. To obtain a high 

damping coefficient without reducing stability, a synchronous 

peak gain filter is used. This type of filter (synchronised with 

the rotation speed) significantly increases the loop gain only at 

the rotation speed without modifying the phase. The overall 

control system transfer function which represents damper 

impedance and the resulting damping curves are represented as a 

function of frequency for two different gains (see fig.4). To 

minimize rotor heating due to eddy currents, the static force is 

automatically adjusted by the control system according to the 

amplitude of the vibrations. 

TEST BENCH 

The rotor is 5 meters long and its total weight is approximately 

7 tons. The middle of the rotor represents the coupling of a LP 
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rotor in operation and therefore has the same dimensions. The 

rotor is supported by two circular hydrodynamic bearings. It is 

driven by a dc motor and may attain a maximum speed of 1,200 RPM. 

The frame consists of stiff metal beams. Its total weight is 

approximately 70 tons. It stands upon isolating devices so as to 

avoid transmitting its vibrations to the building. 

Since the rotor is massive, the knowledge of rotor temperature is 

essential in order to establish the operating limits of the 

damper. These temperatures are measured via 12 sensors 

distributed along the surface and at different depths (see fig. 

5). These signals are transmitted via a remote sensor and plotted 

in real time on a paper recorder. 

MODELLING 

It is not always possible to determine all of a machine's 

parameters through experiments. Modelling is one way of achieving 

this. Thus the rotor and frame were modeled so as to 

1) Verify that damping of the electromagnetic damper 

conforms to the theoretical value predicted. 

2) Predict test bench behaviour for different values of the 

exciter energy (unbalanced mass) and the damping supplied 

by the electromagnetic damper. 

The rotor was modeled using 100 continous beam elements under 

plane deflection. The rotor model was validated using the first 

two natural free-free frequencies experimentally obtained by 

modal analysis as shown in the table below : 

Rotor free-free Computed Measured Difference 
Frequency 

1st natural frequency 43,43 Hz 43,55 Hz 0,3 % 

2nd natural frequency 99,57 Hz 99,61 Hz 0,04 % 

The model of the frame consists of continuous beams which are 

interconnected and which have the same main dimensions and mass 

as the real frame. 

MAIN RESULTS 

The main results are shown in figures 6 to 8. They make possible 

the comparison between the values measured on the test bench and 
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the values computed with the model. 

Figure 6 indicates rotor vibration with a residual unbalanced 

mass of approximately 0.07 m.kg during deceleration for different 

damping values provided by the electromagnetic damper. 

Firstly, we observe that the rotor's critical speed, which is 

located at approximately 17 Hz, does not shift when the damper is 

operating, and secondly, that vibrations when this speed is 

exceeded are well damped. Therefore the electromagnetic damper 

well fulfills its damper function (stiffness is practically 

zero). The curves computed make it possible to estimate the 

damping values and to readjust rotating models. The distance 

between the fluid bearing axes was 4,5 m. 

The electromagnetic damper was designed to provide a rotating 

force of 10 tons at 15 Hz and maximum damping of 8.10 6 N.s/m. 

To verify these figures, the distance between the fluid bearing 

axes was reduced to 3 m, and tests were conducted on the test 

bench by applying larger and larger unbalanced masses up to 11 

m.kg which represent a force of approximately 10 tons at 15 Hz. 

Figure 7 shows that the results obtained on the test bench 

correspond well with those first calculated. 

The various measurements made on the test bench indicate that the 
increase in temperature at the hottest point of the rotor (across 

from the unbalanced mass) is approximately 2° C per ton and per 

minute at 15 Hz during the first moments. 

Figure 8 represents the results of a long duration test. It 

indicates that the slope of the graph decreases as rotor thermal 

equilibrium is approached. An estimation of the power loss was 

made using a relatively simplified calculation (bidimensional 

calculation - localised source of heat ... ). 

CONCLUSIONS 

The results obtained from the various series of tests show that 

the main objectives aimed for were attained. 

The device does behave as a genuine damper since the rotor's 

critical speed is indeed damped and not shifted. 

We have observed a good concordance between measurements and 

calculations. Differences arise primarily from measurement 

uncertainties (sensitivity of the sensors to type of material and 

to temperature, attenuation in the filters ... ) and from the 

simplified modelling of the test bench frame. It should be noted 
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that differences are especially significant below 10 Hz and that 

above this level theoretical and measured values are very close. 

Thus we can say that the theoretical damping curves of the device 

are completely in accordance with real operation, especially 

within the range of 10 hz to 20 Hz which is the most 

important. Tests with large unbalanced masses have shown that the 

damper is well capable of providing a force of 10 tons at 15 Hz. 

Temperature sensors in the rotor also made it possible to have a 

good idea of the change in temperature at different points of the 

rotor according to the unbalanced mass applied and according to 

time. However, the total power loss in the rotor could not be 

calculated with accuracy, since the existing thermal calculation 

codes do not enable exact simulation of the actual phenomenon 

(due to its three-dimensional and transient nature and non­

sinusoidal source). The simplified calculation made still 

provides a good indication of the order of magnitude of rotor 

power loss. 

In conclusion, the tests conducted show that the electromagnetic 

damper in question meets the requirements of design 

specifications even if certain improvements may still be made. In 

particular, the installation of a control system gain limiter 
would enable saturation of the amplifiers to be avoided. The 

stability of the unit may be improved so as to increase damper 

effectiveness. 

Power loss in the rotor is not neglegible, even if it is lower 

than the value predicted by the manufacturer. It could be 

significantly lowered by the development of a full damper. 
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Summary 

Preliminary studies are conducted at SEP to clarify the 
advantages and drawbacks of using S2M ACTIVE MAGNETIC BEARINGS 
(AMB) to suspend rotors of rocket engine turbopumps. 
After having pointed out their specific interest for rocket 
propulsion, technological keys for development will be 
presented. These latter are found among the following 
subjects: AMB materials properties (mechanical and chemical), 
miniaturization of the electronic controller, rotordynamic 
prediction, fluid and electrical interfaces. 

1. Introduction 

The constant care of every engineer in propulsion field is to 

increase the machine efficiency and to minimize the weight and 

overall dimension of the engine and of the feeder turbopumps. 

This care most often results in a search for higher rotor 

speed, beyond the limitations of the components currently 

used, especially for the bearings. This basic rule is worsened 

by the requirements adherent to modern engines increased 

life, high safety, extended reusability, low development and 

recurrent costs. Thus is layed the necessity to use alternates 

found among the fluid bearings (hybrid/hydrostatic/ 

hydrodynamic) or active magnetic bearings (AMB). 

The first option is explored since twenty years, particularly 

in the United States where advanced turbopumps have been 

tested with hybrid/hydrostatic bearings [1] [2]. 
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However, the use of such bearings has drawbacks due to their 

complexity and recycled flow rates. 

Therefore, beside trade-off studies on fluid bearings, 

detailed investigations are conducted at SEP since 1986 to 

determine specific interest of AMB in space propulsion. These 

works are based on conceptual and technological studies, both 

being tightly connected. Some of them are linked to 

cooperation works with american companies. 

This paper is intended for a brief description of the works 

trends and the main results obtained during this preliminary 

phase. 

2. General studies 

2.1 Realm of interest 

Most of the features of the AMB are attractive for rocket 

engine components as turbopump bearings. The high level of 

reliability obtained in previous space applications [3] [4], 

the potential high life, an increased rotational speed, the 

shaft dynamic control, are among their most interesting 

characteristics [5]. 

But they have also some counterparts, as they need power 

supply, on-board control cabinet, dedicated transfer function 

and safe compatibility with the propellants used. 

Company funding were then committed to conduct applicability 

studies precising the requested efforts to implement AMB on 

rocket engine turbopumps. These investigations start from the 

system specifications to obtain the AMB parameters in terms of 

mass, power consumption, cost, life, reliability, load 

capacity (fig. 1) 
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Fig. 1 AMB's applicability on rocket engine turbopomps 
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Those specifications are related to each particular engine, 

but generally speaking, we have scanned an engine thrust from 

30 kN to 3000 kN, life requirement up to 500 cyc1es/20 hours 

with no fail occuring before 2 years, and cryogenic/storable 

propellants. 

The main results show that 

(a) weight and power dissipations increase largely with the 

AMB load capacity, i.e. the engine thrust (fig 2,3) 

(b) cryogenic propellant allow smaller sizes (increasing the 

current density by a factor of 6 compared to ambient 

conditions) 

(c) higher rotor speeds can be obtained with an increase of 

about 50 % compared to cryogenic ball bearings. Expected 

improvements in mechanical strength of the rotor sheets 

should increase this value. 

(d) AMB expected life seems consistent with the system 

requirements. On-going works on fatigue behaviour will 

complete this topic. 
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(e) axial thrust capacity appears too low regarding the loads 

encountered in start/shutdown transients. Improved designs 

for axial AMB has to be compared to mechanical/hydraulic 

devices currently used on turbopumps. 

(f) recurrent costs remain relatively high today, due to a 

low number of parts intended to be produced. This point 

turns AMB application towards high life, reusable advanced 

turbomachineries. 

tOO 

to 

Mals 
( ~g) 

15000 ra~s~­

/~ 0000 rad/s 

tOO tODD 

5000 rad/s 

toooo Load 
(N) 

Fig. 2 AMBls mass vs radial load 
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(~W) 
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I 
I 

1000 10000 Load 
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Fig. 3 AMBls power dissipation vs radial load 
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2.2 Turbopump Designs 

These designs were undertaken to complete the applicability 

study, to point out the technological assessments and to 

illustrate the possible concepts. 

Two exemples are proposed here, one imaging a high thrust 

engine, liquid oxygene turbopump (HTOTP Fig 4 (a) (b» , the 

other picturing a low thrust engine, hydrogen turbo pump (LTHTP 

Fig 5 (a) (b». Their main features are reported Table 6 and 

the AMB characteristics are found Table 7. 

The location of the forward bearing on HTOTP Fig. 4(a), placed 

on the inducer shroud, shortens the axial length and enables 

better dynamic control. All bearings are cooled with a small 

propellant flow rate through them. 

The main technological keys are detailed in the following 

chapter. 

Table 6 . Advanced Turbopumps Features 

CHARACTERISTICS HTOTP LTHTP 

Pressure rise (MPa) 28 24 

Shaft Power (kw) 17,000 670 

Rotor Speed (rpm) 30,000 190,000 

Overall length (m) 1.0 0.25 

TP weight (kg) 260 4.8 
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Table 7 • Radial AMB's Characteristics 

CHARACTERISTICS HTOTP LTHTP 

Airgap (mm) 0.4 0.2 

Materials (rotor) Fe-Si3 Fe-Si3 
(stator) Fe-Co50 Fe-Co50 

Stator 0.0. (m) 0.21 0.06 

Load (N) 4,600 65 

Weight (kg) 30 0.6 

Power consumption (W) 5,000 500 

3. Technological works 

3.1 Size reduction of the control cabinet 

This is obviously a major pOint, allowing or not the use of 

AMB on flight systems. The challenge is to miniaturize the 

circuitry and the power amplifiers while keeping the high 

level of reliability obtained with industrial cabinets. 

The expected size reduction is about 5 to 7 times, implying 

the use of digital processing, deep hybridation and 

optimisation of the control box design. Those are trends of 

our works. 

This effort will also give us ability to use complicated 

transfer functions and real-time health diagnostic capability. 

3.2 Rotordynamic 

As far as turbopump design are concerned, an accurate mean of 

predicting the rotor responses is needed. Significant effort 

has been done at SEP to obtain such an efficient tool taking 

into account : 

- any transfer function 

- non-isotropic behaviour of the bearing 

- all the hydraulic connections between stator and rotor 

parts: pump and turbine stages, seals, AMB airgaps 

- any location for the bearings and the displacement 

probes. 
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This computer code, developped with assistance of the 
Uni versi ty of Liege (LTAS), is a finite element program with 
formulation allowing non-linearities. This control system can 

be adequately expressed in the standard quadratic form : Mx + 

Cx + Kx = F(t), by mean of extra degrees of freedom [6]. 

An operating code is currently used for quasi-steady 

calculations, with shafts controlled plane by plane or axis by 

axis. Improvements are on-going yet to allow for non-linearity 

of the control loop and start/shutdown transients. 

The shaft behaviour is analyzed with 

(a) Campbell diagrams (Critical 

coefficients, fig 8 (a) (b» 

speeds and damping 

(b) the mode shapes showing appropriate deflections at the 

(c) 

bearing/detector locations (fig 9) 

the synchronous response (unbalance response) allowing 

to check gaps vs displacements. 
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Fig. 8( a) HTOTP Critical speeds 
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Those given exemples illustrate potential problems encountered 

on these machines : broad frequency range control and tight 

relationship between the turbopump design and the stability of 

the machine. 

3.3 Material compatibility 

Following extensive literature review and flight profiles 

required in future, priority propellants has been retained, 

i.e. liquid oxygen (LOX) and liquid hydrogen (LH2). 

Preliminary tests then have been performed to check : 

(a) cryogenic behaviour of the Fe-Si3 sheets employed 

(b) compatibility with GOX and LOX 

(c) hydrogen brittleness for the Fe-Si3 alloy 

Those tests were conducted with the assistance of the National 

Test Laboratory (LNE) and Air Liquide company. 

(a) Tensile tests carried out with notched and unnotched Fe­

Si3 samples confirm the usual results [7], with rupture stress 

higher than 500 MPa and no yield for cryogenic temperature 

(6<77K). These alloys has a light sensi tivi ty to the notch. 

High-cycle fatigue tests done also at cryogenic temperatures 

show rupture stresses higher than 350 MPa for a number of 

cycles equal or higher than 107 . 

(b) 16 organic materials amoung insulations, coatings, various 

protections were tested by normalized check-out in GOX. 

Following these first choices, 4 materials have been retained 

and used to make small components similar to magnetic bearings 

(fig 10). 

They were tested successfully during adiabatic compression 

tests, opening the way to a full compatibility with liquid 

oxygen. 

( c ) The foreseen implementation on hydrogen turbopump compel 

to measure GH2 brittleness, especially for the highly stressed 

rotor sheets. This so-called "external brittleness" study was 

conducted with disk ruptures in GHe and GH2 [8]. 

The results show classical curves with a peak around 200K and 

its disappearance at cryogenic temperatures. 
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Fig. 10 Subscaled Components for LOX compatibility tests 

4. Conclusion 

A preliminary program was started by SEP in 1986 to verify a 

possible implementation of AMB on advanced turbopumps. 

These studies has confirmed their potential interests : 

(a) high reliability, with an expected MTBF higher than 

40 000 h. This will allow high life in orbit and high 

cycles reusability. 

(b) possible use into cryogenic propellants (LOX and LH2), 

related to attractive turbopump design. 

(c) active control of the rotor dynamic, with effective engine 

thrust throttling, realtime diagnostic and easier 

development. 

These advantages should balance for numerous applications the 

two major drawbacks of these bearings : a mass penalty and a 

relatively high recurrent cost. 

These both disadvantages come mainly from the control cabinet, 

whose required spatialisation is possible for mean term. 

According to these results, the design of a high speed test 

device was initiated beginning of 1988. Extensive tests 

planned for 1990 should confirm and precise this balance. 
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Those global results will be compared to similar 

investigations conducted on fluid bearings leading SEP to 

proper choices on future turbopumps 
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I. Reactor Coolant Gas Circulators with Magnetic Bearings and the Retainer 
Bearing Test Facility 

Radial and axial active magnetic bearings due to their specific features and operating 

characteristics can meet technical requirements beyond the scope of conventional bearings. 

With these bearings rotating machines can be arranged encapsulated in the process medium 

without any risk of interaction with lubrication oil or stationary component parts during normal 

operation. They are thus predestined for use in gas-cooled high temperature reactors. This is 

true in particular because the demand of freedom from maintenance is met here in a way not 

reached in mechanical engineering before. 

Fig. I is a cross section through a coolant gas circulator prototype being developed at 

present. It includes the same proven assemblies used in the circulators for gas-cooled reactors 

designed and built by ABB to date /1/. A basically new feature is the vertical circulator axis 

with rotor weights up to several tons and, naturally, the non-contacting active magnetic 

bearings /2/. 

The circulator is designed as a withdrawable unit for a reactor service life of forty years, 

with an overhung impeller arranged at the top. Drive motor and cooling device are integrated. 

The complete unit is arranged in the helium loop of the reactor and is under operating pressure. 

An essential prerequisite for the use of active magnetic bearings are retainer bearings, 

needed for preventing undesired contacts between the rotor and fixed parts of the machine 

when the magnets are de-energized. In view of the large dimensions and the shaft weights to 

be kept under control design and construction of the retainer bearing are the subject of a 

research and development project backed by experiments. 

Fig. 2 depicts the functioning mode of the retainer bearing test facility with active magnetic 

bearings designed by ABB and set up at HRB in Jillich. Its configuration and shaft 

dimensions have been chosen such that they correspond to the conditions of the prototype 
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circulator as far as possible. The locations shown in red and dark blue illustrate the principle: if 

the active magnetic bearings fail the shaft will drop onto conical parts which themselves run in 

rolling-contact bearings. 

Within a few hundred ms the retainer bearing is accelerated to the shaft speed when the 

shaft is dropped. The shaft may then safely coast to a halt according to the power consumed in 

the impeller wheel or with additional electric braking by the motor. 

The advantage of the active magnetic bearing in the retainer bearing test facility is not only 

that shaft drops take place under realistic boundary conditions. It is also possible in addition to 

make rotor loads associated with larger rotor dimensions act upon the retainer bearings via 

magnetic forces. And finally it is possible to re-energize the magnetic bearing during an 

experiment in the event of an impending failure of a retainer bearing. The rotor will then return 

to the levitation position and further damage of conical parts and retainer bearing components 

is avoided. 

Fig. 3 is a view of the retainer bearing test facility. The switch cabinets house the retainer 

electronic devices for the magnetic bearing and the converter as well as the instrumentation. 

The actual rotating system is inside the container coated with light paint; this container also 

allows experiments in a helium atmosphere. Nearly 100 rotor drops have been carried out to 

date. 

2. Design Principles for Retainer Bearings 

Fig. 4 illustrates the design features. In the axial-radial retainer bearing the shaft forces arc 

directed via friction cones into the retainer bearing bushing which in this case runs in three 

rolling-contact bearings. Depending on the failure mode the shaft can be supported by the pairs 

of cones RKI or RKII. 

In a radial retainer bearing radial shaft motions are guided by the cylindrical friction 

surfaces RSIV. For centering of the shaft the pair of cones RKIII may be used. 

The retainer bearing units thus basically consist of rolling-contact bearings and friction 

surfaces. By means of the friction coefficient J.l a major influence on the angular acceleration of 

the retainer bearing bushing is exerted right at the start of the drop. Fairly smooth transitions 

from standstill to rated rotational speed are to be aimed at in order to keep the ball and ball 

retainer ring accelerations occurring inside the rolling-contact bearings within acceptable limits. 
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The friction surfaces furthermore have the additional basic task of acting as an emergency 

bearing and of bridging a potential rolling-contact bearing failure. 

The friction cones may be made of various materials, such as e.g. sintered materials based 

on bronze, metallic and ceramic coatings, and metallic materials of high surface hardness. For 

the technology of helium-cooled reactors the considerably differing friction behaviour -

compared with normal atmospheric conditions - is the main factor for the choice of materials. 

Generally the values for the friction coefficient Il in helium under reactor conditions are much 

higher than in air. 

Fig. 5 shows an axial-radial retainer bearing unit in assembled condition with mounted 

telemetering instrumentation for the non-contacting transmission of temperatures measured in 

the rotating part. A part of the friction cone with a radial slot arranged for collecting abraded 

material is clearly visible. The balls, running grooves and retainer borings shown represent the 

parts of a dry-lubrication bearing after exposure to loads. The matt luster of the balls and the 

traces of tarnishing are clear indications that ball bearing wear has already started. 

As the presentation of the test results to date will also show, great importance is attached to 

the tribology of rolling-contact bearings. For the application of retainer bearings in machines 

with active magnetic bearings used for nuclear reactors dry lubrication has a wide application 

potential. In view of a reactor service life of 40 years the maintenance requirements and 

disadvantages involved in the limited stability time of lubricating grease justify almost any 

effort for developing serviceable dry-lubrication retainer bearings with reproducible behaviour. 

In our opinion the application of the active magnetic bearings technology for large 

machines in nuclear engineering depends decisively on the number of safely guaranteed drops 

into the retainer bearings. For conventional mechanical engineering this restrictions does not 

apply to the same extent, since reactor-related and conservative availability considerations for 

active magnetic bearings and their components need not be made. The difficulties involved in 

the handling of irradiated machine components do not exist, and the bearings are always 

accessible. For conventional engineering the operational and economic benefits of active 

magnetic bearings are therefore much more distinct. 

3. Phenomenology of the Test Parameters 

Fig. 6 shows the typical curves of a number of test parameters for a drop from an initial 

speed of 6100 r.p.m. 
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From the curve trace "ARF bush speed" it can be seen that the run-up of the axial-radial 

retainer bearing (ARF) occurs approximately 1.1 s. For the radial retainer bearing (RF) an 

analog run-up with a time delay of approximately 0.5 s takes place according to the curve trace 

"RF bush speed". 

The curve of the axial force taken up by the ARF is most interesting. At a rotor weight of 

1320 kg in the test facility an additional magnetic load was introduced for this test. As the 

curve trace "axial force" shows an axial load of approx. 25 kN was present after the dynamic 

processes involved in the drop had died down. 

The shock load occurring at the first moment of the drop amounting to 104 kN was four 

times as large as the quasi-static load occurring subsequently. 

The curve trace "Rotor Displacement" for the axial shaft position clearly reflects the 

dynamic dropping process. The elasticity of the design chosen by us permits an overshooting 

of more than 0.2 mm beyond the axial "drop path" of the rotor amounting to approx. 0.7 mm 

in the equilibrium condition. 

In Fig. 7 the experimental findings for the run-up time of the ARF cone with retainer 

bearing bushing are depicted as a function of the drop speed of the shaft. The scattering of the 

measured values as shown reflects. apart from the effect of the damage to the rolling contact 
bearing which increases with the number of drops the assumption that the friction processes 

during the drop are much more complex than might be expected according to the classical 

friction law. 

With Fig. 8 the important influencing quantity temperature increase in the friction cone 

comes in. It also rises considerably with rising drop speed. If the plotted data are adapted by 

means of a power function one obtains nearly the theoretically expected speed exponent 2 for 

the approximation of the dT figures (In dT = - 12.6 + 1.93 In n). 

In Fig. 9 the evolution of the temperatures in the 5 rolling-contact bearings Ll to L5 of the 

entire retainer bearing arrangement for a drop from approximately 6000 r.p.m. is shown. The 

shaft coastdown time amounts to slightly more than 15 minutes. Distinct maximum 

temperature differentials of up to 12 K appear between internal and external ring of the ball 

bearings with a lubricating grease film. 

For dry-lubrication bearings the respective dT values are higher by a factor 3 to 5. The 

corresponding material expansions are a major input variable for the detail design of 
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circulators, because they directly affect the tolerances and clearances between rotating and 

fixed machine parts. 

Since additional reserves for temperature gradients in the circulator resulting from 

operational influences must always be taken into consideration, it is quite obvious that this is 

one of the major problem areas for the design of retainer bearings for large machines. 

This brief survey makes clear that even with the use of commercial rolling.contact bearings 

with a grease film no satisfactory results could be observed at first during the drops. For a 

successful application considerable modifications and adaptations of the design parameters are 

necessary. This concerns in particular: 

· Bearing play, pressure angle and osculation 

· Ball bearing spacer guidance, design and material 

· Surface configuration of the elements involved in the rolling movement 

· Type, quantity and method of application of lubricants 

· Damping of the bearings. 

In case of dry bearings special attention must be paid to some of the above· mentioned 

parameters acc. to Fig. 10, since the temperature developments are much more pronounced 

during a drop, and the impact of the tribological properties is much more serious. Therefore 

experimental parameter optimizations are necessary which are being carried out by us at 

present. 

The interactions of the various material gliding upon each other in the rolling-contact 

bearing are a key problem, with the proportion of the masses to be accelerated in the starting 

phase exerting a great influence. Dry lubrication films can help to avoid the rapid destruction 

of the surface structure of balls, rings and retainers in a helium atmosphere with metallic con­

tacts and cold welding. 

From a phenomenological point of view the bearing load is best determined by a 

comparison of two surface peak· to-valley measurements. Fig. 11 shows two extremes: 

rolling-contact bearing surfaces in new condition and after failure due to overloading. The 

shown orders of magnitude for the surface roughness illustrate the experimental tolerance, 

with the failure value for the surface roughness of a rolling·contact bearing being dependent on 

the dry lubricant used. It is our objective to discover recipes and procedures by means of 

which, in a similar way as with a film of grease, the metallic contact is reproducibly prevented 
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for a large number of drops. A prerequisite for this is the development of suitable non­

destructive inspection procedures for in-process manufacturing control. 

4. Metrology Assisting the Development of Retainer Bearings 

Irrespective of the influences of dry lubrication discussed so far there is a large 

improvement potential in the configuration of the heat removal when the retainer bearings are 

loaded. There are structural possibilities available as well as the possibility to exert influence 

through forced cooling. 

For solving the difficult optimization tasks we are assisted in the retainer bearing test 

facility by the sophisticated instrumentation which has been installed. In Fig. 12 the significant 

measured variables and the means for recording them are illustrated. The temperature 

measuring devices based on complex telemetric equipment shall be specially mentioned, since 

thermocouples can be placed in the immediate vicinity of the rotating heat sources, and there 

are no disturbing factors when the thermoelectric voltage is picked up. 

In Fig. 13 the design data of the retainer bearing test facility are compiled. The large 

variation scope of the individual parameters arose from the requirements involved in the 

different circulator variants of future HTR lines, from the heating reactor up to the HTR 500. 

We thus have a universally useful test equipment at our disposal allowing us to investigate 

even special features of active magnetic bearings. 

The success already achieved with the detail design of retainer bearings for coolant gas 

circulators is an indication of the fact that the retainer bearing test facility may in the medium 

term also be used for optimizing retainer bearings for other applications. Under this aspect the 

R&D funds invested will have a "spin off' effect beyond the current objective. We wish to 

thank the Federal Ministry of Research and Technology for their sponsorship of the 

experimental work. 
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Practical Applications of the Active Magnetic 
Bearings to the Industrial World 

Maurice BRUNET, Technical Manager 

Societe de Mecanique Magnetique (S2M) 

Vernon/Saint-Marcel France 

Summary 
Actlve Magnetic Bearings (AMB) are developed. manufactured and 
marketed by Societe de Mikanique Magnetique (S2M) since 1976. 
This company has made major improvements to the AMB fundamental 
technology in order to meet industrial requirements. Each 
component of the AMB system has been improved through a simple. 
robust, and patented solution. Among others. inductive sensors. 
flux feedback control, control loops (automatic balancing 
system), auxiliary bearings •••• Many industrial applications in 
various and severe environmental conditions have been set into 
operation. They have been into operation for years and have 
shown their reliability. 

Introduction 

This paper does not deal much with theory of Active Magnetic 
Bearings (AMB). Many other papers have previously described the 
subject; for an introduction to AMB one should refer to them. 

We shall focus here mainly on: 

- some of the technological improvements brought by S2M to the 
AMB, 

- industrial applications. 

The Societe de Mecanique I~agnetique (S2M) was founded in 1976 
by the Soc i ete Europeenne de Propul s ion (SEP) and the SKF 

group. Its aim was to continue development and to commercialize 
active magnetic bearings which had been the subject of research 
programs starting in the 1960s. 
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S2M is located in the Vernon/Saint-Marcel industrial area in 
Normandy, France. The S2M plant has been built on 2 hectares 

(5 acres) and occupies 3,000 m2 (27,000 sp.ft.). S2M employs 75 
persons (January 1st, 1988 figures). 

Fig. 1. S2M plant in Vernon/Saint-Marcel 

More than 35 patents registered since 1970 (in France, in 

Europe, in the United States and in Japan) protect SEP and S2M 

inventions in this field. 

For over 15 years the S2M shareholders have invested more than 

50 MFF directly in the development of active magnetic bearings, 
in the form of capital or services. S2M invests approximately 
10 % of its turnover in research and development. 
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S2M is equipped with computerized design and management 

equipment and has production capabilities both in the 

electromechanical and electronic fields. S2M also ensures the 

implementation and after sales service of its active magnetic 

bearings throughout the world. 

S2M IS wealth is in its team of men and women, whose work and 

experience have built an unequalled technological advance in 

the design and production of active magnetic bearings. 

S2M has created two subsidiaries to implement the process in 

America and in the Pacific and South-East zones: 
- MBI (MAGNETIC BEARINGS, INC.) in the United States, with the 

KOLLMORGEN group, 

JMB (JAPAN MAGNETIC BEARINGS CO., LTD.) in Japan, with the 

SEiKO group. 

Fig. 2. S2M group in the world 
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These two subsidiaries make up a worldwide organization based 

on three poles: 

S2M which is especially orientated towards the European, 

African and Middle East markets. S2M is, of course, the 

leader both in research and development and promotion of new 
appl ications, 

- JMB licensed for the Pacific area and handl ing the heavy 

industry market while the sub-licensee SEIKO SEIKI handles 

the light industry and machine tool markets. 

The S2M group, the growth rate of which is about 40~ per year, 

is the only group in the world able to design, manufacture and 

commercialize active magnetic bearings on an industrial level. 

Fig. 3. S2M growth, historic and perspectives 
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MAJOR IMPROVEMENTS OF AMB'S FUNDAMENTAL TECHNOLOGY BY S2M 

The basic AMB technology using electromagnets in attraction 

controlled by a servo-loop is well-known. However, various 

major improvements to the AMB fundamental technology are 

necessary to meet industrial requirements. 

Each component of the AMB system has to be improved through a 

simple and robust solution, to avoid weak points. 

Figure 4. stlowS some of the S~H pdtented improvements. Thanks 

to them really operational AMB are manufactured. 

r--------------------------------------------------------, 
MAJOR IMPROVEMENTS OF AMB's FUNDAMENTAL TECHNOLOGY BY S2M 
======~=========================~======================== 

INDUCTIVE SENSORS TECHNOLOGY 

ELECTROMAGNETS WITH FLUX FEEDBACK CONTROL 

CONTROL Loops: 

AUTOMATIC BALANCING SYSTEM 

AUXILIARY BEARINGS 

Fig. 4. Major improvements of AMS's fundamental technology 
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Inductive sensors technology 
The technology selected by S2M for the transducer of the 

servo-loop is the inductive sensors in a Wheatstone bridge. 

This principle is known as especially accurate (principle of 

measuring equipment) and simple. It provides a high level 

signa 1 wh i ch does not requi red to be preamp 1 i f i ed before 1 i ne 
transmission to the control electronics. It is a noise-free 
signal, from which rotation harmonics are filtered through a 

simple, static mechanical device, also patented. Getting rid of 

any preamplifier on the machine itself increases the 

reliability of the AMB system. All sensitive parts are under 

protection in the control room, remote from the machine (up to 

50 meters or even morel. 
The most impressive application in the S2M sensors know-how is 
the ultra-precision spindle for optical lenses machining. The 

spindle drives the lense (lathe principle) at 2,000 rpm, with a 

power of 1 kW. On this spindle an accuracy of 0.05 micron on 
the machined part is achieved. This value is not dependent of 

the material. 

Fig. 5. Example of ultra-precision achieved with S2M inductive 
sensors technology: spindle for optical lenses machining. 
Machining accuracy: 0.05 micrometer. 
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The electromagnets with flux feedback control 

The well-known drawback of the electromagnets is the 
non-linearity of the electromagnetic force in a variable 

airgap. The S2M solution (patented) is the flux feedback 

control by means of a simple flux measurement coil. This 
technology avoids any fragile sensor on the machine. 

Most of S2M applications are equipped with this device. The 

figure hereafter shows one example. This is a turbo expander 

unit used for air liquefaction. On the turbine wheel side the 

gas is expanded and cooled to -190°C, the shaft transmits the 

power (300 kW, 38,000 rpm) to the compressor wheel on the other 

side. The thrust reaches 7,500 N, i.e. 25 times the rotor 
weight. This high load factor would not be possible without the 

fl ux control. 

Fig. 6. Example of high load factor: turbo expander with a 
7,500 N thrust load on a 30 kg rotor weight. 
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Control lOops: Automatic Balancing System 

The classic PID (Proportional, Integral, Derivative) network 

has been improved by various filters and cross-coupling 

devices. 

One of the S2M patents is the Automatic Balancing System (ABS). 

Target of this system is the elimination of stator vibrations 
at variable speeds, even in case of high and variable unbalance 
by a rotation of the rotor on its inertial axis. The ABS system 

uses rotating coordinates driven by the rotation speed. The 

"frequency fi 1 ter" of the beari ng is thus di rectly indexed on 

the rotation speed. 

The ABS system has been used many times, it is integrated in 

the majority of the S2M applications, especially the turbo­

machines. 
For example, this turbogenerator equipped with a 8,000 kg rotor 

rotating at 3,000 rpm in a very dusty environment of hot blast 

furnace exhaust gas (energy recovery expander). The process 
dust by sticking on or abrasing the expansion wheel changes 

permanently the unbalance. Thanks to the AUS, the rotor rotates 

around its inertial axis and no vibration is transmitted to the 

stator. The unbalance allowed is 250 g.m. 

Fig. 7. Example of high unbalance: turbogenerator with 250 g.m. 
acceptable unbalance. 
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Auxiliary bearings technology 

S2M has now a great practical experience of auxiliary bearings 

improvements. These systems provide gOOd damping for a "smooth 

landing" of the rotor in case of ailure in the control system, 

even in case of a flexible rotor rotating over its first free­

free bending mode. 

The figure Shows a centrifugal compressor with flexible rotor 

(300 kg, 13,500 rpm) on which evidence of good landing 

behaviour has been made. 

The shaft can cross its fi rst free-free critical speed on the 

auxiliary bearings. 

Fig. 8. Example of landing capability on auxiliary bearings: 
centrifugal compressor. 
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INDUSTRIAL APPLICATIONS 
Many industrial applications in various and severe environ­
mental conditions have been set into operation. They have been 

in operation for years and have shown their reliability. 

Vacuum: Ultra-high vaccum pump 

Neutron chopper 

Extreme temperatures: 

Machining: 

Turbomachines: 

Ultra-high vacuum pump: 

Cryogenic turbo expander 

liquid helium cryogenic compressor 

Hot helium blower 

Very high speed milling 
Creep feed grinding 

Steam turbine 
Centrifugal compressor 

Synopsis of turbo.achines. 

This design makes use of an internal stator. The external rotor 
(7 kg) rotates at 30,000 rpm. The turbomolecular pump enables 
to achieve a very high level of vacuum (10- 11 Torr). It is well 
suited for vibration-sensitive applications such as electron 

microscopy and mass spectrometry. It is also absolutely 011-

free. 

Fig. 9. Ultra-high vacuum pump 
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Neutron chopper: 

The principle of this laboratory equipment which works in 

vacuum is to chop a neutron flux by a rotating shutter. 

The synchronisation of the shaft speed with the neutron source 
is essential. Therefore, a constant speed of 30,000 rpm is 
required .1W/1.A/ = 10-6). 

Thanks to the very low and constant electromagnetic friction 

torque of the AMB the speed control can be achieved. 

Fig. 10. Neutron chopper 
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Cryogenic turbo expander: 

This application has been shown before as an example of high 

load factor. We focus now on its industrial operation. As said 

before, it is used in air liquefaction plants. The temperature 

difference on this short shaft (900 mm) is very high: -190·C on 

the expander side, +110·C on the compressor side. The compli­

cated lubrication system has been eliminated. The machine is 

now fully oil-free and can be started at any time without 

heating up. Therefore, it can follow very easily the production 

demands in liquid gases. 

Fig. 11. Cryogenic turbo expander 
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~~helium cryogenic compressor: 

Liquid helium (supercritical phase) at a temperature of 4 K 

requires a special compressor design. This compressor has a 

vertical shaft (6 kg) rotating at 36,000 rpm, on AMB. The heat 

transfer from the motor and AMB to ttle liquid helium is less 

than 1 W. This is of major importance. The efficiency of the 

whole refrigerating loop is much improved (1 W heat input means 

1 kW energy consumption to tool it down). 

Fig. 12. Liquid helium cryogenic compressor 
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Hot helium blower: 

The hot helium blower is developed within the scope of the very 
high temperature nuclear reactor program. In these reactors the 

core is cooled by helium which goes to heat exchanger and 
brought back to the reactor by blowers. 

The AMB of the blower presented here have been insulated with a 

special ceramic coating. They withstand a temperature of 

450·C. Other AMB advantages for this application are the 

non-pollution of the helium by lubricant and the high 

reI iabi I i ty. 

Fig. 13. Hot helium blower 
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The very high speed milling is especially interesting in the 

a i rcra ft industry where fi ni shed parts (such as frame, wi ngs, 

integral structures •••• l come out from solid parts with more 

than 9U't, chip removal. 

The S2M electrospindles on AMB provide both very high speed and 

high power (from 3U,OOU rpm/ 35 kW up to 60,000 rpm/22 kWI. 

The mi 11 i ng machi ne shown here is equi pped wi th a 45,000 rpm/ 

3U kW electrospindle. 

Fig. 14. Very high speed milling 
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Creep feed grinding: 

The grinding machine presented here has been designed with a 

S2M electrospindle 815/1000 (60,000 rpm/22 kW). 

Thanks to Cubical Bore Nitrid (CBN) tools, this grinding 
process may be now performed at very high speed (up to 

300 IR/s). A high productivity is reached together with high 

precision. 

The machining is done in one pass and a width accuracy of 

1 micron can be reached by the electronic displacement of the 

electrospindle rotor in the air gap. 

Fig. 15. Creep feed grinding machine 
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Steam turbine: 

The first steam turbine on AMB has been started by S2M and JMB 

in Japan (Mitsubishi Heavy Industries). 

It is a new machi ne of 3 MW at 15,000 rpm, whi ch has been 
designed in order to integrate all the new technological 
developments available today, and, among others, AMB. Thanks to 

them, the mechanical design has been simplified by the 

elimination of the lubrication system. Other major advantages 

are the fact that no vibrations are transmitted to the stator, 

and the fact that the user has at his disposal a continuous 

monitoring of the rotor dynamic without additional equipment. 

Fig. 16. Steam turoine 
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Centrifugal compressor: 

The picture presented here shows the same compressor before and 

after its retrofit with AMB and dry seals. The difference is 
obvious. All the accessories have disappeared. 

It is a compressor of pipeline rotating at 11,500 rpm 

(4,100 kW). 

The AMB orings the following advantages to the user of a 

centrifugal compressor: 

- reduced losses, 
availibility (immediate starting of the machine, without 

lubrication system heating time), 
- elimination of mechanical maintenance, 

- elimination of vibrations, 

- no pollution of the process gas by the lubricant ••• 

Fig. 17. Centrifugal compressor 
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Synopsis of turbomachines: 

More than 30 turbomachines are now running on AMB. 

TUR80MACHINERY EQUIPPED WITH ACTIDYNEr ACTIVE MAGNETIC BEARINGS 

MACHINE TYPE QUAN- START UP POWER RANGE NOMINAL APPLICATION 
TIlY DATES kW SPEED RANGE 

TEST 1980 - 20 kW to 10,000 rpm/ - TEST STANDS 
COMPRESSORS 5 1987 4,000 kW 16,000 rpm 

INDUSTRIAL 15 1985 - 3,100 kW to 5,000 rpm/ - PIPELINES 
COMPRESSORS 1988 26,100 kW 14,500 rpm - REFINERIES 

HERMETIC 1 1981 300 kW 18,000 rpm - TEST STAND 
COMPRESSOR 

MOTORIZED 4 1980 - 5 to 200 kW 3,600 rpm/ - TEST STANDS 
BLOWERS 1987 12,000 rpm - HELIUM LOOP 

GAS TURBINE 1 1988 12,000 k.W 5,250 rpm - COMPRESSOR 
DRIVE 

STEAM 1 1987 3,000 k.W 15,000 rpm - COMPRESSOR 
TURBINE DRIVE 

TURBO- 1 1986 5,000 k.W 3,000 rpm - ENERGY RECO-
GENERATOR VERY (BLAST 

FURNACE GAS) 

TURBO 3 1985 - 300 k.W to 30,000 rpm/ - AIR 
EXPANDERS 1988 900 k.W 38,000 rpm LIQUEFACTION 

Fig. 18. Synopsis of turbomachines 
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Conclusion: 

Thanks to its 20 years of experience and development, S2M has 

transformed tne concept of AMB into an industrial reality, as 

easily demonstrated by its achievements to date. 

PRESENT STATUS OF ACTIOYN r ACTIVE MAGNETIC BEARINGS 

IROTATION SPEED a to 800,000 rpm 

RUTUR DIAMETER 14 mm to 1.25 m (0.6 in to 5U in) 

LOAD PER BEARING up to 100,000 N* (22,000 lbs) 

AMBIENT TEMPERATURE -253°C to +450·C 
(-420°F to +840·F) 

ENVIRONMENT air, vacuum, helium, nitrogen, 
hydrocarbons 

QUANTIfY OF SUSPENSIONS 
MANUFACTURED 

> 400 related to more than 
30 different applications 

*Tne present technology allows 300,000 N (66,000 lbS) per 
bearing. 

The companies of the S2M group, thanks to their wealth of huma 

resources and their constant effort in research, development, 
and industrialization have provided the industry with highly 

performing economical and efficient AMB. 

As our clients conclUde: 

·~e choose Active Magnetic Bearings 

For their high performance 
And S2M for its experience." 



Magnetic Bearing Turbomachinery 
Operating Experience 

H. J. Moses, F. D. Pinckney and D. A. Weise 

MAGNETIC BEARINGS, INC. 
Radford, Virginia 24141 USA 

Summary 

The theory of active magnetic bearing technology utilizing 
electromagnetics and closed loop feedback control is 
presented. A system engineering process has been developed to 
apply active magnetic bearings to turbocompressors of various 
physical sizes, horsepower ratings and performance 
characteristics. This process is explained and a specific 
example reviewed. Characteristics of a number of North 
American machines designed using the system engineering 
methodology are tabulated. Future technology applications and 
enhancements are outlined. 

Introduction 

Volumes of research, development and analytical work can be 

identified relating to the history of magnetic bearings and 

suspension devices. The concept of magnetically suspending a 

rotor began to receive serious attention in the mid-nineteenth 

century. U.S. patents dating back to the early 1800's 

incorporated the use of "magnetic bearings" to support rotating 

shafts, reduce mechanical friction, and improve the efficiency 

of electrical meters. In 1842 Ernshaw analytically 

demonstrated the instability inherent in totally passive 

(permanent) magnetic bearing systems and presented the 

requirement of at least one active degree of freedom to achieve 

rotor stability. 

In the years since then passive, active, and hybrid systems 

have been experimented with, each with its own advantages and 

disadvantages. While the basic theories involved have not 

significantly changed over the years, advancements in magnetic 

materials, servo circuitry, and power electronic components 
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have provided many enhancements to the magnetic bearing 

technology. Today private corporations and institutes around 

the world are applying magnetic bearings in devices as 

diversified as centrifugal compressors, helium circulators, 

x-ray tubes, energy storage flywheels, high vacuum pumps, 

machine tool spindles, cryogenic compressors and space 

guidance. While the applications have been extremely varied, 

the technologies involved can be classified as passive, active, 

or hybrid systems. To date, the technology most successfully 

applied to large turbomachinery has been the fully active 

magnetic bearing system as described below. 

Active Magnetic Bearing Operation 

In theory, the principle is quite basic. An electromagnet will 

attract any piece of ferrous material. By using a stationary 

electromagnet (stator) and a rotating ferrous material (rotor) 

a shaft can be suspended in a magnetic field while maintaining 

accurate position under varying loads. This can be 

accomplished given a small space (air gap) between the stator 

and rotor and proper electronic control of the electromagnet. 

In the case of the active magnetic bearing, this concept is 

utilized for both radial and axial configurations. The bearing 

system described always operates in an attraction mode and 

never repulsion. 

The radial and axial bearing rotors make use of a ferrous 

laminated sleeve and solid disc respectively. Applying ferrous 

rotor elements to the shaft allows the shaft material to be 

constructed from a nonmagnetic metal or composite material. 

While the radial bearing requires laminations due to the number 

of flux reversals during rotation, the axial rotor disc can be 

solid since the magnetic flux level is changing but the 

polarity is not. 

As with any type of electromagnet, a wound field stator is 

required to produce a force output. Both the radial and axial 

bearing stators incorporate laminations to minimize stray 
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losses and improve the bearing response time. The radial 

bearing stator is wound to provide four independently 

controllable quadrants for maximum rotor stability. The axial 

bearing, attracting the rotor in only one plane, requires the 

use of two stators, one on either side of the rotor disc, to 

provide double acting control. 

Inductive position sensors are used to detect the exact radial 

and axial location of the shaft. Similar to the bearings, 

these sensors utilize a ferrous rotor and a wound field 

stator. As the air gap at the sensors changes with shaft 

disturbances, the inductance of the sensor also changes. It is 

this change in inductance with air gap variation that provides 

the position feedback signal required for closed loop servo 

control. 

Figure 1, Radial and Axial Bearing Configuration, shows an 

isometric view of both a radial and double acting axial bearing 

with their associated position sensors. 
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FIGURE 1 
RADIAL & AXIAL BEARING CONFIGURATION 
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Control electronics are required to process the position signal 

and power the appropriate bearing coils. The exact shaft 

location is detected by the position sensors, and a DC voltage 

is generated which is related to rotor displacement. This DC 

voltage (where the shaft is) is compared to the position 

reference signal (where the shaft should be). Any difference 

between these two signals generates an error signal which is 

used to maintain control of the rotor. This signal is then 

amplified, filtered, and conditioned prior to commanding the 

specified power amplifier(s). Current is increased or 

decreased in the appropriate bearing coil(s) to maintain the 

rotor at equilibrium. Figure 2, Basic Control Loop Diagram, 

shows a block diagram of the closed loop servo control. 
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FIGURE 2 

A system engineering methodology has been developed to apply 

active magnetic bearings as described above to a specific 

turbomachine with a high degree of design success. Figure 3, 



System Engineering Methodology, flow charts the process 

beginning with a machine performance specification. 
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As shown by the steps in Figure 3, application of magnetic 

bearings, from conceptual layout through equipment start-up, 

requires a "system" rather than a "component" engineering 

approach. Physical configuration and operating environment, 

static and dynamic load requirements, and rotor dynamics must 

all be addressed to achieve successful implementation for a 

machine such as a centrifugal compressor. 

Opti~izing the physical configuration is an iterative process 

involving the machine (compressor) designer and the magnetic 

bearing designer. New options exist for the machine 

(compressor) designer such as bearings immersed in the process 

gas, larger shaft diameters at the bearing journals and more 

flexibility in locating bearings within the machine 

(compressor) c.ase (Le. midspan bearings, inboard or outboard 
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thrust bearings). The bearing operating environment is usually 

established early in the design process; of particular concern 

is the nature of the fluid in contact with the bearing 

components and the operating temperatures. This is of 

paramount importance in design of the bearing hardware, 

especially winding and encapsulant selection. 

Detailed consideration must be given to the static and dynamic 

loads the magnetic bearing will control. Magnetic bearings are 

not forgiving of gross overloads and it is often difficult to 

establish the load requirements, especially on a new machine. 

The magnetic bearing designer can manipulate several parameters 

(bus voltage, airgap, number of turns, control class) to 

optimize dynamic load capability but ultimately bearing active 

area and the magnetic material saturation flux density will 

limit the bearing load capability. For this reason it is often 

desirable to select a bearing with substantial reserve 

capacity. One approach is to design so that static levitation 

is achieved at about 1.0 Tesla flux density in the bearing 

airgap. This gives a margin of about two to one on static load 

capacity when using materials (silicon iron) with a 1.5 Tesla 

saturation flux density. This margin results from the magnetic 

force being proportional to the square of the magnetic flux 

density: 

(~)2 = 2.25 
1.0 

(1 ) 

Rotor dynamics must be considered in parallel, and often 

dictate, the machine (compressor) physical configuration. The 

magnetic bearing controller governs the bearing dynamic 

characteristics of stiffness and damping which determines the 

rotor system dynamics. The machine (compressor) designer seeks 

to achieve an acceptable design based on critical speed 

margins, amplification factors and rotor stability while the 

magnetic bearing designer must meet minimum gain and phase 

margins over a broad bandwidth for control loop (and therefore 

rotor) stability. The "system approach" found most useful is 

to first generate an undamped critical speed map and mode 
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shapes for the rotor based on a desired physical 

configuration. This requires detailed model data from the 

machine designer. The mode shapes may indicate problems with 

nodes near the bearing or between the bearing and sensor. 

Machine modifications or bearing design changes such as sensor 

location or even multiple sensors may be necessary. If mode 

shapes are acceptable, reasonable bearing stiffness 

characteristics may be estimated from the critical speed map. 

The controller gain and phase characteristics may then be 

tailored (within limits) to the application. Controller 

characteristics are often based on previous working designs or 

modifications of previous designs. The magnetic bearing 

designer must insure the proposed bearing characteristics are 

reasonable and achievable in practice from both control loop 

stability and bearing load capacity perspectives. A design for 

example that has a rotor running speed stiffness (gain) so high 

that the full dynamic load capacity of the bearing is commanded 

(by the controller) in a few microinches of rotor motion is 

probably unreasonable for this class of machines. A listing of 

the proposed bearing characteristics is then supplied to the 

machine designer to verify acceptable rotor response using 

magnetic bearings. 

The final step in the "System Engineering" process is rotor 

levitation and control loop compensation with the actual 

machine (compressor). The magnetic bearing designer must then 

confirm that the proposed bearing characteristics have been 

achieved while also satisfying more fundamental control loop 

stability requirements. 

A Specific Application 

A specific application will now be reviewed to highlight some 

details of the system engineering involved in an actual 

machine. The application was a magnetic bearing retrofit of a 

single stage natural gas pipeline compressor. The machine had 

a 700 lb. rotor operating at a maximum speed of 11,700 rpm. 

The radial bearings had a maximum load capacity of 890 lb. per 

bearing quadrant. Static levitation was achieved at 0.8 Tesla 
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flux density in a 0.020 inch airgap. The compressor had a 

conventional physical configuration with all bearings outside 

of the process gas and the thrust bearing inboard of the radial 

bearings. Operating speed was under the first shaft bending 

mode (3rd critical) as shown in Figure 4, Critical Speed Map. 

First and Third free-free (low bearing stiffness) mode shapes 

are shown in Figure 5 and Figure 6 respectively. The final 

controller gain and phase and resulting bearing stiffness and 

damping characteristics are shown in Figure 7. The bearing 

stiffness (k) and dynamic stiffness (K) are also plotted on the 

critical speed map (figure 4). The dynamic stiffness K is the 

vector sum of the (real) stiffness and the (imaginary) damping 

stiffness and is noted as "KMAG" in figure 7. Although a 

higher gain control loop (i.e. stiffer bearings) were initially 

proposed, it was found during site tuning to cause the shaft 

second mode to encroach on the operating speed range. The data 

shown reflects the actual bearing characteristics as measured 

during start-up at the site. A second machine, identical to 

the first unit, has since been commissioned. Controller and 

bearing characteristics of the two units are identical. The 

two units now have a total of more than 10,000 hours of 

operation. 

Benefits of Active Magnetic Bearings 

Application of active magnetic bearings depends not only on a 

successful implementation as described above but also on 

recognizing and quantifying the expected economic benefits. 

Reasons for utilizing magnetic bearings in rotating machinery 

vary with each particular application, although many common 

threads are evident. Heavy equipment users, typically 

employing oil lubricated tilting pad bearings, see many 

advantages including efficiency and safety in eliminating the 

oil lubrication system. Such a system which utilizes external 

lube oil pumps, piping, reservoirs, and filters also contains 

costly elements to install and maintain. In many cases, more 

heavy equipment down time is attributable to failures in 

machinery subsystems than actual machinery failure itself. 
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other users of magnetic bearings cite higher speeds, harsh 

environment operation and optimized rotor dynamic 

characteristics as reasons for using magnetic bearings. A 

typical weighing of factors for a pipeline compressor is shown 

in Figure 8, Magnetic Bearing Advantages. 
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**********ff*fff*****I*lff***** 
MAGNETIC BEARINGS INC 
JOB 159007 
BEARING CHARACT£RISTICS 
TUNED 11-85 
SF=318265 K=345000LB/IN @ 150HZ 
********f******flf**ff*f******* 

FREQ GAIN PHASE RPM K,LB/IN C, LBfS£CIIN KMAG 

32.750 0.298 7.85 1965.00 0. 9408E+05 0.6300£+02 0. 9497E+05 
35.110 0.304 12.33 2105.60 0. 9461E+05 0. 9375E+02 0.9685£+05 
37.650 0.312 16.67 2259.00 0. 9525E+05 0. 1206E+03 0. 9943E+05 
40.370 0.323 20.83 2422.20 0.9599£+05 0.1440£+03 0.1027£+05 
43.290 0.335 24. 79 2597.40 0. 9685E+05 0. 1645E+03 0. 1067£+06 
46.420 0.350 28.53 2785.20 0. 9787E+05 .0.1824£+03 0.1114£+05 
49.770 0.367 32.02 2986.20 0. 9903E+05 0.1980E+03 0. 1168E+06 
53.370 0.387 35.27 3202.20 0. 1005E+06 0.2119E+03 0. 1230E~·~6 
57.220 0.409 38.2e 3433.20 0. 1021E+06 0. 2240E+03 0. 1300E+06 
61. 360 0.433 41. 02 3681. 60 0.1040£+06 0.2347E+03 0. 1378E+06 
65. 790 0.461 43.52 3947.4~ ~. 1063E+06 0. 2441E+03 0.1466E+06 
70.5513 13.491 .j5. 77 4233.00 0.1090E+06 0. 2526E+03 0. 1562E+06 
75.650 0.524 47.76 4535.~~ 0. 1122E+06 0.2600£+03 0.10[,'j[106 
81. 110 0.561 49.51 4866.60 0.1160E+06 0.2666E+03 0.1786E+06 
86.970 0.6~2 51. 01 5216.2G 0. 1205E+06 0. 2725E+03 0.1916E+06 
93.2E:0 ~.647 52.24 5595.60 0. 1260E+06 0. 2777E+03 0.205BE+~6 

100.000 0.696 53.23 6000.G~ 0. 1j25E+06 0.2822£+03 0.2214E+~6 

107.200 0.749 53.95 6432.00 0. 1403E+06 0.2862£+03 0. 2384E+06 
115. 00~ 0.808 54, 40 6900.0~ ~.1497E+06 0. 2893E+03 0. 2571E+06 
123.300 ~.872 54.56 7398.00 0. 1609E+06 0. 2919E+03 0.2775£+0& 
132.200 0.942 54.42 7932.00 0. 1744E+06 0. 2935E+03 0. 2998E+05 
141. 700 1.018 53.96 8502.00 0.1905£+06 0. 2943E+03 0. 3240E+06 
152.0~0 1.101 53.2~ 9120.00 0. 2039E+06 0. 2938E+03 0. 3504E+06 
163.000 1.190 52.05 9780.00 0.2329£+06 0. 2916E+03 0. 3787E+06 
174.800 1. 286 50.51 10488.00 0. 2603E+06 0. 2876E+03 0. 4093E+06 
187.400 1.388 48.53 11244.00 0. 2925E+06 0.2811E+03 0. 4418E+0& 
200.900 1.497 46.~6 W'l54.~0 0. 3306E+06 0.2718E+03 0. 4764E+06 
215.400 1. 610 43.01 12924.00 0. 3747E+06 0.2583£+03 0. 5124E+06 
231.000 1.126 39.27 138b0.00 0. 4253E+06 0. 23'36E+03 0. 5493E+06 
247.700 1.640 34.66 14862.00 0. 4817E+06 0.2140£+03 0. 5856E+06 
265.600 1.944 28.91 15936.00 0. 5416E+06 0. 1792E+03 0. 6187E+06 

FIGURE 7 
TUNED BEARING CHARACTERISTICS 
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ADVANTAGES WEIGHTING 

-NO LUB SYSTEM REQUIRED ~ ~ ~ 
-VERY LONG LIFE ~ ~ ~ 
-MINIMAL MACHINERY VIBRATION ~ ~ 
-ACCURATE SHAFT POSITION ~ ~ 
-HIGH SPEED OPERATION ~ 
-HARSH ENVIRONMENT OPERATION ~ ~ ~ 
-NO PROCESS CONTAMINATION ~ ~ ~ 
-REDUCED MAINTENANCE ~ ~ 
-HIGH RELIABILITY ~ ~ 
-ELECTRONIC SYSTEM INTERGRATION ~ ~ 

FIGURE 8: MAGNETIC BEARING ADVANTAGES 

Current Experience 

Having discussed the design process and reasons for 

incorporating active magnetic bearings, Figure 9, 

Turbomachinery Applications, shows the characteristics of a 

dozen magnetic bearing equipped machines which are either in 

service or planned for 1988 commissioning. Total operating 

time for this group is presently in excess of 30,000 hours. 

Based upon utilization estimates, it is anticipated that these 

machines will accumulate about 50,000 hours annually as the 

full set of units being constructed is placed in service. 

These turbomachines are owned by either Nova, an Alberta 

Corporation, Shell Canada Products Limited, or Trans Canada 

Pipelines and are located in Canada. The equipment was 

originally supplied by North American manufacturers either with 

magnetic bearings or retrofit modifications were performed to 

incorporate magnetic bearings into conventional units. 

Together, this grouping represents the largest concentration of 
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turbomachinery operating on magnetic bearings anywhere in the 

world. 

Experience to date continues to verify the system engineering 

process discussed above. Machine operation, once turned over 

to the operating organizations, has been trouble free. 

Reliable oil free operation with better efficiency, lower 

operating costs, and decreased vibration levels have all been 

achieved. Figure 9, Turbomachinery Applications, indicates a 

wide range of shaft rotor dynamics, machine sizes, loadings, 

and configurations. The design data base includes beam type 

and cantilever rotors, high thrust loadings, bearings operating 

directly in high temperature or corrosive process mediums, and 

repeat units of the same type. The latter are especially 

noteworthy in that they confirm the potential for lower cost 

standardized applications with predictable results. 

ROTOR R011JR llIRUST SPEED 
MACHINE TYPE SERVICE DUTY <Xlttt wt:IGIIT l.B LOAD l.B RPM 
CDP-23O 2 STAGE P1PELlNE SEASONAL 1985 3200 12000 5250 

COIII'. BEAK HETHANE 
CDP-416 4 STAGE PIPELINE SEASONAL 1986 280 3370 14500 
aJItP • BEAK HETHANE 
IB26 I STAGE PIPEI.INE CONTINUOUS 1986 780 4050 110m 
COIII'. BEAM HETIIANE 
IB26 I STAGE PIPELINE CONTINUOUS 1987 780 4050 11000 
COIII'. BEAM HETHANE 

CBF-842 8 STAGE REFINERY wNTlNUOUS 1987 1420 4590 10250 
COllI' • BEAK WET GAS 
3B37 3 STAGE REfiNERY CONTINUOUS 1988 1050 4100 10230 
COllI'. BEAK HYDROGEN 
RFB30 I STAGE PIPELINE SEASONAL 1988 1730 15750 5200 
COllI'. OVERHUNG I1ET1IANE 

5P2 2 STAGE PIPELINE SEASONAL 1988 1500 10000 6800 
COIIP. BEAK HETHANE 

5P2 2 STAGE PIPELINE SEASONAL 1988 1500 10000 6800 
COIIP • BEAM METHANE 

5P2 2 STATE PIPELINE SEASONAL 1988 1500 10000 6800 
COIIP. BEAM ",,"iIIANE 

RF28B3O 2 STATE PIPELINE SEASONAL 1988 2000 I8(KM) 501M) 
COIIP. BEAM METHANE 

GT-51 I STAGE PIPELINE SEASONAL 1988 3530 24500 52'XJ 
TURBINE OVERHUNG 

-AM8 CABINET OPERATING HOURS AS OF APRIL 12. 1988 

Advanced Designs 

FIGURE 9 
TURBOMACHINERY APPLICATIONS 

JOURNAL RATING OPERATING 
DUMETER HP IllIIRS (-, 

10.6 14650 9696 

3.7 4150 9000 

0.5 5540 8130 

(,.5 5540 2956 

6.0 4500 39(X) 

6.0 4500 ---

IO.U 14250 ---

6.0 16600 ---
6.0 16600 -
6.0 16600 ---

10.0 29600 ---
8.3 146'XJ ---

12.5" 

Machines as detailed in Figure 9 have superior performance 

capabilities, but they do not fully exploit the possible 

improvements magnetic bearings can provide for turbomachinery. 

New machine designs are required to utilize the bearing and 
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control capabilities in innovative ways. Turbomachinery 

performance depends heavily upon the dynamics of shaft and 

rotor design. Shaft suspension techniques have not changed 

markedly in decades, but magnetic bearings enable no contact 

operation at sustained high speeds with variable stiffness and 

damping coefficients and intelligent electronic control. 

These characteristics can be applied to a number of 

turbomachinery types. Smaller compressors running at higher 

speeds with no oil system can save space on off shore platforms 

or in station modernization/upgrade situations. Higher 

efficiency stearn turbines with no lubrication requirements are 

feasible. Gearboxes may be eliminated in some processes by 

directly matching driver and compressor speeds. Aircraft gas 

turbine thrust to weight improvements are possible through 

higher speeds and lighter weight structures. Canned pump life 

will be greatly enhanced by the ability of the magnetic bearing 

to perform in the process fluid. Fans and blowers will have 

bearings better able to survive harsh environments. Cascaded 

machinery strings for electrical generators or cogeneration can 

make use of the bearing capability as a transducer to damp out 

vibration. 

Electronic control capabilities provide the features necessary 

to enable an intelligent bearing system. This intelligence can 

be applied in several ways. Machine performance can be altered 

adaptively depending on speeds or loads. Changes in operating 

conditions such as surge, unbalance, or seal wear can be 

recognized. Machine status, health maintenance trends, and 

internal bearing system self diagnosis data are all available 

within the electronic control system for local presentation or 

integration into control room functions. 

Technology Trends 

Technology advancements are proceeding in many areas applicable 

to further improving the performance and decreasing the cost of 

future magnetic bearing systems. Digital electronics utilizing 

custom chips and power semiconductors in hybrid packages will 
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enable modular control systems to economically fulfill a wide 

variety of turbomachinery applications. Advances in magnetic 

materials and structures ultimately involving superconductivity 

will result in higher force density/smaller size bearings. 

Active magnetic bearing product enhancements will continue at a 

rapid pace because the basic technologies - computer 

simulation, control analysis, power electronics, electronic 

circuit packaging, and electro-magnetics are all strong areas 

of technology research. 
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Summary 

A theoretical analysis of the dynamic response of a rotor supported in 
magnetic bearings is presented. This predicted response is compared with 
the experimental response of a small rotor subjected to an impulse loading 
produced by a silring loaded solenoid. Theoretical and experimcntal 
results arc comllarcd for val'i ous st iff ncss and damll i ng sct t i ngs for 
magnetic hearings. 

Nomenclature 

C damping matrix Kd rate (derivative) gain 
f exogeneous force K position stiffness x 
G control transfer function M mass matrix 
K stiffness matrix X Laplace of position 

Kp proportional gain T time constant 
K, 

1 
current stiffness a,p transfer function coefficient 

Introduction 
The stability of rotors may be affectcd significantly by use of bcarings 
having stiffnesscs that are unequal in mutually perpcndicular directions, 
the theory of which was presented so eloquently by Smith [1]. Credance to 
the work by Smith came from experiments reported in 1924 by Newki!'k [2] 

who suggcsted that the unsYllimetrical flexibility of the bearings was the 
essential feature inducing stability even in the absence of damping in the 
hearings. At the timc of this work, no convenient methods were available 
to implement controllable variations in the stiffness of a bearing in two 
orthogonal directions although bearing supports could be designed to 
produce unequal, but not adjustable bcaring stiffnesses. 

* This work was supported in part by the U.S. Army Research Office, NASA 
[Jewis Research Center, and SUlldstrand Corporat ion. 
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The usc of magnetic bearings has included applications to very large 

machinery including high- speed multistage compressors [3]. Considerable 

details of the controls for magnetic bearings are now available for design 

and for proper applications [4]. Innumerable patents have been filed and 

count less papers reported in the field of ma.gnetic bearings, some 200 of 

wh ich were summarized by lIumphris [5] in 1985. The reported works have 

probably doubled since that time as the potential for magnetic bearings 

has \H'come better understood and accepted. 

The option now exists through the implementation of digital controls [6] 

to design "smart" magnetic bearings to incorporate the findings reported 

decades ago. By changing the stiffnesses of the bearings in two mutually 

perpendicular direct ions as the speeds are traversed, rotors can be made 

more stable [7]. Simultaneously, varying the stiffnesses of magnetic 

bearings as a rotor speed changes offers the means to avoid running 

through any critical speeds as the "critical" speeds of the system will 

not be fixed values, but variable quantities dependent upon the controlled 

bearing stiffness and damping values. 

As magnetic bearings become more commonplace, questions regarding some 

behavior details about them seem germane. This paper addresses one such 
detail, namely, "Can the dynamic response of a rotor in magnetic bearings 
be predicted theoretically when the rotor is subjected to an impulsive 

loading?" This is a first step in predicting the behavior of a rotor tha.t 

suffers a sudden upset such as the loss of a blade in a compressor. 

Experimpnt.al Sp\.-lJp 

The arrangement used for the experimental impact testing is shown in 

Figure l. The 12.7 mOl (0.5 inch) diameter shaft is supported at each end 

by a magnetic bearing consisting of four electromagnets uniformly 

distributed radially about the shaft. Details of the controls and 

physical properties of this system have been previously reported [8]. The 

bearing span is 508 mm (20 in.) and a 0.8 Kg (l.8 lb) disk is located at 

the shaft center. A rubber coupling joins the rotor to a variable sJleed 

electr ic motor. Coupling propert ies are est imated at 17500 N/m stiffness 
and 8.S0 N-see/m damping. Eddy current position scnsors are loeat.!'d 

vert ically and horizontally at each end, displaced 30 mill frolll the magnet ic 
bearing disks. Signals from these sensors arc used, with the control 
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electronics, to maintain the shaft in support and are also used as the 

transducers for observing the effects or results for this impact study. 

A simple spring loaded solenoid, taken from an ordinary door- bcll chimc, 

i:,; uscd a:,; thc impact mechanism. An electrolytic capacitor is initially 

chargcd to a given voltage. 

flEXIBLE 
COUPLING 

MAGNETIC 
BEARING 

.----'+ 
PO W E R 1-'------.4,. _-------...J 
SUPPLY 

Figure 1. Experimental Schematic Diagram with Spring-Loaded Solenoid 

Whcn thc push but ton switch is actuated, the stored charge is dumped 

through the spring loadcd solcnoid coil, causing the plunger to impact on 

the dcsircd point of the shaft. The force of the impact is accurately 

controlled by varying thc power supply voltage appl ied to the capacitor. 

Very repeatable impacts are obtained, as observed hy a digital signal 

analyzer used to capture the transient behavior. 

Stat!' Spar!' Rotor/ll!'ariug Model Ikvelopm!'ut 

To obtain a description of a rotor supported In magnetic bearings adequate 

for stability analysis and transient response Simulation, a detailed model 

is required. Previously reported works have either a:,;sumed a simplc 

sccond order plant model [7] or have examined higher order plant models 

using state space techniques, but neglected the high frequency limitations 

(polcs) of thc controller [9]. In this development, it gcncral metlHHlology 

is outlined for constructing a model which includes not only higher order 

plant dynamics and controller bandwidth limitations, but also permits 
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accurate modeling of sensor/actuator collocation error. This last effect 

has been discussed fairly widely in the 1iteratnre since 1977 [9,10]. 

Assuming that an undamped structure model for the rotor has been obtained 

of the form 

Mi + Kx = f (1) 

and that any mechanical bearings, seals, and gyroscopic effects can be 

modeled by linear stiffness and damping matrices Kb and Cb, respectively, 

the matrix differential equation can be expanded to the state space form 

(2) 

Magnetic bearings may be described by 11 linearized force law relating the 

bearing force to displacement of the journal and symmetric perturbation of 

the bearing coil currents [8]: 

fa = -Kxxa - Kii (3) 
The perturbation current, i, is related to the motion of nodes of the 

rotor by the linear control law 

I = G(s)Xs (1) 
The bearing force is applied to nodea while the sensor providing the 
feedback control senses the position of nodes. If nodea and nodes arc 
different (as they generally arc), then collocation error is introduced. 

To incorporate the bearing description of equation (3) into the state 
space description, the frequency domaiu equation governing the 

perturbation current must be transformed back to the time domain. Thus, 

. (n) a . (n- 1) a . (1) a' (10) (1) 
1 + I-'n_11 + ..• + 1-'1 1 + 1-'0 1 = ttmxs + ... + ttlXs + aOxs (5) 

in which the superscript (i) denotes the ith time derivative and the 

coefficients tti and Pi are derived frolll the transfer function G(s): 

(6) 
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In general, the nUlllerator of G(s) will be of order higher than one, 
implying that equation (5) will involve higher derivatives of Xs than are 
available in the state vector. This problem is circumvented as G (s) can 
always be expanded, via partial fraction expansion, into a sum of transfer 
functions all of which are zero or first order in the numerator. In this 
manner, a bearing having a second or higher order transfer funct iOIl 
nUlllerator can be split into several separate bearings actillg at the sallie 
point, each having first or zero order transfer function numerators. 

So equation (5) can, without loss of generality, be written as: 

.(n) (1) P' P .(1) P .(11-1) 1 =ax +ax - 1- 1 - - 1 o s 1 s 0 1 . . . n- 1 

Transforming to state space form, 

Xs 0 1 

(1) * * 
d 

Xs 

<It i = 0 1 
. (1) 0 0 1 
1 

I 1 I I 
i(II-1) aO 01 I-PO -P1 . " -Pn- 1 

I 

Equation (8) is incorporated into equation (1) 

vector with the required current terms: 

x 

o I ' 
I -:1---- 1 -_1-1-

-AI (K + Kb) :-M Cb: 
- - - - - - I - - - I-

I 
I 

Xs 
x(1) 
s 
i 

. (1) 
1 

I 
i (n- 1 ) 

by augmenting 

(7) 

(8) 

the state 

Finally, equation (3) forms a feedback control law for the force term in 
equation UJ): 

x 

f = [ 0··0 - Kx 0··0 ] - 1 -
:-K. 0 .. 0 
. 1 i (1) 

(10) 

i (n- 1) 
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An example will illustrate the assembly process. The dynamics of an 

axisymmetric nongyroscopic three mass rotor model is described by: 

[ 200] [2-31] o 4 0 i + -3 5 -2 I = r 
o 0 1 1 -2 1 

(11 ) 

There arc two magnetic bearings, acting on stations 1 and 3. The bearin!!; 

act i ng on stat ion 1 has no co llocation error, wh i I e that acting on stat ion 

3 senses station 2. They are described by: 

(12) 

The transfer functions relating the perturbation currents to the rot.or 

motion are 

O.ls + 2 
G1 (s) = s~+ 1s2+ 5s + 3' (13) 

After expanding to state space form, incorporating the bearing transfer 

functions, and implementing the feedback of equation (10), the system 

differential equation becomes 

Xl 1 Xl 
I 1 I x2 I I x2 

~3- I- I 1 I ~3- 1-1.5 -1~ 5- - ~ 51 -
I --1 -

• Xl 
.75 -1. 25 .5 1 I • Xl 

d x2 I x2 0 . 
-1 2 2 I I -3 (It _ xa = .. _x3 (14) .. - 1- - -1 

- - - -
11 • I 11 ~ 

i 1 1 .~ 11 0' 1 2 .1 1 -3 -5 -4 } 1- .- 1 
- 1- - - - - - - 1 i2 0 12 0 

i2 5 1 - 2 - 6 i2 

MoMI of La.horatory Apparatns 

For the Jlurposes of this investigation, a ten mass single plane model waH 

used. The coupling is modeled as a simple bearing. All rotational 

degrees of freedom were removed from the model using static condensation. 

Each magnetic bearing has eight poles. The stators are constructed of 

"soft" silicon magnet iron and are unlaminated. lIysteresis losses appear, 

on the basis of static measurements, to be substantial and are modeled as 

providing an added lag time constant of 1.0 msec in the control loop. The 

1.0 msec value was determined by comparing the experimentally determined 

stabi li ty threshold with that predicted by the mathematical lIIodel 
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corresponding to Kp = 2.5 and Kd = 2.85 with the motor coupling 

disconnected. This linear model of a highly nonlinear effect appears to 

be adequate for small motions of the shaft, but may introduce substantial 

error for large motions. The bearing coeH icients arc est imated 

(including losses due to leakage and fringing) as: 

K = -36000 N/m x K. = 206 N/A 
1 

(15) 

The control algorithm employed is simple proportional-derivative (PO) 

feedback. The actual controllers used are adjustable, having a transfer 

function defined by 

il'lK S2+(il'2K +il'3Kd)s+K 
Gc(s) = 0.05 (Tl~+1)(T2S~1)(T3S+1)P (16) 

The various coefficients arc reported in Table 1. The transfer functions 

of the controllers have been carefully documented in earl ier works on the 

basis of experimental measurement [7,11]. Position sensing is 

accomplished with eddy current probes which have a sensing gain of 7900 

Vim and a time constant of 56 Jlsec. The output of the controller drives a 

transconductance amplifier which converts the control voltage to the 

required current to drive the bearing coils. The a.mplifier has a 
transconductance of 0.5 A/V and a pair of poles with time constant of 220 

Ilsec due to a well damped tank circuit in the output section recluired for 

amplifier stability. 

Comb in ing the transfer functions of the probe, controller, and alllpl ifier, 

ali<I add i ng the pole wid eh mode h; the aetnator hysteres is, the overall 

control transfer function is found to be 

il'lK S2 + (il'2K)+ 1l'3Kd)s + K 
( 17) 

Tahle 1. Controller Coefficients 

Symhol Value Symhol Value 

1l'1 
-8 2 2.0 x 10 sec T3 47 Jlsec 

1l'2 0.320 msec Ttj 56 Ilsec 

il';J 2.20 msec T5 220 Ilsec 

Tl 220 Ilsec T6 220 Jlsec 

T2 100 Ilsec T7 1.0 msec 
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Impulse Response Simulation 

There are several methods for simulating the impulse response of a system 

from a state space model. Among these are numerical techniques such as 

Runge Kutta or Buler time integration [12], direct analytic solutions such 

as Lukes l ABC algorithm [13], and frequency domain techniques based on the 

Laplace transform [14]. In this investigation, the direct analytic 

approach was adopted both [or its speed in obtaining silllulations and for 

the case with which an impulse of finite duration can be represented. The 

actual time history of the impulse applied by the experilllental apparatus 

was unavailable, but a 1.0 mscc illlpul:·;e was modeled. 

Conclusions 

Figure 2 shows the measured experimental and the pred icted theoretical 

response of the rotor at t1w out.hoard sensor suhjetl.ed to an impul sr 

applied at the out board end (end oppos i te motor). These data are [or 

controller settings, Kp = 2.5 and Kd = 4.5 corresponding to proportional 

and damping gains of 117 N/lllm and 0.79 N- s/mm, respect i vely. The general 

forms of the two curves agree as well as the fundamental frequencies 

(first three criticals are 2000, 3800, and 5500, experimentally measured 

and 2190, 4350, and 5768 rplll, theoretically prl'dieted). 
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Figure 3 shows results similar to those of Fig. 2 except with a reduced 
derivative gain of Kd = 3.0. The stability threshold for Kp = 2.5 is Kd ~ 
2.4, so the reduction from 4.5 to 3.0 would be expected to produce 
substantially reduced damping. This is supported by both the experimental 
and simulated results of figure 3 where, agai n, concurrance of theory and 
experiment is quite good. 

This work illustrates that by having a good description of the control 
circuitry and by making a detailed model of the system, even relatively 
complex transient behavior can be predicted accurately. 
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Identification and Optimization of Active 
Magnetic Bearing Systems Using Measured 
Nyquist Diagrams 
Masujiro Hisatani 

Machinery System Research Section, Tamano Laboratory 
Mitsui Engineering and Shipbuilding 
3-16-1, Tamahara, Tamano City, 706 JAPAN 

Summary 

An effective measurement and identification technique of the 
stability of active magnetic bearing systems is introduced. 
Frequency response is reduced into an open-loop transfer 
function and displayed as the Nyquist diagram. This shows the 
stability of the system both qualitatively and quantitatively. 
This techni.que is applied both for the axial direction, and for 
the radial direction with a strong gyroscopic effect. Measured 
Nyquist diagrams along the radial direction clearly show the 
divergence of eigenvalues caused by gyroscopic effect. A guide 
to optimize the system is indicated for the safe high speed 
rotation of the machine. 

1. INTRODUCTION 

The basic design of the control circuit of active magnetic 

bearing systems is simple: the main purpose is to overcome the 

negative stiffness of the rotor and afford an appropriate 

damping. In the case of a single degree of freedom (DüF) system, 

it is easily realized by PID control or phase-lead compensation. 

When a multi-DOF system has to be treated, it is described by 

state variable equations and techniques of either pole 

assignment or optimal regulator can be used. 

However, actual tests often reveal the difference of the 

system characteristics with those of the design condition. It 

is usually worse than the designed one and sometimes the system 

becomes unstable. The causes of the system deterioration can be 

considered as frequency characteristics of the sensors, power 

amplifiers and control coils, incompletion of the compensation 

circui t, non-linearity of the magnetic attractive force 

characteristic, mechanical flexibility of the rotor, etc. 
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The most important "performance" of a control system is the 

stability. It is expressed by complex eigenvalues. A more 

elaborate model of the mechanical and electrical system than 

that of the design can be constructed to get complex eigenvalues 

closer to real values. However, it is difficult to model the 

frequency characteristic of every component accurately. Complex 

eigenvalues cannot be measured di.rec tly, but the performance can 

be measuered in the form of Nyquist or Bode diagrmns. In order 

to investigate the actual system perfol'l,tanCe, impulse, step, or 

frequency response tests are often performed (1) (2) (3) and data 

are obtained in time or frequency domain. The obtained data are 

that of closed-loop and usually it is not easy to grasp the 

total system and get a good prospect to improve it ad,;usting 

parameters of the compensation circuit. 

In this paper, an effective technique is introduced which 

measures and identifies the actual control system and directly 

shows the stability of the system as the Nyquist diagram. 

2. EXPERIMENTAL APPARATUS 

Fig.1 shows the vertical experimental apparatus of five­

axis active control. A large hollow cylinder is connected to the 

top of a shaft and this causes a great gyroscopic effect. 'I'he 

rotor mass is about 3.4 Kg and the design rotational speed is 

30,000 rpm. This is an elastic rotor with the first bending mode 

of 345 Hz. Radial displacement sensors of eddy current type are 

installed adjacent to radial coils. Sensor signals are input to 

analogue compensators and the outputs are sent to analogue power 

amplifiers of current feed-back type which energize control 

coils with currents proportional to the input signal up to a 

certain frequency range. A coordinate system with the origin at 

the center of the rotor mass is shown in Fig.2. 

3. CONTROL SYSTEM OF AXIAL DIRECTION 

Fig.3 is a block diagram of the control system and the 

measuring system of the axial direction, which is a single DOF 
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system independent of multi-DOFs of radial directions. GR and Gc 

are the transfer functions of the rotor and the compensation 

circui t respectively, k s the sensitivity of the displacement 

sensor, RpA the equivalent resistance of the power amplifier, 

and ki the current stiffness of the control coils. A test signal 

et is added to the displacement signal e~ and these signals are 

input to the FFT analyzer to obtain a closed-loop transfer 

function which is expressed as 

where e~ and et are assumed to be Laplace transformed. 

The open-loop transfer function of the system is 

Therefore Gc~ and Go~ have the following relation. 

GOl =-GCl/(l+GCl ) (1) 

The analyzed result of GeL is transferred from FFT to the 

personal computer and the open-loop transfer function GOL is 

calculated using equation (1). This is displayed in a complex 

plane as a Nyquist diagram with frequency as a parameter. 

Stability is inspected by the turning mode of the curve around 

the point (-1,0). 

Now GOL is proportional to Gc, the compensator. Therefore, 

when the stabi1i ty of the system is not sufficient and the gain 

and the phase of Gc has to be modified, it can be done more 

easily using the Nyquist diagram of G 01- rather than using the 

closed-loop GeL which is not directly proportional to Gc. 

Some examples of measured Nyquist diagrams are shown in 

Fig.4. frequencies in Hz are indicated on the curves. Curves 

No.1 and 2 represent designed PO (proportional and differential) 

gains but with and without I(integral) action respectively. Both 

curves turn around the point (-1,0) looking to the left, so the 

system is stable with phase margins about 18 to 20 degrees. 

The initial part (near DC) of curve No.1 extends greatly upward 

and indicates enlarged static stiffness due to integral action. 
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Howevep, the phase mapgin is about two degrees less than the 

non-integral cupve of No.2. The basic characteristics of the 

curve has been explained in ~). 

In opdep to exppess the system stability directly, the 

frequency and damping ratio of the eigenvalues is identified as 

follows. The components of the system are approximated simply 

as: 

GR(s)=1/(ms 2 - kd) 
Gc(S)= kp+ kD S + k lIs 

where s represents Laplace operator, m the rotor mass, and kd 

the displacement stiffness. A rigid rotor and an ideal PID 

contpol with gains kp ,kl and ko respectively are assumed. The 

open-loop lransfer function is then expressed as: 

Go L (s) = k ski I R PA·( k P + k D S + k I I S )/(m S 2 - k d) 

Let s=jw, then G OL (jw) apppoximates the measured diagrams 

in Fig.4. A cupve-fitting least square method was used to 

identify the eigen-frequency and the damping ratio which is lead 

from the characteristic equation l+GoL=O. TABLE 1 summarizes 

measured and identified results. The damping ratio of the 

original setting (No.1) is less than expected. Therefore the 

differential gain was almost doubled (No.3) and a satisfactory 

value for the damping ratio was obtained. A larger value of the 

differential gain brings noise and high frequency oscillation. 

The optimization of the system can be achieved through a trade­

off of these effects using Nyquist diagrams. 

4.CONTROL SYSTEM OF RADIAL DIRECTION 

The equation of motion for a rigid rotor can be stated by 

four radial DOFs, x, y, ex,and Oyas follows: 

mx = kd X + k I i x 

my = kd Y + k i i ~ 

J rex + J.WRi~~=kdt8x + kit 
(2) 

t x 

J r e ~- J,wR8x=kdt8 y +kitity 
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where Jr and Ja are the moment of inertia about the radial and 

axial directions respectively, OJR the angular rotational speed, 

and i the control current. 

The equations above indicates that the translations x and y 

are essentially independent and can be treated as single DOFs 

as well as z. On the other hand, rotational motion Ih and 9y 
are coupled with each other by the gyroscopic terms when the 

rotor is rotating. Thus the rotational motion is treated as 

one of two DOFs as shown by a block diagram of Fig.5. Here two 

kinds of compensation circuits are used : G Me main 

compensation and G xc, cross compensation. Ja Wit s represents 

gyroscopic terms. 

Although the control system now seems much more 

complicated, the same simple measuring technique can be applled 

with a test signal et input to Oy system, and the following 

transfer functions concerning Oy are obtained: 

where 

G = ~= - GOLe / [1+ { GR(GxC'tJ .WR S )} 2] (3) 
CL- et ItGoLe l+GoLe' 

- (1 G )-G / [1+ GR2 (Gxc't J .WRs)2] (4) GOL=-GCLI t CL - Ole 1+ GOle 

The 

GOle =k,ki/RpAoGRGnc 

Gxc' =k,kI/RpAoGXC 

second term of the denominator represents the 

gyroscopic and cross compensation effect. Eq.(3) and (4) shows 

that, on the contrary to the simple case of axial direction, the 

control characteristics of the radial rotational motion changes 

greatly as the rotational speed of the rotor increases. This is 

clearly indicated by the measured data of Fig.5. In this case, 

PI control was used in the cross compensation G xc. The lower 

frequency range of the diagrams indicates the effect of P 

control of G xc which stabilizes precession, the lower 

eigenvalue diverged by the gyroscopic effect. At higher 

frequency range over 100 Hz the curve approaches (-1,0) as 

the rotational speed increases, jndicating the decrease of 

stability of nutation, the higher branch of the eigenvalue. 

This inclination of instability is caused by the phase lag 

of the main compensation circuit due to v",rious kinds of filters 
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used. Fig.7 shows simulated curves corresponding to Fig.6, with 

low pass filters included in G Me in eq.(4). The stabilization 

of precession and the destabilization of nutation are 

expressed. D control of the cross compensation must be useful 

for stabilizing nutation. But, in this case, it causes the onset 

of the oscillation of higher bending mode. Therefore a notch 

filter in the main compensation was used with a successful 

result shown in Fig.B, where fN is the center frequency of the 

notch filter and k N is the proportion of full filtering. 

The eigenvalues of the bending mode are also diverged by 

the gyroscopic effect. Fig.6 shows the divergence of the first 

bending mode, which is originally located at 345 Hz, and 

diverges into 320 Hz and 410 Hz at 10,000 rpm. Care should be 

taken if these branched eigenvalues approach instability. 

The measuring technique stated above guarantees a reliable 

observation of the system stability as the rotational speed 

increases, and ensures a safe high-speed rotation of the 

machine. Realistically sui table vari :able-gain control method 

will be realized using the result of optimization obtained. For 

elastic rotors this measuring technique could be expanded into a 

more precise form considering the variation of the transfer 

function with space and utilizing more information from 

additional displacement sensors. 

5. CONCLUSION 

(1) A simple and effective measuring technique was introduced 

which identifies the actual performance of the control system 

of active magnetic bearing systems and enables its 

optimization. The result is displayed as a Nyquist diagram. 

(2) The method is applicable not only for a simple case of 

single DOF but also for multi DOFs having coupled terms such 

as gyroscopic terms. The measured NyqUist diagram clearly 

indicates the gyroscopic effect which diverges system 

eigenvalues of both the rigid mode and of the bending mode. 
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Summary 
The appearance of a multitude of excitation mechanisms in rotor 
systems under working conditions is a well known fact. A magne­
tic bearing is used to experimentally generate these effects. 
It not only allows a perfect simulation of the real excitation 
forces, but in addition enables the generation of arbitrary 
test forces in order to evaluate the effectiveness of active 
controlled supports of rotors. The magnetic bearing along with 
its electronic components will be presented as a force genera­
tor. By the use of a computer, a fully automated test run with 
arbitrary excitation mechanisms can be realized. Subsequently, 
possible applications of magnetic bearings for research 
purposes will be demonstrated experimentally. Two simple examp­
les will be outlined more in detail. 

Introduction 

The advantages of magnetic bearings in comparison to conventio­

nal bearings are becoming increasingly interesting for indus­

trial applications in such fields as space or vacuum technolo­

gy, and as bearings in tooling machines, in turbomachinery, in 

centrifuges, etc., Le. /1, 2, 3, 4/. 

The use of magnetic bearings as "active" machine elements is 

not only of interest as an optimal bearing for rotating machi­

nery. They are also well suited for producing realistic simula­

tions of specific excitation forces. Aside from thus enabling 

significant reductions in the amount of experimental efforts 

for fundamental studies, a separation of the various effects is 

possible. On the actual machinery, in contrast, the sum of all 

occuring effects is present at all times. In connection with 

controlled rotor systems, a practical means of testing control 

concepts is given. These points are at the center of the follo­

wing discourse. First, the magnetic bearing along with its el­

ectronic components will be presented as a force generator. 



282 

Later, the "active" machine element is integrated into an 

existing test facility at a location chosen with regard to 

control conditions. Theoretical correlations will be briefly 

outlined. Subsequently, possible applications of magnetic bear­

ings for research purposes will be discussed in conjunction 

with experimental results attained on the test facility. 

Magnetic bearing as force generator 

The complete configuration of the active element including its 

necessary electronic components is schematically shown in Fig. 

1. It consists mainly of the magnetic bearing with four elec-

y EM: Electromagnet 
NCnT: Non contacting 

displacement trans­
ducers 

CLW: Quarz load washers 
PA: Power amplifier 

Magnetic bearing 
forces 
Voltage (input of 
PAl 

Fig. 1: Schema of the magnetic bearing including the sensor 

and electronic device 

tromagnets (EM) switched in a differential arrangement, which 

produces a linear I/O-characteristic. The operation of the 

power amplifiers (PA) as current source yields the following 

equation between the input voltages ux ' uy and the resulting 

forces Fx' Fy: 
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~:l' [:u :J[:J [: :][:J. ( 1 ) 

where ku represents the force-voltage-factor, k the force­

displacement-factor, and x, y the radial displacements of the 

rotor in the respective directions. 

The rotor motion can be measured by built-in non contacting 

displacement transducers. Forces on the rotor are simultaneou­

sly determined in x-and y-directions by quarz load washers. In 

order to decouple the forces into the two measurement direc­

tions, special axial ball guides are used. This statically and 

kinematically defined assembly permits the application of defi­

ned forces into the rotor at the location of the magnetic 

bearing. Naturally, all conceiveable force functions, including 

nonlinear types, are possible. 

Experience has shown that a targeted experimental investigation 

can only be conducted with a reasonable amount of effort, if a 

preceding theoretical study of the system has been completed. 

The modelling of a rotor system as a hybrid multibody system 

(HMBS) has proven to be useful, especially in respect to in­

cluding active components. The HMBS-modell contains rigid bo­

dies(e.g. hearing units) and elastic subsystems (e.g. rotors, 

blades), as determined by specific needs /5/. 

System formulation 

The setting-up of the equations of motion for such HMBS is best 

carried out by a computer. A very effective method is the 

direct evaluation of the principle of d'Alembert (/6/). In 

order to separate the distributed coordinates, one makes use of 

the product method by Ritz: 

v(z,t) = v(z)T cv(t), (2) 

where v( z) is the vector of permitted shape functions (natural 

modes of vibration of the nonrotating rotor) and cv(t) is the 

vector of the matching time functions. This leads to the equa-

tions of motion in their usual form: 

(3 ) 
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where qERf represents the displacement vector, with (.) the 

time derivative, f the number of degrees of freedom which is 

the sum of fr and fe' fr are the degrees of freedom of rigid 

bodies, and fe are the degrees of freedom of elastic bodies, M 

is the fxf mass matrix, P is the fxf matrix of forces propor­

tional to velocities, Q is the fxf matrix of forces proportio­

nal to displacements, hi is the vector of i-th external force 

which is dependent on the acting excitation forces (Le.: 

unbalance, internal dissipative effects, fluid forces etc.). 

In addition to excitation forces that are due to the nature 

of the system, almost arbitrary further excitations can be 

achieved with an appropriate location of the magnetic bearing. 

This shall be demonstrated by two examples. 

First example: non-conservative forces 

In the presence of non-conservative forces, such as originate 

from unsymmetrical flow in turbomachinery, unstable vibrations 

can be induced (/7/). This typ of force appears in (3) on the 

right hand side. It can be written in the form 

L 

hi = ~JTfiO(Z-Zi)dZ' O~zi~L, 
o 

(4 ) 

where J is the Jacobian matrix of translation (see ref. /5/), L 

is the length of the elastic structure o(z-zi) is the Dirac 

function, with which the location where the force acts is taken 

into account. The non-conservative force fi is given by 

( 5 ) 

where u(zi,t) and v(zi,t) represent the radial displacements of 

the rotor at the point zi in the respective directions. The 

degree of influence this force has on the natural vibrations 

can be judged by the elements of the Jacobian matrix J (con­

trollability). These elements assume the value of the amp­

litudes of the natural modes of vibration at the point zi 

(shape function, eg. (2)). Those natural modes of vibration 

possessing a mode at this point are not influenced by the 
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force. 

A simulation of the effects of non-conservative forces by the 

magnetic bearing can be formulated in the following manner: 

f· 1. [:: ] [:U:J [:: J + [: J ] = ~ -: ][: J ( 6 ) 

where x = u(zi,t) and y = v(Zi,t). To satisfy equation (6) the 

control vector is determined as 

( 7 ) 

and the amplification factors assume following values: 

(8 ) 

Second Example: test forces (here as step-function) 

The step-function excitation is often used to examine the 

dynamic behavior of systems. It also can be easily generated 

and accurately reproduced by the magnetic bearing. The equation 

for a step-function force in x-direction is given as follows: 

where the amplification factors assume the values 

( 10) 

These two examples indicate the numerous of applications that a 

magnetic bearing permits in simulating excitation forces. 

Furthermore, the excitation forces can be generated, indivi­

dually or as the sum of various effects. 



286 

Test facility 

Fig. 2 shows the facility used in examining such possible 

applications. 

Fig. 2: Test rig (without electronics and oil supply system) 

The facility mainly consists of the, elastic rotor structure 

CD the bearing units (ball- or journal bearings) ® , the 

sensors CD, the actuators G), the oil supply system (not 

shown), and the electronics (not shown). 

Two types of actuators are used. Forces can be applied directly 

onto the rotor through the magnetic bearing or indirectly via 

the bearing housings through electromagnetic actuators. They 

can act as control forces or as any conceiveable kind of exci­

tation force (e.g. an impulse, periodic force, circulatory 

force, fluid induced force, force due to bearing damage, foun­

dation vibiation (earthquake simulation), etc.). Furthermore, 

special electronics were developed for the adaptation of analog 

control voltages with the aid of a computer. All measurement 

and computer systems and components are interconnected by cor­

responding data buses (lEe). A fully automated test operation 

is thereby possible. 
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Test results 

The results shown in Figs. 3 and 4 were gained on the facility. 

Fig. 3a depicts the locus diagram (radial displacement) of the 

rotor and in Fig. 3b the supplementary locus diagram of the 

effective non-conservative (circulatory) force produced by the 

magnetic bearing. One can recognize the equal sense of direc­

tion for both paths of locus diagrams resulting in an in­

creasing amplitude and transverse force and thus evidencing the 

correlation given by eq. (6). In Fig. 4 the magnetic bearing 

served as test force generator. The test force was used for 

controller testing purposes in the regarded form of an impulse 

force. The control forces act upon the rotor and are generated 

by electromagnetic actuators via the journal bearing housing. A 

destinct improvement of system damping by the use of the con­

trollers can be ascertained. In comparing Figs. 4a and 4b one 

..--; 
a 

uncontrolled 

0 
d 

..-: 
-0.2 -0.1 0 0.1 0.2 9 

0 time (5) 6 

point of time 

b) 

10 i-+-I:7""'+---; 

with a::tivc support 
-10 t-t---f--+--j---t-t 

o time (s) 6 
- 10 - 5 o 5 10 

Fig.3: Locus diagrams with regard Fig.4: Transient behavior 

to the magnetic bearing location of system (impulse force 

a) displacement of the rotor produced by the magnetic 

b) acting magnetic bearing force bearing) 
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also recognizes the reproduceable amplitude of the transverse 

impulse generated by the magnetic bearing. 

Conclusions 

The use of magnetic bearings in rotor systems is not only 

advantageous as a substitute for conventional bearings and/or a 

vibration controller. They also open new possibilities in the 

field of test techniques. Realistic excitation processes can be 

simulated. This often means a considerable reduction in the 

scope of necessary experimental efforts. In addition, magnetic 

bearings are very well suited for testing the dynamic behavior 

of rotor systems by creating reproduceable disturbance forces. 

In connection with controlled rotor systems a means of testing 

various controllers is given. And through the use of a com­

puter, a fully automatic operation of test cycles with various 

excitations is possible. 
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Identification of Rotordynamic Parameters on a 
Test Stand with Active Magnetic Bearings 
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Summary 

A rotor test stand usinO active maonetic bearings and a digital 
control unit to identify system parameters is presented. On the 
basis of a discrete-time system description, reference is made 
to a basic control circuit and a feasible identification method 
for on-line processing. First experimental results in terms of 
basic control circuit design and identification are discussed. 

1. Introduction 

Because of their physical properties and design, active magnetic 

bearings can perform further functions beyond that of supporting 

the shaft. Techniques of active vibration control [5, 7] and 

identifying parameters can be used particularly in conjunction 

with a digital control system. The identification of rotor­

dynamic parameters in a test stand utilising active magnetic 

bearings allows to improve the reliability of rotor-dynamic cal­

culations. 

This is of major importance for turbo-compressor rotors as the 

trend towards ever increasing power density leads to the design 

of very slender rotors which are run far above their first natu­

ral bending frequency. Only with sufficiently precise knowledge 

of the bearing characteristics and the magnitude of the various 

excitation sources can stable operation be ensured through an 

adequate rotor-dynamic design [4, 5]. This applies to machines 

both with conventional bearings and with magnetic bearings. 

The prediction of excitation by fluid forces originating from 

the inter-stage and shaft seals require results from experi­

ments [3]. Realistic experiments can be conducted on a test 
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stand with active magnetic bearings serving as measuring unit. 

The objective of this paper is to present a rotor test stand for 

that purpose and a possible method of parameter identification. 

The approach to be shown can be generalised and transferred to 

other rotor systems. On the one hand, it enables the controller 

parameters to be adapted with varying operating conditions such 

that an optimum rotor behaviour can always be achieved, and on 

the other it allows to match magnetic bearing units to unknown 

rotor systems at the start-up phase. 

2. Test Stand 

The use of active magnetic bearings allows flow tests under rea­

listic conditions which prevail in this stand in contrast with 

conventional test stands, in particular: 

a) Magnetic bearings may be installed in the pressure chamber. 

This allows tests at a high pressure level without shaft 

seals which would affect the dynamics of the entire system. 

Apart from the known magnetic forces and fluid forces, there 

are no further disturbing forces acting on the rotor if the 

shaft is well balanced. 

b) Owing to the possibility of presetting test functions, mag­

netic bearings allow the simulation of a great variety of 

real operating conditions. 

The test set-up employed is shown 

schematically in figure 1. In view 

of the algorithms to be processed 

a digital signal processing unit 

was developed because of the 

greater flexibility it offers. 

The core is a 16 bit signal pro­

cessor with an on-board multiplier 

[7]. The assembler programs are 

set up in a host computer. The eva­

luation module (EVM) provides the 

connection between the host compu­

ter and the signal processor 

Host 
Cornpu ter 
'---v--------' 

Terminol 
'-----v--------

Fig. 1: Digital Signal 
Processing 
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and includes, inter alia, the assembler and debug options. The 

EVM processor and the signal processor work in a master/slave 

configuration. An analog interface with 7 input/output channels 

was developed at the Duisburg University as input/output of the 

signal processor [7]. Inductive sensors are used to measure dis­

tances and the power amplifiers are pulsed DC types. 

5 6 7 9 8 7 6 5 

Fig. 2: Test stand with active magnetic bearings 

Figure 2 is a sectional view of the test stand. The drive is 

conventional by a variable-speed motor via a gear unit. Since 

the drive is not integral with the stand, disturbing moments 

originating from the drive are avoided and the test rotor is 

simple and symmetric. The dynamic separation of the test rotor 

(3) from the drive (1) is through a most bendable and torsion­

ally elastic bar (2) introduced through the hollow rotor. The 

figure shows a labyrinth seal being tested. The symmetric ar­

rangement of two identical labyrinths (4) provides balanced 

thrust. The test gas is admitted in the casing centre (9) and 

accelerated tangentially by swirl rings (8). The magnetic bear-
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ings (7) are jointly installed with the auxiliary bearings (5) 

and sensors (5) in a housing and are radially adjustable. The 

electrical lines to the sensors and bearings leave the housing 

through pre-stressed glass penetrations. 

3. Equations of Motion 

The test shaft shown in figure 2 is projected to the model of the 

rigid rotor according to figure 3. The axial motion need not be 

considered because of being restrained by the torsion bar. The 

radial rotor motions are described by the coordinates of centre 

of g r a v i t Y x, y, and car dan an g Ie sex, J3. Ma g net i c for c e s F ran d 

Fl act in the right and in the left bearing plane. The flexural 

stiffness of the torsion bar is simulated by a substitute spring 

with stifFness factor k at the right shaft end. Furthermore a 
a 

static unbalance F = m e Q2 exp(jQt) and a dynamic unbalance 

s 

mass m 

moments of mg 
inertia A,e 

Fig.3: Model of rigid rotor, coordinate system 
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M = E Q2 exp(jQt) has to be considered Cj = 1-1). The resulting 

fluid forces ideally act at the rotor centre where because of 

inevitable unsymmetry, axial shift i of that force has to be 

considered. In the event of little vibration x, y of the rotor 

about the centre these fluid forces can be taken as proportional 

to deflection and velocity [3], with coefficients dR' dq , kR' kq 

which are unknown at this stage: 

(1) 

The angles a, ~ of rotor incline are not considered in equation 

(1) since disturbing moments which may occur are compensated, 

which results in the rotor performing pure motions of translation. 

In the case of minor motions about the centre the magnetic forces 

for the left and the right bearing (index 1, r) can be linearised 

[2, 8, 9]. Therefore the bearing force can be expressed as 

(2 ) 

where XL' YL bearing coordinates; ix, iy bearing currents, 

k ~ N2 A I2/s3 k = 0,5 ~ N2 A I /s2 with soL 0 0' q 0 L 0 0 

~o = 4rr 1o-7 Vs/Am, N number of windings; AL pole surface; 

and 

10 magnetic biasing current; So nominal air gap. 

Employing the complex variables z = x + j y and IjI = ~ - j a and 

the complex bearing currents in the left and the right bearing 

ul = i lx + j i ly ' ur = i rx + j i ry ' the linear motion equations, 

taking account of the gyroscopic influence, can be expressed as: 

0) 
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with the following expressions (cf. Fig. 3): 

D11 = 2(d R-jd Q) C12 = -k s-k (h -h ) a sir 

D22 : -jQC C21 : -k s-k (h -h )+2k s-j2k 5 a sir R Q 

C11 : ka +2(k R-k s )-j2k Q C22 = k s2 -k 
a 

(h 2 _h 2 ) 
sri 

Generally, motions of the centre of gravity and incline z,~ occur 

as combined motions. In the present case (cF. Fig. 2) the two 

bearings are at the same distance from the centre of gravity, 

i.e. hI : hr. The equations can be completely separated if the 

Fluid forces act exactly at the rotor centre(~ : 0) and the flex­

ural stifFness of the torsion bar is negligible (k = 0). We 
a 

shall use these simplifications in our further approach. 

Owing to the digital signal processing method we use, the system 

works on the sampling principle with the result that the analysis 

is continued in a discrete-time manner. The conversion of the 

continuous-time representation (3) into the discrete-time repre­

sentation is accomplished using the transition matrix [1]. For 

the complex motion of centre of gravity we employ a derived dif­

Ference equation which only contains the deFlections involved: 

wi th the complex system parameters a 1 , a2 , b1 , b2 , into which 

enter, inter alia, the fluid forces, with the control variable 

u(k) = ul(k)+u (k), variable of unbalance w (time Function: r s 
s(k-l) = exp(jQ(k-I)T»as well as weight wG and an additional 

constant disturbance w • IF we now introduce backward shiFt oper-
-1 0 

ator q ,equation (4) can be transformed into 

(5 ) 

using the polynomials 

-1 -1 
A(q ) = a 1 q 

4. Basic Control Circuit 

If the fluid forces are not considered now, the known parameters 
, A (q-1), B (q-1) b d 'th Q Q ' d' In 0 0 can e use , WI = A as gIven eSIgn an-

gular velocity, to present the control law 
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u (k) = - 1 [Q(q-1)Z(k)+U G1 
o p(q-1) 

(6 ) 

for the system free of unbalance 

-1 
8 (q )u (k hWG o 0 

(7) 

In equation (6) P and Q stand for polynomials 

-1 -1 
P(q ) = 1+P1 q (8) 

with initially unknown coefficients for matching to the rotor 

dynamics desired. The compensation of weight is by means of u G• 

In the simplest case the controller coefficients in (6) are de­

termined by placing poles zi (i=1,2,3) for the control circuit 

taken from (6) and (7). This leads to coefficient comparison [1] 
of the form 

PCz- 1 ) [1+Ao Cz- 1 )] + 80 (z-1) Q(z-1) = ~ (z-z.) 
i =1 1 

(9 ) 

with single-valued coefficients for the basic control circuit. 

5. Identification of Parameters 

Figure 4 is a typical representation of the parameter identifi­

cation procedure. 

ROTOR SYSTEM 

z(k) 
~--~CONTROLLER~~~~ 

Fig. 4: 

Typical procedure of 

parameter identification 

This diagram shows the rotor system with parameter vector 

T 
£ = [a1,a2,b1,b2'wo'ws] (10 ) 
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connected in parallel with an equally structured deterministic 

model including external disturbance with adjustable parameters 

E.~ (k) = [ aM 1 (k ) , a M2 (k ) , b M 1 (k ) , b M2 (k ) , w Mo (k ) , w Ms (k ) ] 

Error 

with data vector 

( 11) 

( 12 ) 

ill T (k -1) = [ - z( k -1), - z (k - 2 ); u ( k -1 ), u ( k - 2 ); 1; s ( k -1) ] ( 13 ) 

tends towards zero if 

for k -- 00 

In contrast with (6), the variable in (13) is to be extended by 

the test signal uT(k): 

u (k ) 

On the basis of error (12) there are numerous methods which can 

be employed to draft a suitable on-line identification algorithm. 

Since the hardware and numeric expenditure must be within reason­

able limits, currently two approaches can be highlighted: one is 

the well-proved least squares method which is most advantageous 

in that it provides rapid convergence with well selected initial 

values. However, its disadvantage is the still high numeric ex­

penditure for quick on-line identification. On the other hand, 

the minimisation of e(k) using the gradient method has proved to 

be successful. This approach ist characterised by a low numeric 

expenditure. Its disadvantage is the slow convergence and the 

related greater susceptibility to disturbance. Despite these 

disadvantages we are using the gradient method for error mini­

misation. 

Taking the real error function 

1 '2 e(k) B"(k) ( 14 ) 

1 T -T-'2 ~ (k-1) ~(k) ~ (k) ~(k-1), 

in which the superlined values represent the conjugate complex 

numbers,and the related gradient 

ill(k-1) e(k) ( 15 ) 
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as a basis, we obtain the identification algorithm 

E..M ( k + 1) = EM (k) + Q (k) .! (k - 1) e (k ) • 

For the hermitic weighting matrix G (k ) 

c 
G (k ) 0 G 

$"T (k -1 ) G rp(k-1) -0 

-0 

with the constant diagonal matrix G • 
-0 

(16 ) 

.§:T (k ) we write: 

0 < 2 c < 
0 

( 17) 

If the system-parameters are known, the disturbances can be 

identified separately. 

Figure 5 gives an exemplary result of a numeric simulation of 

error e(k) and identification variable aMI (k) varying as a func­

tion of time. We see the error initially decreasing relatively 

fast. As mentioned above, the residual adaptive variation of 

aMI (k) is slow because of the small residual error. This be­

haviour causes some difficulties during processing with the aid 

of a micro computer and requires the selection of suitable 

scales. 

,..... 
,:,t. ....... 
III 

0.0002 

0.0001 

0.0000 

-.0001 

- .0002+--.--r-....--r-....--r-....--r-....--r-...... 
0.00 0.02 0.04 0.06 0.08 0.10 

t [sec] 

2 

---~ 
-~ 
l: 

0 

a 

-1+-....-,-....-,-....-,-....-,-....-,-~ 

0.00 0.02 0.04 0.06 0.08 0.10 

t [sec] 

Fig. 5: Numeric simulation of the identification process 
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6. Experimental Results 

At first we are discussing the behaviour of the basic control 

circuit. The problem faced when designing a digital control cir­

cuit is to correctly tune the controller coefficients and the 

sampling time with due consideration of the permanent disturbance 

of the measuring signal by noise. Most of this fine adjustment 

cannot be accomplished but by way of experiment. The test rotor 

showed a favourable running behaviour with 500 ~s sampling time 

and poles placed between 2i = 0.70 ... 0.85 (i=1, ••• ,6). However, 

here the static stiffness is low resulting in the weight having 

to be compensated by constant superimposition of u G in (6) or the 

static stiffness being increased through an integrating portion. 

, ,I i . I 
_: Eor mm -r~ 

. I ' 
; i I 
I ' . - "f' - :- .-
I . 

- .-. I -.. . - - j. . - ! --. - --
~ 0,1s 1 
- __ on_ 1-' --... · 1 , --------

, I : 

Fig. 6: Step response. 
Sampling time T=50o ~s 

Fig. 7: Parameter identification 
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Figure 6 shows the deflection of centre of gravity x(t) when a 

reference signal is changed abruptly, the weight being compen­

sated by u G in (6) instead of an integrating portion. We readily 

see a good settling time to the new final condition. The identifi­

cation algorithm is to be judged in the first analysis on the ba­

sis of the determination of the weight parameter Wo in (4) and 

(10). Figure 7 is based on the system with the basic control cir­

cuit according to (6) (UG=O) and shows the identification process 

as a function of time giving deflection signal x(t) and parameter 

wMo(t). The identification process is completed after 0.2 seconds, 

and the identification time and the signal overshoot can be influ­

enced by selecting a different weighting coefficient Co in (17). 
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Summary 
To evaluate the behavior of a rotating shaft undergoing seismic 
vibration, two types of turbo-molecular pumps were installed on 
a vibration table. One of the tested pumps has unique 4-axis 
control magnetic bearings that utilize both electromagnets and 
permanent magnets and features excellent zero power control, 
while the order has 5-axis control magnetic bearings that con­
trol all five degrees of freedom except for the rotating compo­
nent around the shaft. Three types of seismic waves, El-centro, 
Taft, and Hachinohe and their time responses on a building floor 
were produced on the vibration table. The displacement of the 
shaft under vibrating conditions was less than 60 ~mp-p in each 
test, thus it was confirmed that active magnetic bearings do 
actually possess sufficient bearing stiffness. 

1. Introduction 

A turbo-molecular pump (TMP) is an axial flow compressor which 

operates in high and ultra-high vacuum conditions. In recent 
years, the demand for oil contamination-free and vibration-free 

vacuum pumps has increased rapidly in the semiconductor industry 

in order to achieve high density integration of semiconductors. 

The TMPs levitated by active magnetic bearings (AMB) are attach­

ing much attention as a new pump to meet these requirements. 

Because of their weakness in terms of bearing stiffness compared 

with ball bearings, it is very important that their stability be 

demonstrated with respect to external vibration forces such as 

seismic waves. To evaluate the behavior of the rotating shaft 

undergoing seismic vibration, two types of TMPs were installed 

and shaken on a vibration table. The followings are the results 

of the test and an introduction for the pump tested and their 
magnetic bearings. 
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2. Test pumps and their magnetic bearings 

The following two pumps were tested; 

Table 1 

Pump model KP18 

Type of magnetic bearings 5-axis control 

Operating Speed (mim-l) 45,000 

Pumping Speed (Us) 310 

Greatest Pressure (Torr) 10-10 order 

Weight (kg) 10 

KPU 

4-axis control 

32,000 

620 

10-10 order 

27 

Size (mm) U70 x R, 272 $ 250 x R, 412 

i) TMP with 5-axis control magnetic bearings 

Fig. 1 shows the construction of a pump using 5-axis control 

magnetic bearings. The support system has the same construction 

as the conventional one with ball bearings used in the TMP. The 

two ball bearings which support the rotating shaft are replaced 

with two radial magnetic bearings and an axial magnetic bearing. 

By means of these magnetic bearings, all five degrees of freedom 
of shaft motion except for the rotating component around the 

shaft are actively controlled. The schematic construction of 

this bearing system is illustrated in Fig. 2. 

Inl':l 

~to(" blade 

bearlng 

be .. r illg 

dial liIlP ilensor 

beartng 

Ax1al lap .~n8or 

Fig. 1 Sectional drawing of TMP (KP18) 
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Su poine. of 
rotor- pos1t Lon 

t.,dul. IIII.Inette. bear1n., 

vvvr invert.er 

posit.l0n 

Osc.iLlator Control ne:tIJor'k. 

Fig. 2 Structure of 5-axis control AMB 

As shown in Fig. land 2, non-contacting inductive sensors that 

detect the rotor displacement are installed near each magnetic 

bearing. The rotor assembly is controlled to maintain its center 

position by regulating the attraction force of each magnetic 

bearing according to the rotor displacement signal from these 

sensors. and through the feed-back loop of the control circuit. 

The tested pump is designed so that the rated speed of the shaft 
is less than the bending mode frequency of the shaft. 

Fig. 3 shows the result of a natural frequency analysis of the 

shaft. The bending mode frequency is denoted as "order 6" . 

• coooo 

Fig. 3 Natural frequency analysis 
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ii) TMP with 4-axis control magnetic bearings 

Fig. 4 shows the construction of a pump with 4-axis control mag­

netic bearings. The arrangement of the magnetic bearings is si­

milar to the 5-axis type except that the axial magnetic bearing 

is not employed here. A schematic drawing of a bearing unit is 

shown in Fig. 5. 

Rotor 
blade 

Stator 
blade 

E.ergency bearing 
Cap ~en.tor 

Rad ial magnet 1c 
bearing 

Radial magnetic 
bearing 

Cap sensor 

Emergency bearing 

Fig. 4 Sectional drawing of TMP 
(KP13) 

--- I 
:t-l -

~fl-
Rotor pole 

Rotor 5halt 

--Stator 
yoke 1 
Slalol­

yoke 2 
ttodulated 
pole 
Permanent 

\ ll'l,agnct 

Non-Itludulaled 
pole 

Fig. 5 Schematic of AMB 
Unit 

This bearing unit is a radial control magnetic bearing in which 

passive stability is provided in the axial direction by the use 

o[ [)ermanent magnets and electromagnets. No active conlrol is 

needed in the axial direction, because axial stability is ob­

tained by the use of bias flux through the tooth profile in the 

non-modulated magnetic pole. This type of bearing unit requires 

less electric power than the other bearing which use continuous 

current through a coil to establish bias flux, because bias flux 

is su[)plied from the permanent magnet. 

Fig. 6 shows the construction of the entire bearing system. 
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amplifier 

-rf ~I;;JI ~ ,i Set point of rotor pOSit,ion 

Ho,~r ~.f .. ::~~ Oscillator 

.. ~ . ) Hilgnetlc beari"g 

[;~ .. . ~ ~ 
Sensor 

~,<J. 
i 

Fig. 6 Schematic of an active magnetic bearing 

3. Seismic tests 

1) Testing arrangement 

Fig. 7 is a schematic diagram of the testing equipment. Two 

pumps were mounted together on a vibration table, and vibrated 

both horizontally and vertically in each test by changing their 

mounting positions. Accelerometers were set on the pump casing 

and on the vibration table as illustrated in the figure. The 

displacement of the rotating shaft was measured by the sensors 

of the magnetic bearings. All data recorded were converted, to 

digital form and analyzed by a computer. Table 2 describes the 

test items and the methods used. 

Table 2 

Test item Testing method 

l. Pumps were vibrated directly with three 
Seismic response different seismic waves (El-centro, Taft and 
test Hachinohe), and the acceleration at the pump 

casing and the displacement of shaft were 
measured. 

2. Pumps were vibrated with response waves of a 
Test wi th model building under seismic vibration. 
seismic response El-centro, Taft and Hachinohe were used as 
of a model seismic waves. The natural frequency of the 
building model building was 2.5 Hz. The acceleration 

at the pump casing and the displacement of 
the shaft were measured. 
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Data recorder 

pump 
HydraulIc actuacot 

'"::"":'::'~~;:~I I~{~~~ 
FO\lC'1er SpeetrulD 

Fig. 7 Block diagram for measurement and analysis 

2) Test results 

i) Seismic response of the pumps 

a. Radial direction 

Pump model Acceleration 
at pump casing 

KP18 187 - 385 gal 

KPlJ LOO - 457 gal 

b. Axial direction 

Pump model Acceleration 
at pump casing 

KPUl 235 - 378 gal 

KP13 199 - 407 gal 

Displacement 
of shaft 

0.0084 - 0.0500 mm 

0.0036 - 0.0448 mm 

Displacement 
of shaft 

0.0184 - 0.0260 mm 

No axial gap sensor 

ii) Test with seismic response of a model building 

a. Radial direction 

Pump model Acceleration Displacement 
at pump casing of shaft 

KP18 467 - 1052 gal 0.0200 - 0.0568 mm 

KP13 516 - 1027 gal 0.0048 - 0.0236 mm 
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b. Axial direction 

Pump model Acceleration Displacement 
at pump casing of shaft 

KPUl 235 - 378 gal 0.0196 - 0.0476 mm 

KP13 199 - 407 gal No axial gap sensor 

Tested pumps operated in each test without touchin~ the emer­

gency bearings. Figs. 8 and 9 show examples of shaft displace­

ment during this test. 

Casing acceleration MAX: -575.59 (gal) 

n ~ ~ V 
-600.0 Radia l disp l acement Xl MAX: 0.0560 (mm) 
0.06'.0 I j I H 

\ J ~II~ n nH A~lln~! I I ),lulli .. "Ii' 

-0,0640 

'\ H ~H~ ~ n~~ nm y , VfIT1'·yHhm'I'~' -

'''''[ "::'tNi_~rt~~'~ 
-O ,Of,', O 

0 .01.80R3dlal displacement X2 MAX: 0.0360 (nom) 

'. " ,:'~W~~,\~Nt~~tt~~ .. ,· -
-0 .04110 ".""f "'::"' ""L""",,,," "" , ."" ' m.) --, .P!~t~~~.~"e 
- 0.0360 

0.0 4.0 

Seismic wave 
Pump 

8 . 0 12.0 16 . 0 20.0 

El-centro NS, response of a model building 
KPHl 

fig. 8 ~adial displacement of shaft under seismic vibration 
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"""[ Axial displacement MAX: 0 . 0388 (mm ) 

'~)V/~NfN1¥ffNf1tt/f~/Wff~' I,~.;(Y 
- 0 . 0"80 

0 . 0 4.0 

Seismic wave 
Pump 

8 . 0 12.0 16.0 20 . 0 21,.0 SEC 

El-centro NS. response of a model buildin~ 
KPl8 

Fig. 9 Axial displacement of shaft under vibration 
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Summary 
New definitions of nutation and precession are proposed. which are usuful 
not only for physical understanding but also for intuitive interpretation of 
the optimal control of axi-symmetrical spinning rigid bodies. At first it is 
shown that the spin axis docs coning motion about the instantaneous angular 
momentum vector with constant rotational speed (nutation angular velocity) 
regardless of its coning angle. 
Next. steady state coning motions. which have been called as steady state 
precessional motion. are discussed based on angular momentum vector and it 
is shown that they have two modes; precessional mode and nutational one. 
Lastly. based on angular momentum vector. a method of control for conical 
motion of a spinning rigid rotor supported by a magnetic bearing system is 
derived and it has the same control structure as the optimal control which 
has been derived as a regulator problem by referenced paper. 

Intro~uction : There were some confusion in the field of attitude dynamics 
and control of spacecraft at the beginning of the space age because of in­
adequate definitions of precession and nutation which are found in textbooks 
of classical dynamics. Moreover. there is no clear interpretation of dynami­
cal behavior in the field of magnetic bearings. In this paper. new defini­
tions of precession and nutation arc proposed. which are useful not not only 
for physical understanding but also for intuitive interpretation of the 
optimal control of ax i-symmetrical spinning rigid bodies. And then it is 
proved that the spin axis rotates about the instantaneous total angular 
momentum vector with constant nutational velocity regardless of its magni­
tude of coning motion using small cone angle approximation. Next. steady 
state coning motions. which have been called as steady state precessional 
motion. are discussed based on angular momentum vector and it is shown that 
they have two modes; precessional mode and nutational one. Lastly. based on 
angular momentum vector. a method of control for whirling motion of a spin­
ning rigid rotor supported by a magnetic bearing system is derived and it 
has the same control structure as the optimal control which has been derived 
as a regulator problem by a referenced paper [2J. 
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1. New Definition of Nutation and Precession, and Coning Motion 
In texlbooks of classical dynamics, precession is defined as horizontal 
motions of spinning axis, whereas nuLation is defined as vertical ones. Her~ 

the new definitions which are the same as the ones of attitude control field 
of spacecraft are as follows: 

Precession: motion of the total angular momentum vector(H, invisible) 
of the rotor due to outer torques(T). 

Nutation: coning motion of the spinning axis(S) abouL H. 
We cannot see Lhe lotal angular momentum vector(H), but the motion of the 
spinning axis(S) is nearly equal to the precessional motion when there is no 
nutation, i.e. \I '=i S. This will be shown in the next chapter. 
Regardless of the bolh motions, a general and fundamental equaL ion of motion 
is 

dH Idt=T. (1) 

Therefor~ \I depends on outer torque(T) alon~ On the other hand, S draws a 
cone about the instantaneous axis of H with constant rotational speed (nu­
tational angular velicity) 

h= (J wlcosC= H/ld (2) 

seen from inertial space, regardless of cone angle, where (J = Is/ld (ratio 
of moment of inertia about S, Is, to the one about the diametrical axis, Id), 
w is S-component of spinning velocity, and C is a half of cone angl~ This 
coning motion of S in Lhe case where T is restoring torque which is in pro­
portion to the small tilting angle of S, e, will be proved at the next 
chapter. It is well known that Eq. (2) is constant regardless of C even 
when C is not small, provided that H is unchanged or T = o. 

2. Equations of Motion 
In the fol lowing, equations of motion of the rotor suspended by a magnetic 
bearing system wi II be derived. where T=K e. K is restoring spring constant 
which has the opposite sign to the spinning top on the ground. 

As an inertia coordinate system. it is supporsed that mass center of the 
rotor is the origi~ ~ a vertical upside axis is Z. and two perpendicular 
axes are X and V, respectively. As an moving coordinate system which expres­
ses Lhe altilude of the rolor, a non-spinning one is adopted. where the 
origin is mass center of the rotor. two axes, x and y. which are nearly 
horizontal and not fixed to the rotoG are near to X and V axes. respective­
ly. and z axis is the spinning principal axis. S. 

Small tilting angle of S is e. which is decomposed to x- and y-component as 
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0" and 0... Angular velocity vector of the non-spinning coordinate is ex­
pressed as (e ,,', e .. ', O)T, where OT notation is matrix transposition, and 

[' ] means time derivative of a variable. Similarly, the angular momentum 

vector 11 is expressed as ( Ide ,,', Ide ... , l"w)T. If there is no external 

torque except for restoring one, then, T is expressed as follows: 
T= -K (0", 0 .. , O)T. (3) 

Using these expressions, EQ(1) changes to the following component equations: 

O""+hO .. '+kO,, 0 (4) 
o .... -hO x' +kO .. = 0 (5) 

w =const. (6) 

where k=K/ld. In the following, as only x- and y-component are important, 
we regard 0 as a complex number, and express it using underlined notation: 

.f = e ,,+ i e .. , (i =v' (-1) (7) 

Therefore, EQs. (4) and (5) are combined and change into one equation: 
0"- i he' +kO = 0 (8) 

Equation (8) was derived as Euler's equation. To prove validity of Chapter 
I's hypothesis, starting from this hypothesis, let us try to derive EQ. (8) 
geometrically. 

As shown in Fig. I. using complex number plane, suppose M be positioned small 

angle m to the origin 0, and ~ be positioned small angle 0 to 0 and small 

ang 1 e ~ to 11. Therefore, 

O=m+c 

c=coe tht 
- -

(9) 

(10) 

where ~_Il is an initial value of ~, meaning rotation of Co about 11 with con­
stant rotational speed of h. As the restoring torque is perpendicular to fL, 

!! 

!i1!!=dH/H =- i Kfdt/H (11) 
d c_ = «;~ - dT11 ) e i hdt -_<:_11 

='(~-dm)( 1 + i hdt)-~ 

= i~hdt-~l!! (12) 

dO_ =~m+Q~ __ = i .£..Ilhdt. (13) 

Equation (13) is a first order one, 

and even if we change co to~, gener­
ality is not lost. Substituting EQ. 

(9) into this one, and once more 

differentiation gives us: 
!L"- i h!L' + i hm' =0. (14) 

Using EQs. (1t) and (2) to this one, 
o ----==-------_____=::~ ~ 

Fig. 1. Delineation for formation 
of differential equation 

we can get EQ. (8). Thus, the va lid i­
ty of Chapter l's hypothesis has been 
proved. 
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3. Approximate General Solution of Equation of Motion 
Position of S, i.e. § or ~ is expressed as approximate general solution of 
EQ. (8). Using subscript 0 as initial values, and supposing h2» k, 0 be­
comes: 

~ = ~ == ~p+ iJ_n (15) 
.Q.p=' (~o+i~o'/h)e-t(k/h)t (16) 

.Q.n=. (-iiLo' /h) e t (h. (k/h)) t (17) 

From this result, general solution of § consists of a fast coning motion 
(nutation mode) and a slow one (precession mode). In magnetic bearings, the 
both modes have opposite rotational direction, whereas in spinning tops on 
the ground, they have the same direction because of negative value of k. 
Next, let us get an expression of H motion. Radial component of His IdO' 
whose ang Ie express ion is I dO' /H. Phase of 0' advances to e by 1l /2. 
Therefore, position of H on the complex number plane is i.Q.' /h (see Fig. 2). 

Differentiating EQs. (15)-(17), we get following approximate expressions: 
i.Q.' /h = 1i - ~ =. (k/h 2).Q.p -(1 +(k/h 2».Q. n 

=. -On 

Adding EQ. (15) to the above expression, li is expressed as 
H =. (1 +(k/h2» .Q.p- (k/h2).Q.n 
=.~. 

z y 

H 

1m 
J'-------..;~ Y 

(18) 

(19) 

Fig. 2. Relationship between complex 
number plane and inertia 
coordinate system 

Fig. 3. General coning motion of 
spin axis 
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From the results mentioned above, ~ expresses approximate motions of H, 
whereas ~ expresses approximate radius of circular motion whose center is 
H. Figure 3 is a simulation example of a general case where both modes are 
present and are rather decaying. 

4. Steady State Coning Motion 
In case of spinning spacecraft. k=O, and _~J> is fastend to a constant point, 
and pure nutations are observed. In case of spinning tops on the ground, kl 

0, and both ~ and ~ are present. However, at high spinning speed,~ 
damps out quickly due to friction of ground, and pure but rather decaying 
o pis observed. If there is only one mode and no damping, the motion of S 
is a pure circular one. Nutation is fast anti-clockwise circular motions, 
whereas precession is slow clockwise (anti-clockwise in case of ground spin­
ning tops) circular ones. In textbooks of classical dynamics, either motion 
is treatized as fast or slow steady precessional motion. 

Motion of tl in the steady circular motions is described here a little. In 
the steady precessional mot ion, the second term of Eq(t9) is zero, and ~= i'_P, 
therefore, tl draws a circle a bit outside (inside, in case of spinning tops) 
of § by (k/h 2 ) times of §. It would be said that both § and R move getting 
near and parallel with each other. Fig.4 is an example of steady precession­
al motion. In steady nutational motion, tl consists of only the second term 
of Eq. (19). Therefore, M positions opposite side of § to the origin, and 
draws a small circla Fig.5 is an example of steady nutational motioL 

y 

~~------~--------~---x 

Fig. 4. Steady state precessional 
motion 

y 

s 
\ 

H 

--------~'~--------4_---X -.: 0 

Fig. 5. Steady state nutational 
motion 
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i Application to Suppression of Whirling Motion 
Whirling motion of the rigid rotor suspended by magnetic bearings consists 
of two above-mentioned modes. To suppress the whirling motion. it is intui­
tively more easily understood to move 11 than to move~. Because. 11 is 
governed by E~ (1) or first order differential equatio~ and it has been 
known that ~ rotates about 11 at constant rotational speed. On the other hand. 
if we do not utilize directly Eq. (I). we must use the following Eq. (20) 

which is second order and consists of E~ (8) and newly added control torqe T 

~"-ih'(+k~=T/ld=~ (20) 
provided that I does not include the restoring torque. Thus. il is by far 
easier to move H than to try to directly move S. 

For suppression of nulation. II should be moved near to S. This is a very 
common melhod in the field of attitude control of spacecraft. It is very 
easy to suppress precession; to bring 11 to the origin is sufficient. To sum­
ming uP. both nutation and precession modes are suppressed at the same time. 
if 11 is brought to the origin whi Ie being moved near to~. For lhis purpose. 
a concrete feedback melhod will be shown in the follow. 

At first. to control OPt as is known from Eq. (16). f and e' should be 
fedback. On the other hand. from Eq. (18). to control nutation or -~. only 
O· should be fedback. Fortunately. in both modes control, signs of e' 
which should be fedbac~ are identical. 

If we regard the magnetic bearing system as a two-gimbal servo system. each 
gimbal servo system has feedback loop of ils own rotational position signal 
and its rate signal in general control. However. as!L and fL' are two­
dimensional vectors. each gimbal servo system must include also the other 
one's sensor signals into its feedback loop. This is called inter-axis 
cross coupling feedback [11 Returning lo Eq. (16). as is already shown In 
Fig. 2. phase of J!.~ advances to ~ by 1l /2. or in other words. phase of 
complex number plane lags by 1l /2 to the inertia frame. therefore. fJ~ 

should be fedback directly to each servo. On lhe olher hand. f should be 
delayed by 1l/2 and then be fedback. or specifically. e y and -ex should be 
fedback to x and y servos. respectively. After all. rate signals should be 
fedback independently. and position ones in mutually coupled mode. This 
feedback structure is identical to the one obtained as lhe optimal regulator 
problem of the magnetic bearing systems by referenced paper [2J. 
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6. Simulation Examples of Control 
Here, supposing that control torque ~ includes restoring torque also, U is 
generally expressed as the next equation: 

U=-KO - (Kn+Kpl) 0' +- i Kp2~ (21) 

y 

Fig. 6. Approximate precession 
control 

y 

----~----~~------~x 

Fig.7. Suppression of nutation 
alone(usual gimbal servo) 

where Kn is nutation control gain, and 
Kp1 and Kp2 are precession control ones. 
In the following three examples, all 
initial conditions are the same as Fig. 
l Figure 6 is the case of approximate 
precession control where only the last 
term of Eq. (21) is used for II. Really, 
H approaches to the origin, but II and S 
diverge rapidly due to omission of KPI ' 

changing to a diverging nutation mode. 
Figure 7 is the case of nutation sup­
pression where the third term of E~ (21) 
is omitted (usual gimbal servo). Nuta­
tion is rapidly decayed and S and II are 
approaching each other, and a pure but 
rather decaying precession mode is 
observed. Figure 8 is the case where 
all terms of Eq. (21) are fed-back, and 
two modes decay rapidly at a time. 

y 

----+-----~x o 

s 

H 

Fig.B. Suppression of both 
precession and nutation 



318 

7. Conc I us ions. 
(I) New definilions of precession and nulalion are by far ralional lhan 

convenlional ones. 
(2) Spin axis rolates about the instantaneous total angular momentum vector 

with a constant nutational velocilY regardless of its radius of rotatioL 
(3) In suppression of whirling motion, it is more intuitively understandable 

to move the angular momentum vector than to move the spin axix directly. 
(~) At high spinning velocity of the rotor, usual gimbal servo systems have 

little effect for suppression of precessional mode. 
(5) Inter axis cross couppling feedback of angular position signals is very 

usufull for suppression of precessional mode because it brings the 
angular momentum vector to the origiL 
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Summary 

Tbis paper deals with the problem of an unbalance vibratiun 
in magnetic bearings. An efficient damping control scheme fur the 
vibration is proposed. First, the state equation of a magnetic 
bearing system in which unbalance uf a rotor is taken into con­
sideration is shuwn. Next, the control system achieving the rota­
tion around the geometrical axis is proposed. Here we formulate 
the control problem within a framework of the so-called Robust 
Servomechanism problem, and we design the control law using the 
Selective Turn-over method. Finully, the effectiveness of the 
control system is uctually confirmed by several experimental 
results. 

1. INTRODUCTION 

In order that a rotor supported by magnetic bearings rotates 

around a certain axis smoothly, the rotor must be symmetric to 

the axis. Hut there exist residual unbalance on the rotor. 8y 

this unbalance, a shaft vibration is arisen when the rotor 

rotates at high speed. In this paper, based on modern control 

theory, we design a control system achieving a reductiun of the 

unbalance vibration. 

The following is discussed for a magnetic bearing combining 

radial cuntrul and thrust contrul [1], huwever, it can be applied 

to general magnetic bearing systems alsu. 

2. PROBLEM STATEMENT 

The state equation and the output equation of the magnetic 

bearing system in which an unbalance of a rotor is taken intu 
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consideration can be written as follows. 

y 

Ax + Bu + D1w1 + D2w2 
Cx 

(1) 

(2) 

where is a vector of sinusoidal disturbances caused by 

balance and is a vector of constant disturbance to 

un-

this 

system. Each disturbance is not included in the equation given in 

[1]. These disturbances are arranged as follows. 

Fw (3) 

Above equations show that when a rotor rotates around the 

geometrical 

vibration. 

axis, sinusoidal disturbances arise a shaft 

3. DESIGN OF ROBUST CONTROLLER 
We introduce robust control [2] in this system, with which 

our problem can be solved. This system is augmented with a neces-

sary number of servocompensator, which 

lowing equation, 

x 
c 

A x + B e 
c c c 

is described as lhe fol-

(4) 

in cascade with each input line. The equation of the augmented 

system is as follows. 

(5) 

where 

A block diag[F, F, ... , F] 
c 

B block diag[K, K, ... , K] 
c 

F 

p: an3ular frequency 
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The structure of servocompensator is shown in Fig. 
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1. This 

compensator consists of an integrator corresponding to internal 

mudel uf sLep Lype disturbance and an oscillator curresponding Lu 

internal model of sinusoidal disturbances. Fig. 2 shows the 

frequency characteristic of this compensator. The line P shows 

the response of second order system with sharp resonance, the 

line D the differential of it and the line I the response of the 

integrator. The synthesized response is shown by solid line. This 

line and illcrLia stiffness make the frequency characteristic of 

stiffness. A sharp peak is realized at 

frequency p. 

resonance angular 

Designing a compensator behaves according to variable rota-

tional speed, sinusoidal disturbances can be reduced in a com­

prehensive range. 
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4. STABILIZATION 

Fur the stabilizing of the augmented system (5), we use the 

Selective Turn-over method, with which we can allocate all the 

clused loop poles in the desirable region. As Fig. 3, any poles 

on the right space of the line can be folded back symmetrically 

with respect to an arbitrary straight line (ReA = -k) parallel to 

the imaginary axis. Selecting the line reasonably, imaginary part 

of eigenvalue of closed loop system can be specified arbitrarily. 

Allocated whole poles in stable space, it is proved that a de­

rived control system is optimal regulator. 

1m 1m 

X X 

1/;(\ (x",1 
I" : : (I , , 

¢-x 1 
, , , , 1 X~ -x , x~ 

-k , 0 Re -k 0 Re , , . 
I,-x' : X\I , ' \_.: I I • ,.' 

X I lC 1 

I I 

Fig.3. Selective Turn-over method 

We stabilized this system according to the following proce­

dure on the assumption that the rotational speed is 1900rpm. 

(1) We select a line (ReA -10) for the poles uf an original 

system and an integrator. In earlier study [1j, stability have 

been affirmed by this design. 

(2) Since the poles of vibration is far frum real axis, a little 

movement of poles makes feedback gain large. This leads a satura­

tion of a control circuit. Considering this circumstance, we 

select a line (ReA = -1) for the poles of an uscillator. 

The relationship of eigenvalues between an open loop system 

and its corresponding closed loop system is shown in Fig. 4. The 

pule (A = 0.0) is a pole of an integrator, the poles (A = 0.0 ± 

j199) are those of an oscillator, the others are those of a 

magnetic bearing system. 
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5. EXPERIMENTAL MACHINE 
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Fig.4. Poles of 

open and closed 

loop systems 

The structure of the experimental machine is shown in Fig.s. 

There are a cage type induction motor at the center, electromag­

nets and radial position sensors on both sides, a dummy weight on 

the left side, and an axial position sensor on the right side. 

Due to the staggered arrangement, radial and thrust direc­

tion control are achieved by only four pairs of magnet. 

The rotor is 72mm in diameter at the electromagnets and the 

motor, 540mm in total length, 6.64kg in weight, and 4mm in gap 

length. The gap is wider than that of usual machines because only 

the rotor might be put in a vacuum with a glass tube. That is, 

this machine was designed for the purpose of an rotating anode X­

ray tube. 

8xiol position sonsor 
radiol position sensor----, 

rodiol oontrol Inagllet-- ----, 

induotion motor 
radiol position sensor 

rodiol control magnet 
durnmy weight 

Fig.s. Structure 

of experimental 

machine 
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6. EXPERIMENTAL RESULTS 
The following results are characteristics of the system 

designed for 1900rpm. 

Fig.6 shows a displacement of the shaft (radial horizontal 

direction) rotating at 1900rpm. The case unbalance is not con­

sidered is also shown. As is evident from Fig.6, proposed control 

system reduces the unbalance vibration effectively. 

Fig.7 is one of the characteristics changing a rotational 

speed from 1600 to 2000rpm. As an example, the case of 1900rpm is 

shown. It is similar to the preceding result and at the other 

rotational speed are so. This reveals that the unbalance vibra­

tion is reduced efficiently according to the changing rotational 

speed. 

Fig.8 shows transient responses for the 3N step type distur­

bance force in a radial horizontal direction. The result shows 

that the control system achieves asymptotic disturbance 

rejection. This means that proposed control theorem enables us to 

achieve the reduction of unbalance vibration and the stability. 

Fig.9 shows a frequency characteristics of stiffness for 

radial disturbance force. The stiffness at rotational frequency 

and nearby OHz is extremely high. This reveals that both step 

type and sinusoidal disturbances are al~ost eliminated. 
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Fig.6. Displacement of the shaft 
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7. CONCLUSION 

In order to reduce the unbalance vibration of a magnetic 

bearing systems, Robust Servo controller has been designed. The 

application of the Selective Turn-over method enables us to 

achieve the reduction of vibration and the stability. The effec­

tiveness of the propused contruller has bl~ell demonstrated with 

several experimental results. 
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summary 

The principles and features of a measurement system with 
magnetic bearings for providing information for balancing a 
rotor are described. The proposed system uses magnetic bearings 
not only as a device supporting a rotor but also as a device 
measuring and compensating unbalance forces. In the system the 
total forces acting on a rotor can be balanced by controlling 
the bearing forces actively; measuring and locating unbalance 
on the rotor are performed in such states. Some experiments of 
measurement are carried out by using a magnetic bearing spindle 
as a single-plane balancing machine. The obtained results show 
the feasibility of a measurement system for balancing a rotor 
based upon the proposed principles of measuring. 

Introduction 
The magnetic bearing can suspend a rotor without any mechani­

cal contact and lubrication. Since an active magnetic bearing 

can control force acting on the rotor dynamically, it can have 

additional functions which have not been achieved by other 

bearings. A control method, by which a magnetic bearing can 

suspend an unbalanced rotor without whirling, has been pre­

sented based upon the theory of output regulation with internal 
stability'). In the designed control system centrifugal forces 

due to unbalance are estimated by an observer and cancelled by 

electromagnetic force during rotation. When the position of a 

rotor is regulated to rotate without whirling, the total forces 

acting on the rotor are balanced; information which is neces­

sary to balance the rotor can be obtained in a direct way from 

the controlled electromagnetic forces of the bearing. In this 

paper this regulation technique is applied to measuring and 

locating unbalance on rotor actually. 
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2 Description of the Test Instrument 

2.1 Structure of the Instrument Figure 1 shows the section 

view of the test instrument used for investigations of mea­

suring and compensating unbalance forces. It consists of an 

axial magnetic bearing, two radial magnetic bearings (0, ® ), 
a motor-stator and a rotor. The rotor, to which an object of 

balancing will be attached, is suspended by the magnetic 

bearings. A radial magnetic bearing has four electromagnets 

which are set in four equally spaced positions in the bearing 

plane and an inductive-type device for detecting radial move­

ments of the rotor. The motor is three-phase induction-type 

and driven by an inverter which can vary the supply frequency. 

2.2 Dynamic Modelling The attractive force of each magnet of 

the radial bearings, which is represented as Fn (n=1, •.. ,8), 

can be approximately given by the following equation: 

where 
Fn=Kn{In/Dn) 2 n=1, ••• ,8 (1) 

Kn:coefficient of the magnet 

In:excited current of the magnet (=In+i n ) 

obj e ct of balancing 

i------ rotor 

-Tl~'-l.!:~rr~ 

1 
radial magnetic 
bearing 0 

motor 

]
radial majlnetic 
bearing ® 

] 
axial magnetic 
bearing 

Fig.l structure of experimental 
setup 

Fig.2 Coordinate axes and 
forces acting on the 
rotor 



In,in:stationary and incremental components of In 

Dn:gap between rotor and pole of the magnet (=Dn+dn) 

Dn,dn:stationary and incremental components of Dn 
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For small motions about the stationary, the magnetic force can 

be approximated by the linear relation: 

n=' , ••• ,a (2 ) 

where 

A coordina te frame O-xyz and the direction of F n are shown in 

Fig.'. In nominal rotor posi tion, the center of the rotor S is 

at the coordinate origin 0 and the center line agrees with z­

axis. The stationary currents are set to realize the 

equilibrium conditions: 

F,-F3+ FS- F7=O 
F2-F4+F6-Fa =O 

-(F2-F4 )1,+(F6-Fa )12=O 

(F,-F3 )1,-(FS-F7 )12=O 

and decoupling conditions: 

(G,+G 3)1,-(GS+G 7 )12=O 

(G2+G 4 )1,-(G6+Ga )12=O 

where 

(3 ) 

( 4 ) 

(S) 

(6 ) 

(7) 

(a) 

1,,12:distance between the center of the rotor S and the 

magnets of the radial bearing ® and ® 
Then the equations of motion are given by 

mXs-(G,+G3+GS+G7)xs=H,i,-H3i3+Hsis-H7i7+m£w2cos(wt+a) 
(9 ) 

mYs-(G2+G4+G6+Ga)YS=H2i2-H4i4+H6i6-Haia+m£w2sin(wt+a) 
( , 0 ) 

... 2 2 
I r 6x+Ia w6 y-((G2+G 411, +(G6+Ga )12 )6 x 

=-(H2iTH4i411, +(H6i6-Haia)12+(Ir-Ia) TW 2 COS( wt+ S) (") 

Ir6y-Ia w8 x-( (G, +G311,2+(GS+G7)12 )Oy 

=(H, i,-H3i311,-(HSiS-H7i7)12+(Ir-Ia) Tw 2sin( wt+ S) ('2) 
where 

xs'Ys:displacements of the rotor in x and y directions 

6x ,Oy:angular displacements of rotor axis about x and y axes 

m:mass of the rotor 
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Ia,Ir:polar and transverse mass moments of inertia of the 

rotor 

a,B:parameters on angular location of static and dynamic 

unbalance 

£,T:amount of static and dynamic unbalance 

w:angular velocity of the rotor 

From eqs.(9), ••• ,(12) the whole system can be divided to a 

subsystem related to translation and a subsystem related to 

rotation. As a result the dynamics of the magnetic bearing 

system is expressed by a set of equations of the type: 

where 

it (t) =Ax (t)+Bu(t)+Dw(t) 

w(t)=Ew(t) 

3.Compensation and Measurement of Rotor Unbalance 

_[0 -w] 
E- w 0 

(13) 

( 1 4 ) 

3.1 Compensation of Unbalance Forces The measuring method 

proposed in this paper are based upon a control system 
developed by the authors 1). The ways of designing the control 

system are 

(1) The system is stabilized by a state feedback since an 

attractive magnetic bearing system is inherently unstable 

without control. 

(2) Since centrifugal forces due to unbalance cannot be 

detected in an usual magnetic bearing system, an observer is 

constructed in order to estimate unbalance forces. 

(3) Using the output of the observer the effects of rotor 

unbalance are cancelled by controlling incremental currents 

of the electromagnets. 

The resultant control input is 

u(t)=P1x(t)-w(t)/b (15) 

where P1 is selected to stabilize a closed-loop system: 

x(t)=(A+BP1 )x(t) (16) 
and w(t) is the output of the observer which converges to w(t): 
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lim w( t) =w( t) ( 1 7 ) 
t=oo 

Then it is concluded that 

lim x(t)=O ( 1 8 ) 
t=oo 

It means that whirling motions due to unbalance disappear. The 

details are described in ref.l. 

3.2 Measurement of Rotor Unbalance When the position of the 

rotor is regulated, the bearing forces are cancelling the 

unbalance forces. Necessary data for balancing the rotor, can 

be obtained in a direct way from the resultant bearing forces. 

This measuring method is to be said as a dynamic measurement 

with a closed-loop system, while a common method of measuring 

for balancing is a measurement with an open-loop system. 

In an usual centrifugal balancing machine, measurements are 

performed at a speed far below or far above the resonant 

frequency of the rotor support system because it is difficult 

to measure accurately near the resonant frequency. In contrast 

with common balancing machines, test speed can be selected 

independently of the natural frequency of the machine in a 

proposed measurement system. Therefore it is possible to 

balance a rotor at its actual operation speed. 

4.Experiments 

4.1 Methods Figure 3 shows a photograph of the test 

instrument; its section view has been shown in Chapter 2. This 

instrument, which was designed as a spindle for grinding test, 

is used as a single-plane vertical-type balancing machine. 

A test-object of balancing which is shown in Fig.4, is 

concentrically mounted to the head of the suspended rotor. A 

weight can be attached to the object at equally spaced 

positions in a face of the object for introduction of known 

unbalance. The angular position of unbalance is measured 

counter-clockwise from the reference position which is pointed 

by an arrow in Fig.4. A reflective-type photo-sensor detects a 

black mark which is pasted at the reference position and 

generates a reference signal. 

As is mentioned above, when the position of the rotor is 

~egulated, the bearing forces are identical with corrective 
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forces to balance total forces acting on the rotor. For a 

direct measurement of bearing force, however, proper sensing 

devices, as piezoelectric or strain-gage tansducers, must be 

incoorporated in the instrument. On the other hand an incre­

mental component of the current is proportional to the correc­

tive force(see eq.(2)) and can be measured without special 

sensing devices. Thus current monitoring is used to determine 

the amplitude and location of unbalance in the experiments. 

4.2 Results. The stationary motions of a rotating unbalanced 

rotor are shown in Fig.5; the angular velocity of the rotor 

is 314 rad/s. In the figures xa and xb refer to the outputs of 

the displacement sensor of the radial bearing ~. When the 

magn,:t:, c bearing system is only stabilized, the rotor is 

whirling with amplitude of about 4.5 \lm (see (a)). As 

contrasted with the case (a), the whirling motion becomes 

remarkably small when the compensation for unbalance is applied 

(see (b)). The results show that even an unbalanced rotor 

behaves like a balanced rotor when it is supported by magnetic 

bearings with the unbalance compensation controller. The wave-

Fig.3 Outlook of experimental 
instrument 

Fig.4 Example of test-object 
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forms of the incremental current i3 with the compensation for 

unbalance applied are shown in Fig.6; a weight is attached to 

the test-object (see (b)) or not (see (a)). The amount and 

position of unbalance are determined from the amplitude and the 

phase relation to the reference signal of the current. The net 

unbalance introduced by a weight is obtained by comparing the 

measurement results in case(a) and (b). This procedure of 

measuring can reject the influences of initial unbalance of the 

suspended rotor and misalignment of the test-object. 

The results of measurements are shown schematically in Fig.7; 

the position of each circle indicates the actual or estimated 

location of an attached weight and its area is proportional to 

the mass of the weight. The actual mass of an unbalance weight 

is 0.25g. The rotor is driven to rotate in (a)counter-clockwise 

(a)without the compensation (b)with the compensation for 
for unbalance unbalance 

Fig.S Stationary motions of an unbalanced rotor suspended 
by the magnetic berings (scale: 2.5 ~m/div) 

: 1 f 

· , . • • I r ; 
· . . . . i t - : ........ " '_ tl

' · . . . , , , j . 
I 

• • • • • I 1 I 

(a)without an unbalance 
weight 

Fig.6 Current and angle reference 
for unabalnce works 

(b) with an unbalance weight 
attached to the test-rotor 

signal when the compensation 
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(w=314rad/s) and (b)clockwise (w=-314rad/s) directions. 

It is seen from Fig.7 that the estimated amount and location 

coincide with the actual ones to some degree. The measured 

amount of unbalance is, however, about 1.6 times as great as 

the actual one. The main source of error is probably the 

parameter estimation error of Hn and can be eliminated by a 

proper calibration. It is also seen from Fig.7 that each 

estimated location tends to be shifted to the direction of the 

rotor rotation from the correct one. This tendency is probably 

due to the delay-time of the photo-sensor generating a 

reference signal. Using a faster-response detector or 

averaging the located angles which are measured in clockwise 

and counter-clockwise rotating, more accurate location of 

unbalance will be obtained. 

5 Conclusions 

The principles of a measurement system with magnetic 

bearings for providing information for performing balancing 

operations have been presented. The experiments demonstrate 

the possibility of developing a new-type balancing machine 

with magnetic bearings. 
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Outline 

An alternative modelling technique is proposed in place of the well 
known modal reduction method for mechanical system modelling. The 
method. called quasi-modal reduction. belongs to the category of mode 
synthesis methods and represents a special way of sub structuring. 

Its main advantage is the adaptability of the reduced mechanical model to 
varying boundary conditions. as they are often encountered in control 
design for mechatronics systems. A mass-spring model of the reduced 
mechanical system can be derived for flexible mechanical systems. 

As an application example. a possible control layout method. a Luenbergcr 
observer modified for mechanical vibrational systems. is indicated. 

1. Introduction 

The quasi-modal method will be presented with an example of a flexible 
rotor system supported by a contact-free active electromagnetic bearing. 
The method is suited for modelling and control layout of a quite general 
class of mechanical vibrational systems. 

For this purpose. the FEM equations commonly used for vibration 
simulations must be Simplified. The major drawback of the modal method 
is the inaccuracy of the results for varying boundary conditions. as the 
mode shapes depend themselves on a certain boundary condition. The 
controller in the process of being designed determines these boundary 
conditions and hence the mode shapes. 

The method proposed here uses two types of modes independent of the 
actual boundary conditions: The modes for constrained (I.e. fixed) 
boundary conditions are combined with deflection modes generated by 
unit inputs at the boundary conditions. 
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2. The Quasi-Modal Method Demonstrated with a Simple Example 

2.1 FEM-Model and Equations of Motion 

A simple flexible rotor is supported by an ideal hinge and a magnetic 
bearing as shown in Fig. I: 

Displacement 
Sensor Z2 r----------, 

I 0 
51 6 7 8 9 

n 
10 II 

x 

4 

I 

y 
n I f I 
fO=lZ2Ditbzz:zZljl I I CONTROLl£R ~ _______ J 

Fig. 1: Flexible rotor example. The shaft vibration is measured with a gap 
sensor placed at the magnetic bearing (collocation). The FEM-model uses 
the 10 shaft elements shown. This 40-degrees-of-freedom model will be 
used as the reference model. 

The equations of motion are derived from the finite element model. The 
complex notation z = x + iy (with the radial directions x and y) is applied, 
as usual in rotor dynamics. 

The displacement vector z is divided into "external" displacements z2 and 
"internal" displacements zl' "External" degrees of freedom are at bearing 
and sensor locations. "internal" ones are not accessible. The equations of 
motion can then be represented as follows: 

[ Ml 0] [~;] + [KllK12] [Zl] = [0] f(t) o M2 Z2 K21K22 z2 1 
(1) 

with the diagonal mass matrix. the stiffness matrix structured as shown 
and the bearing force f(t). The example. simple as it is. contains the 
important features of an actual flexible mechanical system. The coordinate 
z2 acts as a "window" giving access to the mechanical system (Fig. 2) : 

Flexible Mechanical System 
• Robot Arm • Space Structure 
• Flexible Rotor • Head Positioning 

Actuator 
Force 

Mechanism 

Controller 
including Actuator 

Displacement 

Fig. 2: The measured mechanical variables z2 and the actuator forces £(t) 
act like an access "window" to a mechanical system 
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The FEM program used for the reference model is the HIROT-package 
/1/ based on the stiffness matrix method. For an actual machine rotor. the 
number of degrees of freedom of the FEM-model often becomes so large. 
that it is not suitable even for advanced control layout methods. 
Therefore. a reasonably reduced model is sought. which still accurately 
describes the first few vibration modes. 

2.2 Modal Reduction 

The well known modal reduction method is based on mode shapes. The 
mode shapes depend on the reaction force f(t). This reaction force on the 
right hand side of equation (1) is replaced by a pure stiffness Kb in the 
bearing. as produced e.g. from displacement feedback: 

(2) 

This yields a homogeneous conservative equation. The eigenfrequencies 
(Fig.3) are computed in function of bearing stiffness Kb. For modal 
decomposition, a fixed and realistic value of Kb is selected. e.g. 30 
DN/mm. The number of corresponding mode shapes Vi is truncated 
arbitrarily. The transformation for the first three modes is: 

[ZI] = ±[Vil]Si 
z2 i=1 Vi2 (3) 

with the modal coordinates Si and the mode shape vectors Vi structured 
as the z-vectors in equation (1) . The modal equations of motion are: 

103 r;---,---,--r--r----=::x::=::;t=l 
N 5 
I &-~~_&~~~t--, 
>-
gI02l---+---~~~~~~=i 
Q) g. 5~==::.I.rI:::.::::.alTI 
Q) .... 
u. 
n; 10 I J;---_±_-:::;-oo 

:; 5 - FEM equations a; 
Z 0 modal model 

.:Z k,=300N/mm 
IOOIt::O-_-' --1_-1...l..07' :.1.---'1'-.02';--:-'10=-=3---:"10 .• Bearing Stiffness kb DN/mm 

Fig. 3 Eigenfrequencles of the FEM model and modal reduced system of 
the rotor example in function of bearing stiffness Kb with the limit cases 
for free and fixed boundary condition for small resp. large Kb • 
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Numerical values for the example of Fig. 1 are: 

* [13.5] [ 15] * * 2 mi = 7.6 , coi = 58 Hz where ki = mi coi and 
0.3 201 

In fig. 3. the eigenfrequencies of this reduced model are plotted in 
function of the bearing stiffness. as was done for the FEM reference 
model. There is exact agreement only for the selected value of the bearing 
stiffness. The large deviations (specially of the first mode) are an incentive 
to look for a more suitable reduction method than modal truncation. 

2.3 Quasi-modal Reduction 

In analogy to mode synthesis /2/ and in accordance with our earlier publi­
cations /3/. a different reduction matrix is proposed here. The aim is a 
reduced model. that can be used for various bearing characteristics. 
Therefore. the method should be independent of boundary conditions 
(stiffness or. damping) at the actuators. Le. from controller parameters. 
This is achieved by separating the rotor (inner system) from the bearing 
to be designed (outer system.). 

The inner system is characterized by the mode shapes with fixed 
boundary conditions. as shown in Fig. 4a. These modes. independent of 
the bearing parameters. are called <Pi . 

For the connection with the outside. I.e. to provide access to the relevant 
bearing variables (displacement and force). mode shapes. obtained from 
unit force displacement at the bearing have to be used. The input- and 
output matrices then contain only ones (at the bearings) and zeros 
(elsewhere). These modes are called 0i. For our example with only one 
variable z2. there is only one O-mode. the rigid-body mode of Fig. 4b. equal 
to the free boundary condition first mode. 

¢-modes 

~ 
¢2 

a-mode 

~~D 
Fig. 4a Inner system mode shapes Fig. 4b Deflection mode shape 
(only two shown). eigenfrequ. COpi 
Fig. 4 Mode shapes for the quasimodal transformation. 

The transformation matrix is analogous to the modal method. but now 
using the <1>- and O-modes. A reduced system of 3rd order is obtained by 
using the O-mode and two <P-modes in this way: 

( 4) 
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In opposite to the modal reduction. physical bearing displacements z2 

remain in the variable vector of the reduced system. Thus. the controller 
is easily connected to the mechanical system. The quasi-modal reduced 
system has the following general structure: 

The system reduced to 3rd order is: 

* _ [16.7 0 ~6.21 
where M - . 8.08 4.8 

sym . 19.6 

The obtained reduced matrices are not diagonal. Due to the orthogonality 
of the cI>-modes. however. they are partially diagonal. Due to the simple 
structure of the input- (and output-) matrix. the bearing stiffness can 
easily be included or excluded in matrix K*. This is an advantage over the 
modal transformation. 

The most important advantage of the quasi-modal reduction is the good 
agreement of the eigenvalues of the reduced system and FEM-model for 
the full range of the stiffness Kb (fig.5) . The agreement is best for the 
lowest modes. as seen clearly when comparing fig. 3 and fig. 5. 

N 
J: 
>. 

~ 102L---~--~--~~~~~~ 
6 50---0-.-1-.( 
Q) 
'-

LL 

n; 
'-
::J 

ro 
Z 

10 1 

- FEM equations 
o Quasi-modal 

model 

10 2 

Bearing Stiffness kb DN/mm 

Fig. 5 Eigenfrequencies of the FEM model and quasi-modal reduced 
system of the rotor example in function of bearing stiffness Kb with the 
limit cases for free and fixed boundary condition for small resp. large Kb . 
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The same advantage of better accuracy of the low modes is also present 
for the modal damping ratios in function of bearing damping (I.e. velocity 
feedback). This is shown in fig. 6: 

- FEM equations -+-~----:~--=-_~ 
~~ 

g> t---+---~~~.,,('.C#. .-~--I 
.0. 0 ~v ~. "v fl;e$- tqOo.i 
~ ~ ~~~)~. ooS ql 

o 0.1 ~E~b~- '-J'-O~~~~~'b:~~~~~ (ij 1= fJ,.<:'- - - ~~ 

~ t:;~::~,~~~~l~st~m~od~et=====~ ::E 0.05 0.01 0.1 1.0 

o 

()~ 1.0 '==;;::;~~~===!~§~§E§ " ~-.-.- odal 
v (kr=30DN/mm)-t--+i'---+~~ 
o 0.5 -----Quasi-modal 
~ a: 

Damping Factor C kgs/mm 

Fig. 6 Modal damping of the FEM model and the two reduced systems in 
function ofbearlng damping (and constant stiffness Kb = 30 ON/mm). The 
damping ratio saturation, important for bearing controller design, is 
present in the FEM model and the quasi-modal reduced system, but not 
in the modal reduced one. 

The superior accuracy of the quasi-modal reduced system in function of 
widely varying bearing parameters is due to the use of the combination of 
<I>-modes and a-modes. 

3. Equivalent Quasi-modal System 

3.1 Why the equivalent transformation? 

The quasi-modal reduced system as.presented in the previous chapter is 
characterized by a non-diagonal mass matrix, i.e. mass coupling, and a 
diagonal stiffness matrix. In some cases, a physically better 
understandable structure with stiffness coupling and diagonal mass-matrix 
is preferred. 

The displacement vector of the quasi-modal system contains the time­
variable weighting values Si for the bending modes. These variables must 
be interpreted as relative displacements. Absolute displacements z*i are 
introduced for each bending mode: 

(5 ) 

A diagonal mass matrix is obtained, by applying this transformation to the 
quasi-modal system and defming the constants ai as: ai = mci / m*i . 

The structure of the transformed system (shown only for third order) is: 
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(6) 

[
15.7. 'J where MUI = . 2.85 . 

. . 25.8 

This system can be interpreted directly in the physical mass-spring 
system shown in fig. 7. along with a summruy of the calculation procedure. 

Coupling factor 

Equivalent mass 

mcj <l>jtM4 
a'=-=~";';';"';-

I mj' <l>jtM<I>j 
meqj=aj2mt 

Equivalent residual mass meq.,= m.,- }:meqj 

* Equivalent Reduced Model 

Fig. 7 Equivalent quasi-modal reduced system and its physicallnterpreta­
tion.(only two bending modes shown) 

3.2 Example of a model with two bearings 

In this discussion. a most simple example has been used. It is however a 
quite general procedure. not restricted to collocation or only one sensor­
actuator. A slightly more general example. with two bearings and three 
bending modes in the reduced model (5 degrees of freedom per radial 
direction). is shown in fig. 8 and fig. 9 . A gyroscopic matrix can also easily 
be included. 

Fig. 8 Example of a rotor with two radial bearings and sensors. 
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60Xld 

Fig.9 Equivalent reduced model for the rotor with two bearings of fig.S. 
and five degrees of freedom per radial direction. 

4. Transfer Function 

The quasi-modal reduced system can be represented in form of a transfer 
function relating bearing-force as input variable with bearing 
displacement as output variable. This is shown in fig. lO for the simple 
rotor example of fig. 1 and the corresponding reduced model. 

f 
Magnetic 

ForC':p. 
Fig.lO Block diagram of the transfer function of the equivalent quasi­
modal reduced system for the example of fig. 1 and 7 . It is based on 
equations (6) : the variable s is the Laplace domain variable. 

The block diagram of fig. 10 can be reduced to the following transfer 
function. using the parameter definitions given with equ. (6) and fig. 7: 

2 222 
Z2 (s + rop1) (s + rop~ 

G(s) = T = ---2-2--2"'---2-~2'--
mcqli s (s + rof1) (s + rof~ 

where 

( 7) 

rofl and rof2 are natural frequencies of the system with free 
boundaries (no actuators) 
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meqS is the equivalent mass for the main rigid body 

rop 1 and rop2 are natural frequencies of the inner system 
restricted by the pin boundaries, 

Note that this transfer function reflects the correct behavior of the 
eigenfrequencies when the bearing stiffness moves from free to pinned 
boundary condition. 

5. Luenberger Observer Based Bearing control 

This control scheme basically consists of state-feedback combined with a 
model of the mechanical system used to estimate ("observer") the un­
measured state variables in real-time. The description given in control 
theory textbooks is usually in state-base description. Here, the equations 
of motion notation is used in order to provide some additional physical 
insight into the observer dynamics. A complete system is shown in fig. 11: 

FuU-order Observer: Aeduced Model 
M'W+M'GeAs'W+<K'+GkAs')W=M'GeZb+GkZb+Ab'f 
where: no gyroscopic effect 

: M', K', Ab' & As' are of the model 

State Feedback Gains 

f= -[Fe, FkJ [~:] 
Error Function: M'iHM'GeAs'e+{K' +GkAs')e=Q 

Fig. 11 Closed-loop mechanical system with observer-based state 
feedback. The observer dynamics is determined by matrices Gc and Gk 
which can be interpreted as stiffness and damping respectively 

6. Conclusion 

The proposed quasi-modal reduction method overcomes some clear 
disadvantages of the modal truncation reduction method, namely its 
dependence on boundary conditions. 

The higher effectiveness, accuracy and easier physical interpretation of 
the quasi-modal method are demonstrated and are now being tested for 
the control layout of vibrational systems like active magnetic bearing 
support of elastic structures. 
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ABSTRACT 

Many layout techniques of time-discrete control algorithms for magnetic bearings are based 
on quasi-continuous approximations of traditional time-continuous controlIers, although this 
approach does not provide the fuIl dynamic mnge and may even lead to instability. 

State-feedback methods require an observer since the number of measured signals is usualIy 
less than the number of states in the mathematical rotor model. In case of flexible rotor 
structures this observer approach leads to a high-order fully coupled controlIer and often 
shows untolerable parameter sensitivity. 

The goal of this paper is to present a layout method for optimal discrete dynamic 
compensators with structural constraints typical in magnetic bearing applications, i.e. a 
predefined controller order or a decentralized feedback structure, in order to filI the gap 
between welI known PD-algorithms and state-LQ-schemes. Similar to the latter method the 
optimal feedback coefficients are obtained by minimization of a quadratic performance index. 
Both the performance index and the corresponding vector gradient can be computed easily for 
every set of feedback parameters. Quick convergence can be achieved by a powerfull 
numerical optimization routine. 

Results of a SPOC-D (Structure-Predefined Optimal Control for Discrete systems) layed 
out simple magnetic bearing system are presented and compared with the system properties 
obtained by standard controlIer design methods. 

1. INTRODUCTION, GOAL OF THIS PAPER 

Active electromagnetic bearings show a number of interesting characteristics and are more 
and more applied for new solutions to classical machine dynamic problems. Due to the rapid 
development in microprocessor technology, digital control makes it nowadays possible to take 
advantage of the wide range of achievable magnetic bearing parameters (Le. damping and 
stiffness). Even changes in the structure of the controlIer can easily be made by varying the 
controlIer software instead of loosing much time altering the controller hardware. 

The choice of the controlIer structure depends on several aspects of the magneticalIy bome 
rotor system and has to be carefully evaluated to achieve the desired performance properties. 
These aspects are: 

- rotor and corresponding rotor model, 
- number of controlled bending modes and overall dynamic properties, 
- number of available output signals, 
- performance of the microprocessor. 
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A fundamental property of magnetic bearing control is the fact that the number of 
measurement signals is usually less than the number of states in the corresponding model 
description. Therefore optimal pure state-feedback is not possible. 

Basically, there are two ways to handle the problem of too few outputs and of getting 
satisfactory controller performance: one possibility is the use of a complete state-feedback with 
a full or reduced-order observer to estimate the missing velocities and, in case of higher 
system orders, all the residual states. This approach leads to a high-order fully coupled 
controller with the consequence of lower sample rates due to the given computational power of 
the controller hardware. In addition to this disadvantage un tolerable parameter sensitivities 
might occur implementing high-order observers (fl/). 

A second way to cope with the problem of too few output signals is the predefinition of the 
dynamic compensator structure, i.e. the predefined discrete controller consists of a given 
number of time lag elements with given interconnections. This output feedback approach 
leads, for example, to a decentralized control where every output path is directly connected to a 
specific input path without any further interconnections. Decentralized continuous controllers 
are a classical feedback structure. Optimization of these controller types has been investigated 
by LEVINE/ATHANS (12/) and SENNING (f3/) and specifically for their application in 
magnetic bearing systems by BLEULER (f4/). 

The practical application of decentralized time-discrete control schemes is an often followed 
design approach. The necessary control parameters are usually obtained by a quasi-continuous 
approximation of the corresponding continuous parameters. In case of magnetic bearings, 
however, it can be shown that much better sets of control parameters can be found if a 
parameter optimization is done directly in the time-discrete state space and not based on quasi­
continuous approximations. Furthermore, even better optimization results can be achieved if 
the controller structure is slightly changed, so that a quasi-continuous approach to determine 
the feedback coefficients is not possible any more. 

The SPOC-D method (Structure-Predefined Optimal Control for Discrete systems) 
presented in this paper provides a way of designing controllers by parameter optimization. 
Similar to state-LQ-methods the optimal feedback coefficients for the structurally constrained 
system are obtained by minimization of a quadratic performance index involving both the 
system states and the control inputs. The numerical minimum search can be done quite easily 
due to the fact that both the performance index and the corresponding vector gradient are given 
in an analytic form for every set of feedback parameters. An additional feature of the SPOC-D 
method is the possibility of optimization under several constraints as prescribed static bearing 
stiffness or consideration of symmetries. Furthermore, SPOC-D can minimize a multi-model 
performance index to ensure stability over a wider range of changing plant parameters. 

A simple example of a magnetically borne elastic rotor system is presented (fig. 3.). A quasi­
continuous controller design method is compared with the SPOC-D method for a layout of an 
optimal set of control parameters. Results are illustrated by simulations of the system 
behaviour. 
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2. OPTIMIZING STRUCTURE-PREDEFINED DISCRETE CONTROL 

2. 1. PLANT, CONTROLLER STRUCTURE AND PERFORMANCE INDEX 

A general time-discrete state space description of a linear dynamic system is given by 

(1) 

(i = 1...) (2) 

In case of structure predefined control the state vector of the plant is augmented by the states 
of the dynamic compensator to a global state vector xk' The global system matrix A describes 
the dynamic behaviour of the plant and includes the predefined interconnections between plant 
and compensator. The scalar input signals ui are called control stations. For each control 
station a single input column vector bi describes its influence on the dynamic system, 
Furthermore a special observation station Yki is assigned. to each control station 

The structure predefined control loop will be closed by the unknown output feedback 

parameters dij included in the single row vectors di, 

Uk' = d, Yk, = d. C. xk I I I I I 
(i = 1...) 

fig. 1. plant augmented by a structure-predefined dynamic 
compensator for direct output feedback 

(3) 

Fig 1. shows a simple example of a dynamic system as shown in (1, 2, 3): the plant 
description of order two (xl' x2) is augmented by a predefined dynamic compensator of order 
one (w). Two output signals (Yl' Y2) are available for the controller specified by the three 
unknown parameters (d lO, d ll , d22). For simplicity, the station index i for the coefficients dij 
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will be omitted in all funher examples (as already shown in fig. 1.). The special form of (1.2) 
for the given example is shown in (la. 2a). 

(la) 

(2a) 

The closed-loop structure for the given example is an outer feedback ukl for the plant and an 
inner feedback uk2 for the dynamic compensator. Thus we get 

(3a) 

with the unknown controller coefficients dO' d1 and d2 that have to be determined by 
optimization of a performance index in order to guarantee overall stability and satisfactory 
dynamic behaviour of the closed-loop system (1. 2. 3). For this purpose it is assumed that the 
dynamic system (1. 2) is completely observable and controllable. 

For the subsequent optimization of the described output feedback it will be very imponant 
that the parameters dij of each feedback vector di must be independent of each other: each 
coefficient dij can appear only once at one given place in one feedback vector di. Furthermore. 
the dynamic compensator structure should be formulated in a suitable normal form and should 
not be over-parametrized. 

As described in (/2/. /3/) the performance index PI for the closed-loop system (1. 2.3) is 
formulated as a quadratic form in the states xk and in the control stations uki involving the 
weighting matrix Q ~ 0 and the scalar weighting factors ri > 0: 

00 

PI = L (x! Q xk + ~ u!i ri uki) ---> min (4) 
k=O I 

Fig 2. now shows the four necessary fundamental equations «5)-(8» for optimality of the 
performance index (4). They differ slightly from the time-continuous case. The derivations are 
briefly explained below. but not shown in detail in this paper. The exact steps will be 
presented in (IS/). 

At first the performance index is brought into an equivalent form with the use of the initial 
state Xo and the closed-loop matrix Aclsd' The infinite sum can then be replaced by a 
Lyapunov equation whose solution P determines PI together with the initial state xo. Applying 
small penurbations ddi to the feedback vectors di a penurbed performance index PI + dPI is 
found which finally leads to an analytic form for the vector gradient of the performance index 
together with a dual Lyapunov equation. 



Aclsd = A + ~ b j dj Cj 
1 

PI = trace (PX<I 
T 

Xo = Xo Xo 

o 

o (i = 1...) 

fig. 2. necessary optimality equations to minimize the performance index PI 

2.2. MINIMIZATION OF THE PERFORMANCE INDEX UNDER CONSTRAINTS 
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(5) 

(6) 

(7) 

(8) 

The prescription of the static bearing stiffness is typical for magnetic bearing applications, so 
that the output feedback coefficients dij are no longer independent of each other. 

Any parameter interdependences of this or a different kind can be considered in SPOC-D by 
including additional control stations in (1), the feedback coefficients of which are linear or 
nonlinear functions of the residual set of independent parameters dij . The effect on the 
optimality equations «5)-(8)) are additional terms for the closed-loop matrix Aclsd' the 
Lyapunov equation for P and for the vector gradient apI/adi. 

Note that all constraints are considered in the modified necessary equations for optimality 
and not by a special algorithm for minimization under constraints. 

Although these modified optimality equations are of much more interest to the field of 
technical applications, they are not shown in this paper, but will be well described in (jS/). All 
results for the example below, however, have been found with the modified equations for 
optimization under constraints. 

3. NUMERICAL MINIMIZATION PROCEDURE 

The necessary matrix equations for optimality of the performance index «5)-(8)) have to be 
solved simultaneously. They are coupled and highly nonlinear. Since it is not possible to find 
a closed form for the minimum of the performance index PI the solution has to be found by 
means of a powerful numerical method including the ability to solve Lyapunov equations, 
which is found in many available software packages for matrix handling (e.g. CTRL-C). The 
fact of having the vector gradient in an analytic form is of great advantage for the 
minimization. 

The numerical procedure used to find the results given below is a special Quasi-Newton­
Method called Davidon-Fletcher-Powell-Method including self-scaling and restarting. It is 
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described in (/6/). The method requires an additional one-dimensional minimum search 
algorithm which, in our case, is implemented as a cubic fit. 

4. ReSULTS 

The figure below shows a simple magnetically borne rotor system. It is assumed that the 
elastic rotor can only move in one plane. Thus the total number of degrees of freedom is three 
if the mass of the elastic shaft is neglected. Gyroscopic effects are not considered. The system 
is geometrically symmetric, though the shape of the rotor movements may not be symmetric. 

sampling period T 

decentralized 
dynamic compensators 
of first order with 
internal feedback path 

fig. 3. elastic magnetically borne rotor system augmented by two time-discrete 
decentralized dynamic compensators of predefined structure 

The rotor system has two input signals: the force or electric current in each magnetic bearing. 
Only two sensors measure the rotor position in each bearing, which is most frequently the case 
in technical applications. 

The state space dimension of the plant description is six; thus four system states are not 
measured. The control loop is closed augmenting the plant description by two decentralized 
dynamic compensators to stabilize the global system and to achieve a "good" dynamic 
performance. Each decentralized controller can be described by a general first-order transfer 
function involving the coefficients dO' dl and d2. This controller structure predefinition does 
not correspond with a reduced observer which would be of order four and fully coupled. 
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The equations of motion are not derived in this paper. However, the physical data are given 
as follows: masses (m, M), rotor stiffness (kR) and negative magnetic bearing stiffness (kS) 
due to the pre-magnetization current: 

m = lkg 

M = 5kg 

EJ 
kR = - = 206kN/m 

L3 

ks = -150 kN/m 

To give an idea of the physical behaviour of this system the time-continuous eigenvalues are 
given below (the transmission zeroes are not listed here). Note that the open loop system is 
unstable due to the negative bearing stiffness kS' 

A,I 2 = ± 35 + 0 i Hz , 

The time-discrete system equations (1, 2) for this example are obtained via the transition 
matrix and its integral. The sample rate T is chosen to correspond with a sample frequency 
about 5 to 10 times higher than the highest system frequency. In this example T equals 1 
millisecond. 

For magnetic bearing applications it is important that a certain closed-loop static bearing 
stiffness k is achieved. Typically, k lies in the range of the absolute value of kS' Thus, the 
three coefficients dO' d1, d2 of each decentralized controller are not independent (see 
paragraph 2.2.). For the given example (fig. 3.) the static bearing stiffness parameter 
interdependence can be formulated as follows: 

(9) 

4.1. QUASI-CONTINUOUS DETERMINATION OF THE FEEDBACK PARAMETERS 

The traditional approach to determine the values of the feedback coefficients is by a digital 
approximation of well-known continuous control laws (fl/, 18/). Very often found in magnetic 
bearing applications is the PO-algorithm which corresponds with a spring-damper element in 
classical rotor dynamics. For this case the digital first-order causal approximation of the 
corresponding transfer function G(s) leads to the following discrete controller transfer function 
G(z): 

G(s) P + Os (=) G(z) = dO + 
o -1 

P + -(1- z ) 
T 

(10) 

Note that d2 is set to zero by this quasi-continuous approach, and that therefore only one 
feedback coefficient is freely choosable after selection of the static bearing stiffness k (9). 

In the following figure k is chosen to equal the absolute value of kS' The closed-loop step 
response to a unit force applied from outside in only one bearing (asymmetric load case) is 
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simulated for the first ISO milliseconds. The rotor displacements in each bearing (xl' x2) and 
the corresponding bearing forces (u I' u2) are plotted for three different controller layouts 
respecting (9, 10). Note that one bearing force has to be twice the unit force due to the 
negative bearing stiffness kS' 
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fig. 4. simulations of the step response for a controller layout 
based on a quasi-continuous approach 

150 

ISO 

Fig. 4. shows the very interesting effect that for "low damping" (d l small) neither the low 
frequency rigid body modes nor the high frequency elastic mode are influenced in a 
satisfactory way. Applying "more damping", i.e. changing the one only free parameter, the 
rigid body mode will tend towards a good behaviour whereas the elastic mode, however, 
tends to get unstable. 



355 

Thus it is not possible to achieve a satisfactory closed-loop system perfonnance using a fIrst­
order decentralized controller with a given static bearing stiffness layed out by a quasi­
continuous approximation of a PO-controller. 

4.2. SPOC-D OPTIMIZED FEEDBACK PARAMETERS 

Much better results are obtained by application of SPOC-D. The results of the parameter 
optimization underlying the constraint of the static bearing stiffness differ in a very crucial way 
from those given above: the feedback coeffIcient d2, set to zero by the traditional approach, 
turns out to play an important role in improving the system perfonnance. Fig. 5. shows the 
step response for the same conditions described above but for the SPOC-D optimized 
controller. 
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fig. 5. simulations of the step responsefor a controller layout based on SPOC-D 

The robustness of the optimized closed-loop system with respect to changing plant 
parameters is not investigated in detail here. However, a comparison of the simulation results 
between the quasi-continuous layout and the optimized controller is shown in fIg. 6. for some 
altered values of the mass M but for unchanged controller coefficients. Only the displacement 
x 1 is plotted. 
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fig. 6. comparison of the step responses for different values of M 
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5. CONCLUSION 

The layout of digital controllers with predefined structure is often based on a quasi­
continuous approach. It can be shown, however, that the time-discrete approximation of a 
"good" time-continuous control algorithm does not always lead to comparably "good" results. 

An optimization of the controller coefficients directly in the time-discrete state space leads to 
much better results. A reason therefore is the fact that the control parameters are optimized 
based on a performance index including the plant chamcteristics; thus the optimized controller 
is better adapted to the specific plant and is less sensitive to changing plant parameters. 

The proposed way of optimization is very flexible. A large number of well posed problems 
with any kind of control structure predefinition can be handled. Any constraints of the 
controller coefficients, linear or nonlinear, can be considered in the necessary equations for 
optimality. The choice of the weighting matrices and factors used in the performance index is 
not problematic if the system equations are brought into a suitable normal form. A certain 
amount of experience, however, is necessary to find good solutions in a short time. 
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Summary 
For the purpose of clean and high speed rotation, an 

actively controlled magnetic bearing has been developed. 
Recently, a digital control system has been used to get high 
performance by using the state variable feedback. However, the 
gyroscopic or inductive mutual effect of a rotating disc 
sometimes makes the high speed rotor unstable. 

This paper introduces a new digital control scheme which 
utilizes the rotational interruption. The standard PIO control is 
carried out with the constant time interval interruption, while 
the rotational interruption subroutine carries the static error 
cancellation and the cross coupling feedback to compensate for 
the undesirable mutual effect. This scheme is applied to a single 
rotor bearing system, and its capability is tested. 

THE EXPERIMENTAL ROTOR ANO ITS CONTROL SYSTEM 

The_Equa~io~~1: Motion of the Rotor The equations of motion of 

the rotating shaft supported by the magnetic bearing are written 

in the following matrix form: 

m x - Q J p Y + k x f J( - f~.( (1 ) 

m y + ~ Jp x + k Y = f, - f b ~ ( 2 ) 

where m and kare the mass and stiffness matrices for the x and y 

directions, and J p is the gyroscopic moment matrix. The f x and f 1 

are the external force vectors and f~J(and f~~are the supporting 

bearing force vectors /1-5/. 

The Electro-Magnetic Force Positional feedback is used to 

maintain the neutral position of the shaft, while derivative and 

integral operations are widely used to improve the dynamic and 

static properties. 

However the rotor is usually made of electro-conductive 
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material which produces the eddy-current causing the undesirable 

Fleming force which is called as the inductive force. This effect 

produces the brake force to the rotation and the undesirable 

cross coupling effect. Hence, the disc is recommended to be made 

of laminated plates or ferrite material. For experimental conven­

ience, we use only the solid iron to make the rotor, so that the 

inductive force cannot be neglected. Let us approximate the 

inductive force to be proportional to the relative velocity 

multiplied by the magnetic field. Then the electro-magnetic 

force can be written by 

where the first to third terms are the pro algorithm, while the 

fourth and fifth terms indicate the inductive force. The fifth 

term is the damping and can be neglected compared to the third 

term. However the fourth term indicates the cross coupling effect 

and affects adversely to the system stability/2,5/. 

The Stability Analysis Equations (1) and (2) are applied to the 

experimental one degree-of-freedom rotor system. Hence, the 

displacement vector x and y can be simplified by the scalar. 

Applying the PO control of eqs. (3) and (4), we have 

K + K,,(z-l) 
P T. (z-e-v-r" ) 

Fig. 2. The block diagram of 

the proposed digital control 

Fig. 1. The scheme of experimental setup 
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o (6 I 

where KJ is the gyroscopic factor determined by the vibrating 

mode. The velocity feedback K» improves the damping of the 

system. Hence the fundamental pole of j(k+Krl/m will be damped by 

increasing the gain Kp. 

However, the cross coupling effects are apt to make the 

system unstable. The gyroscopic effect will increase the 

frequency of one of the duplicated poles and decrease the other, 

and are recognized as the forward and backward precessional 

motion. When the backward precessional frequency approaches zero, 

the system is apt to be unstable. A cross feedback technique has 

been introduced to correct this difficulty/5/. A more harmful 

mutual effect is the inductive force which will move the 

duplicated poles away one to the right and the other to the left­

half plane. This means that increasing K,Q makes the system 

unstable. Cross feedback is highly desirable to cancel out the 

undesirable cross coupling effects. 

DIGITAL CONTROL SYSTEM 

The PID Control The displacement of the rotor can be measured 

without phisical contacts, and fed back to the magnetic bearing 

to maintain the neutral shaft position. The derivative operation 

improves the dynamic stability and integral feedback decreases 

the static error. Hence the following analog transfer function is 

widely used: 

KDS 
------ + K,. + ----- (7) 

S + 1 / Tl 

where Tl and TD are the time constants of the derivative and 

integral circuits. 

The equivalent discrete transfer function is given by 

KD ( Z -
+ Kp + ---------

T:p ( z - e ->/ T .. ) 

(8 I 

where L is the sampling interval. This digital PIO control is 
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carried out by the constant time interrupt subroutine which is 

shown in Fig. 3. 

The Rotationally Synchronized Interruption As mentioned before, 

the cross coupling effects will affect adversely to the high 

speed stability of the rotating shaft. The most preferable 

technique is the use of cross feedback 

( K~ J, s + K I ) 52 

Time Interrupt 

Fig. 3. The time 

interrupt subroutine 

Synchronous Interrupt 

Calculate Synchronous 
Component 

XO(N)=(I-fl)XO(N)+IIx 
YO(N)=(I-a)YO(N)+ay 

Calculate Nonsynchronous 
Component 

Xu=x-XO(N) 
Yu=y-YO(N) 

(9 ) 

10 10' 101 (Hz) 

dB I I ! deg 
4U I .l. 
3 T / 

~ ~ 
0 - j I 

-- 5 -- T 
--- ~ , 

--
PO Controller (Digital) 

Fig. 5. The comparison 

between the analog 

and digital control 

Fig. 4. The rotational interrupt subroutine 
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to cancel out the undesirable coupling effects. This means, 

however, that the feedback gain should change proportionally to 

the rotating speedS(. The digital controller can easily measure 

the rotating speed by means of rotationally synchronized 

interruption: that is, the number of time interruptions M is 

counted for one revolution of the shaft. Then the rotating speed 

can be calculated by .Q =1 IM7:. 

Another important technique is to separate the synchronous 

and asynchronous components from the measured signal. The syn­

chronous component can be used to compensate for the static error 

of the measured signal. The eddy-current displacement sensor 

sometimes produces the synchronized error caused by the nonhomo­

geneity of the measured surface material. This error is premeas­

ured and stored in the ring memory XE(N). For each interruption N 

(in this case N=1, 2, •.. ,32), the displacement x is subtracted 

by this error XE(N) to produce the true displacement. 

The cross coupling effect increases when the shaft runs at 

very high speed. Hence, the unstable frequency is usually several 

times lower than the rotating speed. The cross feedback signal 

should preferably be made from the asynchronous low frequency 

component. In the interrupt subroutine, the synchronous component 
XO(N) can be made by exponentially averaging the measured signal. 

XO(N) ( 1 - (/.. ) XO (N) + 0( x ( 1 0 ) 

where 0( (O<~<1) is the averaging constant. Then the asynchronous 

component Xu can be made by subtracting the synchronous component 

XO(N) from the measured signal x. 

Xu x - XO(N) ( 1 1 ) 

This signal is used to make the cross feedback signal. The rota­

tional interrupt subroutine is shown in Fig. 4. The block diagram 

of proposed digital controller is shown in Fig. 2. 

EXPERIME;~'!'~r.-BESULT~ AND CONSIDEKATIQJ:lJ? 

The Experimental Apparatus The scheme 

magnetic bearing system is shown in Fig. 

of the experimental 

1. The shaft is made of 
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4 <P x 200 mm stainless steel with an iron rotor of 78.5 g. This 

solid rotor is supported by a magnetic bearing which is converted 

from a stator of a 4 phase stepping motor. Hence, the inductive 

force cannot be neglected. The rotor has a 0.7 mm air gap and can 

run up to 1047 rad/s (10000 rpm) by a DC motor. A 32 step 

interrupt encorder is mounted on the other side of DC motor. 

PD Control The critical speed of the rotating shaft was analyzed 

by means of the transfer matrix method and the results are shown 

in Fig. 6. The bearing stiffness is 2600 N/m, which causes the 

first critical of 180 rad/s (1720 rpm) and the second of 2530 

rad/s (24100 rpm). This paper uses PD control of x and y direc­

tions separately. The frequency responses of the analog and 

digital controller(~=l ms) are shown in Fig. 5. The unbalance 

response is shown in Fig. 7 and the orbital trajectory where the 

shaft is running at 1043 rad/s with PD controller is shown in 

Fig. 8 (a). These experiments show that the shaft can be stabi­

lized and can rotate up to 1043 rad/s. 

Simular results are obtained by the digital PD controller. 

E 
0.. 
~ 

'" u 
.... . ~ 

IPI 

......... 1--' 

/'" Bear; ng Stiffness ~ 

ulB' 
.'il I 10 Ilf 

Fig. 6. The critical speed 
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III ... 
-20 

versus bearing stiffness 

- ~ 

Ii 
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I 

(a) Analog control 

-30 
10 

I 
10 I Frequancy\rad/cDc 10 • (b) Digital Control 

Fig. 7. The unbalance response 

with analog PD control 

Fig. 8. The orbital trajectory 

with the PD control 
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The orbital trajectory at 1043 rad/s is shown in Fig. 8 (b), 

which is a little larger than the analog controlled case. The 

frequency response is shown in Fig. 9. In this case, the rotor is 

running at 280 rad/s. The fundamental rotating peak at 280 rad/s 

and the second one at 560 rad/s can be recognized. However, the 

response indicates high stability of this system. 

The_~ot~atjon~~~_~nterrupt ~()I!trol In addition to the standard PD 

control, rotationally synchronized interruption and cross feed~ 

back control is applied to the magnetic bearing. The system is 

apt to be unstabilized by the electro-inductive force. The 

example of orbital trajectory which indicates the subharmonic 

vibration is shown in Fig. 10. Decreasing the velocity feedback 

gain, a lower frequency unstable vibration occurs. Case (a) 

indicates a 100 rad/s unstable vibration with analog control, 

while (b) shows the 175 rad/s unstability with digital control. 

,.. 
III ... 

4 

] 

---
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. ~ -~.J 

--
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11. I I I 
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Fig. 9. The frequency response with digital PD control 
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Fig. 10. The comparison of the orbit trajectories 



364 

A rotational interrupt control is carried out with a 

standard 8086 microprocessor which accepts 32 interrupt pulses 

per revolution as shown in Fig. 1. For each interruption, a 

subroutine calculates the asynchronous component of the measured 

signal which is crossly fed back to the rotor to cancel out the 

undesirable inductive force. The stabilized orbital trajectory is 

shown in Fig. 10 (c). 

CONCLUSIONS 

A simple one degree-of-freedom magnetic bearing rotor system 

is controlled by a digital control algorithm installed in a 16 

bit microprocessor. The following conclusions are obtained: 

(1) A digital PD controller can improve the dynamic stability of 

the rotating shaft as well as the analog one. Soft support and 

high damping control is preferable. 

(2) A new digital control algorithm is applied which can compen­

sate for the undesirable cross-coupling effect of the radial 

directions. A rotationally synchronized interrupt and its subrou­

tine can measure thp. rotating s~3ed and asynchronous component 

which can be utilized to compute a cross feedback signal. 

Further work is continuing to apply this cross feedback 

technique to the multi degree-of-freedom rotor system and to 

clarify its ability to compensate gyroscopic effects. 
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Active Control of a Flexible Rotor 
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SUMMARY 

This paper details the effects of analog and digital compensation 
circui ts used when passing through critical speeds of a flexible rotor 
suspended by an active magnetic bearing. Several kinds of filters are used 
for rotation tests and vibration characteristics of the rotor are measured. 
A digital 1IH filter implemented by a DSP could attenuate the vibration of 

the rotor at critical speeds. 

INI'RODUCTION 

A magnetic bearing which uses DC magnets consists of proximi ty 

sensors measuring relative diplacement between rotor and stator, electric 

circuits re)'.';Ulating current to keep input signal from proximity sensor' 

constant and DC electlic magnets as actuator. 

We have made a five axis active magnetic bearing as an experiment and 

controlled it by using an analog circuit, a digital FIR filter circuit and 

a digi tal IIR filter circuit as a compensator in order to support a 

flexible rotor. A digital compensator is suitable for adaptive or optimal 

control because the properties of the compensator can be easily changed by 

modifYing it I s software. The validity of these circuits is confinned by 

rotation tests of the rotor operating beyond the bending natural 

frequencies of rotor. 

MAGNETIC PI.JI.L OF RADIAL POLE 

A radial magnetic bearing(RMB) has 4 electric magnets as shown in 

FIg.I. The magnetic pull between the rotor and stator is calculated from 

the magnetic flux density in the clearance between the rotor and stator and 

also the magnetic flux density excited by the stator pole coil is 

calculated by the penneance method based on the ralation between magnet-

motive force IN 

Ampere I slaw. 

and magnetic intensity H in each magnetic pole given by 
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Flg.2 shows a comparison of the relations between magnetmotive force, 

gap and magnetic pull calculated by the permeance method and by a 

2-dimensional magnetic field analysis using the finite element method. In 

this figure, magnetic pull by the permeance method becanes large as the 

magnetmotive force increases and saturates near 600N. The value from FEM 

is slightly smaller than that calculated by the permeance method because 

leakage flux must take place and be neglected in the permeance method. 
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10 .,00 

Fig. 2 ~1agnetic Pull of Radial Magnetic Bearing 

CONFIGRATION OF CONTROLLER 

Each axis of the active magnetic bearing(AMB) is regulated 

indi vi dually and it I S controller is made up of a shift circuit of a 

displacement signal, a compensation circuit, two driver and two power 

amplifiers. The block diagram of the system is shown in Fig.3. The shift 

circui t of the displacement signal corrects an error of signal and retains 

the rotor at the desired position. The compensation circuit is made up of 

a integration circuit to increase static rigidity, a phase lead circuit to 

increase damping force of the rotor in the frequency range above rigid mode 
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natural frequency and a low pass filter to attenuate the gain in high 

frequency. 
Compensation Circui t 

Integration Is t Phase Lead 

l+T II S 

o.(I+T"S) O+T .. S) 

Power Amplifier Coil Rotor 
I 0 I output I ".O:T.S) rLn MS.1-1(. f--I-----------,·--> 

Sensor 

I(s 

Fig.3 Block Diagram of System 

TEST APPARATUS 

Fig.4 shows a test apparatus for attesting the ebHity of the analog 

compensator and digi tal corJpensator. The shaft is ~·,31r'-"l in length, and 

26ITID in maximun d1.smeter. A r;:otor rotor is locatcn in the rn1.ddle of the 

shaft and two RMB rotors are situated on both sides of the motor rotor. A 

thrust magnetic bearing(TIV~) is located at left end of shaft. Eddy current 

type proximity sensors with two mounting holes are prepared for the RMB 

sensors at both sides of the bearing. 

Fig.4 Test Apparatus 
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The natural frequencies and modes of the test rotor measured in a 

free-free state are presented in Fig.5. According to this figure the outer 

sensor of the left bearing coincided with a nodal point of 1st mode so that 

the observability of this mode cannot be achieved by this sensor. 

Fig.5 Natural Vibration Modes of Rotor 

VIBRATION DURIN::; RarATION TEST WITH ANAI.ffi CG1PENSATOR 

For an analog compensator, a compensation cireuit(A) containing a 

]OW-[J;.I.SS n I Ler at hlgh-fr'Cquencies and ones(fl) wi Lhout it were rnude und 

their measured transfer functions are as shown in Fig.5. Design of the 

compensation cireui t without a low pass filter was based on the idea that 

the gain at high frequencies would be reduced by the mass effect of the 

rotor to be controlled and that it would be better in the interest of 

stability to advance the phase up to the highest frequency possible. 
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Fig.7 and Fig.8 show waterfall diagrams of displacement vibration 

using the inner sensors at the inner proximity sensor. When the outer 

sensors were used, unstable vibration occured near the first critical speed 

and the rotating speed could not be increased. 

Fig.7 is the test result using the inner sensor and the analog 

compensator(A). Here the rotor reached 32,O<X.lrpm, but 1st natural 

vibration occured at this speed. 

E 169. 

~ 140 . 

G) 129 . 
'0 .a 189. 

;:: 80 . 

0. so . 
!i ... 

28. 

o. 
2 3 5 G 

Frequency (Hz) 

32899 . 

E 
24eee . a. 

001.. 
c~ . ... 

IS9 •• • -:;; -g 
.jJ C1> 
o 0. 
IX: III 

eee9 . 

e. 
J8UliUJ 

Fig.7 Radial Vibration of Rotor wi th Compensator(A) 

Next, Fig.8 shows results of a rotating test using the compensator(B) 

which has a larger phase-lead than compensator(A) as shawn in Fig.6. The 

rotating speed reached 40,O<X.lrpm by canpensator(B) without unstable 

vibration because of the increase in phase-lead. Maximum rotating speed in 

a series of rotating tests using the inner sensor is 4O,O<X.lrpm which is 

just below the second critical speed of 42,O<X.lrpm. As each test has no 

rigid mode resonance, and small resonance of 1st bending mode, we proved 

that the analog compensator has sufficient damping action in these 

frequency ranges. But this compensator could not give the rotor sufficient 
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damping force to suppress the 2nd natural frequency, so that the rotor 

vibration became larger near this natural frequency. The DN value of 

radial AMB is about 2 x10" and it I s circumferential velocity is 104.-n/s, 

which is faster than that of a conventionill bearinr,. 

CONTROL BY DIGITAL FIR COMPENSATOR 

Using the transfer function of compensator H(s), we get the impulse 

response of compensator h(t) as follows. 

1 N 

h (t) = - S H (j w) e J ... t d w 
2 j( - N 

-- (1) 

The output y(t) is obtained by following convolution integral because 

the system responds to the past input alone. 

y (t) = SM h (r) x (t -r) d r -- (2) 
o 

Where x ( t) is input. In discrete system of which sampling period is 

lit, y( t) , h( t) , and x( t) are expressed as y(n), h(n), x(n) at n· L'l t 

respectively. Eq(2) can be described as follows. 

N 

Y (n) = z: h (P) X (n - p) 
• = 0 

-- (3) 

The impulse response of a real fil ter converges within finite time, 

so that we substitute as follows. 

h(p)=O (p>.n) -- (4) 

A FIR compensator of 128 taps (m=127) requres 128 times multiplicat­

ion, addition and memory access. In order to calculate this FIR 

compensator by a general purpose MPU(micro processing unit) such as Z80, A 

2-byte addition needs 135 cycles and A 2-byte multiplication needs 327 

cycles. When frequency of clock is 6MHz, the sampling period is 1/101 

{ =128 x(135+327)/6x1O" }. Because sampling frequency of system with a 

general MPU would be almost 100Hz even if time of access to memory was 

ignored, a MPU is unsuitable for controlling a high speed AMB. For that 

reason, we used a 16 x 16 bi ts mul tiplier-accurnulator NPC/SM581O­

BD(pin-compatible with TRW/TDC101OJ) which is able to calculate multipli-

cation and addition within 65ns. Time for calculation of the FIR 

compensator with SM5810BD is as follows. 

(1) A/D conversion (DATEL ADC-HS12) 15~s 

(2) reading filter coefficients(SRAM HM6116) 200nsx128=25.6~s 



(3) multipliscation and accumulation 65ns-128=8.3~s 

(4) imput signal shift 200nsx128=25.6~s 

(5) D/A conversion (DATEL DAC - Hz12) 3~s 
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Total time of (1)-(5) is 77.5~s, so that sampling frequency can be raised 

to 12kHz and this filter may be applied to an AMB. We put the desired 

transfer function of the compensator into a personal computer and obtained 

the impulse response of the compensator by the inverse fast fourier 

transfonn. Time series datun of impulse response is equivalent to the 

coefficients of the FIR compensator. After these coefficients are sent to 

memory in the FIR compensator board from the host computer, the FIR 

compensator begins to regulate rotor motion. 

Fig.9 shows the block diagram of hardware for the FIR compensator. 

For the purpose of testing the FIR compensator hardwere, we replaced 

coefficients by 

h(i)=1 (i=O) 
-- (5) 

=0 (i=1-127) 

and measured the FIR compensator property. When the system clock frequency 

is chosen at 2MHz, the sampling frequency results in 7812Hz. 

Fig.lO shows the measured transfer function of the FIR compensator 

with 7812Hz in the snmpling frequency. The characteristics of gain G(f) 

are flat up to 4kHZ, but the phase becomes -211 at 3906Hz which is Nyquist 

frequency. Therefore We may conclude that this hardware has a sufficient 

function. 

x (t) 
~================~ Multiplier and 

Accumulator :---_---l 

y (t) 

Analog Board 

Fig.9 Block Diagram of FIR Filter Compensator 



374 

40 

20 

o 
l-f " 

j -20 :1--

'e , 
I -40 

-60 

10 100 

FRf:QUt:~CY (liz] 

\ 

I 

, I 

\ 

IK 

lao 

120 

60 

0 

I 
-60 

-120 

- lao 
10K 

....., 
" " .;:. 
'" '" :=: c: 

Fig.lO Mea.c;ured Transfer Function of FIR Filter (Flat) 

As the PID filter is considered as a type of FIR filter, PID control 

for AMB is feasible with the hardware shown in Fig.9. Firstly this 

compensation circuit is applied to control of axial direction. The filter 

coefficient was set so as to attain a phase lead of 45° at !30Hz where a 

resonance frequency of the axial direction is present. 

function of PID type and PD type filters are shown in Fig.!!. 
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The transfer 

When a PID filter was used as a compensation circuit, low frequency 

vibration occured. The phase-lag of 5-40Hz of the filter was thought to be 

the cause of these vibration and the coefficients were changed to a PD type 

fil ter to advance the phase in this frequency region. The resul ts of 

rotation tests using this filter for axial direction control are shown in 

Fig.12. 

In this test the critical speed in the axial direction was 5, OOOrprn 

and vibration of 20 lJ'1l was observed there. After the cri tical speed the 
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vibration was reduced to 10)Jm or so and the speed was increased to 

30,OOOrpm. 
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Fig.12 Axial Direction Control by FIR Compensator(PD) 

Next this filter was installed in place of an analog compensation in 

the horizontal direction of a RMB on the free end and a rotation test was 

carried out. The results are shown in Fig.13. Vibration of 30)Jm or so was 

only observed near the critical speed of 2, OOOrpm in the rigid mode and the 

speed could be increased in small amplitudes up to near the 1st bending 

critical speed of I8,OOOrpm. As the speed approached this critical speed, 

synchronous vibration increased abruptly so that it was impossible to 

increase the speed beyond this critical speed, because almost no phase lead 

took place in the frequency region near 300Hz in Fig.ii. 
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Fig.13 Radial Control with Fir Compensator(PD) 

COm'ROL USIJIl; DIGITAL <XJ.1PEl'BATOR WITH DSP 

Based on an analog compensator where the speed was raised beyond the 

1st bending natural frequency of the rotor, an IIR filter compensator was 

prepared. The analog compensator must have parts changed when it is 

necessary to change their filter characteristics. With digital compens­

ators, their filter characteristics are altered by changing the contents of 
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the filter coefficient memory. Therefore, if it is possible to change the 

memory contents during operation, an optimal or adaptive control may be 

realized. As the first step toward this objective, an IIR filter based on 

a known analog compensator was prepared. When the transfer fanction G(s) 

on s-plane is given, the transfer function O(z) on z-plane is found by 

bilinear transformation expressed below 

IJ(z)=G(s) I s = --~-;-- --t~--f-~- -- (6) 

Where T is the sampling period. As the relation between input X(z) 

and output Y(z) of the n stages second-order IIR filter can be expressed as 

follows, 

yG 1 n JLCil n bo + biZ - 1 + b2 Z - 2 ( 7 ) 
Xci)=IJ(z)=n ECzl=I1 1 +"hZ-'+ 8 2 Z- z - -

the filter output Y(z) can be found by calculating the output of each stage 

sequentially. The output u(n) of each stage at t=n·T is found as follows. 

u (n) = b 0 e (n) + b 1 e (n-1) + b 2 e (n- 2) 

- a 1 u (n-1) - a 2 u (n- 2) -- (8) 

Wi th the FIR fil ters a high-speed mul tiplier and accumulator SM5810 

was used for high speed repetition of simple mul tiplication and addi tion. 

But with the IIR filter, the m.rnber of multiplication and additions 

performed is fewer than with the FIR filter, and the handling of numerical 

values is more complicated. As a result, a digital signal processor 

TI/TMS32OC25 is used. Wi th this OSP, a high-speed A/O converter(OATEL 

ADC817) and 3 0/ A converters were used to make 3 compensators consisting of 

7 stages 2nd-order IIR filters. At the sampling frequency of 4000Hz for 

each axis (12kHz in total), it operated at an instruction time of 125ns. 

Up to 665 instructions can be executed during this sampling interval. 

Actually 366 instructions were necessary to operate this filter, whose 

block diagram is shown in Fig.14. The AMB system with this filter shown in 

Fig.15 converts analog signals from the sensor to digital signals and 

stores them in the IIR filter. It also changes the compensated digital 

signals to analog signal for output. 

A comparison between the transfer function of the analog and digital 

filters is shown in Fig.16. The IIR filter(1) is designed to have the same 

properties as the analog filter and the IIR filter( 2) has an addi tional 
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second-order phase lag-lead stage. The gain G of the IIR fil ter(1) agrees 

wi th the gain of the analog filter up to 700Hz. Beyond this frequency, 

however, the gain of the IIR filter(l) increases and falls abruptly beyond 

a certain frequency. A comparison of the phase reveals an agreement 

below 70Hz. But the phase of the IIR filter(l) begins to delay gradually 

beyond 70Hz. At 1kHz it delays 500 from the analog filter. With the IIR 

filter(l) the phase is negative above 800Hz. Especially the phase lead is 

25 0 or so at the 1st bending natural frequency of 300Hz. Thus it is 

smaller than the control design target of more than 30 0 • 
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In order to attain an adequate phase lead at the natural frequencies 

of 300Hz and 700Hz, another IIR filter(2) was made by adding a 2nd-order 

phase lag-lead stage to IIR filter(1). This filter attained phase leads of 

about 50° and 35° at the 1st and 2nd natural frequencies of 300Hz and 

700Hz. However, this modification enlarged the phase lag in the low 

frequency region. A waterfall diagram of radial vibration in the rotation 

test using IIR filters is shown in Fig.17. With the IIR filter(l), the 

radial vibration shown in Fig.17(a) increased near the 1st critical speed 

of 18,OOOrpm. Therefore, the speed was not increased beyond this range. 

Wi th the IIR filter( 2) whose phase for the frequency range including the 

natural frequency of the rotor is advanced sufficiently, the response 

charactristics were attained as showned in Fig.17 (b) . As a result the 

response is full~' damped even at the critical speed. This means that the 

vibration of the rotor is fully controllable by means of the phase 

compensation. With this filter the speed was raised to 28,OOOrpm. 
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Rotation tests were conducted by suspending the flexible rotor with 

the 5-axis magnetic bearing that uses DC electromagnets. With these tests 

analog and digital compensators were used for feedback control and 

vibration characteristics of the rotor were measured. Since sufficient 

attenuation was attained by the analog compensator, the rotor could easily 

pass through the 1st critical speed. The digital FIR filter was used for 

PO control to increase the rotor speed immediately before the first 

critical speed. With the digital IIR filter whose phase for the frequency 

range including the bending natural frequencies of rotor is advanced 

sufficiently, the vibration response is fully damped even at the 1st 

critical speed. 
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Outline 

First, the succession of magnetic bearing systems designed at the Institute of 
Mechanics in Zurich is retraced briefly with special emphasis on the control aspects. 
The most recent examples make use of the digital signal processor. 

The main body of the paper contains a detailed description of the magnetic bearing 
control of our first DSP controlled system, a highly elastic rotor. Experimental 
results permit to assess the advantages of the new control device. Future possibilities 
of magnetic bearing control layout are shortly indicated. 

1. Short Survey of Magnetic Bearing Projects at the Institute of 
Mechanics 

The succession of magnetic bearing projects at the Institute of Mechanics in the last 
few years can serve as an example for some typical trends. The list is not complete. 

Our first project was a rigid rotor built for purely experimental purposes. The 
system includes analog power amplifiers bought as standard laboratory equipment, 
analog control and premagnetizing coils. All these features contribute to give a 
relatively simple, easy to handle system. 

Different control strategies were tried for this project. They include state feedback 
with differentia tors for the velocity signals, Luenberger observer for the velocities 
and decentralization. The results proved that such a drastically simplified control 
can give very satisfactory system performance. Furthermore, the robustness of the 
observer for velocity was clearly demonstrated for this rigid body application. A 
similar type of observer is also used for magnetic levitation vehicles. 

The next system is the centrifuge for liquid-cristal epitaxy experiments. It was 
presented by Bauser et aI. /1/ in this symposium. The one attribute changed here is 
mainly the elongated rotor shape, resulting in non-neglectable structural elasticity. 
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The bearing-sensor arrangement and the stiffness requirements of the bearing were 
such, that the simple analog control of the first rotor could be applied here as well. 
However it became apparent that for other applications the control would have to be 
more powerful and more sophisticated 

The first digitally controlled magnetic bearing system was then designed. This was 
again a rigid rotor. The 8-bit microprocessor handles two decoupled control 
channels at a sampling rate of about I kHz. New switched-type power amplifiers 
were employed, we also experimented with digital gap sensors based on CCO 
arrays. The bearing characteristics was linearized on the software side instead of the 
hardware side. This means that special linearizing coils and the constant current 
power supplies could be eliminated. 

For later projects, the controller power was increased by introducing 16-bit 
microprocessors. This development made it possible to consider more demanding 
control algorithms. Therefore, a digital controller was used for the experimental 
setup of the project on elastic rotors. It uses two 16-bit processors. This project is 
described below in detail. The same rotor-bearing system was later used for the first 
OSP application for magnetic bearing control. To complete this survey, some of the 
other recent projects are mentioned. 

An elastic rotor-bearing system was built for a university in Hamburg. 
Improvements mainly on the software side made it possible to achieve the desired 
results in a short time. The specifications required operation at several critical 
speeds. This rotor with a shaft thickness of only 8 mm can operate at five bending 
critical speeds up to its operational speed of 7200 rpm . The control is with two 
general-purpose microprocessors. 

Fig. 1: Elastic rotor: Shaft thickness 8mm, 7200 rpm, 5 critical speeds. 
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For other projects now under way, attention turned to the sensors and the 
amplifiers. Switched power amplifiers are used for the milling spindle project, 
where a high bearing load is required. The rotational speed reaches 40000 rpm: The 
controller was. first implemented with single-chip processors and is now being 
changed to a DSP. The final results and evaluations for this project are not yet 
available. 

Due to the good results of the first DSP control, the same controller hardware will 
be used for the very high speed rotor project. 

New sensing principles have been or are successfully being tested, one of them being 
the flux-density measurement in the bearing. This also opens up new possibilities 
for the mechanical rotor-system design as well as for the control strategy. We also 
aim at integrating the amplifier properties in the system modelling and control 
design. 

2. The Elastic Rotor Project 

The advantages of magnetic bearings for vacuum technology or high rotational 
speed are obvious. Less obvious, but just as interesting are the possibilities for the 
damping of structural vibration modes. To demonstrate this capability, a highly 
elastic test rotor was equipped with contact-free electromagnetic bearings. 

The critical speed vibrations can be directly influenced through the relative 
damping of the supporting bearings. A thorough investigation of the mathematical, 
mechanical as well as the control theoretical aspects of this problem is available in 
the thesis of Salm (2/. 

The controller was first implemented on two 16-bit microprocessors with a 
sampling rate of 400 microseconds and a time-lag between input and output signal 
of 250 microseconds. The effect of time-lag inherent to any digital controller is now 
shortly discussed. 

The Effect of Time-Lag: 

The primary goal is to produce a damping force. The measured signal, from which 
this force must be produced, is a position signal. This means that the controller 
transfer function will have to have a positive phase between input and output signal, 
no matter what control strategy is applied. Naturally, time delay in the controller 
always makes a negative contribution to the phase angle which increases with the 
frequency. The shorter this time-lag, the higher the frequency up to which a 
damping force can be exerted. 
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For the high-frequency range, excitation is avoided by providing a low gain of the 
controller. If the gain is sufficiently low, the natural damping present in all 
mechanical system will overcome the residual exciting force component. 

Therefore the microprocessor system used first with the time lag of 250 
microseconds, as mentioned, made it necessary to provide a carefully designed 
analog low-pass filter with a cutoff frequency at about 400 Hz. A speed of about 
5000 rpm could be reached. 

The time lag of the DSP controller of about 40 microseconds (including AD­
conversion time) made it possible to do without this filter. It then became possible to 
reach a rotational speed of 10000 rpm with the unbalanced elastic rotor and to 
operate it at four critical speeds. The greater part of this 40 microsecond time-lag is 
not due to the DSP, but is used for the AD-converters. 

3. The Digital Signal Processor (DSP) 

As indicated by the name, the digital signal processor is a special purpose 
microprocessor. It can perform the specific tasks it is designed for faster by a factor 
of about 10 to 20 compared with a typical general purpose microprocessor. The 
power of a single processor is also superior to a single transputer, whose advantages 
become effective mainly in multi-processor systems. There are now integer and 
floating-point DSP's available. 

The relative importance of DSP's versus general purpose microprocessors is 
growing rapidly in a wide range of applications. DSP's are also used in many low­
cost mass products like CD-players or toys. The applications cover not only the 
obvious fields telecommunications and image processing, but more recently also the 
area of controllers for industrial machinery. 

There are already some compilers for high-level language programming of DSP's 
available, but the resulting code is not yet optimal Therefore, at this time we have 
to rely on assembler programming for the fast parts of the control algorithm. 

Summing up what has been said up to here, it seems to be a logical step to apply the 
DSP for magnetic bearing control as we have done in the project now being 
described is some more detail. 

4.1 The Control: Theory 

It is sensible to start a discussion on magnetic bearing control with the basic concepts 
of mechanical stiffness and damping. These two force components will somehow 
show up in the input variable of the control plant, i.e. the rotor to be supported. 
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The most obvious way to obtain these forces is to feed back a position signal with a 
classical proportional-differential controller. For the selection of stiffness and 
damping coefficients, one can use engineering judgement or refer to some of many 
publications on magnetic bearings, e.g. /2/, /3/ or /4/ . 

The main difficulty is, as in the continuous case, the differentiating path. As 
minimal time-lag is a fundamental requirement, algorithms with small 
computation-needs are favoured. The simple difference sequence can often be 
applied successfully. The main drawback of this method is the relatively large 
amount of noise present in such a differentiating path, especially for short sampling 
periods. There is a very simple and obvious method to overcome this particular 
problem: The time step for the difference sequence can be increased to an integral 
multiple of the sampling period. It can be noticed that this most simple method 
can give good results for many of applications. 

Of course, in some cases higher order algorithms can be necessary. Which 
method is best will depend on a given practical application. Polynomial 
approximations of second order have so far been applied successfully in some of our 
projects, in the present one as well. 

But even in the case of a first order algorithm, i.e. an algorithm using only one 
time-lag element, there are additional possibilities. The algorithms mentioned up to 
now are all so-called finite-impulse-response (FIR) algorithms. The parameters are 
all in the feedforward path of the controller (fig. 2), which corresponds to the 
numerator of the z-transfer function. 

Fig.2: General first-order compensator 

The parameters in the internal feedback path have not yet been used. For a general 
case implementation, the parameter called ct in Fig. 2 is not zero. This results in a 
system which the filter specialists call "infinite impulse response" (IIR). The name 
is self explaining. For such algorithms, the parameters cannot be interpreted as 
easily as before in terms of stiffness and damping, except in some special cases. 



386 

One such special case is the digitally implemented PID algorithm. The integrating 
feedback path will have the effect of a position independent of the load, i.e. a 
statically infinite stiffness up to the maximum bearing force. 

Another way to obtain an IIR algorithm by applying the stiffness-damping concept 
is by using a local Luenberger-observer to obtain an approximation for the 
velocity signal. This can even be done with a first-order algorithm. 

A third method is to transform a continuous PD or PID controller of any order 
from the Laplace-domain to the z-domain and to obtain the corresponding 
difference equations. Many textbooks on sampled control can be consulted on this 
method. Frequency domain methods are also presented by Kanemitsu et al. /6/. 

A most interesting and much more generalized method has been presented by 
Larsonneur and Herzog /5/ earlier in this symposium. 

Up to now, we have only discussed single-channel control. The control systems 
engineer of course first sees the multi-input multi-output system represented by 
any magnetic bearing problem with more than one degree of freedom. We also 
investigate the corresponding control strategies. For the case of continuous control, 
the question is treated in depth in /2/. Most results can be generalized to discrete­
time controlled systems. I will therefore not go into details here and only mention 
some possibilities. 

State-feedback gives of course very nice results. One simplification which can 
usually be done at neglectable cost to the controller performance is the 
decentralization of the feedback. 

The main problem is the fact, that not all state variables are measured. The 
derivation of velocities has been treated with the single-channel control. A fully 
coupled Luenberger observer can be used to derive the unknown state variables 
from a mathmatical model of the plant. Such an observer could also be used to 
obtain the amplitudes of the bending modes from a reasonably reduced model of 
an elastic rotor. 

In this way, it would be possible to actively and selectively exert damping for the 
system modes. We have made first simulations with this kind of controller. The 
results so far indicate that a relatively parameter-sensitive system is obtained. 
Furthermore, the number of on-line calculations for such an observer increases by 
an order of magnitude and seems to be at the limit of what our current fixed-point 
arithmetic DSP can do. However, research in this area is being pursued, especially 
in conjunction with interesting new model reduction techniques n/. 

A very promising solution seems again the approach of a generalized optimal 
dynamic feedback compensator with predefined structure, as presented in /5/. It 
is a considerable extension and generalization to sampled systems of continuous-
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time control methods described in /3/ and in /8/. Application is expected in the near 
future. 

For the current project, the goal was not sophisticated control, but on testing the 
new hardware and software with a simple, well known algorithm. It seems that 
some decisive advantages of the new controller can be made out clearly even when 
from the control design point of view a very simple design is used. 

4.2 The Control: The Algorithm 

The DSP is designed to compute summation expressions as they appear in the 
following general digital control formula of n-th order. 

di * x k-i 
n 
}: 

i=1 
(1) 

where k is the numbering of the sampling steps, Uk is the output variable at the time 
Ts*k, Xk is the input variable and di are constant coefficients. 

Address calculation and data multiplications operate simultaneously. This brings the 
time for one multiplication down to one processor cycle (or 200 nanoseconds in our 
case). The operands are 16 bits each, the accumulator is 32 bits, the data from and to 
the converters is 12 bits only. Therefore, no scaling problems have occured so far in 
our magnetic bearing applications. 

The high sampling rates achievable are above 50 kHz (20 microseconds). For this 
application, a single DSP is used for four or five channels. The converters need 
about 25 microseconds conversion time. Faster converters are easily available when 
needed. Therefore the minimal sampling time for five channels is roughly 80 
microseconds (12 kHz). This is high enough to actively control the first few 
mechanical vibration modes of such rotor systems. 

As mentioned before, short sampling times in conjunction with simple difference­
sequence algorithms make it necessary to consider multiples of the sampling time 
for the step-length. Therefore, the formula (1) is generalized to 

n 
uk = }: 

i=O 
di * x k-i*m 

with the integer m. 

n 
}: 

i=1 
ci * u k-i*m (2) 

This control algorithm has to be programmed in assembler. In order to implement 
this quite general formula for a varied set of parameters, ringbuffers for the 



388 

values of input and output variables ( x and u respectively ) are used. These 
ringbuffers can also serve for analysis purposes on-line or off-line. They contain a 
record of the system and control behavior, also after termination of the control 
program. The length of the ringbuffers is limited only by the available memory 
which in our case goes up to 64 kbytes . 

The use of such ringbuffers has proved to be very valuable both for the program 
flexibility and for data analysis, which can be done e.g. by graphics. 

4.3 The Control: Hardware & Software 

Our colleagues at the Institute of Electronics have developed a DSP card for IBM 
compatible PC's with the Texas Instruments DSP, a dual port RAM, interfaces and a 
software development package. All of this is now commercially available, 
along with custom-made analog interface cards. Separate converters are used for 
each channel. We did not have to develop any electronic circuits ourselves. 

The service program loading all the parameters and the programs to the DSP 
card can be written in Pascal on the Pc. The two programs, the service program for 
the PC and the assembler routine for the DSP are now shortly described. 

From the screen display of the service program the user can choose various 
functions like starting or stopping the DSP, loading another program, changing or 
computing new control parameters including the sampling time, calibrating the 
sensors by directly addressing the converters, examining the ringbuffers etc. From 
this list, it should become understandable that much more programming effort is 
put into the Pascal program than into the assembler routine. 

The assembler routine consists mainly of a loop computing a new output for 
every channel and every time-step. One important feature is the fact, that the time 
lag is minimized by making all the calculations not using the newest input value 
before or during tbe AD conversion. This means that after the reading of the 
AD-converter value, only one more multiplication and addition has to be done to get 
the newest value of the output variable. 

The mathematical output variable Uk can be used for the ringbuffer. For the actual 
output to the DA-converter, some additional processing is necessary. This consists 
mainly of adding the offset currents for linearizing of the force-current 
characteristics, checking for saturation of the actuators and selecting the proper 
output channels according to the sign of the output variable. 

All these tasks for five channels and the converter operation are interlocked in such 
a way as to minimize the time-lag. Therefore the channels are not sampled 
simultaneously, as is usually assumed for the theoretical system description. This 
must be taken into account when simulating the system behaviour. On the other hand 
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it would certainly not be the sensible thing to do to degrade system performance by 
increasing time-lags just in order to get an easier theoretical system description. 

5. Results 

The control has been realized as described above. Hardware and software have fully 
met the expectations. A controller with two general purpose microprocessors and a 
time-lag of 250 microseconds has been replaced by a system with a single DSP and a 
time-lag of 40 microseconds. This represents an increase in power by a factor of 
about 12. 

The elastic rotor system could be operated without analog filter, which made it 
possible to reach 10000 rpm compared with about 5000 rpm in the earlier 
implementation. These results will be presented in detail at the coming conference 
on rotordynamics /4/. 

Our institute subsequently presented magnetic bearing applications with this type of 
controller at two industrial fairs. The DSP controller has been chosen for several 
current projects. 

6. Conclusions 

Digital signal processors are well suited for magnetic bearing applications. 
They are built specifically for such a control task. In the case of magnetic bearing 
c·ontrol, the requirement of minimal time-lag seems more important than minimal 
sampling time. Therefore a single DSP can be used for many control channels. 

The assembler programming has not been a major drawback, as the control function 
is relatively simple. For future applications with more sophisticated control 
algorithms it will be highly desirable to use high level programming languages, 
which produce efficient code. Such languages are now being developed. New 
projects will use floating point processors, which are now becoming widely 
available. Industrial applications can become feasible as the cost for stand-alone 
applications are falling. 

It seems too early, to decide whether transputers will replace DSP's in the field of 
magnetic bearing control. There are indications that transputers show advantages 
for other mechatronic applications like robotics, where multi-processor systems 
and high-level programming are crucial. 
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Rolling bearings have proven to be critical ma­
chine elements which often limit the performance 
of a wide range of rotating machinery systems. A 
realistic modeling of dynamic phenomena, such 
as cage instability, roller skid and skew, is beyond 
the conventional quasi-static design approaches. 
With the advent of modem high-speed computers 
and the advancements in numerical methods, the 
formulation of truly dynamic model, based on the 
classical differential equations of motion, has 
been possible for the real-time performance simu­
lation of rolling bearings. A comprehensive 
presentation of such a model for different rolling 
bearing configurations, including ball, cylindrical 
roller, tapered roller and spherical roller bearings, 
is the primary purpose and objective of this book. 

Aside from the rigorous analytical formulation of 
the interactions between the various bearing 
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the numerical intricacies and the development of 
a computer program, which implements the 
model to actual applications. 
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This Databook presents the data on static and 
dynamic characteristics of journal bearings and their 
applications to analysis and design of rotating 
machinery. Journal bearings with their oil ftlm not 
only support the weight of the rotating shaft, but they 
also represent almost the only machine element that 
is able to suppress various exciting forces acting on 
the shaft. As these exciting forces have increased in 
recent years, knowledge of the exact characteristics of 
the bearing force on the oil ftlm has become neces­
sary. However, the amount of reliable data now 
applicable to practical design is limited. 

Through the activity of the "research subcommittee 
on dynamical characteristics of journal bearings und 
their application" established in the Japan Society of 
Mechanical Engineers, these data together with the 
static characteristics have been calculated and also 
measured using a number of new test rings. These 
data, covering almost all practically used types of 
journal bearings, are the principal contents of the 
present databook. 
Moreover, it contains detailed explanations of the 
characteristics of oil film force and also examples for 
their practical application so that it may serve as a 
useful handbook for either experts or beginners, as 
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