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Foreword

THIS COMPILATION OF Selected Technical Papers, STP1542, Rolling Element
Bearings, contains peer-reviewed papers that were presented at a symposium
held April 13-14, 2011 in Anaheim, CA, USA. The symposium was sponsored
by ASTM International Committee F34 on Rolling Element Bearings.

The Symposium Chairperson was Dr. Yoshimi R. Takeuchi, The Aerospace
Corporation, Los Angeles, CA and the Co-Chair was Mr. William F. Mandler,
Enceratec, Inc., Columbus, IN. The Associate Editor of the STP publication is
Dr. Richard Neu and the Editors are Dr. Yoshimi R. Takeuchi and Mr. William
F. Mandler.
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Overview

This book comprises a select collection of papers based on presentations given at
the 2011 ASTM International Symposium on Rolling Element Bearings, on April
13-14, 2011 in Anaheim, CA. A total of twenty presentations provided insight
into continuing advances in bearing technology. Of these, eight were chosen to
be peer reviewed and selected for inclusion in this Special Technical Publication.

The symposium was the seventh in a series intended to share bearing tech-
nology developments at the international level. The first four symposia were spon-
sored by the REBG (Rolling Element Bearing Group). The seventh symposium is
the third sponsored by ASTM International. Dr. Yoshimi R. Takeuchi served as
symposium chair while the co-chair was Mr. William F. Mandler.

The Symposium’s audience included bearing designers and developers, manu-
facturers of bearings and parts, material producers, researchers, and those
interested in advanced bearing applications and bearing system development.
The goal is to provide an overview of recent achievements in bearing technology
and provide the engineer insight into ways this information could be used.

A global panel of experts was assembled to address various topics, including
the introduction of novel testing methods together with acquired data. Other
papers describe new analytical approaches for assessing the life of hybrid bear-
ings and predicting cage instability, cover failure modes and their solutions,
and convey means of designing rolling element bearings. In addition, this book
contains unique test data on new materials, including advanced ball and race
materials and the impact of lubricant impurities on performance. These subjects
help create a technical knowledge base that enhances the bearing engineer’s
capabilities.

The papers contained herein demonstrate the commitment of the ASTM
F34 committee to provide timely information to the rolling element bearing
technology community.

vii
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ABSTRACT: Some roller bearing applications are prone to the white etching
crack (WEC) failure mode. The applications seem to have in common that
they work under dynamic operating conditions. The specific feature of this
failure mode is that the subsurface microstructure of a failed bearing contains
modified material structures near cracks which are white after a nital etching
test. In case of a WEC failure, the real lifetime of the bearing is much lower
than the theoretical lifetime calculation. The hypotheses of fatigue overload,
hydrogen, and accumulated plastic microstrain are evaluated and a root
cause hypothesis is developed based on observations. The white etching
material structures are interpreted as adiabatic shear bands generated by an
impact load mechanism. We developed the root cause hypothesis that the
dynamic operation of a roller bearing is generating a bearing internal pres-
sure peak causing loads at high strain rate which result in material damage
and initiate the WEC failure mode. Impact tests reveal a high sensitivity of
through hardened martensitic and bainitic bearing steels for the adiabatic
shear band failure mode. The origin of the bearing internal pressure peak is
further explained based on available ElastoHydrodynamic Lubrication (EHL)
experimental and simulation results. The generation of butterflies and WEC
networks is interpreted as recrystallisation driven by high stress after many
load cycles or a moderate stress combined with a high strain rate loading.
The industrial experience is analysed from the perspective of the root cause
hypothesis. The Weibull curve of a WEC bearing failure case is explained
based on the material parameter full width at half-maximum (FWHM) at the
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raceway surface. The potential solutions of an optimised microstructure,
black oxidized treatment, and hot assembly are identified based on positive
industrial experience.

KEYWORDS: WEC, roller bearing, white etching

Introduction

Some roller bearing applications are prone to the white etching crack (WEC)
failure mode. The specific feature of this failure mode is that the subsurface
microstructure of a failed bearing contains modified material structures near
cracks which are white after a nital etching test. The white colour is a chemical
inert reaction of the modified material structure for nital. A typical example of
such a material investigation for a martensitic bearing material is shown on the
left side of Fig. 1. The same result is shown for a bainitic microstructure which
is also characterised by development of an abnormal high butterfly density and
butterflies in the material volume with low shear stress levels.

The failure mode of a WEC martensitic bearing failure is the development
of axial hairline cracks followed by spalling. In a bainitic bearing variant, the
subsurface WEC network will develop till big material parts will spall out of
the raceway.

Detailed Investigations of White Etching Microstructure

The white etching microstructure has been investigated by many researchers.
The reported results of these investigations are a higher hardness than the origi-
nal material [1,2], the spherodized primary carbides are dissolved [1-6], pres-
ence of nanocrystals [2—7]. The nanocrystals have a Body Centered Cubic
(BCC) crystal lattice [1,2,4-6] and are identified as ferrite [2,4—6].

The white etching microstructure of a failed bearing has been investigated
more in detail. The sample cutting was done with focussed ion beam (FIB) in
the vicinity of the transition between the white etching microstructure and the
original bearing material. This FIB sample is investigated by transmission

FIG. 1—WEC failed bearings and microstructure investigations. Left side is
martensitic and right side is bainitic microstructure.
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electron microscopy (TEM) and X-ray diffraction (XRD) analysis (Fig. 2). The
carbides are indicated with white arrows and the dissolving process can be
observed for the carbides in the white etching zone. There is a sharp transition
between the original material matrix and the white etching microstructure.

The diffraction rings of area A corresponds with the original grain size
which is much larger than the nanocrystals of area B. The BCC crystallo-
graphic structure is identified in both areas.

We can conclude that the material observations are in line with the results
of other researchers. Based on the dissolving process of the carbides, we inter-
pret that the white etching area is progressing in a direction so that the original
bearing material is transformed and the sharp transition between both areas is
moving progressively.

The typical white etching microstructure is observed in several other com-
ponents. A few examples are fish eyes after very high cycle fatigue tests [8],
chips and surfaces after machining of steels [9—13], in failed gears [14,15], in
material samples after an impact test [16—18] and on corrugated surfaces of rail
treads [19,20].

WEC Bearing Failure Characteritics

WEC bearing failures are observed in several roller bearing applications, with
different bearing types and from different bearing suppliers. Some examples
out of the public domain are automotive alternators [3,21], belt driven pulley
systems [21] for engine accessories [6,22,23], bearings applied in automotive
powertrains [24], generators and gear units of wind turbines [25]. The dynamic
operation conditions of the bearing application is a common feature of the
observed WEC bearing failures. The dynamic excitations in automotive pulley

Surface

FIG. 2—FIB sample preparation (upper), TEM and XRD analysis of areas A
and B (lower).
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systems can be generated from the combustion engine vibrations or belt reso-
nance which creates an oscillation of the rotational speed superposed on the av-
erage pulley speed [6,23].

In a drive system or transmission, the WEC failure mode is observed on a
specific bearing location and not on the other positions. The failures occur
much before the L10 life of the bearing and are classified as premature failures.
The failure rate can increase up to the complete population of a bearing
application.

The typical Weibull curve of a WEC bearing failure case (Fig. 3) has a
shape factor in the range of 2.5 to 3.5 which is a significant deviation compared
with the Weibull of a normal bearing fatigue life. The shape factor above 1
means that after a limited lifetime, the failure rate is increasing with time and a
significant part of the total population is failing in a small time frame. Another
feature of this WEC failure case, is a survival population of about 40% after 20
months.

The Weibull curve shows that the L10 life is about 6 months which is
much lower than the calculated lifetime of more than 100 years. The low real
lifetime and observation of survival population are leading to the conclusion
that the WEC failure mode is not a normal bearing fatigue problem, it is a
robustness problem. In case of a bearing fatigue problem, the expectation is
that the complete population will fail which is not in line with the observation
of a survival population.

There are several patents or articles [21,23,24] claiming a technical solu-
tion for WEC based on a dedicated experience. A lot of research at different
parties is ongoing. There is no agreed understanding of the WEC failure mode

Total Population: Reliability vs Time Plot
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FIG. 3—Weibull curve of a WEC bearing failure case.
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within the technical world of bearing suppliers and appliers. In case that a
WEC failure mode is observed, the design engineers are implementing new
bearing types or bearing configurations based on best practice.

We will evaluate different hypotheses with available observations and ana-
lyse the industrial experiences to propose a root cause hypothesis, develop a
WEC failure model and identify the possible industrial solutions.

Hypothesis Evaluation

Fatigue Overload Hypothesis

The available test data at the bearing suppliers are showing that white etching
bands (left side of Fig. 4) can be generated at high stress levels and after suffi-
cient load cycles [26-28]. An overview of the correlation between contact
stress, inner ring revolutions and the microstructural alterations is presented at
the right side of Fig. 4 [26].

The bearing test results leads to the interpretation that the white etching
microstructures in the WEC failed bearing are generated by a fatigue overload
in the bearing application. The hypothesis of fatigue overload is in contradic-
tion with the observations of the WEC bearing failure mode on only 1 bearing
location in a drive or transmission system and also no failures on other loaded
components such as gears, shafts and housings. The presence of a fatigue over-
load is also in contradiction with the lack of observation of typical fatigue ma-
terial degradation via measurement of residual stress and full width half max
values. Measurement campaigns performed with instrumented bearings in the
application, are confirming that the external bearing loads are in line with the
applied specifications for bearing design resulting in the conclusion that the
applied Hertzian stress level is according the calculated stress level.

No structural DER + 30° DER + 30° + 80°
change DER bands bands

3720 .
Maximum
contact
siress
MPa

3280

s5x10° 10° 107 108 10°

Revolutions

FIG. 4—white etching bands [27] and microstructural alterations as function
of contact stress and inner ring revolutions [26]. (DER = dark etching region).
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This leads us to the conclusion that the white etching microstructures and
high WEC bearing failure rates cannot be explained by a fatigue overload and
thus also not only by the applied Hertzian stress level. We will explain later
that the Hertzian stress is an element of the total loading system but there is
also an additional material loading system active.

Hydrogen Hypothesis

Hydrogen is considered by a lot of researchers as the main driver for the WEC
failure mode [3,21,22,24,29]. The hydrogen hypothesis is based on hydrogen
generation in the oil film followed by diffusion in the bearing material. This
process will continue until a sufficiently high hydrogen content is realised to
initiate a hydrogen damage mechanism resulting in cracks and the typical white
etching microstructure of the WEC failure mode.

We performed hydrogen measurements on failed and unfailed inner rings
from bearing applications prone to the WEC failure mode (Fig. 5). The hydro-
gen observations are classified by green blocks for max 1 ppm and red above 1
ppm. The borderline of 1 ppm is a global agreed reference for potential nega-
tive impact of hydrogen [24].

The hydrogen measurements are interpreted that the hydrogen content in
the bearing material is a result of hydrogen generation at the raceway surface
and transport from the raceway towards the core after the initiation of damage
at the raceway. The hydrogen level in the bearing material is below the critical
level of 1 ppm before the bearing failure. The presence of local atomic hydro-
gen cannot be discussed based on these observations.

Kino and Otani [24] have reproduced WEC’s in carbonitirided, quenched
and tempered SCM420H after 2.6 x 10 stress cycles. The combination of a
stress level of 3.6 GPa, an operating temperature of 120°C and a specific oil is
resulting in a global hydrogen level of 4.2 ppm [24] and leads to the B-type of

Damage No damage Limited Moderate Heavy

L

Increasing damage level
Increasing hydrogen level

Hydrogen | Raceway
content ' Genter
Core
B <1pem Hydrogen is maximal
B - 1eem at surface

FIG. 5—Hydrogen observations in bearing applications prone to the WEC fail-
ure mode.
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white structure which is similar with subsurface WEC network. Vegter and
Slycke [29] have reproduced WEC networks in martensitically hardened and
tempered ASTM 52100 at 3.2 GPa and with hydrogen charging up to 4.8 ppm
after 1.5 to 4.0 x 10° revolutions.

The hydrogen observations show a lack of hydrogen in the bearing in the
early state of failure (see Fig. 5, no damage and limited). The second discrep-
ancy is the high Hertzian stress levels of 3.2 [29] and 3.6 GPa [24] to generate
the WEC subsurface network. The measurement campaigns have supplied the
proof that the applied load levels do not exceed the loads applied for the bear-
ing design. Table 1 is a comparison between the applied test conditions of the
hydrogen research [24,29] and a WEC failure case with a 50% failure rate after
18 months. The calculated Hertzian stress level of this bearing application is at
1.3 GPa.

A bearing test with hydrogen precharged 6309 bearings at 1.3 GPa stress
and 6000 RPM, will accumulate after 100 h a total of 1.8 x 10® stress cycles
and an expected failure rate of 50% based on field data. This is in fact a very
fast and representative test to confirm that hydrogen charging is the root cause
for the WEC failure mode. Up to now, there are no results reported about tests
with hydrogen charged bearings loaded in the range between 1 and 1.5 GPa
and oil temperatures between 50 and 80°C which are the application parame-
ters of the example mentioned in Table 1.

The hydrogen hypothesis is also not able to predict a survival population as
noticed in the Weibull curve of a WEC failure case (Fig. 3).

We will explain further that there is in fact an additional loading mecha-
nism active. The impact of this additional loading mechanism can be simulated
in some extent by charging the bearing with hydrogen but this is insufficient
because there is still the need for Hertzian stress levels which are much higher than
the stress level of the bearing application (see Table 1). The conclusion is that
hydrogen is somewhat an accelerator for the WEC failure mode but it cannot
explain the observed WEC failures at Hertzian stress levels between 1 and 1.5 GPa.

Accumulated Plastic Microstrain

Vincent et al. [30] developed a model where they proved that dislocations gen-
erated by the difference in stiffness between inclusion and surrounding bearing

TABLE 1—Comparison of bearing test and application parameters for WEC failure mode.

Contact stress/ Stress Cycles/ WEC failure

Application 1.3 GPa 1.8 x 108 rate
Bearing test rig and hydrogen charging [29] 246% 11% 100%
Bearing test rig [24] 277% 28% 40%

Bearing application 100% 100% 50%
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material, are moving towards an area which corresponds with the orientation,
shape, and size of butterfly wings relative to the inclusion (Fig. 6). The physical
interpretation is that the cyclic loading of the inclusion, resulted in an accumu-
lated plastic microstrain distribution corresponding with the white etching area
of the butterfly.

White etching microstructure is interpreted by many researchers
[1-6,28-31] as localised plastic microdeformation and this is in line with the
proposed root cause hypothesis in the Root Cause Hypothesis section.

Root Cause Hypothesis

Interpretation of White Etching Material Structures

Different WEC failure cases have been analysed and the change from marten-
sitic towards bainitic material without modification of bearing type or other
elements of the bearing application, resulted in the typical WEC material
observations for respectively martensitic and bainitic bearings (see Fig. 1).
This is in fact the proof that there is an identical loading mechanism driving
the WEC failure mode and causing two different material responses depending
of the bearing material type.

The axial hairline crack development in a cylindrical and taper roller bear-
ing both out of martensitic material, is another similarity which allowed us to

a) b)

16
14
12 -
10 -

Direction normal to the
contact surface ( pm)

4
.
o

-5 5
Rolling direction (um)

FIG. 6—[30] Comparison between an experimental white etching area (WEA)
and the corresponding calculated domain swept by dislocations (Py=4.5
GPa), (a) optical micrograph of the WEA observed around an aluminium oxide
inclusion found at 0.6 mm beneath the surface (the shear stress is max at 0.38
mm beneath the surface); (b) calculated domain (only the half system is
represented).
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Raceway Crack surface

1 mm

Brittle fracture due to
crack opening

Selection of a Crack opening
small hairline crack

FIG. 7—lnitial crack selection and crack opening.

reduce 4 WEC failure cases with two different materials, three different bearing
types on three different shafts, towards one general problem. A more detailed
study of one WEC bearing failure case has the potential to generate fundamental
understanding of the WEC failure mode. An initial axial hairline crack of a mar-
tensitic taper roller bearing has been selected and opened (Fig. 7).

Scanning Electron Microscope (SEM) investigation of the crack surface
reveals the presence of a semicircular crack just below the raceway (Fig. 8 upper
part). This semicircular crack has a flat appearance and is classified as transgranu-
lar because there are no grain boundaries observed at the crack surface.

The etching test performed on a perpendicular section of the crack surface
is presented in Fig. 8 lower part. A surprising observation is that the crack has
two propagation directions, one is perpendicular with the raceway and the other
is parallel or tilted relative with the raceway. The white etching material struc-
tures are observed below the semicircular crack surface and only in the part of
the crack parallel or tilted with the raceway. There are beside the crack also
white etching zones parallel with the raceway which do not belong to the main
crack system (Fig. 8, lower part, right side).

We selected a crack with clear observations to enable a good interpretation.
In some crack investigations you will find less developed cracks, smaller seg-
ments with white etching areas and sometimes there are local influences of
inclusions. The observations of Fig. 8 are typical and systematic for a WEC
failure case in martensitic material.

The total crack pattern is interpreted as being caused by an impact load
generating a fast semi circle cleavage fracture under tensile stress, fast stepped
perpendicular crack growth deeper in the material under tensile stress and fast
developing parallel cracks caused by shear stress (see Fig. 9). This interpreta-
tion of the crack pattern is resulting in the classification of the white etching
areas as an adiabatic shear band caused by an impact load.

The impact load is generating a high strain rate and this mechanical energy
is nearly completely transferred into very local heat. As the local heat
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Semicircular Raceway Semicircular
crack surface | | surface crack

Cracks
+ WEC
parallel
or tilted
with
raceway

# WEC parallel
e ] or tilted
k": SRy with raceway

d Cracks perpendicular = 32
to raceway ol

FIG. 8—SEM investigation of the opened crack (upper) and etching test per-
formed on perpendicular section (lower).

generation process is very fast, there is no time for heat transfer and for that
reason the process is named adiabatic. It is known from observations [1] and
impact tests [16], that a shear stress component will enable the adiabatic shear
failure mode with nanograins and white etching material structures. Due to the

sl Cleavage crack surface = fast
crack propagation under
tensile stress

Crack initiation
point,
impact load

M Stepped perpendicular

ol crack growth deeper in the

material = fast crack

* propagation under tensile
stress

White etching bands = fast crack propagation
under shear stress = adiabatic shear bands

FIG. 9—Interpretation of total crack pattern.
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FIG. 10—Adiabatic shear band after an impact test performed on samples out
of bearing steel (upper). Axial fracture strain as function of ratio shear stress
to compression stress (lower).

lack of heat transfer and the shear stress component, the white etching bands
obtained after impact tests are classified as adiabatic shear bands.

The adiabatic shear band in through hardened martensitic and bainitic bear-
ing steel is observed after an impact test performed on test samples manufac-
tured via wire erosion out of standard bearings (Fig. 10 upper part).

The high sensitivity of through hardened martensitic and bainitic bearing
steels for the adiabatic shear failure mode is proven experimentally by the
observations of shear band localisation with pure compression impact load
(Fig. 10, upper part, right) and significant reduction of axial fracture strain at a
low ratio of shear to compression stress (Fig. 10 lower part).

The interpretation that the white etching material structures in WEC failed
bearings is an adiabatic shear band, is in line with assumptions of a recrystalli-
sation process of other researchers [3-5,7,28,29,31]. The adiabatic shear band
hypothesis is directly supported by other researchers [7,23] and the interpreta-
tion of white bands after a bearing endurance test [32]. The high deformation
rate and heat development during machining of steels is the driver that in chips
and also at the machined surface, adiabatic shear bands are generated [9-13].
The similarity in the diffraction patterns (very fine grains and BCC structure)
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FIG. 11—Measured pressure peak as function of time in a bouncing ball
experiment [33] (left) and simulated pressure peak superposed on Hertzian
pressure for varying load [34] (right).

between metal chips and butterfly wings in martensitic bearing steel is men-
tioned in Ref [2].

Impact Load

The patent in Ref [23] is pointing to an external impact load as driver to create
an adiabatic shear band and causing also an indentation on the raceway surface.
The lack of indentation and surface damage on the raceway close to the surface
crack associated with the semicircular crack, is interpreted that there was no
excessive external load to drive the generation of the adiabatic shear band. The
impact load which is driving the WEC failure mode is very probably generated
in the oil film between roller elements and rings.

There are measurements and simulations available of film separation and
squeeze effects in the EHL contact [33—37] which predict or confirm that under
varying slip and load conditions, pressure peaks are generated. Figure 11 left
[33] is an example of the pressure measured as function of time in a bouncing
ball experiment. The pressure maximum at about 130 us is the pressure when
the oil film thickness is minimal and the pressure peak at about 200 us is just
before the ball and the plate are separated.

The pressure measurement possibilities are limited due to the short lifetime
of the applied film sensor technology and test conditions which can be gener-
ated on test rigs. These limitations are leading the EHL experts to perform sim-
ulations and visual measurement of oil film thickness to generate more
understanding about pressure, temperature and separation in an EHL contact.

Figure 11 right [34] is an example of a simulation which reveals that pres-
sure peaks are superposed on top of the Hertzian pressure. The simulated oper-
ation condition is a variable load which is resulting in pressure peaks at inlet
that are transported by the oil film. The horizontal axis shows the oil film
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contact (left side is inlet) and the diagonal axis represents the time relation via
transformation of position x which is divided by the half width of the oil film b
and multiplied with film speed u. EHL tests reveal that forced excitation is gen-
erating oil film perturbations at the inlet which will travel through the contact
at the average speed [35,36].

A similar analysis can be done for varying slip conditions. EHL pressure
measurements under constant slip conditions [37] are confirming that the pres-
sure peak at the outlet is increasing with increasing slip (Fig. 12 left).

The dynamic operating condition of varying slip during operation is simu-
lated [34] and the resulting pressure variations are shown in Fig. 12 right. The
change in slip is creating a change of oil film thickness which is then trans-
ported into the oil film. The change in oil film thickness has been simulated in
an experimental setup on a two roller test rig. One roller has on the surface a
waviness pattern which created the oil film thickness variations. The experi-
mental results in Fig. 13 [38] are a proof that the oil film thickness variations
are resulting in significant pressure variations.

The discussed EHL experimental results and simulations are supporting
the assumption that there are internal pressure peaks generated in the oil film
of a bearing under dynamic load conditions. The pressure peaks will create a
fast increase of the load and causing a high strain rate resulting in the genera-
tion of adiabatic shear bands [32]. The pressure peak is associated with a speed
profile in the oil film causing a tensile stress at the surface [39]. The pressure
peaks are in fact an additional load mechanism generating loads at high strain
rate which result in material damage and initiate the WEC failure mode.

This root cause hypothesis can now be applied to explain the material
response which is otherwise only observed at much higher stress levels as dis-
cussed in the Fatigue Overload Hypothesis section or a result of hydrogen and
an increased stress level (the Hydrogen Hypothesis section). The development
of WEC networks and a high butterfly density outside the high stress areas in
bainite can be explained with the same root cause hypothesis, i.e., the Hertzian
pressure with addition of pressure peaks.

Butterfly and WEC Network

The generation process of a butterfly is interpreted as a two stage process [32].
There is first the accumulation of plastic micro deformation which can be
visualised via the dislocation distribution presented in Fig. 6 [30]. The local
accumulated plastic deformation is reducing the capability of the material to
resist against recrystallisation.

The second step is the development of white etching butterfly wings which
is created by recrystallisation via two possible mechanisms, i.e., high stress af-
ter many load cycles or a moderate stress combined with a high strain rate
loading. The butterflies observed in bearings after high load tests are



14 STP 1542 ON ROLLING ELEMENT BEARINGS

ZU8H 4/ aunssaid

ajeulpiooy| sbuejwn usqiRYoS
" :

[ o

a 0 3

e

VA A

/

JENIPS %4y T LW OF = UT T
T INPS %0 = UW0=UT L

N OD0F = "4

B Dub-ie= " ]
gy =

PINVAL IO

.\ JANIUIS %81 = UL DZL = UV e

Lo 7 - poisKIan

‘(yst) [pc] duys Suilipa .1of 2.unssa.1d uvizyiapf
uo pasodiadns ypad a.nssa.d pappnuis puv (1fa]) [/ €] sonpa diys jua.2ffip 10f 100100 THH Ul 2.4nssa.4d pa.msvapy—1 ‘DI

0oz

ooy

0000F

[iea] d #omug

0ozE



LUYCKX, doi:10.1520/STP103908 15

a) ; c)
14 | rough surface S
\ 2
12 | \
,’ﬂ'\ { \ f f
g 1p fat { Mf
; 1 i
Section T surface N \
of rough \ /\
EHD { !
w2l contact \, WA\
i v { ) - = 600 Nimm?
[ i i =8 mis
hom Ah, i j mbala
ans 4 Do o =30%
.' T T T T T T
/—'_/\ b) ¢ : 0. 0 05 1 15

FIG. 13—(a) Roller with waviness; (b) sketch of EHL contact, (c) measured
pressure [38].

interpreted as being generated as consequence of contact stress above 2.2 GPa
and time [40]. A limited butterfly development in bearing applications with
contact stresses in the range between 1 and 1.5 GPa, can be explained by a
local stress riser from the inclusion geometry or interaction with other inclu-
sions [41]. A high density of butterflies in bearing applications with contact
stresses in the range between 1 and 1.5 GPa is explained by the high strain rate
caused by the pressure peak. The repeating action of pressure peaks will result
in additional plastic deformation and butterfly development at locations with a
much lower Hertzian stress level than observed in bearing tests where butter-
flies are generated with high stress after many load cycles.

The crack will appear during the development process of the butterfly
when the local conditions for crack initiation and propagation are favourable.
This may occur before or after the butterfly wings are developed. The crack tip
and the transition between white etching material and original bearing material
are in fact generators of new dislocations and plastic micro deformation. If the
pressure peaks are sufficiently high, then the butterfly will start to propagate
and may end up in a WEC crack network.

A WEC crack network will start from material features which will enhance
the local development of an adiabatic shear band via plastic deformation and
strain hardening. If the local material conditions are favourable for WEC initia-
tion, then there is a high probability for further development of the WEC net-
work resulting in the bearing failure as seen in bainitic material (Fig. 1, right).

The material properties of bainitic bearing steel are able to accumulate for
a long period the effects of the pressure peaks and result in a high butterfly den-
sity outside the high stress area and WEC networks. The martensitic bearing
steel has a lower accumulating effect and high butterfly densities in WEC
failed martensitic bearings are for the time being only observed in combination
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with a high inclusion density. The different material response of martensite and
bainite is supported by the observed difference in impact load robustness of
both bearing steels as presented in Fig. 10.

Summary of Root Cause Hypothesis

Roller bearing applications with dynamic operating conditions will create inter-
nal pressure peaks which are superposed on the Hertzian pressure. The pressure
peak is resulting in a impact load mechanism which is generating tensile and
shear stresses at a high strain rate.

The impact load mechanism is able to create material damage in marten-
sitic bearing steel via the semi circle cleavage crack, cracks perpendicular with
the raceway and adiabatic shear bands (with white etching material structures)
tilted or parallel with the raceway. This material damage is the start point for
development of an axial hairline crack which is followed by raceway spalling
and bearing failure.

The contact stress and the impact load mechanism will develop in bainitic
bearing material plastic deformation around local material features. The impact
loading will transform the initial plastic deformed areas into white etching
areas and butterflies. The continued application of the impact load will result in
the further growth of the white etching areas till a WEC network forms and the
development of butterflies at depths outside the high shear stress areas. The
WEC networks will develop till the raceway is spalling which is then the end
of the bearing life.

The root cause hypothesis for the WEC failure mode in martensitic and
bainitic bearing steel is represented in Fig. 14.

The industrial experience will now be analysed to verify this root cause hy-
pothesis and to identify possible industrial solutions for the WEC failure mode
in roller bearings.

Industrial Experience

General Experience

The industrial experience is based on gear units applied in wind turbines. The
reference is a total of 20 000 gear units manufactured in a time frame of
20 years.

The risk for WEC bearing failures is linked with the roller size of the bear-
ing. A heavier roller will increase the dynamic energy in the squeezed oil film
and generate increased pressure peaks which are experimentally observed in
[33]. The appearance of WEC failures in much smaller bearings of automotive
applications [3,6,21-24], can be explained by the increased dynamic excita-
tions of belt driven engine auxiliaries and automotive powertrain applications.
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Spherical roller bearings and angular contact ball bearings are more prone
to the WEC failure mode. The contact between roller elements and raceways
of both bearing types is such that there are two pitch lines with slip free contact
and outside there is kinematic slip in the oil film due to internal geometry as
presented in Fig. 15 [32].

The kinematic slip will increase the pressure peak (see Fig. 12 left). The
pitch line positions of a spherical roller or ball bearing in operation will vary some-
what under dynamic load and internal bearing dynamics. The change of pitch line
position is resulting in a variation of slip in the EHL oil film and enhancing the
generation of pressure peaks as explained in the Impact Load section.

Cylindrical bearings under dynamic axial load conditions will be prone to
variations of roller tilting which is causing variation of the borders of the EHL

Rol line

positive slip
zero slip
negative slip

FIG. 15—Contact between roller/ball and raceway with two pitch lines and
kinematic slip.
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contact. This mechanism will result in pressure peaks at inlet that are trans-
ported by the oil as explained in the Impact Load section.

Experience Based on Introduced Changes

We observed a reduction of the WEC failure rate from 40 % to 2.7 % after 14
months operation when the bearings have been replaced by non optimised case
carburised versions without any other change. The positive impact of a case
carburised microstructure can be explained by the presence of a significant
amount of retained austenite which has a FCC crystallographic lattice. Impact
testing performed on a mix of FCC and BCC crystal lattice types in Ti, reveal
reduced sensitivity for the adiabatic shear failure mode if a sufficient amount
of the metal matrix is FCC [16]. The comparison of different case carburised
bearing microstructures reveals the observation of features that may reduce the
impact loadability. The material analysis and additional performance data are
applied to identify an optimised case carburised microstructure to avoid the
WEC failure mode in roller bearings.

By analysing the field performance of gear units, two extraordinary obser-
vations are detected. The WEC failure rate after 2 years field operation reduced
from over 40% to zero failures for two changes without any other modification
in the bearing application. This extraordinary performance improvement is
noticed after introduction of black oxidised bearings and after bearing assem-
bly at 130°C. The bearing assembly temperature is linked with the applied
bearing heating process. Due to differences in bearing heating processes, we
were able to put the WEC failure mode on, off and on again and this for a stat-
istically relevant population which is a proof for the effectiveness of the param-
eter “bearing assembly temperature.” More detailed analysis did reveal that
bearing assembly temperature is a significant parameter to avoid the WEC fail-
ure mode. The total observation is summarized in Table 2.

Impact of Bearing Assembly at 130°C

The bearing material has been stabilized for several hours at a temperature of
160°C or higher before the hard machining operation. We expect that the

TABLE 2—Observations of WEC failure rate and correlation with bearing assembly temperature.

Bearing Assembly Temperature Failure Rate Period Gearbox Population
100°C 40% 14 months 400

110°C 12% 14 months

110 < 120°C 7.3% 15 months 41

130°C 0% 26 months 34
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FIG. 16—Comparison of raceway surface FWHM values.

heating of the bearing up to 130°C will change only the material parameters of
the hard machined surfaces.

The microstructural changes of the raceway surfaces have been investi-
gated via XRD measurements of the full width at half maximum (FWHM) of
the (211) ferrite reflection on Cr-Ko radiation. We have cut two material sam-
ples out of the same bearing ring and both samples have been heated in a simi-
lar way as a bearing assembly process at respectively 100°C and 130°C. The
raceway surface FWHM values of an inner ring have been compared between
a loaded and not loaded zone after field operation. The FWHM measurement
of the raceway surface has been repeated on a standard bainitic and a black oxi-
dised bainitic bearing. All the measurement results are shown in Fig. 16.

The bearing assembly at 130°C is generating a FWHM reduction of 0.12
which is considered small but identified as a relevant change of the microstruc-
ture [42] and in line with the expected range between 0.05 and 0.18 [43].

The overall conclusion is that bearing assembly at 130°C, operation time
in the field and the black oxidising process are generating reduced FWHM val-
ues at the raceway surface. The black oxidising is a process of about 20 min in
a bath between 120°C and 140°C which has a similarity with bearing assembly
at 130°C. The impact of operation time is interpreted as the consequence of a
surface load mechanism [44,45]. A research program is ongoing to compare
the physical parameters of the raceway surfaces with original and reduced
FWHM value.

WEC Failure Model

The reduction of raceway surface FWHM with operation time is applied to
interpret the WEC Weibull curve. A Weibull curve of the first 66 bearing appli-
cations is calculated to avoid the influence of bearing applications with limited
operation time (Fig. 17).

We identify three different phases in the bearing life of this application
prone to WEC failure mode :
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Phase 1: potential damage initiation phase which is limited in time till the
surface FWHM value is reduced by bearing operation.

Phase 2: failure development phase with observation of bearing failures up
to some time after start of the bearing application.

Phase 3: survival phase if no damage was generated during phase 1.
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FIG. 18—WEC Weibulls of identical gear unit applied with two rotor sizes.
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The Weibull curve of a WEC failure case may deviate from the graph
shown in Fig. 17 due to limited occurrence of the dynamic operation conditions
or influence of applied loads on the failure development.

The loads will have an impact on the probability for dynamic operation
conditions during phase 1. Also load level combined with load cycles will con-
trol speed of FWHM reduction at the raceway surface (end of phase 1) and
speed of failure development during phase 2. The correlation between loads
and the parameters of the WEC Weibull can be visualized by a Weibull analy-
sis per load category. The influence of a different rotor for a WEC bearing fail-
ure case in a wind turbine gear box is presented in Fig. 18. The applied gear
units are identical and the different rotor size is resulting in different failure
rates at the end of phase 2.

The proposed WEC failure model allows us to assess the failure risk and
define optimized service strategies.

Summary and Potential Industrial Solutions

The features of WEC failed bearings have been explained. The results of elec-
tronic microscopy and X-ray diffraction analysis of the white etching micro-
structure are presented. The WEC bearing failure characteristics are analysed.

The root cause hypotheses of fatigue overload and hydrogen have been
analysed and are rejected based on available observations. There is a limited
impact of hydrogen on the WEC failure mode identified but not sufficient to
explain the field failures at stress levels in the range between 1 to 1.5 GPa.
White etching microstructure is interpreted by many researchers as localised
plastic micro deformation.

Different WEC failure cases have been generalised and a detailed analysis
of a martensitic WEC failed bearing is discussed. The white etching material
structures in a WEC failed bearing are interpreted as adiabatic shear bands gen-
erated by an impact load mechanism. We developed the root cause hypothesis
that the dynamic operation of a roller bearing is generating a bearing internal
pressure peak causing loads at high strain rate which result in material damage
and initiate the WEC failure mode. The root cause hypothesis has been verified
with impact tests and the available industrial experience. There are no elements
in contradiction with this root cause hypothesis.

The FWHM value at the raceway surface is identified as a major parameter
to control the WEC failure mode. The WEC failure model is defined with three
different phases in the bearing life, i.e., potential damage initiation phase, fail-
ure propagation phase, and survival phase. The proposed WEC failure model
allows to assess the failure risk and define optimized service strategies.

The industrial experience to avoid the WEC failure mode is presented. The
identified potential industrial solutions can be classified in two categories:
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(a) additional raceway surface treatment such as black oxidising or bear-
ing assembly at 130°C;
(b) bearing material with optimised case carburised microstructure.

The field observations and developed root cause hypothesis are leading to
the conclusion that roller bearings have a conceptual endurance limitation in
case of dynamic operation conditions. This conceptual limitation is enhanced
in case of big size roller bearing applications. The proposed potential solutions
of black oxidising, bearing assembly temperature at 130°C and optimised case
carburised microstructure will increase the system robustness of big size roller
bearing applications such as wind turbine gear units. A similar effect is
expected for small bearing applications with high dynamic excitation.

Further research is required to generate a better understanding of the WEC
failure mode so that the effectiveness of the discussed potential industrial solu-
tions can be assessed. The observation of a failure stabilisation in the WEC
Weibull after some time, is increasing the confidence level that the proposed
potential industrial solutions are a long term solution.

References

[1] Schlicht, H., 1973, “Uber die Enstehung von White Etching Areas (WEA)
in Wilzelementen,” HTM, 28, pp. 112-123 (About the Generation of
White Etching Areas in Rolling Contact).

[2] Becker, P. C., “Microstructural Changes Around Non-metallic Inclusions
Caused by Rolling-contact Fatigue of Ball-bearing Steels,” Met. Technol.,
June, 1981, pp. 234-243.

[3] Hiraoka, K., Nagoa, K., and Isomoto, T., “Study on Flaking Process in
Bearings by White Etching Area Generation,” J. ASTM Int., Vol. 3, No. 5,
2006, Paper ID JAI14059.

[4] Grabulov, A., Ziese, U., and Zandbergen, H.W., “TEM/SEM Investiga-
tion of Microstructural Changes Within the White Etching Area Under
Rolling Contact Fatigue and 3-D Crack Reconstruction by Focused Ion
Beam,” Scr. Mater. 57, 2007, pp. 635-638.

[5] Grabulov, A., and Zandbergen, H. W., “TEM and Dual Beam (SEM/FIB)
Investigations of Subsurface Cracks and White Etching Area (WEA)
Formed in a Deep Groove Ball Bearing Caused by Rolling Contact Fatigue
(RCF),” Proceedings of VHCF-4 Conference, Belgrade, Serbia, 2007.

[6] Harada, H., Mikami, T., Shibata, M., Sokai, D., Yamamoto, A., and Tsu-
bakina, H., “Microstructural Changes and Crack Initiation with White
Etching Area Formation Under Rolling/Sliding Contact in Bearing Steel,”
1SJ1 Int., Vol. 45, No. 12, 2005), p. 1897-1902.

[7] Shibata, M., Gotoh, M., Oguma, N., and Mikami, T., Proceedings of the Inter-
national Tribology Conference, Yokohama, Japan, 1995, pp. 1351-1356.



[8]

[10]

[11]

[12]

[14]
[15]

[16]

[17]

[18]

[19]
[20]
[21]

[22]
[23]

LUYCKX, doi:10.1520/STP103908 23

Sakai, T., “Crack Initiation Mechanism of Bearing Steel in Very High
Cycle Fatigue,” Proceedings of European Conference of Fracture,
Alexandroupolis, Greece, July 3—7, 2006.

Miller, S. F., Blau, P. J., and Shich, A. J., “Microstructural Alterations
Associated With Friction Drilling of Steel, Aluminum, and Titanium,”
J. Mater. Eng. Perform., Vol. 14(5), Oct 2005, pp. 647—653.

Molinari, A., Musquar, C., and Sutter, G., “Adiabatic Shear Banding in
High Speed Machining of Ti-6Al-4V: Experiments and Modeling,” Int. J.
Plasticity, Vol. 18, 2002, pp. 443-459.

Clos, R., Schreppel, U., and Veit, P., “Chip Formation and Strain Local-
ization in 100Cr6,” 1st Colloquium Process Scaling, Bremen, Germany,
Oct 28-29, 2003, pp. 1-9.

Li, J. G., Umemoto, M., Todaka, Y., and Tsuchiya, K., “A Microstructural
Investigation of the Surface of a Drilled Hole in Carbon Steels,” Acta Mater.,
Vol. 55, 2006, pp. 1397-1406.

Ramesh, A., and Melkote, S. N., “White Layer Formation in
Machining of Hardened Steel: Experiments and Modeling,” High Speed
Machining of Hard/Super Hard Materials Conference, Nov 7-11, 2003,
Singapore.

Michaelis, K., “Gear Failures Pitting,” Gear Research Centre TU Miin-
chen, Course at the Univ. of Ljubljana.

Alban, L. E., “Systematic Analysis of Gear Failures,” American Society
for Metals Geauga County, Ohio, 1985.

Meyer, L. W., and Krueger, L., “Investigation of Titanium Alloys Under
Biaxial Impact Loading,” Final Technical Report, Nordmetall GbR, Stoll-
berg, Germany, August 25, 1996.

Wei, Q., Kecskes, L., Jiao, T., Hartwig, K. T., Ramesh, K. T., and Ma, E.,
“Adiabatic Shear Banding in Ultrafine-grained FE Processed by Severe
Plastic Deformation,” Acta Mater., Vol. 52, 2004, pp. 1859—-1869.

Yang, Y., Xiong, J., and Yang, X., “Microstructure Evolution Mechanism
in Adiabatic Shear Band in TA2,” Trans. Nonferrous Met. Soc. China,
Vol. 14, No. 4, Aug 2004.

Baumann, G., Fecht, H. J., and Liebelt, S., “Formation of White-etching
Layers on Rail Treads,” Wear Vol. 191, 1996, pp. 133-140.

Wang, L., “Microstructure and Residual Stress State in the Contact Zone
of Rails and Wheels,” thesis, Berlin, 2002.

Ohki, C., and Goto, T., Compressor Bearing and Compressor Component,
U.S. Patent 7585114 B2, filed March 26, 2004, issued September 8, 2009.
NSK info brochure, “Long-Life Bearings for Engine Accessories.”
Umeda, A., Shiga, T., and Ihata, K., Apparatus and Method for
Determining Patterns of Damage Being Caused in Rolling Contact
Element, U.S. Patent 2007/0044543, filed July 26, 2006, issued March 1,
2007.



24 STP 1542 ON ROLLING ELEMENT BEARINGS

[24]

[25]

[26]

[27]

[28]

[29]

[30]

[31]

[32]

[33]

[34]

[35]

Kino, N., and Otani, K., “The Influence of Hydrogen on Rolling Contact
Fatigue Life and its Improvement,” JSAE Rev. Vol. 24, 2003, pp.
289-294.

McVittie, D., “Wind Turbine Gearbox Reliability, The Nature of the
Problem,” Wind Turbine Reliability Workshop, Sandia National Labs,
Albuquerque, NM, October 3—4, 2006.

Swahn, H., Becker, H., and Vingsbo, O., “Martensite Decay During Rolling
Contact Fatigue in Ball Bearings,” Metall. Trans A, Vol. 7A, 1976, pp.
1099-1110.

Zwirlein, O., and Schlicht, H., “Werkstoffanstrengung bein Wilzbean-
spruchung - Einfluf von Reibung und Eigenspannungen,” Z. Werkstoff-
tech., Vol. 11, 1980, p. 1.

Voskamp, A. P., “Material Response to Rolling Contact Loading,” J. Tri-
bol., , Vol. 107, 1985, pp. 359-366.

Vegter, R. H. and Slycke, J. T., “The Role of Hydrogen on Rolling Con-
tact Fatigue Response of Rolling Element Bearings,” J. ASTM Int., Vol.
7, No. 2, 2006, Paper ID JAI102543.

Vincent, A., Lormand, G., Lamagnere, P., Gosset, L., Girodin, D.,
Dudragne, G., and Fougeres, R., “From White Etching Areas Formed
Around Inclusions to Crack Nucleation in Bearing Steels Under Rolling
Contact Fatigue,” Bearing Steels: Into the 21st Century, ASTM STP 1327,
J. J. C. Hoo and W. B. Green, Eds., ASTM International, West Consho-
hocken, PA, 1998, pp. 109-123.

Moreita de Freitas, D. F., “Formation de Phase Blanche en Fatigue
de Roulement,” (Generation of White Etching Microstructure
During Bearing Fatigue Testing), Scr. Metall., Vol. 17, 1983, pp.
683—-686.

Schlicht, H., “Uber Die Adiabatic Shearbands und Die Entstehung der
Steilen Weillen Binder in Wilzlagern,” (About the Adiabatic Shear
Bands and the Generation of “High-angle White Bands” in Roller
Bearings), Materialwiss. Werkstofftech., Vol. 39, No. 3, 2008, pp.
217-226.

Safa, M. M. A., and Gobar, R., “Pressure Distribution Under a Ball
Impacting a Thin Lubricant Layer,” J. Tribol., Vol. 108, 1986, pp.
372-376.

Hooke, C. J., “Dynamic Effects in EHL Contacts,” Proceedings of the
29th Leeds-Lyon Symposium on Tribology, York, UK, Spetember 3-6,
2002, Elsevier B. V., Vol. 41, 2003, pp. 69-78.

Kalogiannis, K., Mares, C., Glovnea, R. P., and Iloannides, S.,
“Elastohydrodynamic Film Thickness Response to Harmonic Vibrations,”
International Multi-Conference on Engineering and Technological
Innovation, 2008, http://www.iiis.org/CDs2008/CD2008SCI/IMETI2008/
PapersPdf/F687SR.pdf (04/2011).



[36]

[37]

[38]

[39]

[40]

[41]

[42]

[43]

[44]

[45]

LUYCKX, doi:10.1520/STP103908 25

Kaneta, M., Ozaki, S., Nishikawa, M., and Guo, F., “Effects of Impact
Loads on Point Contact Elastohydrodynamic Lubrication Films,” Pro-
ceedings of the Institution of Mechnical Engineers, Part J, Sage Publica-
tions, J. Eng. Tribol., Vol. 221, Number 3, 2007, pp. 271-278.
Sperrfechter, T., “Keramische Bauteile im Elastohydrodynamische
Kontakt,” (Ceramic components in elastohydrodynamic contact) Institut
fiir Keramik im Maschinenbau, Universitiat Karlsruhe (TH), 1998, ISSN
1436-3488.

Kreil, O., “Einfluss der Oberflachenstruktur auf Druckverteilung und
Schmierfilmdicke im EHD-Kontakt,” (Influence of the surface texture on
the pressure distribution and oilfilm in a EHD contact) Oliver Kreil, TU
Miinchen, Diss, 2009, http://deposit.d-nb.de/cgi-bin/dokserv?idn=99328146x
&dok_var=d1&dok_ext=pdf&filename=99328146x.pdf (04/2011).

Schlicht, H., and Broszeit, E., “Die Werkstoffbeanspruchung im Wilz-
kontakt bei Hoher Fldchenpressung, Ermittelt Nach Hertz und Nach der
EHD-Stromungshypothese,” (Material stressing at rolling contact with
high specific load determined by Hertzian- and elastohydrodynamic
(EHD) flow hypothesis), Materialwiss.Werkstofftech. Vol. 38, No. 4,
2007, pp. 255-262.

Lund, T., “Sub-surface Initiated Rolling Contact Fatigue - Influence of
Steel Matrix, Non-metallic Inclusions and Operating Conditions,” Sth
International ASTM Symposium on Bearing Steel Technologies, Vancou-
ver, May, 2009, ASTM International, West Conshohocken, PA.

Vincent, A., Fougéres, R., Lormand, G., Dudragne, G., and Girodin, D.,
“A Physically Based Endurance Limit Model for Through Hardened and
Surface Hardened Bearing Steels,” Bearing Steel Technology, ASTM STP
1419, J. M. Beswick, ASTM International, West Conshohocken, PA, 2002.
Gegner, J., “Post-Machining Thermal Treatment (PMTT) of Hardened
Rolling Bearing Steel,” MMT, 2006, pp. 2-66-2-75, http://www.ariel.ac.
il/management/research/pf/zinigrad/mmt/MMT-2006/Service_files/papers/
Session_2/2-066_po.pdf (04/2011)

Gegner, J., “Evidence and Analysis of Thermal Static Strain Aging in the
Deformed Surface Zone of Finish-machined Hardened Steel,” Powder
Diffr. Suppl., Vol. 24, No. S1, June 2009, pp. 45-50.

Nierlich, N., and Gegner, J., “Material Response Models for Sub-surface and
Surface Rolling contact fatigue,” Proc MMT 2006, Vol. 1, Chap. 1, pp.
182-192, http://www.ariel.ac.il/management/research/pf/zinigrad/mmt/MMT-
2006/Service_files/papers/ Session_1/1-182_ma.pdf (04/2011).

Gegner, J., Nierlich, W., and Briickner, M., “Possibilities and Extension
of XRD Material Response Analysis in Failure Research for the
Advanced Evaluation of the Damage Level of Hertzian Loaded
Components,” Materwiss. Werkstofftech., Vol. 38, No. 8, 2007, pp.
613-623.



Rolling Element Bearings

STP 1542, 2012

Available online at www.astm.org
DOI:10.1520/STP104267

Ernest Y. Robinson'

A Universal Bivariate Weibull Model for Static
and Dynamic Fatigue Reliability Forecasting

REFERENCE: Robinson, Ernest Y., “A Universal Bivariate Weibull Model for
Static and Dynamic Fatigue Reliability Forecasting,” Rolling Element Bear-
ings on April 13—15, 2011 in Anaheim, CA; STP 1542, Yoshimi R. Takeuchi
and William F. Mandler, Editors, pp. 26—46, doi:10.1520/STP104267, ASTM
International, West Conshohocken, PA 2012.

ABSTRACT: A universal statistical model based on a bivariate Weibull distri-
bution is presented to forecast the reliability of bearing rolling contact fatigue
(RCF) life under various applied load levels. The model is derived from work
done in the field of composite material static fatigue (also known as stress
rupture), and a statistically significant database, including hundreds of obser-
vations, confirmed the model predictions. Although the detailed failure mech-
anisms in RCF (lubricant starvation, contamination, centrifugal forces,
differential component growth, ball tracking, surface smoothness, etc.) that
determine the RCF life of ball bearings are complex and the definition of fail-
ure rests on arbitrary test acceleration changes, the static fatigue model has
attractive features that might be useful for RCF life data correlation and reli-
ability forecasts, as illustrated in this article. Ultimately, the value of a forecast
model rests on replicating experiments that confirm model predictions. There
are two premises underlying the model. First, the fatigue life is represented
by a Weibull distribution, characterized by the Weibull slope (shape factor),
which is denoted here as b and which is normally assumed to be invariant
with life. Second, the applied load parameter. for example, the median
strength-normalized contact stress. also reflects a Weibull distribution at a
hypothetical constant time. These assumptions lead to the convenient use of
median-normalized variables for the life and load parameters and underlie
what is here called the reliability forecast chart, giving a comprehensive over-
view of reliability for service life at a constant operating load or stress. We
address details of this model with a graphical presentation of static and RCF
data and data analyses that apply the form of the static fatigue model. In
addition, a method of estimation of the two shape factors is addressed,
as these underlie the trade, at constant reliability, between load and life (the
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so-called load-life exponent). Model variants that address progressive over-
arching damage, such as corrosion, can also be drawn from the prior static
fatigue model. For further development and application of the model, more
data are required.

KEYWORDS: bivariate, Weibull, distribution, rolling, contact, fatigue, model

Nomenclature

b = Weibull life shape factor (also Weibull slope of fatigue life data)
C = constant
d (subscript) = design survival probability
GIl/Ep = glass strand/epoxy composite
i = ith ranked observation
Kev/Ep = Kevlar/epoxy composite
Lx = fraction (1 — x) survival life, e.g., L1 means 99 % survive
m = Weibull strength shape factor
o (subscript) = Weibull scale factor
R = load parameter
RCF = rolling contact fatigue
RFC = reliability forecast chart
r (subscript) = a reference value
S = survival probability
SNHB = silicon nitride (ball) hybrid bearing
t = time or life parameter
50 (subscript) = median value
I'" = function of the incomplete exponential integral
0 = stress parameter

Introduction

The well-known Weibull statistical distribution [1,2], originally put forward to
account for the strength scatter of brittle materials and the size effect, was
early applied to fatigue life data [3] in a single variate form (life), as it did
not naturally account for the load-life exponent that relates how life trades
against applied load at constant reliability. Lundberg and Palmgren [4] tried
to account for the effect of load via a shear stress based model, but their a pri-
ori load-life exponent prediction did not agree with experimental data. Many
authors, e.g., Zaretsky [5], have addressed this issue and put forward a variety
of load-life exponents. None of these has entered the mainstream of applica-
tion, primarily as a result of the scarcity and scatter of test data. The very
long fatigue life of modern hybrid bearings comprising ceramic balls
(silicon-nitride) on hard steel races means that often tests are suspended. Zar-
etsky, in Ref 6, notes a discussion with Weibull wherein he proposes a bivari-
ate exponential form very similar to the formulation presented here, which he
evidently never published.
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In this paper we propose a universal bivariate model for static fatigue and
for hybrid bearing rolling contact fatigue (RCF) life addressing two variates.
fatigue life and applied load. although we freely choose the load and then
experimentally test the life distribution by replicating fatigue tests at constant
load. We either have the strength distribution for b or use trial values of m (in
Eq 11) to find a graphical fit to the data in order to establish the strength. The
form of this model is rationalized in the section titled “The Bivariate Static
Fatigue Reliability Forecast Chart” and is identical to the proposed dynamic
(rolling contact) fatigue model. The mathematical form of the model (Eqs 11
and 13) underlies a comprehensive chart of reliability contours, with ordinate
log(load) and abscissa log(life). We have named this the reliability forecast
chart (RFC). The probability contours form a family of straight parallel lines
with a slope defined by the ratio — b/m of the Weibull life distribution shape
factor to the strength distribution shape factor, a somewhat surprising result.
We use this ratio to “back out” the strength shape factor when suitable strength
distribution measurements are not available. Figure 3 depicts the RFC as
applied to extensive static fatigue (stress rupture) data, with a close fit between
data and model. The RFC may then be used to select the operating stress for a
given reliability over a required service life.

A compact analytical model to forecast the static fatigue life of fiber com-
posite materials (e.g., pressure vessels) subject to steady long-term pressure
load was developed in the 1960s and applied to aerospace composite structures,
as described in “The Bivariate Static Fatigue Reliability Forecast Chart” and in
Refs 7 and 8.

The large differences between the failure mechanisms of RCF and static
fatigue, as well as vastly more complex RCF failure mechanisms (lubricant
starvation, contamination, centrifugal forces, differential component growth,
ball tracking, surface smoothness, etc.), and the susceptibility of dynamic fa-
tigue failure to many variable and subtle effects contribute to large and irregu-
lar data scatter. We attempt to apply the static fatigue model and the RFC in
order to predict the fatigue lifetime of rolling component element bearings,
which are speculative and vulnerable to fundamental arguments but still possi-
bly useful.

Large, consistent databases are needed in order to quantify the way in
which critical variables control the life and probability of bearing fatigue fail-
ure under specified loads (or load duty cycles) and within a certain time period.
The exponential trade between load and life, given by Eq 11, is a term that
gives a fixed probability while trading load and life.

This model (Eq 13) utilizes normalized variables and specifically calls for
median normalized variables. So, in order to estimate the two shape factors, we
need to test the rolling contact fatigue life at more than one load level in order
to get the slope of the median contour, for which Eq 13 gives the ratio b/m.
The observed lifetime distribution shape factor b is estimated from the
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observed life distribution by the commonly used Weibull slope, and the
strength shape factor is “backed out.”

We apply this model to various types of bearings and illustrate how a reli-
ability forecast chart can be constructed. The number of data is small and the
results are variable, as found by Zaretsky [6]. Nevertheless, the model has
attractive flexibility and will provide accurate reliability estimations for mod-
ern hybrid bearings, given more test data.

Weibull Distribution Considerations

Weibull developed his eponymous distribution to address certain problems in
the ceramics industry, which he worked in in Sweden. His concerns were the
wide scatter of brittle strength data and the evident size effect, whereby large-
sized specimens exhibited significantly lower strengths.

He also considered the fact that brittle strength was governed by various
flaws distributed throughout the material, and that a fatal combination of tensile
stress and local flaws causes failure. He proposed the survivability form pre-
sented in Eq 1 to account for the tensile stress (raised to an exponent m) distrib-
uted throughout the material volume under tension

§ = Jele (1)

where:
S = cumulative probability of survival,
o = tensile stress,
m = a shape factor,
o, = a scale factor, and
V = volume subject to tension.
If the material is a unit volume under uniform tension, the survival proba-
bility distribution takes the following very simple and commonly used form

m

S = e (/o) 2)

This form has been found to be applicable to static fatigue life prediction
(stress rupture), RCF life forecasting, and a variety of other applications (see
references).

Weibull’s work, originally published in 1939 in a Swedish engineering
journal [1,2], did not take the world by storm until 1951 with the publication of
an article in the Journal of Applied Mechanics [3] entitled “A Statistical Distri-
bution Function of Wide Applicability.” That publication led to wide dissemi-
nation and usage of the Weibull model on all sorts of data, some far removed
from the strength of brittle materials, or even from weakest link mechanisms.
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The view has been “if it works, use it,” and one of the first areas to use this
form was the fatigue life distribution of rolling element bearings. In both static
and dynamic fatigue life, the issue is how to properly incorporate the effect of
applied load on the fatigue life.

Weibull General Scale Factor

Before dealing further with the simultaneous effects of load and time on life
reliability, it is appropriate to change the Weibull distribution scaling factor.
The scaling factor in Eq 2 corresponds to the specific survival probability
S =1/e =0.37, and neither this probability nor the magnitude of the scale factor
is a general indicator of the data central value. Although the mean appears to
be an attractive scale factor, it is complicated by the fact that the probability
corresponding to the mean is a gamma function of the shape factor, as noted in
Eq3

Siean = e AHA/m" 3)

where:

I' = gamma function of the incomplete exponential integral, and

m = Weibull modulus.

This expression for S,.., depends on m and is also neither intuitive nor a
convenient normalizing factor.

Use of the median as a scale factor provides an indication of the central
value, independent of distribution parameters, and clarifies design safety fac-
tors as fractions of the median.

Using an arbitrary reference survival value S, and a corresponding variable

(life or load) in Eq 2
In(s,) = — (“) @

0o

Solving for ¢, in terms of the reference percentiles in Eq 4 and rewriting in
terms of the reference percentile leads to

S = s (/o) 5)

Equation 5 is an alternative scaled expression of the Weibull distribution, in a
less familiar form. For median scaling, S, is set as 0.5, and the observed median
variable o5 is used to scale all the observed data

S = 0.5(/=)" (6)
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Equation 6 is the median-normalized Weibull distribution and also leads to the
well-known straight line relation for estimating the Weibull shape factor from

data
ll’l(S,') . g;
log [111(0.5)] = flog [050} ™

Note also that Eq 7 provides an estimate of the Weibull modulus from each
individual ith observation.

The Appendix lists a number of useful formulations with the median-
normalized Weibull distribution and introduces the application of the individ-
ual computation of the shape factor from each observed data point. This is
addressed in the data analysis and tells us a lot about the data trends, and it can
indicate the presence of a lower bound for fatigue, an endurance limit.

The Bivariate Static Fatigue Reliability Forecast Chart

In the 1960s, an extensive experimental program was undertaken at the Law-
rence Radiation Laboratory (LRL) to measure the stress rupture life of fiber re-
inforced materials requiring the long-term storage of highly pressurized gases.
The composite materials investigated included mainly glass, Kevlar, and car-
bon fiber composites. The data generated from this test program include many
hundreds of glass fiber composite strands subject to several different sustained
loads for median life periods ranging from a few minutes to several years, as
shown in Fig. 1. Figure 1(a) presents static fatigue life at a load of 479 ksi,
84 % of the strength, and a median life of 14 min (0.23 h) with a shape factor
b=0.9. Figure 1(b) presents static fatigue life at a load of 426 ksi, 75 % of
the strength, and a median life of 6.5 h, with the same shape factor »=0.9.
Figure 1(c) presents static fatigue life at a load of 373 ksi, 65 % of the strength,
and a median life of 513 h, again with the same shape factor b =0.9.

The distribution is fitted with a Weibull modulus of 0.9. The accumulated
static fatigue data trends were analyzed and used to define a bivariate model
(parameters for both life and load) based on the Weibull distribution [1,2].
The heuristic rationale of the model was based on the assumed relation of
the survivability to an arbitrary exponential function H of the load (R) and the
time ()

In(S) ~ H(R, ) ®)

Assuming the function H is separable yields

In(S) = g(R)f(1) ©)
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FIG. 1—(a) Static fatigue life at a load of 479 ksi, 84 % of the strength, and a
median life of 14 min (0.23 h) with shape factor b=0.9. (b) Static fatigue life
at a load of 426 ksi, 75 % of the strength, and a median life of 6.5 h, with the
same shape factor b=0.9. (c) Static fatigue life at a load of 373 ksi, 65 % of
the strength, and a median life of 513 h, again with the same shape factor
b=0.9.

And further, if these functions are exponentials
In(S) = CR"¢ (10)

The bivariate median-normalized model is derived as illustrated for Weibull’s
original, single variate form Eq 5, by eliminating C

§ = 0.5R/R=)"(t/t)" (11)

Weibull’s scale factors, ¢, or g, called characteristic values, are replaced by
the observed median data Rsq for strength and #s¢ for life. This is a convenient
form of the normalized Weibull distribution. The median is the chosen scaling
factor, determined directly from the center of any set of data as a central value
that is distribution free and statistically reliable.

In fact, however, any percentile may be used as the normalizing factor; this
is useful when a small number of failures have been observed in a large parent
population. With S, as the survival probability at the normalizing factor, the
general normalized Weibull distribution is the double exponential

§ = 5, R/ (12)
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This is the universal fatigue model, applicable to both static and dynamic
fatigue. The LRL static fatigue data consider several load levels with hundreds
of stress rupture times from minutes to several years. Each data group, com-
prising about 100 life observations, was scaled to its median, and the normal-
ized distributions were compared (refer to Fig. 1). These remarkable data gave
clear evidence that the distribution shape is of the Weibull form and, for glass
fiber/epoxy composite strands (Gl/Ep), shows invariance with time. This shape
invariance ranges over median lifetimes of 15 min to far more than 513 h. A
partial group of lifetimes was observed at 58 % load with an estimated median
life of 113000 h (~12.9 years). Probing the data via a graph displaying indi-
vidual estimates of the Weibull life shape factor b (using Eq 7), displayed in
Fig. 2, verifies the existence of an essentially invariant shape characteristic,
indicating an invariant Weibull modulus throughout the data. An analysis of
Kevlar-epoxy strand static fatigue data in the Appendix shows very different
characteristics via this graphical display and leads to a hypothetical static fa-
tigue model to account for overarching progressive damage, or corrosion, caus-
ing reduced dynamic fatigue life.

In log form, the static fatigue model of Eq 12 underlies the RFC, which
plots log of load versus log of life shown in Fig. 3

) - () ([

Sy

13)

Figure 3 shows an enormous amount of data at three load levels, with smaller
numbers at still lower loads (and longer life). The life shape factor as derived
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FIG. 3—Static fatigue reliability forecast chart for Gl/Ep composite.

in Fig. 1 is b=0.9. The strength shape factor, m = 26, is derived from the slope
of the observed probability contours in Fig. 3.

In order to construct the chart, data are needed at two or more different
load levels (in this case, five load levels) so as to establish the slope of the
probability contours. This slope is given by — b/m in Eq 13 and is the ratio of
the underlying shape factors. The individual median lives also define the slope
of the 50 % contour and are another approach to the observed slope. As its
name implies, this is a forecast chart that gives a comprehensive view of the
data, the reliability contours, and the allowable loads for achieving the desired
reliability at a given life. An “anchor point,” or reference point, is needed, such
as in Fig. 3; R,=0.65, t,=513 h, and S, =0.5, which is the median for the
R =0.65 group, as shown in Fig. 1 and plotted in Fig. 3.

All-steel Bearings

In the search for very large amounts of bearing fatigue data, the extensive sur-
vey by Lieblein and Zellen [9] was examined. They undertook a very compre-
hensive review of deep groove all-steel rolling element bearings acquired from
several bearing manufacturers, amounting to 213 total test groups, with the
year of manufacture ranging from 1936 to 1951. The size of these groups var-
ied but typically included 12 to 30 bearings per test group, amounting to sev-
eral thousand bearings being tested for fatigue. The Weibull modulus was
estimated for each test group by the ratio of L50 (the life that half the
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population survive) to L10 (life that 90 % survive), in accordance with Fig. 4,
in which L1 is the life that 99 % survive.

Figure 5 shows a large variation of the Weibull modulus, computed via the
L50 to L10 ratio, ranging from 0.5 to 4.5, with an overall median of 1.4. This
scatter runs throughout the data in Ref 9 among similar bearing sizes, similar
test conditions, and different types of bearings. Such a variation of shape fac-
tors calls into question the utility of the data and can have severe impact on
long-term forecasts of very high reliability. The pooled median-normalized
data shown in Fig. 5(b) do not represent a classic Weibull shape. The design
choices are high design reliability (i.e., a high factor of safety), or extensive
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FIG. 5—All-steel RCF fatigue data. (a) All-steel fatigue data from four compa-
nies [9]. (b) Pooled and median-normalized data from (a).
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testing of the operational bearing under realistic conditions, to define a consist-
ent reliability forecast based on observed operational data.

In more recent fatigue testing of all-steel bearings (52100) at Aerospace,
two groups of fatigue failures, tested years apart, were observed, and both data
sets were found to fit a Weibull modulus of 0.7, as shown in Fig. 6. Despite
this shape consistency, the shape factor b =0.7 is at the extreme low end of the
large Lieblein and Zellen database, as shown by the vertical bar in Fig. 5.

As part of the Aerospace RCF data analysis, size 101 52100 steel bearings
were tested in two different rigs, several years apart, in order to compare the sta-
tistics of fatigue life. The results, shown in Fig. 6, were consistent and somewhat
surprising. Both sets of data were well fitted with a Weibull life shape factor
b=0.7, a value at the extreme low end of the Lieblein—Zellen database. Figure
6(a) shows the individual data and the pooled data. The life difference shown in
Fig. 6(a) between old and new data, although consistent, is not regarded as sig-
nificant. The data show consistent life distributions, even though tests were con-
ducted years apart on different test rigs. The individual life shape factors and the
pooled data shape factor are both well represented by the » = 0.7 shape factor.

Because the design concern is with early failure at low probability, placing
as large a number of bearings as possible under test and analyzing the conse-
quences of the early failures for the lifetime distribution can conserve testing
time. With this approach it is not necessary to test more than half a test popula-
tion to failure, and it is possible that not even that many will be needed. As an
example, if we had only the first 6 failures (out of 11 on test), the estimated
shape factor would still be 0.7.
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FIG. 6—(a) Test machine comparison with all-steel size 101 bearings at 400
ksi, 5000 rpm. (b) Pooled data median, normalized, also fitted with b=0.7.
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Silicon Nitride Ball Hybrid Bearing Fatigue and Reliability Forecast
Chart

Some fatigue tests of size 207H silicon nitride ball hybrid bearings (SNHBs),
described in Fig. 7, provide data at two load levels that allow the construction
of an RFC.

At a 1500 Ib load (270 ksi), six sets of four bearings survived for 2500 h
without failure. Assuming that this is an expected outcome (a 50-50 chance)
implies that the reliability for each set of four bearings at these conditions is
0.5/ =0.89, giving one point on the forecast chart

§$=089, R=270ksi, t=2500h

As noted in Fig. 7, the six “no fail” observations give a point on the RFC of
2500 h at 270 ksi with a survivability of 0.5"/® =0.89. The reference strength
of silicon nitride balls is taken as 540 ksi.

Four sets of four of these 207H bearings were sudden-death fatigue tested
at 3000 Ib (335 ksi) and 5000 rpm, as shown in Fig. 7

1620,2376, 3672, 3715 h; median = 3024 h

The probability distribution for these SNHB data is shown in Fig. 8, in which
the failure probabilities are the median rank, computed as recommended by
Johnson [10], for rank i and sample size N, by

Fi=1-8=(i—03)/(N+04)

207H (Rex20/SiN) 207H (Rex20/SiN)
15001b and 270 ksi 3000 Iband 370 ksi
5000 rpm
no failure - hr 5000 Epia
2497 Hrs
2497 1620
2497 2376
2630 3672
2630 3715
20m 2784
D=2.8346in.
d=1.3780in.
B=0.6693 in.
8 balls First of four
Diam. = 15/32 in.

FIG. 7—SNHB size 207H rolling contact fatigue tests (1998), sudden-death,
groups of four.
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and the Weibull shape factor was estimated (as in Fig. 8) from curve fits as
b=2.
This gives a reference point for the forecast chart in Fig. 9 as

S=05, R=335ksi, tso=3024h, b=2

The RFC (Fig. 9) shows the 50 % contour passing through the median at 335 ksi
(least-of-four) survival probability at 0.89, consisting of 270 ksi (50 % of
median strength) and six No Fail, at 2500 h, so S > 0.89, shown just short of the
S=0.9 contour. Using Eq 13 and altering the input m to get the best fit to the
slope produces m=7 and —b/m=0.28 for the load-life exponent. Figure 9
provides a rational prediction of reliability versus load and life for the 207 H
hybrid bearings under test. Although the data are sparse, this chart predicts
99 % reliability at about 12 % of the reference strength for a service period of
over 10 years.

Another Forecast Chart Estimate for Silicon Nitride Balls

In Ref 8, Parker and Zaretsky provide experimentally measured fatigue life dis-
tribution data on silicon nitride balls from tests in a ball fatigue test machine
conducted at two loads (shown in Fig. 10). Data are provided at 620 ksi and
800 ksi. Both loads show similar Weibull slopes (b ~ 1) for life. One data set
includes the median, and the other tests reach about 30 %.

A fatigue RFC can be constructed as follows:

Reference point: load R, = 0.8 msi, life 7so= 18 x 10° cycles, probability
S,=0.5.
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Silicon Nitride Hybrid Bearings
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FIG. 9—Reliability forecast chart for 207H SNHBs.

0.1

The life values at 10 % probability are as follows:

At 0.80 msi (hertz stress), life =2.7 (million cycles); S (L10) =0.9.

At 0.62 msi (hertz stress), life = 180 (million cycles); S (L10)=0.9.

With the two points plotted and b ~ 1, Fig. 11 shows that a good fit to both
points is provided by m = 16, giving a load-life exponent m/b = 16.

These last two efforts at forecast charts for SNHBs exhibit very different
parameters. One suffers from a small database (four fatigue failures), and the
other draws on old silicon nitride data from balls in a ball test machine (see
Figs. 10 and 12).

The 19 data points for the test group at 800 ksi hertz stress are plotted in
Fig. 11 in order to estimate the shape factor. The graph of Weibull distributions
with a shape factor b =1 shows a good enough fit, at least below the median.

Modeling Progressive Damage in Rolling Contact Fatigue

We address here the static fatigue data obtained with Kevlar composite strands
(see Fig. 13). These data, at first glance similar to the glass data in Fig. 1, are in
fact dramatically different. The display of the individual Weibull shape factors
(shown in Fig. 14) exhibits a progressive and sharply increasing shape factor
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FIG. 10—Silicon nitride balls in five-ball test machine, tested at hertz stresses
of 800 ksi and 620 ksi, showing b= 1 (after Zaretsky).

(reduced scatter): with increasing lifetimes, the shape factor is increasing. This
is understood in terms of a falling off of the probability contours that causes
them to bunch together and reflect a lower scatter. For the case of static fatigue,
as well as for RCF, it is presumed that corrosion degrades the strength of a sus-
ceptible portion of the bearing surfaces and, consequently, the fatigue life. The
corrosion is taken as a first-order degradation process with a time constant ¢,.
In terms of the equation for the forecast chart, this leads to the following plau-
sible model

R={1—f[1 —exp(t/t)]} * Ro(1,/) /™ [In(1/S)/In 2] "™ (14)

where:

f=fraction of surface material affected by degradation, and

t.= chemical corrosion time constant.

Invoking these two additional parameters leads to the forecast chart of F,
which fits the data quite well and calls for similar observations with RCF life.

Such a model might be useful in addressing cases in which bearings are
progressively degraded, the probability contours bend down, and the lifetimes
are cut short.

Assessment and Conclusions

 There is large variability in RCF life shape factor, and therefore there is no
simple model that can be used to rationalize all of the observed test results.
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Silicon Nitride Hybrid Bearings
(from Parker and Zaretsky - Fig 2)
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FIG. 11—Reliability forecast chart for silicon nitride balls.

 There is no large database of SNHB RCF that identifies consistent quantita-
tive characteristics, and the experimental data (fatigue life, Weibull modu-
lus, and load-life exponent) vary over a significant range. Consequently,
bearing fatigue test conditions need to emulate the operational conditions,
and even if this condition is met, high margins and redundancy will be
called upon to minimize the risk of fatigue failure in operation [11-19].

« The static fatigue model below can be usefully applied to RCF data to
produce rational and comprehensive reliability estimates.
In the double exponential form (bivariate Weibull distribution) of Eq 11

§ — 0.5R/R0)"(t/150)"

In the form for constructing the RFC, Eq 13

() () - el

« In order to construct the RFC, fatigue data are needed at two or more
loads to establish the slope of the probability contours (b/m), or m is
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FIG. 12—Fatigue life distribution of silicon nitride balls.

derived from strength statistics of the silicon nitride material. The two
points allow definition of the forecast chart and inference of the load-
life exponent. The life shape factor is estimated by fitting a Weibull

distribution to the lifetime data.
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Long Term Kevlar/Ep Strand Stress Rupture Trends
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FIG. 14—Shape factor trends for Kevlar/epoxy composite.

» The model for progressive damage in static fatigue can be a useful guide for
defining the statistical effect of progressive damage in RCF, i.e., a turndown
of the probability contours. A hypothetical model that works for static fa-
tigue might be adaptable to such a progressive overarching damage process

R = {1 —f[1 —exp(t/tc)]} * R (/1) (e/m)[In(1/S) / In 2] (1 /m)

» The forecast chart is recommended as a potentially useful tool giving a
comprehensive overview of the data, their reliability, and their service
life in design.

« The plots of the individual life shape factors (b) versus life provide a
useful early indication of a trend in endurance limit or extrapolated time
invariance of the failure statistic, or the onset of an overarching damage
mechanism such as corrosion.

Appendix: Useful Weibull Formulations

The Weibull modulus is denoted in this paper by e (Weibull slope or modulus)
or b, as used in an early paper by the author [7]. The designation for the brittle
material strength shape factor is m, as used by Weibull. Some useful formula-
tions presented here were used in analyzing the reference static fatigue data-
base and the bivariate model for some dynamic fatigue data.

Estimating Weibull Modulus from Life Ratios

Figure 4 provides another basis for estimating shape factors based on life ratios
and illustrates the method used by Lieblein and Zellen [9].
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Design Reliability Factors

Given a desired design reliability S, the corresponding fraction of median life
is given as

1/e
Xs0 _ In(2) (Al

Xa In (Sl—d)

Estimating Shape Factor from Each Observation

Each scaled and ranked observation X; may be used to estimate the Weibull
modulus

In <Sl> A

where:

S; = survival probability of the observed value, and

X; = observed life of the ith ranked specimen.

S; = —0.3)/(N+0.4), the median rank plotting position [10], in which
i =rank and N = total number.

Figure 2 provides a plot of these shape factor trends with life for the LRL
glass strand static fatigue data including only the glass composite data. Three
possible trends are expected, in principle:

1. horizontal (invariant) trend if the invariant life shape continues to hold

to longer life (e.g., Fig. 2),

2. a decreasing magnitude of the shape factor trend (progressively higher
scatter) if an asymptote is approached, causing longer lives (higher scat-
ter and lower shape factor) to be observed, and

3. an increasing shape factor at long life, indicating a bunching together of
the probability contours, causing increased shape factor and indicative of a
turndown caused by accelerating damage and shortened life (e.g., Fig. 14).

Such analysis and observed trends might be expected with RCF, although
causes of failure under dynamic fatigue are different and much more complex
than with static fatigue.

Figure 15 shows the forecast chart with the contours falling off at long
times accompanied by the increased Weibull modulus. This accelerating dam-
age process is discussed and rationalized by a modified forecast model. For
these data, the parametric assumption in the damage model was an increasing
susceptibility to damage, based on a first-order chemical damage process with
a time constant of 150 000 h (see Fig. 15).
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FIG. 15—Kevlar/epoxy composite stress rupture showing contour downtrend
and decreased scatter (see Fig. 14).
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ABSTRACT: Typically it is not recommended to use a single row spherical
roller bearing in an application in which there are significant axial loads. The
use of these bearings in a less than optimal customer application can be
driven by the need for a high load capacity within a limited geometric enve-
lope. Specialized roller profiles can be developed that eliminate high contact
stresses on the roller ends that can lead to the premature failure of the bear-
ing. In this paper, analytical results are presented for the roller to raceway
contact stress of four different roller profiles with a given load applied to the
bearing. The profiles considered are single transverse radius, double trans-
verse radii, and optimized symmetric and asymmetric. The piecewise loga-
rithmic profiles developed are applied to a barrel roller in this paper, but a
generalized method is developed such that the profile could be applied to
any type of roller—cylindrical, barrel, hourglass, or tapered. The analysis
results for two of the profiles are validated by dynamic testing performed
within RBC’s Corporate Test Laboratory on a three axis, hydraulic, computer
controlled test rig. The bearing inner ring is oscillated while the bearing is
subjected to simultaneous radial and axial loads. The control software allows
the monitoring of radial displacement and bearing torque during testing. The
test results correlate very well with the analytical results. The displacement
and torque readouts are shown to predict the onset of raceway fatigue and
spalling for one of the roller configurations before testing is complete and the
bearing is disassembled.
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Nomenclature

A= constant of a generalized Lundberg logarithmic profile
A= constant of a first generalized logarithmic profile
A,= constant of a second generalized logarithmic profile
d= roller diameter where roller drop is zero
E= Young’s modulus
y= angular misalignment of roller axis to raceway
L= axial length of major transverse roller radius
L,= axial length to secondary transverse roller radius and corner radius intersection
L= total axial length of roller
L,= total length of the contact patch (or blanket)
L= effective length of roller
v= Poisson’s ratio
Q= roller load
r;= inner raceway radius
r,= outer raceway radius
R1= major transverse roller radius
R,= secondary transverse roller radius
R;= roller corner radius
x= distance along roller axial length from roller or contact patch center
xX'= distance defined along a roller profile
x_)’c: distance along a roller profile where the profile drops are zero
x5,= distance along a roller profile from the beginning of the second piecewise roller
profile (where y' = 0) to the at rest point of profile tangency to the raceway
y= roller drop as function of x
y'= roller profile drop as a function of x’
¥5,= calculated profile drop of the at rest point of second piecewise roller profile tan-
gency to the raceway
yi(x)= calculated portion of the roller drop that would cause the roller to conform per-
fectly to the contacting raceway
z= effective length of a generalized logarithmic profile
z1= effective length of a first generalized logarithmic profile
z,= effective length of a second generalized logarithmic profile

Introduction

This paper was born out of the practical need to solve a problem encountered
while performing the initial testing of a single row spherical roller bearing sub-
ject to a constant radial and axial load within an oscillating application. The
production order for this part depended upon the successful completion of the
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required testing without evidence of raceway spalling. Initial testing of the
bearing with a traditional barrel roller design using a single radius transverse
roller profile resulted in an end stress condition and premature failure of the
part due to outer ring spalling.

The papers of Hertz [1,2] are certainly the most well known, studied, and
quoted treatment on the subject of contact stress between elastic bodies. His
contribution to the bearing industry as a whole cannot be underestimated. Hertz
used a half-space assumption to solve the elastic field equations in terms of
potential functions, assuming an elliptical contact area. Lundberg [3] further
built upon the Hertzian analysis and, again using a half-space assumption,
developed a logarithmic profile that results in a perfectly uniform state of stress
across a roller that has no misalignment with the raceway.

The next significant advance in the analysis of rolling element bearings
began with the advent of generally available computers, which enabled solution
of the half-space problem numerically. A numerical solution enabled the calcu-
lation of contact stresses between arbitrarily shaped bodies without simple
mathematical descriptions. The works of Hartnett [4,5] are extremely important
papers written at a time when numerical computation was coming of age. He
developed a numerical procedure incorporating the flexibility method [6] of
analysis in conjunction with the Boussinesq [7] half-space force-deflection rela-
tionships. The development of a linear system of equations is described, and
those equations are then efficiently solved using the Guass—Siedel [8] method.
The method of Hartnett, 30 years later, is still held in high regard, being
referenced in works such Ref 9, ISO 281 [10], and ISO/TS 16281 [11], and
being implemented as an option within the COBRA [12] bearing analysis code.

Much work has been done to clarify the effect of a roller profile on the
bearing life. A very good summary is presented by Poplawski et al. [13]. A first
order improvement in life can come from minimizing the maximum contact
stress between roller and raceway, especially in applications like the current
one that have relatively short life cycle requirements of tens of thousands of
oscillations, rather than millions of revolutions. Minimization of the maximum
contact stress via the use of variants of the Lundberg profile for cylindrical roll-
ers was demonstrated by Losche [14] and, more recently, Fujiwara et al.
[15,16], who developed a profile optimization procedure using the method of
Rosenbrock.

In the work presented here, the analysis procedure of Hartnett was imple-
mented and used to predict that the initial single radius barrel roller design,
which failed prematurely, did in fact exhibit an end stress condition. The prac-
tical solution to the end stress condition was to develop a double radius profile
that is simple to manufacture and measure. Analysis and testing were done in
order to verify the successful implementation of this new profile, using the
same bearing envelope dimensions and major roller diameter. Further, a nu-
merical optimization procedure was developed in order to allow both a
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symmetric and an asymmetric optimized roller profile for this roller and outer
ring geometry.

The symmetric and asymmetric optimized roller profiles are characterized
by roller drops that are defined relative to the maximum roller diameter. A
roller drop is defined as half the reduction in roller diameter measured at any
axial location along the roller axis (see Fig. 4) relative to the maximum diame-
ter of the roller. The drop profiles consist of two, potentially different logarith-
mic profile functions connected by a variable length of zero drops from the
perfect radius at the center of contact pressure. The form of the logarithmic
profile chosen forces the roller profile to be smoothly varying; the connection
points of the three sections of the profile are forced to have continuous deriva-
tives. When the logarithmic profiles are used, there are only four variables to
be optimized, so the minimization algorithm is computationally efficient.

The optimization procedure developed utilizes the conjugate gradient
method coupled with a line search algorithm outlined in Ref 17.

Problem Description and Test Setup

A cross-section of the spherical roller bearing is shown in Fig. 1. It has a spher-
ical outer raceway and a flanged inner raceway. The outer raceway has a radius
rp; the inner raceway has a radius r;. The bearing envelope dimensions,
required loading, and oscillation cycles are listed in Table 1.

The test rig used to validate the bearing design is an MTS 322 frame with a
490 kN vertical actuator, a 49 kN horizontal actuator, and a rotary actuator ca-
pable of =45° of oscillation at 2300 N-m. A cross-section of the test hardware
is shown in Fig. 2.

FIG. 1—Spherical roller bearing cross-section.
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TABLE 1—Bearing size and test parameters.

Bearing Parameter Value
Bore (inner diameter), mm 159
Outer diameter, mm 210
Width, mm 35
Radial load, N 133450
Axial load, N 13345
Oscillation angle, deg *45
Oscillation speed, cycles/min 25
Required oscillations 60 000
Grease interval, cycles 4000

In order to ensure that the axial load was fairly applied, the following pro-
tocol was used at test start-up. First, the shaft oscillation was started under no
load. The axial load was slowly ramped up to the maximum load of 13340 N,
and finally the radial load was linearly ramped to a value of 133400 N. Each
slave bearing set, consisting of two tapered roller bearings, has a slight slip fit
to the respective housing. The axial load is applied to the outer ring of the left
slave bearing via the use of an annulus. The axial load gets transferred to the
test shaft; the test shaft, in turn, transfers the load to the test bearing inner ring.
The force gets reacted out to the right slave bearing housing through another
annulus, which is also used for grease application.

Figure 3 shows the physical test setup.

A

FIG. 2—Solid model of test rig.
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FIG. 3—Physical test setup.

Roller Profiles Considered

Single and Double Radius Profile Definition

The basic single and double radius profile used for the barrel roller is shown in
Fig. 4. For the case of a single radius, R; = R,. The transverse radius R, extends
the length of L, and the second radius R, extends beyond L; on each side to
the intersection of the corner radius Rs.

Piecewise Logarithmic Profile Development

Lundberg [3] defined a symmetric logarithmic roller profile as in Eq 1.

20(1 —v? 1
) =22 M
- ()

This profile yields a nearly uniform contact stress distribution along the length
of a roller when the roller contacts a transversely flat raceway with no mis-
alignment. When there is misalignment, edge stresses can still occur. If the
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FIG. 4—Basic single and double radius roller profile.

profile is chosen such that edge stresses are avoided upon misalignment, there
remains the problem that the stress will not be uniform at any location on the
roller.

To counteract the problem of using one profile for a roller with misalign-
ment, a piecewise profile is developed that allows an optimized contact stress
prediction for the two conditions of a symmetric roller profile or an asymmetric
profile. The symmetric profile is easier to produce and measure, but it allows
stress uniformity only over the half of the roller where the contact is centered.
The asymmetric profile allows for a uniform contact stress distribution over
essentially the entire length of the roller.

The method is applicable to any roller type, including cylindrical, barrel,
hourglass, and tapered. For the case presented in this paper, optimized symmet-
ric and asymmetric roller profiles are developed between a misaligned barrel
roller and the outer raceway of the bearing described previously.

In order to discuss the development of the profile to be used under mis-
alignment, a few terms and general assumptions are discussed. The roller drops
() are the drops of the roller normal to the roller axis from a cylinder of diame-
ter d. vy is the angular misalignment of the roller axis to the raceway. A positive
misalignment angle moves the center of contact in the —x direction. The roller
profile must be developed such that when the roller is misaligned, the profile is
aligned with the raceway. Therefore, an X',y coordinate system is introduced
(see Figs. 5 and 6) that is aligned with the profile being developed along the
roller surface. In this coordinate system, y’ is considered as the profile drop.
The profile drop is in the direction normal to the profile axis x’. Once devel-
oped, the profile drop y’(x’) must be transformed to a roller drop y(x).
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FIG. 5—Parameters for optimized symmetric profile (roller profile
exaggerated).

The terms “contact patch” or “grid” are used in this paper to represent a
rectangular grid that contains the roller to raceway contact area for analysis.
This grid is split up into small rectangular areas of constant pressure which are
utilized to calculate deformation and forces. This is demonstrated very clearly
in Ref 4.

The piecewise drop profile, in both the symmetric and the asymmetric
case, has a section in the center of the roller to raceway contact that has a drop
of zero relative to the contacting raceway. The length of this section can be ei-
ther a direct or an indirect variable controlled during the minimization of the
maximum contact pressure. A modified logarithmic profile is connected to ei-
ther side of this zero drop section and has the following general form:

z

o A 1
y(')==In L_—zx,)z] ()

FIG. 6—Parameters for optimized asymmetric profile (profile drops
exaggerated).
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The variable A in Eq 2 replaces the function of roller load, Young’s modulus,
and Poisson’s ratio in Eq 1. The variable z replaces the roller effective length.

Finally, in the derivations shown, the angular misalignment of the roller is
considered small. This approximation has been examined and shown to be true
for roller misalignment slopes of up to 0.010 mm/mm with roller lengths of up
to 60 mm. This assumption should be reexamined for larger misalignment
slopes and roller lengths.

The next sections describe the derivation of the piecewise symmetric and
asymmetric profiles.

Piecewise Symmetric Profile—The origin of the x,y coordinate system is
centered on the roller and roller contact patch as shown in Fig. 5. The x/, y" axis
origin is to the left of the section of zero profile drop. The zero profile drop sec-
tion has a length x}’c. The piecewise equations for the drop profile illustrated in
Fig. 5 are shown in Eqgs 3-5.

A 1
V() == In|————| . >0 (3)
A 2x/)
Z1
Y () =00, —x; <¥' <0 4)
A 1
Y@)=""In |~ <Y< )

The second profile ends abruptly at the x,y origin, the center of the symmetric
roller. The coordinates of this point in the second profile are defined in Eqs 6 and 7.

(Lett — 1)
Xy, = o x} (6)

! :&ln o
y2t 7 | — (2—’(/21)2
2

In order to enforce the continuity of the slope of the symmetric roller profile
across the x,y origin (the center of both the roller and the contact patch in this

(N
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case), the slope of the drop profile in x’, y’ must be equal to 7y, the roller angle
of misalignment. Differentiating Eq 5 with respect to x’ and setting the slope at

¥ = —(x, + x;) equal to y yields an equation for A, as shown in Eq 8.
7\ 2
- ()]
Ay = (®)
8x),

After the elimination of A, as a profile variable, the symmetric profile has four
variables remaining that can be used for profile optimization: A, A,, z;, and x}.
It should be noted that the equations are set up so that x]’c can be zero; x]’c cannot,
however, be negative.

Finally, roller drops are defined from a perfect cylinder of diameter d. In
Lundberg’s work, the roller drop profile was developed relative to an axially
straight raceway. For the generalized calculation of drops, the drop profile
developed needs to be relative to a perfectly conforming roller and raceway.
This outer raceway shape can be defined for whichever bearing type is being
analyzed. For the current case of a spherical outer raceway, the initial trans-
verse drops have the shape of a circle centered at x = 0.0 with radius r,,.

1/2

Vil¥) =rod 1 - [1 - (?) 2] ©)

With the profile drops defined, the x’;y" coordinates are transformed back to
the roller coordinates as follows:

K= x - X (10)

y(x) = ('() —vy) + (x’ + X+ x’2t> sin(y) + yi(x) (11)

Piecewise Asymmetric Profile—The x,y coordinate system origin is cen-
tered on the roller contact patch as shown in Fig. 6. The X', ¥’ axis origin is cen-
tered on the section of zero profile drop that, similar to the symmetric profile,
has a length xjﬁ». In the symmetric profile, the length x} was considered a vari-
able. For the case of the asymmetric drop profile, it is easier to use the variables
Ay, A, 21, and z, as variables. Based on this, x]’c is written in terms of the other
profile parameters in Eq 12.

21 22

xjﬁ. = Legt 55 (12)
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The piecewise equations for the drop profile illustrated in Fig. 6 are shown in
Eqgs 13-15.

A 1 X
y() ="t —— | v <-2 (13)
Z] Xp 2
2<x’ + —>
| 2
_ -
N xj/‘ / xf/'
V() =0 -5 =¥ <5 (14)
A 1 X
Y() ==2In | > (15)
%) X 2
o[ =L
_ -

Similar to the symmetric profile derivation, the tangency point between the
roller and raceway is defined in Eqs 16 and 17.

[—Az + (A_% +4:§v2) 1/2]
x/

2%

(16)
2y
As 1
/ —_ - @@ @@
Yo - In L (%)2 (17)

Then the profile drops are transformed back to the roller coordinates (Eqs 18
and 19).

(Lh—Zz—X]/c>
x’:x——

7 (18)
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/

y(x) = (') —yy) + (x'Z[ + % - x’) sin(y) + yi(x) (19)

Analytical Method

Single Radius and Double Radii Roller Analysis

After the first bearing was tested with a single radius profile, it was apparent
that a high end stress was occurring due to axial movement of the roller relative
to the outer race. It was also noted that the contact location on the inner race-
way flange was very evenly worn near the load zone of the bearing. Based on
the initial test results, outer raceway spalling, and inner raceway flange wear, it
was assumed for the purposes of analysis that the roller was essentially forced
straight along its axis until contact was made with the outer raceway. This
assumption is shown in Fig. 7.

Based on this assumption, a series of roller drops were determined geomet-
rically between the roller and outer race as shown in Fig. 7(b).

The method of Hartnett was used to calculate the contact stress between
the roller and the raceway using the assumption detailed above. The analysis
predicted the observed end stress condition evident in the testing. Further geo-
metric changes made to the roller, modified single radius, and double radii
designs were analyzed using the same geometric assumption and numerical
calculation method. Iterations were completed by manually changing the roller
profile, using a spreadsheet to calculate the correct roller drops between roller
and raceway, and inputting these calculated roller drops into the contact stress
calculation code.

Optimization using Piecewise Logarithmic Roller Profiles

For the single transverse radius and dual transverse radii roller contact analy-
ses, roller to raceway drops were generated outside the contact stress calcula-
tion code because of the unique characteristic of the bearing geometry coupled

‘ | | ‘ b) Loaded

‘ | ‘ a) Unloaded
FIG. 7—(a) Initial centered location with diametrical clearance. (b) Roller to

raceway contact when roller is pushed along its axis until contacting the outer
race.
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with the applied load. The optimization code must automatically generate
roller to raceway drops. The code developed is based on roller misalignment
rather than an axial shift of roller to raceway locations. In order for the use of
optimization to be an option, a roller misalignment between roller and raceway
has to be found that yields the same stress results as the shift of the roller rela-
tive to the raceway for the same bearing geometry. Knowing the contact stress
results due to the roller to raceway shift, it was a simple task to keep the roller
centered on the raceway and vary the roller misalignment until the equivalent
stress state was achieved.

The optimization routine developed is discussed in the Introduction. The
purpose of this work was not to develop the best or most efficient solution
method, but to develop a robust procedure that gives very good results. It is
certain that the results derived are as close to optimal as can be practically
manufactured and measured on a real-world roller. To that end, the conjugate
gradient method was used in conjunction with a line-search algorithm because
it is a method familiar to this author that he has used in several other optimiza-
tion tasks. Each roller profile is defined based on 4 independent variables.

Symmetric profile: Ay, zy, 2o, x]’c

Asymmetric profile: Ay, As, z1, 25

Initial guesses are made for each variable based on the loads and roller
length. The initial guesses are transformed into roller drops along the roller
length. A function is defined with a result that is the maximum pressure of the
contact. Functional derivatives are calculated numerically by perturbing each
variable slightly in the positive and negative directions one at a time. The func-
tion and its derivatives are used to generate the next iterative solution. The
code continues until the maximum contact stress is minimized.

The code limits the total excursion of the variables such that at all times
the profile can be derived over the entire length of the roller. For example, in
the asymmetric profile, z; + z, must always be less than or equal to Leg. It is
beyond the scope of this paper to describe every possible fatal condition and
how to avoid those conditions numerically. In any event, there are likely more
sophisticated ways than the method described here to ensure that the roller pro-
file is always within bounds and that the best optimization is found.

Analysis Results

Analysis results for all the roller profiles developed, obtained using the analyti-
cal methods described, are shown in this section. All contact stress profiles are
for the highest loaded roller in the bearing subject to either the required radial
load or a combination of radial and axial loads that have been outlined previ-
ously. The equivalent roller misalignment for the geometric shift of the roller
shown in Fig. 7 was found to be 0.0038 mm/mm. This is the roller misalign-
ment used for the symmetric and asymmetric roller optimizations.
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Single Transverse Radius - no slope
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FIG. 8—Single transverse radius roller, radial load only.

Firstly, Fig. 8 shows the contact stress of the highest loaded roller of the
bearing subject to the required radial load only. The stress profile shows no end
stress, and the magnitude of the maximum stress is very good, considering the

bearing’s limited number of required oscillation

cycles. Figure 9 shows the

roller contact stress when the combined axial and radial loads are applied. In

this case, a definite end stress is predicted that exc

eeds the 4000 MPa generally

Single Transverse Radius - 0.0038 slope
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Wear pattern from
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FIG. 9—Single transverse radius roller, radial and axial loads applied.
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considered to cause permanent deformation or Brinelling of the bearing race-
way. The picture of the tested roller in the figure demonstrates that the actual
contact wear pattern matches very well with the predicted area of contact pre-
dicted by the analysis method.

Figures 10 and 11 show the dual radii profile subject to radial loading alone
and to combined axial and radial loading, respectively. The contact stress for
the pure radial load is slightly higher in the dual radii case than for the single
radius roller due to the decreased contact area of the roller. Figure 11 highlights
that the use of the dual radii profile is predicted to eliminate the end stress con-
dition under combined axial and radial loading. With the end stress eliminated,
the peak stress is below 3300 MPa, which is reasonable for a bearing with low
required oscillations over its lifetime.

Figure 12 shows the contact stress of the highest loaded roller under com-
bined axial and radial loading if the optimized symmetric profile roller is used.
The maximum contact stress between roller and raceway is 2841 MPa—a
13.5% decrease from the dual radii profile roller. Under pure radial load, the
roller contact stress shows a high peak value in the center of the roller, as
shown in Fig. 13. This highlights the fact that a roller profile optimized for one
loading condition might not be optimal for all load cases. Care must be used
when trying to optimize a roller profile; if several different loads are applied to
the bearing within its duty cycle, the roller profile should be optimized over all
expected load conditions, not just for a single one.

Figure 14 shows the contact stress for the optimized asymmetric profile
with the bearing subject to combined radial and axial loading. The maximum
stress of the roller contact is 2073 MPa, which represents a 37% decrease over

Two Transverse Radii - No Slope

ﬁ Max Contact Pressure: 2352 MPa
& ®3500-4000
% ®3000-3500
5 HZ @2500-3000
4 :
i H.I'H'Hlllllmlm . [} =
i, N
{ l"n. 1 lli l 2
8 l""m 1777 "{'m!! ""ﬁl'nl ' ' 0 1000-1500
®m500-1000
' @0-500

FIG. 10—Dual transverse radii roller, radial load only.
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Two Transverse Radii - 0.0038 slope
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FIG. 11—Dual transverse radii roller, radial and axial loads applied.

the dual radius profile roller. The entire roller surface is efficiently utilized to
transfer the load from the roller to the raceway.

Finally, Fig. 15 shows a summary of the contact gaps derived for all roller
profiles. The contact gap is the distance between the roller and the raceway
while the roller is at rest without applied load or misalignment. The differences
between the single transverse and dual transverse radius profiles can be seen
clearly. The comparison of the symmetric and asymmetric profiles is also nota-
ble. The nearly linear section of the contact gap profile can be seen to have an

Optimized Symmetric Profile - 0.0038 slope

4000
7 %
-3 3000 @3500-4000
@ 2500 ®3000-3500
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FIG. 12—Optimized symmetric profile roller, radial and axial loads applied.
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FIG. 13—Optimized symmetric profile roller, radial load only.

angle equal to the roller misalignment. The asymmetric profile shows a much
longer section parallel to the symmetric profile; this is why the asymmetric pro-

file yields lower contact stresses overall.

Test Results

The test setup used to test the bearing and roller design has been described pre-
viously. Several bearings needed to be tested to 60000 oscillation cycles

Contact Stress (MPa)
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FIG. 14—Optimized asymmetric profile roller, radial and axial loads applied.
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Initial Contact Gap Comparison
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FIG. 15—Summary of resulting initial contact gaps between all rollers and the
spherical outer raceway.

without evidence of spalling. The recorded output from the test rig includes the
radial and axial loads, system torque, radial displacement, and oscillation angle
versus time. It is convenient to plot important rig outputs over individual cycles
at various times during the testing. The resulting text data files generated by
the MTS control software can be read into Excel and plotted in sequences that
show any significant changes occurring during the testing. Figures 16 and 17
reflect displacement and torque data recorded during the testing of a bearing
made with the single radius profile rollers. The torque measured includes that
for the single test bearing and the four tapered roller slave bearings; therefore,
the torque is system torque rather than specifically the torque of the test bear-
ing. However, changes in the torque level during testing are likely a result of
changes to the test bearing as the slave bearings are overdesigned.

The test results are very instructive. Both the displacement and the torque
start out very smoothly, as can be seen by the results up to 36 000 cycles. The
next several cyclic plots show higher peak-to-peak noise levels in both dis-
placement and torque signatures. Near the end of the testing, the local peak-to-
peak displacements exceed 0.01 mm, which is much higher than in the early

cyclic data, where the average peak-to-peak displacements are estimated as
0.002 mm.
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Vertical Displacement - Single Radius Roller
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FIG. 16—Radial displacement (mm) of the bearing housing over one cycle at
various cycle counts throughout the testing. Combined radial and axial load
on bearing made with rollers of single transverse radius profile.

The torque data show a similar trend. At 16 000 cycles, the peak-to-peak
torque (i.e., not related to the change in rotation direction) is approximately
*£10 N-m. Toward the end of testing, that peak-to-peak torque increases to
*30 N-m.

After the completion of the first bearing test, the bearing was disassembled,
with significant evidence of spalling due to roller end stress. The rollers,
although not spalled, showed significant discoloration on the loaded side (refer
again to Fig. 9). The second bearing test was performed with an effort to
observe the progression of spalling. The test was stopped at 44 000, 52 000,
and 60000 cycles, at which points the position of the inner and outer rings on
the test shaft were carefully marked and the bearing was taken out of the test
housing. The inner raceway and rollers could be rotated 90° to the outer race
while keeping the rollers and raceway together. The grease was cleaned out of
the bearing, and pictures were taken of the outer ring load zone. Once the pic-
tures were taken, the bearing was carefully put back together and mounted on
the test shaft and housing, making sure the inner ring and outer ring load zones
were in the same relative orientation. The bearing was then re-greased, and the
testing continued. Using this method, the progression of spalling of the outer
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Test System Torque - Single Radius Roller
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FIG. 17—System torque (N-m) over one cycle at various cycle counts through-
out the testing. Combined radial and axial load on bearing made with rollers
of single transverse radius profile.

raceway could be clearly seen. Figure 18 illustrates the early onset of spalling
during the test.

The analysis work presented in the preceding section was completed in
order to determine the reason for the early failure of the bearing. The analysis
showed the roller end-stress condition, and this closely correlated with the test
results. The dual radius profile was chosen for its simplicity in terms of manu-
facturing and measuring. As the detailed load history of the bearing was not
known to us, it was felt that good contact stress under purely radial loads was
important.

Tests were conducted on several bearings containing rollers with the dual
radii profile, and all bearings passed the test with no evidence of spalling. Fig-
ures 19 and 20 show the bearing displacement and system torque during test-
ing. It can be seen that neither of the sets of data shows significant changes in
the peak-to-peak character of the output over the length of the test.

Conclusions

This paper has shown how testing and analytical capabilities go hand-in-hand.
By testing bearings and observing the resulting failures, one can derive
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Spalling just beginning
on outer ring at 44 K cycles

Spalling at 52 K cycles

FIG. 18—Spalling fatigue due to roller end stress condition at 44 000 and
52000 cycles. Combined radial and axial loads on bearing made with rollers
of single transverse radius profile.

appropriate analytical assumptions that lead to accurate contact stress analysis.
A bearing using rollers with a single transverse radius failed a test when com-
bined radial and axial loading was applied. Based on the test data, a set of
assumptions were developed that could be used to properly analyze the bear-
ing’s roller complement. The analysis procedure predicted failure for the origi-
nal roller and was then used to design a roller profile that was predicted to
pass. The bearing made with the analytically successful roller design success-
fully passed the testing.

Vertical Displacement - Double Radius Roller
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FIG. 19—Radial displacement (mm) of the bearing housing over one cycle at
various cycle counts throughout the testing. Combined radial and axial load
on bearing made with rollers using the dual transverse radii profile.
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Test System Torque - Double Radius Roller
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FIG. 20—System torque (N-m) over one cycle at various cycle counts through-
out the testing. Combined radial and axial load on bearing made with rollers
using the dual transverse radii profile.

Beyond the development of a roller profile that would work in the given
application, optimized rollers were developed using piecewise logarithmic pro-
files. Symmetric and asymmetric profiles were developed using the methods
defined in this paper and resulted in 13.5% and 37% reductions in contact
stress, respectively, over the dual radii roller profile for the given combined ra-
dial and axial loads applied. As shown, when a purely radial load is applied to
the symmetric profile optimized for both radial and axial loading, the contact
stress in the center of the roller is unacceptably high. It becomes the analyst’s
job to optimize a roller profile over the full spectrum of expected loads for the
bearing. This is a challenge that is not addressed within this paper.

Finally, it is mentioned that the optimizations reported in this paper relate
to the interaction of the roller with the outer ring. Once the roller profile is
developed relative to the outer ring, a new inner ring raceway profile must be
developed. The same techniques developed in this paper can address the profile
of the other raceway. This is left for a later study.
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ABSTRACT: When the combined loads on ball bearings include forces in the
radial or moment directions, the balls will not orbit the bearing at one com-
mon speed. This ball speed variation (BSV) might result in additional bearing
friction forces if the variation in speed is large enough to allow the balls to
spread out from their normal spacing by an amount that exceeds the cage
pocket clearances. In this paper we present a model used to estimate the
cage forces and friction torques caused by BSV and compare the model pre-
dictions with measured friction torque test data. The model first analyzes the
forces on a single ball by determining the distance over which a ball must slip
during a single orbit of the bearing center. The ball to race force is deter-
mined by equating the energy lost during this slip with the energy input
through traction at the inner race interface. The component of the ball to
cage force normal to the ball-pocket interface is then determined by balanc-
ing this force with the ball to race force. The cage to land force is similarly
determined by balancing the collective forces at all the ball to race and ball to
cage interfaces. Finally, the BSV drag torque is written as the sum of contri-
butions from these three drag sources. In order to validate the model, test
data were obtained using single 204 size bearings operating under applied
thrust and radial loading. The bearing drag torque was found to depend on
the degree of misalignment and cage pocket clearance, as predicted by the
model.
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Introduction

Ball speed variation (BSV) occurs when individual balls in a ball bearing are
driven to orbit the bearing center at different angular velocities. BSV occurs to
some degree in nearly every operating bearing, but it is not always large
enough to significantly affect the bearing’s function. When the variation in
speed does become large, the faster balls and slower balls might influence each
other by interacting through the separator [1]. This interaction produces addi-
tional forces that contribute to excess bearing drag. As the BSV increases, the
drag due to ball skidding and cage binding can become considerable. Further-
more, component wear rates might also increase dramatically and cause rapid
failure at the ball-race and ball—separator contacts.

This situation can be caused by a number of factors, including asymmetric
loading, raceway distortions, ball size variations, etc. The effects can be ampli-
fied by many other factors, such as small pocket clearance, poor lubrication,
tight raceway conformity, etc. In spite of these causes for speed variations, the
angular velocity of any given ball, when averaged over many revolutions, must
equal that of every other ball. If it didn’t, then the balls would eventually pass
each other, which is not possible. Ultimately, the angular velocity differences
are eliminated by interaction with the separator (the retainer, or cage), which
forces balls to speed up or slow down by skidding at the ball to race interfaces.
This interaction with the cage introduces several modes of energy loss due to
loaded sliding at the following interfaces: ball to inner race, ball to outer race,
ball to separator, and separator to control land. The sum of these energy loss
mechanisms can add a significant amount to the drag torque of an operating
ball bearing and might result in bearing failure.

In this paper, we present a model for estimating the magnitude of forces on
the separator and the amount of drag torque caused by BSV. The derivation of
this model is divided into three sections. In the first section, we study the motion
of a single ball with an angular velocity that differs from that of the separator in
order to determine the amount of skidding of a given ball through one orbit about
the bearing center. The second section shows how the normal force at a single
ball to separator interface can be determined by equating it with the traction
force driving the ball skid in the first section. The third section demonstrates
how the forces on the separator from each contributing ball are balanced by the
separator to land forces. This provides a means for calculating the separator to
land force. Once all the forces are determined, they are used to estimate bearing
drag torques by equating the energy input from traction at the inner ring with the
energy lost via dissipation from friction at the various sliding interfaces.

This BSV model requires, as inputs, detailed knowledge of the bearing ge-
ometry, materials properties, and mounting configuration. Some of these values
are used directly in the model, and others must be used in conjunction with a
computational program that provides the loads and deflections of a bearing in
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its mounted and operational condition [2,3]. These loads and deflections are
then used as inputs for this model. Table 1 shows the notation used for the
inputs necessary for this model. Many other factors that are required as inputs
for a general bearing model are not shown here because they are not explicitly
used in our BSV model.

Ball Skidding Distance

In this section, we determine the total range of motion of a ball with respect to
the separator A. If the ball range exceeds the ball-pocket clearance C, then the
ball will interact with the cage pocket wall. The difference between the range
of motion of the ball with respect to the separator and the pocket clearance
must be the total sliding distance (assuming rigid cage behavior), which will
occur at the ball interface with the inner and outer races. The energy that is dis-
sipated due to sliding friction at these interfaces must be supplied to the bearing
and will be a primary component of the ball speed variation drag torque.
The angular velocity of the ball center is

dp
- 1
o1 wp (1)
The generalized equilibrium diagram for a ball operating without consideration
of the pocket forces is given in Fig. 1. It is known from the basic mechanics of
angular contact bearings [4] that the orbital angular velocity of a ball at low
speed (f; = B, = p) is given by

o = 5L (1 =7 cos f) )

TABLE 1—Notation used in the presented model.

Bearing geometry and material properties used directly in this model

E Pitch diameter

d Ball diameter

Ly Hss Friction coefficients: ball/race, ball/separator, separator/land

C Separator ball/pocket clearance

Bearing properties that must be determined with a bearing computational tool

PP,P, Ball loads: low speed, high-speed inner race, high-speed outer race

B, bi Po Operating contact angles: low speed, high-speed inner race, high-speed outer race

Definitions of other factors used in this derivation

wp, O Orbital angular velocity: ball, separator

Wy, O; Rotational angular velocity: ball, inner ring
P01 Angular position: ball, separator/land contact
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P,
\k

FIG. 1—Schematic cross section of a ball between an inner race (bottom) and
outer race (top) showing the high speed ball load vectors and contact angles.

The orbital angular velocity at high speed with inner race ball control is given by

Wi

@B = (1 +cosd)

[cos 0 — ycos f3,] 3)

The orbital angular velocity at high speed with outer race ball control is given by

Wi

wp = m [1 — P COs ﬁl} (4)
where:
y =d/E, and
0= ﬁi - ﬁo

Assuming that the ball center remains at radius E£/2, the differential circum-
ferential distance travelled by the ball center over time dt is given by

E
dCB = Ea)gdt (5)

A similar formulation provides the circumferential distance travelled by the
separator (dCy) at an angular velocity ;. During the time interval df, a given
ball will travel a differential distance that is different than that of the separator.

dA = g (wp — wy)dt (6)
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By substituting Eq 1 into Eq 6, we obtain

E s
dA:—[l—ﬂ]dq) %
2 wp

The value of [1 — w;/wg] is found from Egs 2, 3, and 4.

Case 1: Slow Speed
s 1-
O]y (Lzycosh @)
wp 1—ycosp

Case 2: High Speed and Inner Race Control

Wy 1 +cosd [cosds — ycosf,,
l——| =1- 9)
wp 1+ cosds | cosd —ycosf,
Case 3: High Speed and Outer Race Control
] :1_1+cosé 1 —ycos f (10)
wp 1 +cosds |1 —7ycosf;

The terms with the subscript s refer to the contact angle of the ball that determines
the separator speed. For simplicity, in the remainder of this presentation we
assume that the separator speed is equal to that of the heaviest loaded ball. This
ball is referred to as the “controlling ball,” because it controls the angular velocity
of the separator. This assumption is physically unrealistic; it is more likely that the
separator speed is closer to the load-weighted average speed of all the balls. How-
ever, the assumption of one controlling ball is necessary in order to allow a tracta-
ble mathematical analysis. Despite its being unrealistic, we suggest that it still
provides a good estimate for the magnitude of the forces. A reduction in the mag-
nitude of forces at a slow ball due to an error in the cage speed would be balanced
by an increase in the magnitude of forces at a fast ball. Ultimately, the fidelity will
be tested in comparison with experimental data that are described below.

With a positive dA (wg > wy), the ball is trying to move faster than the sep-
arator. The opposite is true for (wp < wy).

Figure 2 shows an example of how Eq 7 might look over one complete rev-
olution of the separator. This is a case such as a radially loaded bearing, in
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+d A

0

-d.i

FIG. 2—Example of ball excursions over an element of time dt through a full
orbit of a ball.

which a given ball speed would have a sinusoidal profile and the separator
speed would remain constant.
In Fig. 2,

N 27
J dA + J dA = Ay = positive distance
»=0 P2

P2
J dA = A, = negative distance
P1

For an ideal case, if all the balls were located in the ball pockets with a clearance
of greater than A; between them and the forward edge of the pocket and a
clearance of greater than A, between them and the trailing edge of the
pocket, then no ball to separator interaction would occur. Thus,
Ay + |A;| = A = theminimumdesiredpocketclearance. Therefore, the total dis-
placement of the ball with respect to the separator is the integral of the absolute
value of dA,

21
A= J IdA| (11)
»=0
Now let
Wy
=||1—— 12
<o) ‘ [ wlj (12)
Then Eqgs 11 and 12 become
E 21
A= —J E(p)do (13)
2 )0
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Equation 13 may be numerically integrated between any two limits ¢, and
¢ + 2A@ according to Simpson’s Rule,

E

@ +2Ap A
A= EJ tdg == {qu [E(@1) +4E(@1 + Ap) + E(o) + 2A<0>]} (14)
P1

For our case, Ap = 21/2n so that ¢, + 2A¢ will take the analysis from a ball
located at ¢, to the next ball located at ¢; + 27/n.

The physical basis of the model is illustrated by the specific example of a
bearing under a combined thrust and radial load, as in Fig. 3. The ball at p =0
is the heaviest loaded (the controlling ball) and has minimum wg. The lightest
loaded ball is at ¢ = 7 and has maximum wg. Starting at ¢ = 0, a ball is not in
contact with the leading edge of the retainer until either f;”:f *dA = C or
¢, = m, whichever occurs first.

Analysis of Forces due to Ball Skidding

The magnitude of ball pocket forces generated is estimated by an energy bal-
ance method in which the energy lost at the interfaces between the ball and the
inner and outer races is equal to the energy input into the bearing by a traction
force at the inner ring that is necessary in order to overcome the drag force due
to skidding. When the ball and separator are in contact, the ball will slip an
amount dA in a time increment dt. This slippage will cause a traction-induced
energy loss of dA x uP at each sliding ball-race interface, which in turn shows

'PmlnT s
Ball pocket clearance, C

FIG. 3—Example of a possible ball and separator arrangement with a slow
ball at ¢ = 0 and a fast ball at p = =.
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up as added bearing torque. Additional energy is lost by the ball pocket force
against the rotating ball and by the net retainer force sliding against the control
land. Torque drag due to these energy loss mechanisms is treated in a later section.

For the condition in which a ball is in contact with the ball pocket leading
or trailing edge (other than the control ball), dA is given by Eq 6. The meaning
of a positive dA is that the ball is trying to move faster than the separator and
will push the separator once A > C. For negative dA, the separator is pushing
the ball. In either case, we stipulate that dA represents the distance that the ball
must slip with respect to the inner and outer races after the contacting condi-
tions have been met.

The incremental energy loss due to this sliding action is

de = uP;dA + pP,dA (15)

For slow speeds, where P;=P,=P,

de = 2uPdA (16)

Equations 15 and 16 assume rigid behavior between the ball and the separator
pocket. The real amount of slippage will be less due to the deflection that
occurs in the separator. For the sake of simplicity, we continue to assume rigid
behavior as an approximation.

Energy input into the bearing in order to overcome the energy loss of Eqgs
15 and 16 must come from a traction force F; located at the ball contact with
the inner ring. That is,

1
de = FIE (E — dcos f;)w;dt = udA(P; + P,) 17

Substituting Eq 6 for dA in Eq 17 gives

1

Fi=(E — dcos f;)wdt = u(P; + P,)

|

(wp — wy)dt (18)

\o)]

In solving for the traction force, we find that

_ WPi+P) (@_ws)

i (I —ycosf;) \w; 5,

19)

At low speeds, the traction force at the outer ring F,, is equal to that of the inner
ring (Eq 19). However, in order to determine this value at high speed, we must
also consider the separator forces acting on the ball, as shown in the next section.
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Analysis of Forces due to Sliding at the Ball-Pocket Interface

Consider the force diagram in Fig. 4, showing a ball at ¢ =0. At equilibrium,
the magnitude of the normal force at the ball-pocket interface must be bal-
anced by the traction forces due to sliding at the inner and outer races. In other
words, the sum of the forces in the x-direction and the sum of moments about
the inner race contact (point A in Fig. 4) must both equal zero. Thus,

Y Fe=F,+F,~N=0 (20)

d d
ZMZZ :Foz[cosﬁa—i—cosﬂ,-] —Nicosﬂi =0 (21)

Solving for F, in Eq 21, we get

N cos f;

F =—— ——" 22
? " cosf, + cos B; 22)

With the onset of ball skidding, the ball also slides at the ball-pocket contact,
producing a traction force u/N. We neglect the influence of NV on the equilib-
rium forces P;, P, based on the assumption that u/N < P; and P,, but the
energy loss due to this additional traction force ise accounted for in our total
energy and torque generation equations. This is accomplished by our assuming
an additional element of traction force at the inner ring due to the ball to sepa-
rator interaction F; we match energies via

F

d
(E — dcos f;)w;dt = ,uSNEwbdt (23)

| —

OR

uN

o

3

PoinrAz

IR rotation

FIG. 4—Schematic of ball, races, and separator contacts showing the traction
force vectors. IR, inner ring; OR, outer ring.
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N p
B = eos B) (w) 4

Now we solve for all of the forces acting at the interfaces between the ball and
races and the ball and separator pocket.
Equation 19 gives us

P.
F, = _w(Pit,)  (op o (25)
(I —ycosf;) \wi
Combining Eq 22 with Eq 20 gives
N—F [cos B, + cos ﬁi] 26)
cos f3,
By substituting Eq 26 into Eq 22, we get
F, = F,S5b @7)
cos f3,

Finally, we substitute Eq 26 into Eq 24 to get

B VUL Wp\ . [cos B, + cos B;
O e el I

For any given ball that has met the criteria established in the preceding section,
Eqgs 25, 27, and 28 show the amount of force required as an additional input
into the bearing in order to overcome the opposing drag forces at the inner
ring, outer ring, and ball-pocket interface, respectively.

Analysis of Forces due to the Controlling Ball and Sliding
at the Separator-Land Interface

We note that at equilibrium, the net force on the retainer due to the sum of all
ball pocket forces must be balanced by a net reaction force between the separa-
tor and the control land. That force is shown generally in Fig. 5(a) for outer
land control and in Fig. 5(b) for inner land control. The final task is to sum the
contribution of the separator forces from each ball and balance these with the
force at the interface between the separator and the control land surface. This
control land can occur at either the inner or outer ring, depending on the bear-
ing design, as shown in Fig. 5. Figure 6 shows the force diagram for this situa-
tion. Here, the ball pocket forces discussed above are balanced by the reaction
force on the separator by the controlling ball S and the control land reaction
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a) Outerringland control  b) Innerringland control

FIG. 5—Two possible orientations of the land to separator force vector for an
outer ring piloted separator (a) and an inner ring piloted separator (b).

force L, as illustrated for the case of outer ring control. The coefficient of slid-
ing friction between the separator and control land is represented by ;.

In order to balance these forces, we first resolve the forces on each ball
into their components in the x- and y-directions and the moment about the bear-
ing center as shown in Fig. 7. Referring to Fig. 7, the summation of forces and

moments is given by

N

L

L(I .|.p’2)!/2

S

FIG. 6—This figure shows an example of a possible arrangement of normal
load and traction force vectors.
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g
}JL"

TN _—

Bearing .l J MB C

center

FIG. 7—This figure shows a possible orientation of the ball to separator
normal and traction force vector and the vector sum.

271
DoNe= Y N(1+4) " cos(o ~0y) 29)
=0
2n 1
oMy = DN (1 45)  sin(o - 0) (30
=0
tan vy = p (31)
E 21
> Mysc=3 %N (32)

We now need to satisfy the equilibrium component forces ) | Ny, Y N, and the
moments »_ My pgc with § and L. L is located at some angular position ¢,
around the bearing center. Figure 8 illustrates the force system for a clockwise
inner race rotation ;. In this figure, the controlling ball is positioned at the
top, so that ¢, = 0. In this case, the reaction forces that the separator pocket
experiences in the x- and y-directions are given by

Sy =S (33)

Sy = —u,S (34)
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yzi : : Separator OD =H

FIG. 8—The normal load and traction forces on the separator from the con-
trolling ball and piloting land are shown here. ID, inner diameter; OD, outer
diameter.

For the more general case of ¢, # 0,

Sy = —Scos @, + uS cos((pc + g) (35)
. . T
Sy = —=Ssin@, + uS sm(qoc + 5) (36)
E
> Mipc=2S$ (37)
But
T .
cos (goc + E) =sin ¢, (38)
. n
sm(q)c + E) = COS @, (39)
Thus,
Sy = _S(COS P+ U sin QDL) (40)

Sy = —=S(sin @, + p,cos @,.) 41)
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Returning to Fig. 9, the land force L and its friction component x,L. combine to
produce a vector sum

L= (L2 + wl?)'"” = L(1 + )" 42)

Depending upon whether we have an inner or outer race control situation, L,
will produce a force with x and y components as follows:

Inner Race Control

L, =L,sin(¢p, — ) (43)
Ly, =L,cos(p, — 1) (44)
Outer Race Control
L, = L,sin(¢; + 1)) (45)
L, =L,cos(¢, + 1) (46)
ZMI,BC = WLR 47

A

i
Bearing

center

FIG. 9—This figure shows a possible orientation of the inner ring piloting land
to separator normal and traction force vectors and the vector sum.
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where:

R = G/2 for outer race control,

R = H/2 for outer race control, and

G and H are the inner diameter and outer diameter of the separator, as
shown in Fig. 8.

Let 4 = ¢; F ¢;, where the minus sign applies for inner ring control and
the plus sign applies for outer ring control. We can now write the equilibrium
equations for the separator as

D Fe=) Ne+S:+Lysini=0 (48)
> Fy=> Ny+S8,+Ly,cosi=0 (49)
ZMBC:ZMN,BC_gs_MILR:O (50)

Next we rewrite the equilibrium equations, combining them with Eqs 32, 39,
and 40 and making the following substitutions:

A = —(cos ¢, + psing,) (51)
B = —(sing, + p;cos ¢,) (52)
K
C=—"1__R (53)
(1+m)"?

The final form of the equilibrium equations becomes

Fy(S,Ly,4) => Ny+AS+Lysin i =0 (54)
Fa(S,Ly,2) => Ny+BS+Lycosi=0 (55)
=> N- S——L =0 (56)

We now have a system of three equations and three unknowns: S, L,, and A.
Because / is a nonlinear term, we can solve the equations through an iterative
process. The solution values that satisfy 'y = F, = F3 = 0 are derived through
initial estimates for the values Sy, L,o, and/y and the determination of changes
via the Newton-Raphson method.
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oF _ . J) %_ Jl %__2_C
oL, = sin /, 8LV_COS’ oL~ I
8F1_ 8F2_ . 8F3_
W—chosi, 27 = —L,sin 4, W_O

Computation of Total Ball Speed Variation Drag Torque

We have now solved for the forces at the ball-race interfaces F;, the ball—
pocket interface of the controlling ball S and pS, the ball-pocket interfaces of
the remaining balls N and p N, and the separator-land forces L and p,L. We
have demonstrated how an energy balance method is used to determine the
traction input force that is necessary in order to overcome the force due to
energy loss at the ball-race interface. A similar method is used to determine
the force required in order to overcome the energy loss due to other drag forces
shown here. As these input forces are conveyed through the rotating inner ring
at the contact between the ball and race, the drag torque component is simply
the product of the force and the radius, 1/2(E — dcos f3;).

Validation of Model

The BSV mechanical force model described above has been built into a bearing
computational analysis program called DYBA using Fortran. The program
requires detailed knowledge of the bearing geometry, material properties, and
operating conditions. The program generates inputs for the bearing model,
such as the operating contact angles and individual ball loads, and then
receives drag torque values for each of the drag sources described above. This
calculated BSV is then added to the nominal bearing drag, which is calculated
separately within DYBA, to obtain the total bearing drag. The nominal bearing
drag is segregated into estimates for the “load component,” due to Coulombic
friction and material hysteresis at the ball to race interfaces, and for the “lube
component,” due to viscous losses caused by shearing of the lubricant.

Over the past several years, this program has been used frequently in the
design of new aerospace bearing applications and in the analysis of anomalies
in existing applications. Although much of the data from those programs are
not publicly available, the data described here appeared in a report to the U.S.
Air Force in 1967 [5]. This paper reports a study in which cage design features
and the external loads placed on the bearing were varied in order to allow ob-
servation of their effects on drag torque. A 204 sized bearing was operated at
5000 rpm using a light oil (MIL-L-7808). Specific details of the bearing design
are listed in Table 2. The configuration of the experimental test fixture is shown
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TABLE 2—Details of the bearing design used to validate the mathematical model.

Bore 0.7874 in.
Outside diameter 1.8504 in.
Ball diameter 0.3125 in.
Number of balls 8

Pitch diameter 1.330 in.
Outer ring curvature 0.55

Inner ring curvature 0.53
Bearing materials 52100 steel

schematically in Fig. 10. In all the cases we discuss, the land control was at the
inner land, and the diametric land clearance was 0.020 in.

Eight bearing configurations were tested. The bearing configuration varia-
bles are summarized in Table 3, and testing included all eight permutations of
these variables. The external bearing loads were set at 70 Ib pure thrust load
(L1) and 70 Ib thrust load plus 10 Ib radial load. The 10 Ib radial load in the
second loading arrangement (L.2) was hung off center by 1 in. The circumfer-
ential ball pocket clearance was set at 0.005 in. (C1) and 0.020 in. (C2), and
the transverse pocket clearance was set at 0.005 in. (T1) and 0.020 in. (T2).
The variability in transverse clearance was not tested using the DYBA BSV
model because it considers separator forces only in the circumferential

Transducer

o5

Drive et
rus
Pulley Wire Support Low Strength
/ ] Housing Connector

ml \/\ \/\ e
: e —  ThrustCap
|J [ 1= - _l/ :

v \/\
|
W= Es
—— A
BSV Test Fixture e LY
Weight

FIG. 10—Schematic diagram of the test fixture used to collect the data shown
in Table 4 and Fig. 11 (not drawn to scale).
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TABLE 3—Variables used in the bearing tests.

1 2
Load (L) 70 1b thrust 4 O Ib radial 70 1b thrust 4 10 1b radial
Ball/pocket circumferential clearance (C) 0.005 in. 0.020 in.
Ball/pocket transverse clearance (7) 0.005 in. 0.020 in.

direction. Each test combination was run three times, and the eight combina-
tions were randomized. Each of the eight test combinations was run with a
bearing different from those in the general population for that design. A total
of 12 different bearings were used in four different retainer geometry configu-
rations, with each configuration tested three times at two different loads. Each
replication represented a different test setup; the same bearing was not used in
the same setup three times in a row.

The test results and analytical predictions are both listed in Table 4. The
first load condition has no radial load and should therefore produce no BSV
forces. Because there is no sustained contact with the separator, the pocket
dimensions should not affect the forces. Thus, the theoretical predictions are
consistent through the first four columns, representing all data with no radial
load. The observed variation in the test drag torque is due to uncontrolled
experimental variability, which is described in the source article.

With the application of a 10 Ib radial load (see the last four columns of
Table 4), we observe the onset of BSV drag in the calculation and an increase in
measured drag in the bearing tests. The prediction of 0.398 oz in. drag torque with
more open circumferential pocket clearance increased to 0.656 oz in. when this
clearance was reduced. This reduction was expected, because the ball-pocket

TABLE 4—Drag torque predictions and measured values, in ounce-inches, for the eight different
experimental configurations. L1 and L2 are two different loading conditions, C1 and C2 are two
different circumferential ball pocket clearances, and T1 and T2 are transverse ball pocket clearances
of 0.005 in and 0.020 in., respectively

L1: 70 1b thrust + 0 1b radial L2: 70 1b thrust + 10 Ib radial
C1:0.005 in. C2:0.020 in. C1:0.005 in. C2: 0.020 in.
T1 T2 Tl T2 T1 T2 T1 T2
Test 1 1.08 0.77 1.17 1.23 1.52 1.11 1.50 1.38
Test 2 1.23 1.40 1.57 1.12 1.86 1.70 2.12 1.56
Test 3 1.05 0.95 1.38 1.03 1.31 1.21 1.18 1.38

DYBA lube torque ~ 0.292 0.292 0.292 0.292 0.266 0.266 0.266 0.266
DYBA load torque ~ 0.944 0.944 0.944 0.944 0.979 0.979 0.979 0.979
DYBA BSV torque  0.000 0.000 0.000 0.000 0.656 0.656 0.398 0.398
DYBA total torque 1.236 1.236 1.236 1.236 1.890 1.890 1.643 1.643
Average test data 1.15 1.09 1.34 1.15 1.65 1.48 1.61 1.49
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FIG. 11—Comparison of the total bearing drag torque including experimental
test data and the DYBA prediction using the model presented here.

interaction is reduced with greater clearance. The experimental values show a
comparable increase in drag torque with the application of the radial load. How-
ever, there was no discernable effect of the circumferential ball/pocket clearance.
We suggest that this is because the expected change (0.246 oz in., from the DYBA
BSV model) is within the range of experimental variability (0.25 oz in., from the
pure thrust load testing). Note that the calculated values for DYBA load torque
and DYBA lube torque are also dependent on the loading configuration and cage
geometry. This is because the applied radial load results in higher losses at the ball
to race interface, and opening the pocket clearances results in more retainer centrit-
ugal forces at the land interface, with both effects resulting in a higher load torque.
These effects also cause higher calculated temperatures and reduced viscous
losses, resulting in a reduction of the lube torque component.

Figure 11 shows a graphical representation of the data listed in Table 4.
We find that the DYBA prediction agrees well with the observed increase in
drag torque upon application of the radial load in the case with greater circum-
ferential clearance (L1C2 to L2C2). The DYBA prediction shows a further
increase in BSV force with a decrease in circumferential clearance (L2C2 to
L2C1), as expected. However, the experimental data show only a very small
increase, probably due to uncontrolled experimental variables.

Conclusion

A mathematical model of the primary mechanical forces involved in ball speed
variation (BSV) was derived. This model includes forces at the ball to race,
ball to separator, and separator to piloting land interfaces. These forces can be
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converted to individual sources of bearing drag torque. When added to the
nominal bearing drag, the results of this model provide a quantitative estimate
of the total bearing drag under conditions of misaligned or radial loading. This
analytic tool has been applied to the design of new bearing systems and in the
study of anomalous behavior with existing systems. The results have been
favorable, contributing to several successful designs.

In the study presented here, we compared the model predictions with the
results of bearing tests conducted in a laboratory. We found excellent agree-
ment with the observed increase in total bearing drag when the loading
arrangement was changed from a pure thrust load to a thrust load plus a radial
load. The model also provided reasonable predictions for growth in the BSV
drag when the ball pocket clearance was reduced, but the experimental data
showed only a very small increase.
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ABSTRACT: Bearings are used in a number of spacecraft applications, rang-
ing from minimal motion devices, such as pointing mechanisms, to high-
speed components, such as control moment gyroscopes and reaction and
momentum wheels. Terrestrial applications include pumps, axles, and tool-
ing. Heat-transfer modes for rotational systems in a vacuum environment dif-
fer from their terrestrial counterpart. In space, with the absence of air, heat
transfer consists of radiation from the rotating system and conductance
through the bearings themselves. Depending on the application, conduct-
ance could dominate the effects on bearing temperatures and thermal gra-
dients. Accurate thermal predictions are important because they can drive
life and performance requirements. To accurately predict bearing tempera-
tures, basic bearing thermal conductance data was needed. However, bear-
ing thermal conductance tends to be the most significant unknown in a
rotational system in the space environment. To address this shortcoming,
this paper explores a new vacuum test rig designed to measure bearing con-
ductance under simulated operational conditions. Experimental variables
include control of the bearing rotational speed, applied axial load, and aver-
age bearing temperature and temperature gradient via an applied heat
source/heat sink mechanism. All tests are conducted in vacuum. The experi-
mental variables studied herein allowed parametric studies to be conducted
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under controlled thermal and mechanical conditions, permitting the explora-
tion of the influences of those operational variables on bearing thermal con-
ductance. This paper will describe the test method, the use of uncertainty
analysis to design the experiment, and a verification study.

KEYWORDS: bearing thermal conductance, bearing thermal resistance,
experiment, uncertainty analysis, design

Nomenclature
A = shaft heat meter cross-sectional area
a = major axis of the Hertzian contact ellipse
= minor axis of the Hertzian contact ellipse
d = shaft heat meter diameter
G, = bulk thermal conductance across the test bearing
= flange heat meter flange thickness
k;, = thermal conductivity of the ball material
kem = thermal conductivity of the flange heat meter
k; = thermal conductivity of the inner race material
k, = thermal conductivity of the outer race material
kg = thermal conductivity of the shaft material
L= shaft pyrometer separation distance
0O;, = input heat entering the test bearing inner race
Oou = output heat exiting the test bearing outer race
= calculated variable based on measured values x; through x,
R, = total thermal resistance across a single bearing ball
;= thermal resistance from the inner race to the ball in a bearing
R, = thermal resistance from the outer race through the ball of a bearing
r; = radial distance to the flange heat meter inner thermocouple
r, = radial distance to the flange heat meter outer thermocouple
Tm1 = measured flange heat meter inner temperature
Tm2 = measured flange heat meter outer temperature
Ti, = measured test bearing inner race temperature
Tou = measured test bearing outer race temperature
T,; = measured lower shaft pyrometer temperature
Ty, = measured upper shaft pyrometer temperature
x,, = measured value to which R is sensitive
0x, = uncertainty in measurement of x,,
Introduction

Accurate temperature predictions for a bearing in a vacuum environment call
for knowledge of two independent thermal parameters: bearing thermal con-
ductance and heat generation. Heat generation, which is related to torque and
speed, tends to be the better-known quantity. Models and software programs
have previously been designed to calculate and quantify torque (i.e., software
codes BRGS10C, developed by Alan Leveille, and the Jones software
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developed by A. B. Jones). Torque and speed tend to be a known for a given
application; thus, the focus of this study was to develop a means of experimen-
tally quantifying bearing thermal conductance.

The only well-established analysis used to calculate bearing thermal con-
ductance, developed by Yovanovich, is for dry (non-lubricated), static (non-
moving) bearings [1,2]. A need exists to expand this capability to lubricated,
dynamic bearings. In the past, a small handful of test rigs were constructed
with the purpose of obtaining bearing thermal conductance data [2—13]. The
first successful dynamic test rig was designed and constructed by Delil et al.
[5,6]. This test rig was used to measure thermal conductance across a moving
bearing under controlled thermal and mechanical conditions by other research-
ers [7-9]; however, the maximum bearing speeds were limited to approxi-
mately 2500 rpm. Most data collected was within the range of hundreds of
rpm. Over the years, demands on bearings have increased and speeds of 3000
rpm and above in a vacuum environment are common. Takeuchi et al. designed
a test facility to measure thermal conductance of small 101-sized bearings at
these higher speeds to address data needs [10—12], but industrial demands have
motivated development of capabilities to accommodate larger bearings.

A new test rig, described herein, was designed and constructed to measure
the bulk effective thermal conductance across a bearing in a vacuum environ-
ment. The test rig was designed to control several thermal and mechanical con-
straints including speed, axial load, and thermal profile for the larger bearings
up to 305-size. This paper describes the test facility’s characteristics, discusses
the use of uncertainty analysis to optimize the experimental measurement accu-
racy, and verifies the experimental method by comparing pilot measurements
with the best-known analytical model available—the Yovanovich model for
calculating thermal conductance across a dry, static bearing [1,2]. A follow-up
paper [13] will describe how the test facility was used to conduct parametric
studies and measure bearing thermal conductance on lubricated, dynamic (con-
stant speed) bearings.

Test Capabilities and Design

Design of the test rig was based on the bearing thermal conductance equation:

_ l . Qin + Qout

Gy, =
b 2 Tin - Tout

ey

where G, is the test bearing conductance, Q;, and Q. the heat entering and
leaving the test bearing, respectively, and T;, and T, the temperature of the
test bearing at the inner and outer races, respectively. The derivation of this
equation is shown in Appendix A. The heat and temperature variables represent
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the basic measurements that need to be recorded to determine the test-bearing
thermal conductance.

The variables that need to be controlled include both the thermal and me-
chanical conditions that are applied to the test bearing. Speed, axial loading,
temperature, bearing materials, and presence/absence of lubricant are moni-
tored and varied under controlled conditions for parametric studies. These
parametric studies are needed to separate out the impact of each variable and
understand how operational conditions, materials, and lubricant influence the
bearing thermal conductance.

The test rig is shown in Fig. 1. The test fixture assembly is enclosed in a
vacuum chamber to eliminate convective heat-transfer effects. A data acquisi-
tion system is used to control the experiment and collect test data.

Figure 2 shows a schematic representation of the test rig. The particular
configuration used to date was designed to accommodate a single 305-size
bearing. A separate configuration that accommodates a 305-bearing pair has
been built and results will be reported in the future. A prescribed axial (thrust)
load is applied to the test bearing using an in-house developed axial load de-
vice, which is essentially a stepper motor connected to the load frame. The

FIG. 1—Photograph of the bearing thermal test chamber.
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~ Test bearing

Axial load _J
device

Flange heat
meter

Shaft

Motor cooling
block

Motor

FIG. 2—Schematic diagram of the test fixture.

axial load device is used to apply a downward force on the outer race, whereas
the inner race is held in place by a shoulder on the shaft.

The speed of the bearing inner race is controlled with a motor and spindle
assembly, whereas the outer race is held stationary. An optical sensor is used to
monitor the rotational speed of the shaft.

The thermal system was designed to be based on one-dimensional heat
transfer, and is highlighted in a red box in Fig. 2. It is shown in more detail in
Fig. 3. The heat sink consists of a cooling channel around the outer diameter of
the flange heat meter. The thermal source consists of a heat lamp, which emits

Flange heat meter,
h Q,,; (Heat Sink]

For measn{ement of Q,,,
] i Ll
=J Full Annulus T T L=Jansl‘ant
fami - Mhm2  temperature

Test Bearing Bolt holes heat sink

Shaft heat meter,
For measurement of Q,

e Temperature
measurements

Q,, (Heat Souce)

FIG. 3—Schematic diagram of the thermal system in the test fixture.
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radiated energy. This thermal energy is absorbed into the lower portion of the
shaft. The lamp intensity may be varied. In a vacuum, the heat traveling up the
shaft may be assumed to enter the test bearing, as convection is absent and
blankets and surface finishes have been designed to minimize radiative losses.
The total heat entering the test bearing consists of the heat absorbed by the
shaft from the lamps and, if the shaft is rotating, the heat that is generated by
the support bearings.

The amount of heat entering the test bearing is measured using the shaft
heat meter, which consist of two non-contacting infrared (IR) pyrometer sen-
sors aimed at the shaft, measuring temperature at two discrete locations. These
shaft temperature measurements, T, and T, at a known separation distance,
L,, made on a shaft with a known cross-sectional area, A, provide all the infor-
mation needed to know the heat entering the test bearing, Q;,. The heat trans-
ferred to the test bearing is computed using the temperature difference
measured via the pyrometers and knowledge of the shaft geometry; because
one-dimensional (1D) heat transfer may be assumed, the heat calculation is
straightforward.

Temperature of the inner race, T;,, is measured along a moving component,
and was thus sampled using a non-contacting IR pyrometer sensor. The tem-
perature of the outer race, T,,,, measured at a stationary location, was sampled
using a type E thermocouple. The choice of thermocouples for stationary com-
ponents was preferred because of the ability to minimize temperature measure-
ment and sensor location errors as compared to the pyrometers.

The heat transfer to and across the bearing and into the heat sink is also
designed to adhere to the one-dimensional heat-transfer process. The heat trav-
els up the shaft, through the test bearing, and then flows in a radial direction
through the flange heat meter to the cooling channel that encompasses the
flange heat meter outer diameter. The flange heat meter is based on the design
of the heat flux meter originally conceived by Delil et al. [5]. The total heat
leaving the bearing, Q. is determined by taking two temperature measure-
ments, Tm and Tinmo, via E-type thermocouples at specified radial distances
along the flanged part of the meter.

Experimental Design Optimization

Ultimately, the goal of this experiment is to obtain bearing thermal conduct-
ance data within reasonable error bounds. To accomplish this goal, an uncer-
tainty analysis is used to (1) optimize the design of the experiment, (2) to study
the influence of errors in each variable, and (3) to provide the experimentalist
with an idea of the degree of accuracy required to maintain reasonable uncer-
tainty bounds [14,15]. The following sections explain how the experimental
optimization was performed.
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Uncertainty Analysis

An uncertainty analysis is useful in optimizing the design of an experiment
where the goal is to obtain an indirect measurement. An indirect measurement,
e.g., bearing thermal conductance and heat measurements, is a quantity derived
from multiple direct measurements, such as temperature measurements at dif-
ferent locations. The basic concept behind uncertainty analysis is that the total
uncertainty bound for the indirect measurement is the root mean square sum of
the partial derivative of each term that contributes to the total uncertainty mul-
tiplied by the uncertainty of that particular error term. The uncertainty analysis
equation is summarized as follows:

OR > oR 2 OR 2?2
OR = [(8}(1 5x1> +<8x2 5x2> + - +<8xn 5xn>] (2)

where R is the indirect measurement, x|, X,,...x,, are measured variables that
could potentially contribute to errors, and dx;, 0x,,...0x, are the corresponding
uncertainties of each of the measurements [14,15].

The advantage of deriving an equation for the calculation of the uncertainty
bounds of a given measurement is that parametric studies can be conducted on
the influence of each variable; thus providing the user with a means of selecting
the best parameter value for an optimal experiment.

Derivation of Bearing Thermal Conductance Uncertainty

Equation 1 shows that bearing thermal conductance is dependent on the heat
entering and exiting the bearing, as well as the temperatures of the inner and
outer bearing races. Assuming that each variable could contribute to the total
error in thermal conductance, and applying the uncertainty method to Eq 1, we

have:
9G) > [ 0G, > (0G, > 0G, :
<8Qm 5an> (aQout 5Q0ut> aTin'(STm + aTom'éTout

Solving and rearranging the equation for the bearing thermal conductance %
uncertainty we have:

1/2
0Gp=

3)

5G;,
Gy

out

(Qin + Qout) (Tin + Tout)

005 + 005, 'y 6Ty + oT;

- 100% = -100% 4)
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Note that the equation indicates that bearing uncertainty depends on both
operational variables, such as heat and temperature, as well as the measurement
errors for each of those operational variables. Temperature errors are restricted
to the accuracies of the hardware. However, the heat terms are themselves indi-
rect quantities that depend on temperature, hardware geometry, and knowledge
of the material properties of the test rig components. The shaft and flange heat
meter design geometries may be optimized to minimize the uncertainties in
heat measurement, which ultimately impact the bearing thermal conductance
uncertainty.

Optimization of Parameters

The next sections outline the optimization method for the shaft heat meter
design parameters. A similar methodology implemented for the flange heat me-
ter. In practice, many iterations were necessary given the multiple inter-related
design dimensions requiring optimization, but for documentation purposes, the
following parametric studies were conducted on one variable at a time.

Shaft Heat Meter

The shaft heat meter consists of two IR pyrometers focused at two locations
along a shaft of a fixed length and diameter. This setup allows the determina-
tion of heat input to the test bearing.

Shaft Heat Meter Uncertainty—The equation to calculate the heat entering
the bearing, Qj,,, is

Qin = : . (Tsl - Ts2) (5)

where k; is the shaft conductivity, A the shaft cross-sectional area, Ty, and T,
the shaft temperature as measured at the lower and upper pyrometer spot loca-
tions, respectively, and L the pyrometer spot separation distance.

Applying uncertainty analysis to the shaft heat meter, we have:

2 2 2
5Qin _ (aQin . 6d> + <8Qin . 5L> + <8Qin . 5/{5)

od OL Ok,
12
00in 2 00in :
+ <8Ts1 ' 5T51> + (aTﬂ . 5T32> (6)

Rearranging the equation and solving for % uncertainty, we have:
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30in <2 : 5d> g <5L> g <5ks> 2T 4 0TS
100% = || ——) + (=) + =) +—=L —s2
) [ d L ks (Tsl - Ts2)2

1/2
-100%

m

(N

There are four basic terms that govern the heat input measurement % uncer-
tainty: shaft diameter, pyrometer separation distance, thermal conductivity, and
shaft temperatures. These terms are not necessarily independent of each other.
Shaft diameter and pyrometer separation distance, for instance, influence the
shaft temperature terms. The geometric terms are design parameters, which can
be selected for optimal test performance.

Shaft Heat Meter Optimization: Shaft Diameter—The shaft diameter influ-
ences the thermal gradient across the shaft heat meter, and, as such, impacts
the uncertainty in input heat measurement. A parametric study was conducted
to determine the effect the shaft diameter has on the heat input uncertainty
bounds. The shaft material was chosen to be 410-stainless steel, because of me-
chanical and machining considerations. Analytical assumptions include:

1. Pyrometer temperature measurement errors were estimated to be

approximately =1.0°C.

2. The thermal conductivity of 410-stainless steel (the shaft material) was

known to within 10 %.

3. The pyrometer separation distance was to be measured to within £0.1

in.

4. The pyrometer separation distance was set at 1.6 in.

One purpose of the shaft heat meter is to allow quantification of the heat
input into the test bearing. The associated uncertainty bounds for these meas-
urements were calculated as a function of shaft diameter. The total heat input
also influences the uncertainty in the results, so this value was also varied and
the resulting effects are shown in Fig. 4. The shaft heat meter diameter, d, can
be optimized, but the influence of the operational variable, Q;,, impacts the
required test conditions as well; this effect that will be discussed in more detail
in a later section.

The curves in Fig. 4 imply that a thinner shaft produces a larger tempera-
ture gradient and; thus, leads to the desired result: lower uncertainty bounds on
the heat input measurement. The limit of how thin the shaft can be, however,
was constrained by the need for mechanical rigidity, which limits the minimum
shaft diameter.

The test rig went through several design iterations. Originally, the shaft
was 1 in. in diameter, to ensure rigidity of the shaft. However, this left the heat
input uncertainty unreasonably high. This result was magnified for lower heat
inputs. A closer look showed that a slight decrease in shaft diameter to 0.8 in.
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FIG. 4—Influence of shaft diameter on input heat measurement uncertainty.

dramatically improved the accuracy of the heat measurement. It was decided
that the shaft rigidity would not be compromised with this slight decrease in di-
ameter, and later tests confirmed that this assumption was valid.

Shaft Heat Meter Optimization: Pyrometer Separation Distance—Pyrome-
ter separation distance also influences heat input measurement and its uncer-
tainty. The assumptions for this analysis include:

1. Pyrometer temperature measurement errors were estimated to be

approximately +1.0°C.

2. The thermal conductivity of 410-stainless steel (the shaft material) was

known to within 10 %.

3. The pyrometer separation distance was to be measured to within £0.1

in.

4. The shaft diameter for this analysis was set to 0.8 in.

Figure 5 shows the influence of heat and pyrometer separation distance on
heat input measurement and its uncertainty bounds. The figure shows that
uncertainty decreases with increasing pyrometer separation distance. The
increased amount of input heat will also decrease the measurement uncertainty
bounds.

Note that a non-linear effect is evident where the degree of benefit dimin-
ishes at larger separation distances or for higher heat inputs. The reason a
larger pyrometer separation distance results in lower uncertainties is that a
greater distance between shaft temperature measurement locations results
in higher measured temperature gradients, leading to smaller contributions to
heat uncertainty from the temperature term. Eventually, with large thermal
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FIG. 5—Influence of pyrometer separation distance on input heat measurement
uncertainty.

gradients, the temperature term becomes insignificant and errors from other
terms, such as the shaft conductivity, dominate.

Whereas the above analysis suggests using as long a shaft length as possi-
ble, the need for mechanical rigidity limits the maximum length. Taking both
constraints into consideration, the pyrometer separation distance was selected
to be 1.6 in.

Shaft Heat Meter Optimization: Summary—There were two dimensions on
the shaft heat meter that were optimized for thermal measurement accuracy:
shaft diameter and pyrometer separation distance. Minimizing the diameter
and maximizing the length would result in improved thermal measurement per-
formance, i.e., smaller uncertainty bounds, but both of these dimensional trends
also create mechanical and structural instability. Ultimately, the relationship
between geometry and uncertainty is non-linear and diminishing returns are
evident. Thus, the dimensions chosen for the shaft design include:

1. Shaft diameter d = 0.8 in.

2. Pyrometer separation distance Ly = 1.6 in.

Flange Heat Meter

The flange heat meter consists of a disc-shaped device of a prescribed web
thickness with a cooling channel located around the outer circumference and
two thermocouples located at two different fixed radial distances along the thin
metal webbing.

Flange Heat Meter Uncertainty—The equation describing the heat transfer
through the flange heat meter, Q,;, is:
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Qout = Gﬂim . (Tfhml - TﬂlmZ) (8)

Gimm represents the flange heat meter thermal conductance, and Tg,,; and
Tm> the temperatures measured at the inner and outer flange heat meter ther-
mocouple locations, respectively.

Applying an uncertainty analysis to the output heat equation, we have:

2 2 2
(aQout . 5Gﬂ1m) + <8Q0ut . 5Tﬂ1m1> + <88TQout . 5Tfhm2) ]
fhm?2

1/2

5Qout =

©)

Rearranging and solving for % uncertainty:

5Gam\? (012 12 \]"
( ﬂ1m> + fhm1 fhl’l‘l22 -100 (10)
Gihm (Tthm1 — Tihm2)

5Q0ut
Qout

-100 =

The flange heat meter conductance is a calculated quantity. The equation for
thermal conductance across a thin disk with a hole in the center is:

27 B ki

Gm
fh In(ry/r1)

(11

where 4 is the disk thickness, kg, the flange heat meter thermal conductivity,
and r; and r, the inner and outer thermocouple locations, respectively, on the
disk.

Applying the uncertainty analysis and solving for % uncertainty, we get:

1/2

n 2 . 2 2 2
0Gmm 100% — (ra-or)” +(n 5V22) n (ﬁ) 4 <5kﬂlm> . 100%
Gﬂlm (}’1 I ln(l”z/l’l)) h kﬂ“n

(12)

Substituting into Eq 11, we have the heat output % uncertainty:

o 2 . 2 2 2
0w 1955 |2 0n) (0 Ona) <5_h> + (51%1)
Qout (7‘1 Iy - 111(1‘2/]”1)) h kfhm

OT% . + 6T 12
+<(Tfhm1 ; fh“;é)] -100% (13)
fhml — £ fhm?2
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There are four basic terms that govern the heat output % uncertainty: thermo-
couple placement, webbing thickness, thermal conductivity, and flange temper-
atures. These parameters are not necessarily independent of one another, e.g.,
the webbing thickness and thermocouple placement influences the measured
temperatures. Once again, the geometric terms will be optimized to minimize
the experimental uncertainty in the heat output measurement.

Flange Heat Meter Optimization: Thermocouple Placement—Two thermo-
couples are affixed at two different radial locations to measure the heat leaving
the bearing. The first thermocouple placement, ry, is fixed because of the size
of the bearing. The second thermocouple placement is determined using uncer-
tainty analysis.

Analysis assumptions include:

1. Inner thermocouple placement ry = 0.4 in.

2. Thermocouple placement accuracy was known within £ 0.05 in.

3. Errors in thermocouple temperature measurements were dictated by the

hardware and our calibration techniques at = 0.15°C.

4. The thermal conductivity of 305-stainless steel (flange heat meter mate-

rial) was known to within 10 %.

5. Web thickness 4 =0.15 in.

The results of the uncertainty analysis, shown in Fig. 6, illustrate that
increasing thermocouple separation distance reduces the heat output uncer-
tainty bounds, with gradually diminishing benefits seen for larger separation
distances. Increased heat through the device also reduces the uncertainty
bounds. A thermocouple separation distance of 1.5 in. was selected. Increasing

45
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—-5-Qin=15W
35 ,
.E' —A—Qin=2.0W
‘m 30
s
@ 25
5
22
‘g’ 15
ST
5
0
0.0 1.0 2.0 3.0 40

Thermocouple Separation Distance (in)

FIG. 6—Influence of thermocouple separation distance on output heat mea-
surement uncertainty.
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the radial distance further would increase risk of structural instability while
providing insignificant gains in measurement accuracy.

Flange Heat Meter Optimization: Flange Thickness—The webbing thick-
ness influences the temperature error term and, thus, the total heat output
uncertainty. An uncertainty analysis was performed using the assumptions
below:

Assumptions included:

1. Inner thermocouple placement, r; = 0.4 in.

2. Thermocouple separation distance r, — r; = 1.5 in.

3. Thermocouple placement accuracy was known within =0.05 in.

4. Errors in thermocouple temperature measurements were dictated by the

hardware and our calibration techniques at +0.15°C.

5. The thermal conductivity of 305-stainless steel (flange heat meter mate-

rial) was known to within 10 %.

The results are as shown in Fig. 7.

The figure shows that the uncertainty bounds for the measured heat output
decrease with thinner webbings, but depicts gradually diminishing returns as
the web thickness decreases. Results were sensitive to the amount of output
heat. The webbing thickness was chosen to be 0.15 in. Thinner webbing
resulted in machining challenges and did not generate a significantly reduced
uncertainty.

Flange Heat Meter Optimization: Summary—There were two dimensions
on the flange heat meter that were optimized for thermal measurement accu-
racy; thermocouple placement and flange thickness. Maximizing thermocouple
separation distance and minimizing flange thickness would result in improved

20
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—6—Qin=1.0W
—=-Qin=15W
——Qin=20W

Qout %Uncertainty
=)

w

h (in)

FIG. 7—Influence of flange thickness on output heat measurement uncertainty.
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thermal measurement performance, i.e., smaller uncertainty bounds, but both
of these dimensional trends also create structural instability and add to cost. As
consistent with the shaft heat meter, the relationship between geometry and
uncertainty in the flange heat meter is non-linear and diminishing returns are
evident. Thus, the dimensions chosen for the flange heat meter design include:
1. Webbing thickness, #=0.15 in.
2. T, separation distance r, — ry = 1.5 in.

Bearing Thermal Conductance Uncertainty

As was expressed in Eq 1, bearing thermal conductance was based on measure-
ments of heat entering and leaving the bearing as well as the temperatures of
the inner and outer races. The uncertainty bounds are based on all of these
quantities as well as the errors associated with each of these terms.

Magnitude of Error Terms

The equation to calculate the bearing thermal conductance % uncertainty is
restated as follows:

5G, 502 + 00> o1z 412 |
b 100% = | T o Tin T Wou |00, (14)
Gb (Qin + Qout) (Tin + Tout)

There are two types of terms: heat and temperature terms. The experimentalist
is limited on what can be done to optimize the temperature terms, as this is
constrained by the operational conditions, T;, and T, and the hardware limita-
tions, 0T;, and 0T, The heat term, on the other hand, can be optimized. The
focus of the optimization effort was to minimize the heat measurement uncer-
tainties, 0Q;, and 0Q,y.. The optimization of this term was worthwhile in that
magnitudes of the heat term dominate the overall bearing thermal conductance
term. To demonstrate, the magnitudes and influence of both of these terms will
be plotted and compared to see the significance of each. The two terms that
will be compared are:

5Q12n + 5Q§ut

Q erm — (15)
t (Qin + Qout)2
0T + T2
Tterm = = + s (16)

(Tin + Tout)2

The assumptions for the analysis include the following:
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1. The flange heat meter inner thermocouple radial location ; = 0.4 in.

2. The flange heat meter thermocouple separation distance r, — ry = 1.5
in.

. The flange heat meter web thickness 7 =0.15 in.

. Thermocouple placement accuracy was known within £0.05 in.

. Errors in thermocouple temperature measurements were dictated by
the hardware and our calibration techniques at =0.15°C.

. The thermal conductivity of each material was known to within 10 %.

. The shaft heat meter diameter d =0.8 in.

. The pyrometer separation distance L = 1.6 in.

. The pyrometer separation distance can be measured to within +0.1 in.

. Pyrometer temperature measurement errors were estimated to be
approximately +=1.0°C.

11. Static (0 rpm) conditions in the bearing.

Figure 8 plots the magnitude of the Q and T terms as a function of heat
input into the system. The graph shows that the magnitude of the heat term
vastly dominates the temperature term, indicating that there is additional room
for error in the race temperature measurements. This plot also indicates that the
best way of minimizing bearing thermal conductance uncertainty bounds is to
optimize the design of heat meters, which was done in the previous sections.

N B~ W

S O 03N

Bearing Thermal Conductance Error

Equation 14 showed that operational variables such as the heat flow through
the system affects bearing thermal conductance % uncertainty. Figure 9 plots
this influence.

The plot shows that an increase in heat input reduces bearing thermal con-
ductance errors with gradually diminishing returns once the heat flow increases

0.06
0.05 —&—Q term
[}]
—=-T term
S 0.04
=
5
w 0.03
=
§0,02
[
0.01
0.00 B—E—8—8—8—H-—t—F]
0 1 2 3 4 5§
Qin (W)

FIG. 8—Influence of input heat on error term magnitude.
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FIG. 9—Influence of input heat on total bearing thermal conductance error.

beyond 2 W. Overall, the bearing thermal conductance error magnitude is ac-
ceptable (<20 %) for a heat flow as low as ~1 W.

Validation of Testing Method

The method chosen to validate the experimental test apparatus was to compare
experimental measurements with the Yovanovich bearing model, which is used
to calculate thermal conductance across a dry (non-lubricated), static (non-
moving) bearing. The next sections will explain the analysis and test method
and compare the results.

Analytical Model

The analytical relationship between thermal conductance and axial load in a
non-lubricated, non-rotating bearing is well known. Yovanovich [1,2] devel-
oped the best-known analytical method, deriving the equation for bearing ther-
mal resistance. A comparison with this model was used to verify the
experimental approach before proceeding to the investigation of the more com-
plex bearing cases involving lubrication and motion.

Yovanovich’s model assumes the mechanism of heat transfer through a
non-lubricated, static bearing is pure conductance, from the hotter race,
through the ball, and finally through the cooler race (Fig. 10). The driving sour-
ces of thermal resistance across the bearing arise from the thermal contact
patches between the ball and the raceways.
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N T - P (Load)
/ Cooler Race Rcut
'y
/’ \ Rhall = R'rn + Ruut
Model \ Ball
\ / Gia = 1/Rpy
A Rin
/ \ Hotter Race

FIG. 10—Heat transfer in the Yovanovich model.

Yovanovich calculated the thermal resistance across a dry, static bearing
by modeling the ball and races as semi-infinite half-planes with the elliptical
Hertzian contact area serving as the thermal contact region. The basic equa-
tions to calculate thermal resistance across each of the ball-to-race contacts
are:

R; = ;/4k;a; + ; /4kpa; innerrace to ball thermal resistance a7

R, =Y, /4kpa, + ,/4k,a, ballto outer race thermal resistance (18)

R, = (R, + R;) total thermal resistance acrosstheball (19)
where W is a non-dimensional geometric factor defined as:

1/2
0 (1 - a—%;zb% sin29> /

n

(20)
T

And n is designated either 7 or o for the inner or outer race.

The Hertzian contact ellipse and associated major, @, and minor, b, axes
can be calculated by a number of existing programs based on classical Hertzian
theory, such as BRGS10C. Ball-bearing Hertzian contact stress analysis indi-
cates that the major and minor axes are related to the applied axial load to the
1/3 power [16]:

a, b, x P'/3 (1)

Substituting the relation between semi-major and semi-minor axes and axial
load (Eq 21) into Eq 20, we see that the non-dimensional geometric factor is
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independent of axial load, as the influence of P divides out in the non-
dimensional parameter Y. Knowing this, and substituting Eqs 20 and 21 into
Eqgs 17-19, we see that the relation between bearing thermal resistance (Eq 19)
and axial load is the inverse of axial load to the 1/3 power.

Once the resistance across each ball is known, the conductance is deter-
mined by taking the inverse of the thermal resistance. Scaling this result by the
number of balls (N) in the bearing yields the total bearing conductance:

1
G:N-R—bocPl/3 (22)

Equation 22 assumes that each ball provides an equivalent thermal pathway as
a result of pure axial load, a condition consistent with our experimental setup.
The equation for Hertzian contact area is:

day - bn
AHertzian = T * T X P2/3 (23)

Both the semi-major and semi-minor axes are proportional to axial load to the
1/3 power, as stated earlier. Thus, the total Hertzian contact area is proportional
to the applied axial load to the 2/3 power, as Eq 23 indicates.

Because we know that the Hertzian contact area is proportional to axial
load to the 2/3 power, and we found that thermal conductance is related to axial
load to the 1/3 power, we conclude that thermal conductance of a ball bearing
geometry is proportional to the square root of area.

Both the magnitude and trend predicted by the analysis compared well
with the experimental measurements, as shown in the following section.

Test Bearings

The test bearings consisted of, first, a standard, off-the-shelf, all-52100 steel ball
bearing and, second, a geometrically similar hybrid bearing containing silicon
nitride balls and steel races. A summary of the bearings are presented below:
1. Bearing make: barden.
2. Abec rating: abec 7.
3. Bearing size: 305.
4. External geometry.
(a) Bore diameter: 25 mm (0.9843 in.).
(b) Outer diameter: 62 mm (2.4409 in.).
(c) Width: 17 mm (0.6693 in.).
5. Internal geometry.
(a) Ball compliment: 10.
(b) Ball diameter: 11.0629 mm (15/32 in.).
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6. Materials.
(a) Inner race: 52|100 steel.
(b) Outer race: 52[100 steel.
(c) Ball:
i 52|100 Steel for the all-steel bearing.
ii. Bearing grade silicon nitride for the hybrid bearing.

Comparisons with Experimental Measurements

Two standard off-the-shelf Barden 305-size ABEC 7 bearings as described
above were prepared for the series of tests.

Yovanovich models of both bearing types were created and compared with
data obtained from the experimental test rig. For the Yovanovich calculations,
material properties of both 52[100 steel and bearing grade silicon nitride were
needed. Both the mechanical and thermal material properties influence the final
thermal resistance across the bearing. The Hertzian contact dimensions a and b
are related to material properties (Young’s modulus, Poisson’s ratio) and the
axial load. These values are well known or easily determined. Thermal conduc-
tivities of the bearing-grade ball and race materials; on the other hand, are not
as well-known a quantity.

Tables 1 and 2 provide material thermal conductivity information that is
available in the literature. A wide scatter in thermal conductivities is evident
for both bearing grade 52 100 steel (Table 1) and bearing grade silicon nitride
(Table 2).

Surprisingly, the variation in measurements of 52 100 bearing steel thermal
conductivity data is larger than the variation reported for bearing grade silicon

TABLE 1—52 100 Steel thermal conductivity data.

Thermal Conductivity W/m-C

Material Name (BTU-in/h- ftz—"F) References (as of 14 April 2011)
Alloy steel 52100 34.6 (240) [17]
AISI E 52100 steel 46.6 (323) [18]
52100 steel 46.6 (323) [19]
High purity 52100 steel for 34.6 (240) [20]
centrifugal pump bearings

AISI 52100 alloy steel 43.25 (300) [21]
Bearing steel 3040 (208-277) [22]
AISI 52100 43 (298) [23]
AISI 52100 45 (312) [24]
52100 47 (326) [25]
AISI 52100 25 (173) [26]
Minimum 25 (173) [26]

Maximum 47 (326) [25]
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TABLE 2—Bearing grade silicon nitride ceramic thermal conductivity data.

Thermal Conductivity

Material Name W/m-C (BTU—in/h—ftz—OF) References (as of 14 April 2011)
HIP Si3;Ny ball grade 3 30.7 (213) [23]
Bearing grade silicon nitride 30 (208) [24]
Silicon nitride ball 21 (145) [26]
Silicon nitride NBD200 29 (201) [26]
Minimum 21 (145) [26]
Maximum 30.7 (213) [25]

nitride ceramic thermal conductivity data. This could partially be a result of
improvements in accuracy for more recent thermal property experiments, the
information for bearing grade silicon nitride being newer. The scatter in data
for the silicon nitride conductivity is about 30 %, whereas it is about 50 % for
the 52 100 steel.

To compare the Yovanovich model with the experimental results, the lower
and upper analytical thermal conductance bounds were calculated based on ei-
ther 305-size all-52100 steel, or hybrid bearings with silicon nitride balls and
then compared with the experimentally derived bearing thermal conductance
measurements. The results are shown in Figs. 11 and 12. Figure 11 shows the
comparison between an all-52100 steel bearing analysis and experiment,
whereas Fig. 12 shows the comparison for the hybrid bearing.

The figures show that the calculated analytical bearing thermal conduct-
ance values encompass the measured data, meaning that the measured data
were within a reasonable range given the theoretical predictions.

Taking a closer look at the 52 100 steel conductivity data in Table 1, it may
be noted that the upper bound information seems to be more consistent

0.14
—— Yov, kmax 52100

0.12 ~ @ - 52100 experimental

0.10 —&— Yov, kmin 52100

0.08

i

Gb (W/K)

0.06

0.04
0.02
0.00
1] 10 20 30 40 50 60
Axial Load (Ib)

FIG. 11—Influence of axial load on thermal conductance of a dry static
305-size 52 100 steel bearing.
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FIG. 12—Influence of axial load on thermal conductance of a dry static
305-size hybrid bearing.

throughout the literature. Taking that consistency into consideration, the upper
bound is more likely to be reflective of the actual value. However, because the
Yovanovich model used for this analysis assumes perfect contact, the theoreti-
cal values most likely overestimate the actual bearing thermal conductance.
Thus, the measured values most likely should be lower than the calculated val-
ues. This would be true for both the 52 100 all-steel and hybrid bearings.

Summary

Little information is known on bearing thermal conductance. An experimental
test rig was designed and constructed for the purpose of making bearing ther-
mal conductance measurements under controlled conditions with the option of
performing parametric studies on bearing temperatures, rotational speed, and
axial load.

Equations were derived for the calculation of uncertainty for bearing heat
input and output, as well as the overall bearing thermal gradient. Analysis indi-
cated that uncertainty in heat measurements was the dominant source of error
bounds. Thus, both the shaft and flange heat meters were optimized to obtain
reasonable heat measurement error bounds.

The uncertainty analysis suggested an optimal shaft heat meter diameter of
0.8 in., and a minimum pyrometer separation distance of 1.6 in. For the flange
heat meter, the webbing thickness of 0.15 in. and a thermocouple separation
distance of 1.5 in. were chosen as optimal.

There was some difficulty encountered in comparing experimentally meas-
ured and analytically derived bearing thermal conductance values for dry, static
bearings because the analytical values were limited to the accuracies of the
thermal conductivity information known about the 52 100 and silicon nitride-
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bearing materials. However, the test values do lie between the lower and upper
limits of the analytical calculations, providing some validation of the experi-
mental setup.

Conclusion

A test rig was developed to measure bearing thermal conductance. An uncer-
tainty analysis was used to optimize the experimental design as well as to
determine the dominant source of measurement errors. During the design of
the test rig, an uncertainty analysis proved to be a powerful tool, as pilot data
showed that the experimentally determined values of bearing thermal conduct-
ance for 305-size all-steel and hybrid bearings are well within the bounds pre-
dicted by analytical solutions.
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APPENDIX: A: DERIVATION OF THE BEARING THERMAL CONDUCTANCE
EQUATION

The equation for thermal conductance across a bearing may be derived from the gener-
alized Fourier heat conduction equation and an energy balance of the heat flow across
the bearing, as shown in Fig. 13.

Bulk effective bearing thermal conductance is calculated in this example from the
bearing inner race to the outer race; thus neglecting contact resistance to the supporting
structures. Heat enters the bearing from the hotter race (in this case the inner race),

Ball
Outer race Inner race

Qout 2 Qin
| 1/G, |
Qe Qina

FIG. 13—Thermal model of a bearing.
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represented as Q;,, and exits the bearing at the cooler (outer) race, represented as Q.
Heat is also generated within the bearing and is represented as two variables, Qjy
(ball to inner race interface), and Q;,» (ball to outer race interface).

There are two basic equations that can be derived from the figure: a heat balance
equation, and the bearing conductance equation.

The first relation, a heat balance equation, can be represented as follows:

Qout = Qin + Qiml + Qint2 (Al)

Also, we know that the heat through the bearing is:

Q = Qin + Qintl = Gb ' (Tin - Tout) (AZ)

For this derivation, both Q;, and Q. are assumed to be equal, although the actual
split between the two can be slightly asymmetrical:

Oint1 = Oin2 = Oint (A3)

Substituting Eqs. A1 and A3 into Eq. A2 and solving for G, we have:

_ l . Qin + Qout

Gy, =
b 2 Tin - Tout

(A4)

Note that the bearing thermal conductance measurement is proportional to the heat flow
through the system and inversely proportional to the temperature drop across the bearing.
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known for accurate bearing thermal predictions in a vacuum environment. The
heat generation term, which is related to torque multiplied by rotational speed,
is the better known of the two quantities. Information on bearing thermal
conductance; on the other hand, tends to be more poorly quantified, and
thus will be the focus of this paper. A comparison will be made between the
thermal conductance of all-steel and hybrid bearings containing silicon nitride
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loading and presence of lubricant. The exact effects the aforementioned
variables have on bearing thermal conductance will be explored in more detail
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NOMENCLATURE

Aperizian = Hertzian contact area between the ball and race
a= major axis of the Hertzian contact ellipse
b= minor axis of the Hertzian contact ellipse
G, = bulk thermal conductance across the test bearing
P = axial loading
O;, = input heat entering the test bearing inner race
Oou = output heat exiting the test bearing outer race
Tave = average bulk bearing temperature
T;, = measured test bearing inner race temperature
T, = measured test bearing outer race temperature
AT = temperature difference between the bearing inner and outer races

Introduction

Accurate thermal predictions for a bearing in a vacuum environment call for esti-
mation of two independent properties: bearing thermal conductance and heat
generation. Heat generation, which is related to torque multiplied by speed, tends
to be the better known quantity. Models and software programs have been
designed to calculate and quantify torque, and speed tends to be a known for a
given application. Thus, the focus of this study was to experimentally measure
and quantify thermal conductance, the lesser known bearing variable, and in the
process understand the influence of operational conditions such as axial load,
temperature, effect of motion, presence of lubricant and materials.

A literature review reveals little information on bearing thermal conductance
[1-19], and less is known about the influence of materials, lubricant, and influ-
ence of operational variables such as axial load, temperature, and state of motion.

Analytically, Yovanovich [1,2] and Nakajima [3,4] developed a closed
form solution to calculate thermal conductance across a dry (non-lubricated),
static (non-rotating) bearing. Experimental studies have been performed to val-
idate these models [1-4].

For oil lubricated bearings under dynamic conditions, some experimental
work has been performed. Stevens and Todd [5] measured thermal conductance
of bearings typically for low speeds, such as a few hundred rpm, but in one
case, up to speeds of 2500 rpm using a test rig developed by Delil et al. [6,7].
Additional studies involving thin cross-section bearings were also executed at
their laboratory over the years [8.,9].

As spacecraft bearings have been used at higher speeds, operational demands
on bearings have grown and thermal concerns have similarly increased. A typical
spacecraft control moment gyroscope or reaction wheel may operate at speeds of
around 6000 rpm. The work conducted at The Aerospace Corporation by Takeuchi
et al. [10-12] has addressed these higher speeds. Some bearing studies have been
conducted under cryogenic temperatures by other researchers [13,14].
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Other types of bearings have been studied as well, including tapered roller
bearings [15], journal bearings [16], and radial bearings [17]. This paper will
be focused on ball bearings for space or other vacuum applications.

The sporadic data in literature for various bearing sizes and geometries
renders comparisons of what little information is known on bearing thermal
conductance difficult. This paper addresses this concern by comparing the ther-
mal conductance of two geometrically similar, 305-size hybrid and all-steel
bearings; thus providing the means to investigate the influence of ball-bearing
material. A comparison of hybrid bearings with silicon nitride balls and 52 100
steel races to its all-52 100-steel-bearing counterpart (assuming similar internal
and external geometries) allows for an understanding of material influences.
The effects of various operational conditions are studied, including axial load,
temperature, and speed. Furthermore, the influences of liquid lubricant and
run-in conditions are considered.

Experimental Hardware

The objective of the experiment is to measure the bulk effective conductance
across a bearing, from the inner surface of the inner race to the outer surface of
the outer race. Experiments are conducted while controlling variables such as
speed, axial load, temperature, ball material, and the presence of lubricant for
the purpose of allowing the researcher the capability of performing parametric
studies.

A schematic diagram of the test fixture is shown in Fig. 1. The design of
the test fixture is explained in more detail in a companion paper [20]. The test
is conducted in a vacuum environment while the basic measurements needed
to determine the bearing thermal conductance are taken while thermal and me-
chanical constraints are tightly controlled.

Temperature is controlled using a heat lamp and cooling channel as a thermal
source/sink combination. The thermal components are shown in greater detail in
Fig. 2. The heat lamp warms the shaft; this heat is conducted through the test
bearing from the inner race to the outer race and then sinks radially through the
Flange Heat Meter (based on the Heat Flux Meter as designed by Delil [6,7]) to
the cooling channel that extends around the outer diameter of the meter.

The bearing thermal conductance, G,, is calculated from experimental
measurements using the following equation

_ 1 . Qin + Qout

Gy, =
b 2 Tin - Tout

oY)

where T;, and T, are the temperature of the inner and outer races, respectively
and Q;, and Q. the heat entering and exiting the bearing, respectively. The
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FIG. 1—Schematic diagram of the bearing thermal test fixture.

heat input to the test bearing, Q;,, is determined by taking two temperature
measurements along the length of the shaft below the test bearing. The heat
output from the test bearing, Q. iS determined by taking two temperature
measurements radially along the flange of the heat meter. Temperatures of the
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FIG. 2—Schematic diagram of the thermal system in the bearing thermal test
fixture.
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rotational components are measured using infrared pyrometers, while tempera-
tures of stationary components are measured with type E thermocouples.

Mechanical controls include rotational speed and axial loading. The speed
of the test bearing inner race is driven by a motor and spindle assembly,
whereas the outer race is held stationary. The axial load on the test bearing is
applied using a stepper motor loading device that applies a downward force to
the outside rim of the flange heat meter; this ultimately places an axial load on
the outer race of the test bearing, whereas the inner race opposes this force via
a shoulder on the shaft.

The experiment was designed to minimize the measured errors using an
uncertainty analysis as described in [20]. The analysis was also used to esti-
mate the magnitude of uncertainty in the experimentally measured bearing
thermal conductance.

Parametric Studies Overview

Parametric studies were used to determine how different operational conditions
influence bearing conductance. Impact of operational conditions, such as tem-
perature and preload, were studied by performing parametric tests on each of
these variables. Material effects were studied by comparing the difference in
thermal conductance between the 305-size all-steel bearing with hybrid bear-
ings of similar geometry but containing silicon nitride balls. Experimental
measurements determined if differences in conductance existed at all. Further-
more, experiments conducted on both static and dynamic bearings were
designed to quantify the effect of motion on thermal conductance.

Static tests were performed on hybrid and all-steel bearings under both dry
(non-lubricated) and oiled conditions to examine the influence of lubricant
presence. Temperature and axial load studies were conducted in each case.

Dynamic (oil lubricated and running at a constant inner race speed) test
cases were compared with the static cases; influence of temperature and axial
load variations were studied for the dynamic cases as well.

In each case, a test matrix was necessary to separate out the influence of
individual variables, such as axial load, speed, or temperature. The test results
presented in this paper were based on a matrix reduction for the separation of
each variable.

Test Bearing Details

The hybrid and all-steel bearings were geometrically similar with designed dif-
ferences intentionally limited to the ball material. A summary of the all-steel
and hybrid bearing material composition and geometries are shown in Table 1.
As shown in that table, the sole difference between the hybrid and steel
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TABLE 1—Test bearing materials and geometry summary.

Steel bearing Hybrid bearing
Bearing size 305-size 305-size
Bearing make Barden Barden
ABEC 7 7
Race material 52 100 steel 52 100 steel
Ball material 52 100 steel Bearing grade silicon nitride
Ball diameter 0.46875 in. (11.9 mm) 0.46875 in. (11.9 mm)
Number of balls 10 10
Bore diameter 0.9843 in. (25 mm) 0.9843 in. (25 mm)
Outer diameter 2.441 in. (62 mm) 2.441 in. (62 mm)
Width 0.6693 in. (17 mm) 0.6693 in. (17 mm)

bearings is that the ball material for the hybrid bearing is made of bearing
grade silicon nitride instead of the 52 100 steel. The race material in each bear-
ing type, however, was 52 100 steel. Bearing grade silicon nitride is a highly
dense form of ceramic well-suited for the long operational life expected for
bearing applications.

The oil used for all tests requiring lubricated bearings was Nye Synthetic
Oil 2001.

Static and Dry Bearings

The influences of average temperature and temperature difference on bearing
thermal conductance were explored. Average temperature is defined as the
bulk average temperature of both bearing races

Ti T ul
Tove = w ()
Whereas temperature difference is defined as
AT = (Tin — Tou) 3)

Note that the average temperature through the bearing may remain constant,
whereas the temperature difference across the bearing changes, and vice-versa.
Adjustment of the heat lamp voltage and cooling channel temperature of the
experimental test rig yielded the necessary thermal control. A test matrix was
conducted for a series of heat lamp setting and heat sink temperatures. Then,
the test matrix reduction was ultimately used to separate the influence of each
variable.
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FIG. 3—Static dry steel bearing, Gy, versus T ., for AT =20°C.

Figures 3 and 4 illustrate the relation between bearing thermal conduct-
ance and average temperature (7,,.) for all-steel and hybrid bearings, respec-
tively. Test data were taken under three different axial loads and the bearing
race temperature difference (AT) was 20 C for all tests considered here. The
uncertainty bounds on the experimentally measured thermal conductance
data represent a 95 % confidence interval as derived from [20]. For both bear-
ing types, the figures show that the average temperature does not exert a
substantial influence on bearing thermal conductance; whereas a slightly
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FIG. 4—Static dry hybrid bearing, Gy, versus T, for AT =20°C.
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FIG. 5—Static dry steel bearing, Gy, versus axial load, for T,,,=20°C.

negative trend may be discerned by eye, the uncertainty bounds encompass
the trend, and as such, there remains doubt as to whether average temperature
affects bearing conductance. Axial loading; on the other hand, had a clearly
substantial impact on bearing thermal conductance. Thermal conductance
increased approximately 30 %—50 % with a doubling of the axial load over
the test range.

Figures 5 and 6 illustrate the relation between bearing thermal conductance
and axial load for a constant average temperature (7,,.) of 20°C. The plot
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--© - DeltaT=12C
—&— DeltaT=20C
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0 20 40 60
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FIG. 6—Static dry hybrid bearing, G, versus axial load, for T, =20°C.
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shows curves for temperature differences (AT) of 13°C and 20°C. Figure 5 cor-
responds to the all-steel bearing case whereas Fig. 6 represents the hybrid bear-
ing case. In both, it is shown that the bearing thermal conductance is
independent of thermal difference, AT, with the conductance versus axial load
curves for both temperature differences falling into close agreement over the
entire test range considered. However, bearing thermal conductance did show
sensitivity to axial load in a monotonically-increasing and non-linear manner
for both the dry all-steel and hybrid bearings.

The experimental conductance measurements performed here were com-
pared with the predictions of a well known analytical model to understand the
trends observed in the experiments. Yovanovich [1,2], who, as previously men-
tioned, derived an analytical model to calculate bearing thermal conductance,
studied the effects of loading on bearing thermal conductance for dry, static
conditions. He determined the relation between axial load and bearing thermal
conductance to be a 1/3 power law

Gy o P'? )

The relation between axial load and Hertzian contact area is a 2/3 power law

AHertzian X P2/3 (5

Together, these results lead to the conclusion that the bearing thermal conduct-
ance is related to the square root of area.

The Hertzian contact area in turn is related the mechanical material proper-
ties such as Young’s modulus and Poisson’s ratio. The Young’s modulus of
bearing grade silicon nitride is higher than that of 52 100 steel, leading to a
smaller Hertzian contact area for a proscribed axial load. Smaller Hertzian con-
tact areas thus lead to higher thermal resistances, or a slightly lower bearing
thermal conductance.

Figure 7 shows a comparison of measured thermal conductance for a
hybrid and all-steel bearing as a function of axial loading for a constant average
temperature and thermal gradient. The figure indicates that the measured
hybrid bearing thermal conductance is slightly less than that of the all-steel
bearing at higher loads (approximately 10 % less for a 50-1b axial load). Such
behavior is expected, because a higher Young’s modulus for the ceramic ball
should yield smaller contact areas between the ball and raceway. However, the
bearing thermal conductance difference between a dry hybrid and all-steel
bearing is minimal. Whereas the hybrid data is consistently slightly lower than
the all-steel bearing, it should be pointed out that the measurements fall within
the experimental uncertainty bounds.
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FIG. 7—Static dry steel and hybrid bearing, G, versus axial load, for
Toe=20°C, AT=20°C.

Static and Oil Lubricated Bearings

The next sections investigate the sensitivity of bearing thermal conductance to
the presence and quantity of oil lubrication. The run-in process, i.e., the elapsed
time and maximum speed the bearing reaches once it is in operation, deter-
mines the quantity of oil left inside the bearing mechanism. To gauge the
impact of lubricant loss, thermal conductance was measured before the test
bearing was run-in and after it was completely run-in.

Bearing Run-in

A “run-in” bearing, as used in this paper, indicates that the bearing has been
operated at a constant speed for a sufficiently long period of time such that
changes in measured torque are no longer observed when operated at a constant
motor speed. Typically, the bearing initially exhibits a higher torque and heat
generation for a given motor speed because of the uneven distribution of excess
lubricant in the bearing, which causes resistance to ball motion. As the bearing
is run-in, the torque and heat generation drop because of the lubricant loss both
from the centrifugal forces, as well as oil being pushed out from the ball to
race pathway because of ball motion, eventually reaching a minimum value.
The exact length of time required to reach a fully run-in bearing depends on
the initial lubricant quantity, maximum speeds achieved during run-in, and
bearing size.



128 STP 1542 ON ROLLING ELEMENT BEARINGS

In the tests described here, thermal conductance measurements were taken
(1) before any run-in was conducted on the bearings, and (2) after the bearings
were completely run-in at 6000 rpm. The bearings were considered completely
run-in once a minimum value of heat generation was observed and no further
changes were detected. The total run-in time took a minimum of 16 h, and no
torque changes were detected after 12 h of run-in.

Static and QOil Lubricated Bearings: Before Run-in

A number of 305-sized all-steel and hybrid bearings were lubricated with Nye
Synthetic Oil 2001 and weighed. One all-steel bearing and one hybrid bearing
were chosen for testing based on having the same initial lubricant quantity of
130 mg. Bearing thermal conductance was measured prior to performing any
run-in and then comparisons were made to the dry bearing case.

Figures 8 and 9 illustrate the test results for a static bearing lubricated with
130 mg of oil for an all-steel and hybrid bearing, respectively. The figures
show a lack of influence of average temperature on bearing thermal conduct-
ance for three different axial loads. All data in these plots were obtained for a
constant bearing race temperature difference of 7 C. The plots indicate that the
there is no substantial impact of average temperature on the thermal conduct-
ance of a static, oil lubricated bearing.

Figure 10 compares the influence of axial load on thermal conductance for
hybrid and all-steel oil lubricated bearings. All the data in the graph represent
constant thermal constraints, with an average temperature of 20°C and a
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FIG. 8—Static non-run-in oil lubricated steel bearing, G; versus T,,., for
AT=7°C.
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FIG. 9—Static non-run-in oil lubricated hybrid bearing, Gy, versus T,,., for
AT =7°C.

thermal difference of 7°C and total oil quantity of 130 mg. The results indicate
that there is little effect of axial load or material composition on the oiled-
bearing thermal conductance. Material composition had minimal-to-no impact
on thermal conductance in oil lubricated bearings. The presence of lubricant
also appears to negate any effect of axial load on bearing conductance, which
is in sharp contrast with the data shown in Fig. 7 for dry bearings.
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FIG. 10—Static non-run-in oil lubricated steel and hybrid bearing, G, versus
axial load, for T,,, = 20°C and AT =7°C.
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Figure 11 contrasts the effects of axial load on bearing thermal conduct-
ance for a dry and oil lubricated static bearing. Hybrid and all-steel bearing
data are both shown. The plot shows that the dry hybrid and all-steel bearings
are sensitive to axial load in a monotonic and non-linear manner, as predicted
previously in Yovanovich’s analytical results. This contrasts with the oil lubri-
cated bearings, which are seemingly not substantially influenced by axial load
to any measurable degree. Furthermore, the bearing thermal conductance val-
ues are approximately 3-5 times larger for the oil lubricated bearing as com-
pared to the dry bearing. This suggests that the presence of lubricant dominates
the heat transfer in the static bearing. The chosen ball materials do not appear
to influence this trend, as a comparison of hybrid and all-steel bearing thermal
conductance values fall well within error bounds.

Figure 12 depicts a possible explanation for these effects. In a static bear-
ing, the mechanism of heat transfer across the system is conduction through the
hotter race, across the hotter race-ball contact area, through the ball, across the
cooler race-ball contact area, and finally through the cooler race. The thermal
resistance across the bearing is dominated by the constrained contact areas. In
a dry bearing, this contact patch consists solely of the metal-to-metal Hertzian
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025 | .
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o - Hybrid 0 rpm
=
& 0.15
: —&— No run-in, Dry
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FIG. 11—Comparison between static dry and oil lubricated steel and hybrid
bearings, Gy, versus axial load, for T,,,=20°C.
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FIG. 12—Impact of oil lubrication on a static bearing — thermal conductance
theory.

contact area, which is strongly influenced by the applied axial load. As
explained earlier, bearing thermal conductance is proportional to square root of
area. This means the increase in conductance diminishes as the contact area
increases in size. Because load is proportional to area to the 2/3 power, and
thermal conductance is proportional to square root of area, the impact of axial
load on bearing thermal conductance decreases as area increases. For a dry
bearing, this area is very small, so small changes in applied load result in rela-
tively large changes in bearing thermal conductance.

In a lubricated bearing, the ball-to-raceway contact region consists of both
the metal-to-metal Hertzian contact area as well as the lubricant meniscus
between the ball and raceway. This increased thermal pathway substantially
magnifies heat transfer across the bearing; thus, resulting in a higher bearing
thermal conductance. The large difference between the thermal conductances
of dry and oil lubricated bearings suggest that the oil meniscus wetted area
vastly dominates over the metal-to-metal Hertzian contact area. Thus, the lubri-
cant provides the major thermal pathway for heat transfer between the ball and
raceways.

As an example, the effective contact areas were determined based on the
measured bearing thermal conductance values for a bearing with the following
characteristics:

(1) bearing size: 305-size,

(2) bearing materials: all-52 100 steel bearing,

(3) lubrication: Nye Synthetic Oil 2001,

(4) lubricant condition: non-run-in, tested as received with 130 mg oil by

weight, and

(5) axial load: 50 1b axial load.
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The calculated areas for the ball and inner race contact areas were based on
the contact geometry required to generate the measured thermal conductance,
using the Yovanovich bearing thermal model:

(1) total effective area (metal-to-metal contact area and lubricant): 0.0017
.2
in.”,

(2) metal-to-metal Hertzian contact area: 0.0002 in.%, and

(3) effective oil lubrication contact area: 0.0015 in.%.

As can be seen by the analysis results above, the oil contact area is an order
of magnitude larger than the metal-to-metal Hertizan contact area. The sizable
difference in contact area between non-run-in dry and oiled bearings suggests
that the lubricant meniscus dominates and dictates the effective thermal resist-
ance across the ball to race contact area.

The lack of responsiveness to axial load could also be explained in part by
the sheer size of the lubricant meniscus as compared to the metal-to-metal con-
tact patch. As the bearing thermal conductance is related to the square root of
area, and a diminishing sensitivity in conductance occurs with larger areas,
there is a lack of sensitivity to load. Theoretically, there should be some
response to axial loads with the presence of lubricant, but the change would be
outside the measurement sensitivity (within uncertainty bounds) for a static oil
lubricated bearing.

Static and Oil Lubricated Bearings: After Run-in

Both the all-steel and hybrid bearings were run-in at 6000 rpm for a minimum
of 16 h, then each were weighed and tested again at static conditions. At the be-
ginning of the run-in period, bearing thermal properties (conductance and heat
generation) change as lubricant is lost, but by the end of the run-in period, bear-
ing thermal conductance and heat generation reached a minimum and no addi-
tional changes were observed. Thus, further losses were deemed to have ended.

The run-in process resulted in a loss of 30 mg of lubricant from the all-
steel bearing (a total of 100 mg remained), and 40 mg of lubricant loss from
the hybrid bearing (a total of 90 mg remained). The accuracy of the mass meas-
urements was +/—10 mg. The amount of lubricant lost during run-in is most
likely because of centrifugal forces ejecting excess lubricant from the bearing.
Undistributed lubricant is also pushed out from the ball to race pathway during
bearing motion.

After the run-in process was completed, thermal conductance was meas-
ured for static (0 rpm) all-steel and hybrid bearings over a range of tempera-
tures and axial loads. Results of these measurements are shown in Figs. 13 and
14. These figures illustrate the effect of average temperature on bearing thermal
conductance for several different axial loads applied to the all-steel and hybrid
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FIG. 13—Static run-in oil lubricated steel bearing, G, versus T,h,., for
AT=10"°C.

bearings, respectively. The results show that, again, the oil lubricated bearing
is not sensitive to changes in temperature or axial loading.

Figure 15 compares the effect of axial load on bearing thermal conductance
for the all-steel and hybrid bearings before and after run-in. The difference in
thermal conductance magnitude is evident after the bearing has been fully run-
in. The magnitude of the bearing thermal conductance is substantially lower
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FIG. 14—Static run-in oil lubricated hybrid bearing, G, versus T,,., for
AT=10°C
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FIG. 15—Comparison between non-run-in and run-in oil lubricated, steel and
hybrid bearings, G, versus axial load, for T,,.=20°C.

(~40 %—50 % decrease) after the run-in period, which is as expected given the
lower lubricant quantity. The thermal conductance of the run-in, oil lubricated
bearing is still substantially higher (~2-3 times) than the conductance of the
dry bearing.

The reason for a substantially higher thermal conductance across a run-in,
oil lubricated bearing over its dry counterpart could be explained by the oil me-
niscus area, as illustrated by the following analysis. The effective contact areas
were determined based on the measured bearing thermal conductance values
for a bearing with the following characteristics:

(1) bearing size: 305-size,

(2) bearing materials: all-52 100 steel bearing,

(3) lubrication: Nye Synthetic Oil 2001,

(4) lubricant condition: run-in, 100 mg oil by weight, and

(5) axial load: 50 1b axial load.

The calculated areas for the ball and inner race contact areas were based on
the contact geometry required to generate the measured thermal conductance,
using the Yovanovich bearing thermal model:

(1) total effective area (metal-to-metal contact area and lubricant): 0.0006

in.z,

(2) metal-to-metal Hertzian contact area: 0.0002 in.2, and

(3) effective oil lubrication contact area: 0.0004 in.>.



TAKEUCHI ETAL., doi:10.1520/STP104234 135

Whereas there was a dramatic reduction in lubricant meniscus area
between the ball and raceway after run-in (from 0.0015 in.? for the non-run-in
case to 0.0004 in.” after run-in), the oil contact geometry was still 100 % larger
than the metal-to-metal Hertzian area. The oil contact area still dominates the
heat-transfer pathway after run-in, and the ball-to-race thermal contact resist-
ance is governed by the presence of the oil.

Changes in axial loading do not affect the conductance of the run-in bear-
ings, which again could be because of diminishing sensitivity with larger con-
tact areas as compared with the dry case. Thermal conductance for a static
bearing, being proportional to the square root of area, responds less as the area
increases in size. Theoretically, there should be some response to axial loads
with the presence of lubricant, but the change would be outside the measure-
ment sensitivity (within uncertainty bounds) for a static run-in oil lubricated
bearing.

The impact of ball material composition on thermal conductance is not sig-
nificant for a static bearing made of the materials considered. Instead, the
driver amongst the parameters investigated is the lubricant quantity.

Dynamic and Oil Lubricated Bearings: Test Results

Two 305-size bearings, one all-52 100 steel and the other hybrid, were tested
dynamically at a constant 6000 rpm inner race speed. The outer race was held
stationary by the Flange Heat Meter. Before undergoing testing under dynamic
conditions, the bearing was fully run-in as described in the previous section.

In Figs. 16 and 17, the two plots depict the influence of axial loading on
thermal conductance for two different average temperatures but constant
thermal difference. Figure 16 shows the all-steel bearing test results, whereas
Fig. 17 shows the hybrid bearing test results. In the plots, it can be seen that the
thermal conductance versus axial load curves fall on top of each other for both
average bearing temperatures, indicating that the average bearing temperature
did not have a substantial impact on thermal conductance over the test range
specified for either bearing type.

The results for axial load; on the other hand, indicated that the loading
influenced thermal conductance for a dynamic oil lubricated bearing. The plots
show that thermal conductance trended higher as load increased. By contrast,
the same oil lubricated bearing under static conditions, both before and after
run-in, had shown that the effect of axial load on bearing thermal conductance
was negligible over the conditions considered. This effect may be a result of
differences in the heat-transfer mechanism across static versus dynamic bear-
ings, as will be explained in more detail in the next section.

Furthermore, when comparing the static and dynamic thermal conductance
magnitudes, it may be noted that the dynamic thermal conductance was higher
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FIG. 16—Dynamic, run-in oil lubricated steel bearing at 6000 rpm, G}, versus
axial load, for AT=11°C.

than the static conductance, either before or after run-in, for any given axial
load.

For a bearing rotating at a constant speed, the steel bearing initially seemed
to respond to axial load slightly differently than the hybrid bearing. However,
Fig. 18 overlays the thermal conductance results between the steel and hybrid
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FIG. 17—Dynamic, run-in oil lubricated hybrid bearing at 6000 rpm, G, ver-
sus axial load, for AT=11°C.
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FIG. 18—Comparison of steel and hybrid bearing, oil lubricated at 6000 rpm,
Gy, versus axial load, for T,,,=20°C, AT=11°C.

bearings; there is little difference in thermal conductance between the two
bearing types.

The hybrid bearing seems to have a slightly lower thermal conductance
than the steel bearing, and it may be noted that the lubricant quantity was
slightly less than that of the steel bearing (90 mg after run-in for the hybrid;
100 mg after run-in for the steel). However, it should be noted that the differen-
ces fall within the uncertainty bounds of the experiment.

Dynamic and Oil Lubricated Bearings: Explanation of Results

As previously noted, there is a change in thermal conductance in response to
axial loading between static and dynamic bearings. This section details a plau-
sible explanation for the observed trends.

The mechanism of heat transfer for a static bearing is different than that for a
moving bearing. For a static bearing, the heat-transfer mechanism is conduction
through the races, balls, and the contact areas between the races and balls. The
major source of thermal resistance in a static, conduction driven bearing is caused
by the geometric constriction between the ball and raceway. The size of the con-
tact area has been shown to drive the bulk thermal resistance across the static bear-
ing. As previously noted, the degree of sensitivity to axial load is dependent on the
size of the contact geometry caused by the thermal conductance being proportional
to the square root of area, which is in turn proportional to the applied axial load to
the 2/3 power. This means the smaller the area, as with dry bearings, the more sen-
sitive thermal conduction is to axial loads, but this effect decreases with increased
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size. The presence of lubricant vastly increases the contact area; thus, rendering its
response to axial load outside the sensitivity range of the test hardware. For a
dynamic bearing, mass transport dominates the heat-transfer process, as heat is
absorbed by the lubricant and ball surface from the hotter race, is then transported
by the ball motion, and finally is deposited at the cooler race. The conduction
mechanism plays a much lesser role for a bearing moving at 6000 rpm.

With mass transport as the mechanism of heat transfer, a band of lubricant
around the ball transports the bulk of the heat, as shown in Fig. 19. The width
of the band is governed by the Hertzian contact length, a, which is the contact
ellipse major axis between the ball and raceway. The major axis is oriented
normally to the pathway; thus, governing the width of the band. As the load
increases, the Hertzian contact length grows in size, as shown in Fig. 20, and
thus, the lubricant volume carrying heat from the hotter to cooler race is
increased, resulting in a higher bulk effective conductance across the bearing.

The length of the Hertzian contact ellipse varies proportionally to axial
load to the 1/3 power. Interestingly, over the load range considered in the
experiments, i.e., from 2050 1b, the contact ellipse length a increases in what
seems to be an almost linear manner. This is a similar trend to the measured
increase in bearing thermal conductance of a bearing rotating at a constant
speed of 6000 rpm. However, it would be erroneous to extrapolate and consider
the effect on thermal conductance as linear over a larger range of axial loads.

Furthermore, because of the higher Young’s modulus of the ceramic ball
as compared with the all-steel bearing, the Hertzian contact ellipse is slightly
smaller, resulting in a smaller contact length a. Logically, this would mean that
the hybrid bearing should have a slightly lower thermal conductance, which is
consistent with measured observations. It should be noted, however, that,
whereas the hybrid was consistently lower in thermal conductance over the

Hertzian Contact
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Path
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FIG. 19—Impact of oil lubrication on a dynamic bearing — thermal conductance
theory.
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FIG. 20—Calculated hertzian contact ellipse major axis, a, versus axial load.

load range considered, the test data values are so close to each other that the
curves fall within the uncertainty bounds of one another.

Summary

A number of parametric studies have been explored and results compared
between all-52 100 steel and hybrid bearings. Over the examined temperature
ranges, the bearing outer and inner race temperatures did not impact bearing
thermal conductance.

The influence of axial loading, motion, lubricant presence and quantity had
a substantial impact on bearing thermal conductance, as shown in Fig. 21. This
graph summarizes the impact of axial loading on bearing thermal conductance
for hybrid and 52 100 all-steel bearings for various lubricant conditions as well
as the bearing state of motion.

Thermal conductance values were the lowest for the dry static bearing
case, and responded to axial load to the 1/3 power. The presence of oil greatly
enhanced bearing thermal conductance and reduced the sensitivity of conduct-
ance to axial load in static bearings. Lubricant quantity also dominated the
magnitude of static bearing thermal conductance. Larger oil quantities facili-
tated heat transfer across the bearing. For each static case considered, the
mechanism of heat transfer was conduction and the dominant thermal resist-
ance was attributed to geometric thermal constriction at the ball to race
interfaces.

For the same oil lubricated bearing under constant 6000 rpm speed, the
response to axial load was quite different as the mechanism of heat transfer
changed from conduction to mass transport.
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FIG. 21—Comparison of steel and hybrid bearing, Gy, versus axial load, for
Toe=20°C; A Summary.

In each case, the results showed that the conductance magnitudes and
trends are similar between hybrid and 52 100 steel bearings, indicating that ball
material composition did not substantially impact the bulk effective heat trans-
fer across the bearing.

Conclusion

Two thermal properties impact bearing temperatures in a vacuum environment:
thermal conductance and heat generation. Heat generation tends to be the better
understood quantity; thus, the focus of this study was the lesser known thermal
conductance. The investigation showed that the thermal conductance magni-
tude and its response to operational and oil lubricant quantities were strikingly
similar between steel and hybrid bearings. Thus, any observed differences in
temperatures between hybrid and steel bearings may be assumed to be gov-
erned by heat generation and not by bearing thermal conductance.
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ABSTRACT: Mechanical components (bearings, gears, mechanisms) typi-
cally utilize hard materials to minimize wear and attain long life. In such com-
ponents, heavily loaded contact points (e.g., meshing gear teeth, bearing
ball-raceway contacts) experience high contact stresses. The combination of
high hardness, heavy loads, and high elastic modulus often leads to damag-
ing contact stress. In addition, mechanical component materials such as tool
steel or silicon nitride exhibit limited recoverable strain (typically less than 1 %).
These material attributes can lead to Brinell damage (e.g., denting), particu-
larly during transient overload events such as shock impacts that occur dur-
ing the launching of space vehicles or the landing of aircraft. In this paper, a
superelastic alloy, 60NiTi, is considered for rolling element bearing applica-
tions. A series of Rockwell and Brinell hardness, compressive strength, fa-
tigue, and tribology tests have been conducted and are reported. The
combination of high hardness, moderate elastic modulus, large recoverable
strain, low density, and intrinsic corrosion immunity provides a path to the
creation of bearings largely impervious to shock load damage. It is antici-
pated that bearings and components made from alloys with such attributes
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might alleviate many problems encountered in advanced aerospace
applications.

KEYWORDS: materials, tribology, bearings, shock load resistance,
mechanical components, superelastic materials

Introduction

The industrial revolution of the 18th and 19th centuries brought forth impressive
new mechanical and materials technologies that vastly improved manufacturing
and transportation but also created the need for an improved understanding of
phenomena (stresses and deformations) encountered in highly loaded contacts
(e.g., in bearings and gears). Hertz developed some of the earliest analytical
stress models for contacting surfaces such as ball bearing-raceways and the
wheel-rail interface [1]. The Hertz model is sufficiently general to include the
radii of curvature of the surfaces, their elastic moduli, and the contact loads [2].
Hertz’s calculations for contact stress, for example, explain what happens when
two solid bodies contact each other and how damage occurs when the deforma-
tions and stresses exceed allowable material limits.

Such models have guided the design of mechanical components. For
instance, Hertz calculations are used to estimate the contact stress in bearings
between rolling elements and raceways, as well as between the contacting points
of meshing gear teeth. Using “Hertz” stress levels as a guide, the contact geome-
try and material properties can be tailored so as to minimize stresses and distrib-
ute the load. Over decades of experimental development, so-called Hertzian
contacts in machine elements have evolved to incorporate hard materials with
commensurately high stiffnesses and relatively low values of ductility and recov-
erable elastic strain [3]. Though this approach yields long life and low friction,
such components are susceptible to localized damage during high load events.

Contact that occurs between curved surfaces made from hard and stiff
materials results in very small contact areas and high local stresses. In a bear-
ing subjected to a shock or other type of overload situation, denting of the pre-
cision raceway can readily occur and is called Brinell-type damage [4]. Brinell
denting of surfaces often leads to rough operation and premature fatigue failure
and is avoided largely by limiting overloads and tailoring contact geometry so
as to reduce the peak stress. The use of less rigid, softer materials could reduce
local contact stresses but would also lead to the loss of load capacity and struc-
tural rigidity, higher operating friction, and generally lower fatigue life. Many
of these negative effects can be traced to excessive deformation in the contact
areas and the susceptibility of softer, less rigid surfaces to damage caused by
foreign particles such as dirt and hard wear debris. Based upon the prevailing
and successful use of hard, rigid materials in mechanical components, one can
infer that hard and stiff is preferable to soft and less rigid.

An alternate method to improve bearing design might be to employ materi-
als that are sufficiently hard to mitigate wear but, at the same time, sufficiently
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compliant to minimize contact stress levels during high-load events. In effect,
what might be more desirable than the use of hard, stiff materials for mechani-
cal component applications is the use of hard but highly compliant materials.
Such a material might seem like a paradox, given that hardness and rigidity
typically go hand in hand. Furthermore, acceptable fatigue resistance is para-
mount for long life. Interestingly, but not widely recognized, the desire for
such materials is not a new concept.

In the 1950s, Oberle was among the first to propose that a relationship
exists between wear resistance and the ratio of material hardness (H) to elastic
modulus (E), or the H/E ratio [5]. He called this ratio the Modell. In his land-
mark paper, he suggested that improved machine wear life could be attained
not through the development of ultrahard materials alone but, rather, through
the identification and development of materials more resistant to indentation-
induced damage. Oberle assumed that the best materials for mechanical
components were the ones that exhibited the high hardness needed in order to
provide abrasion resistance but were still of sufficiently low elastic modulus to
limit the localized stresses that occur when hard particles enter a contact. Rec-
ognizing that high hardness and high elastic modulus are generally coincident
material properties, Oberle considered hard chrome plating on softer steel sub-
strates as an alternate means to achieve a high effective Modell.

More recently, other researchers have followed this example in order to
purposefully engineer coatings and surface treatments to enhance the H/E ratio
and tribological performance [6]. Ceramic coatings, surface conversion treat-
ments, and bonded metallic films on more elastic substrates have been exten-
sively evaluated. It has been observed that the coatings that perform best in
sliding are not necessarily the hardest but, rather, those with a high H/E ratio
[5,6]. Though Oberle and more recent researchers seem to have concentrated
upon sliding contacts, their approaches lead to equal, if not more compelling,
arguments when applied to concentrated rolling contacts such as bearings,
gears, and other mechanical components.

Engineering bearings from materials with a high Modell could enhance
performance in several ways. A reduced elastic modulus will result in a higher
degree of elastic deformation (strain) under a given load, leading to an
increased contact area and reduced peak Hertz stress. Thus, in theory, higher
load levels could be endured without exceeding local stress limits, provided
that high levels of elastic strain are accommodated. Such a high Modell bearing
should also be less susceptible to debris denting. Of course, an adequate mate-
rial hardness would be required in order to mitigate more general types of wear
such as abrasion. Successful bearing materials must also be compatible with
lubricants such as oil or grease and be of sufficient strength to withstand typical
machine loads. Other, equally critical attributes include the ability to be manu-
factured to great precision and of sufficient quality to provide reasonable fa-
tigue properties.
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The fact that no high Modell materials have yet been identified, even
though Oberle expressed his desire for the development of such materials so
long ago, suggests that such an avenue to improved wear performance is not
possible. In fact, the recent proliferation of silicon nitride ball/steel race hybrid
bearings appears to embody an approach opposite to the one promoted by
Oberle. The adoption of ceramic rolling elements increases hardness and mod-
ulus and results in reduced contact areas with mating raceways, leading to
higher Hertz stresses. Hybrid bearings are widely recognized as being prone to
raceway denting because of these factors, and care must be taken to limit over-
all load levels. In the aerospace industry, shock loads can be unavoidable, and
a recent example of such a failure can be readily found [7].

This paper evaluates the premise of using high Modell materials for bear-
ings, gears, and other mechanical components by considering materials from
the family of shape memory alloys. When properly prepared, some of these
materials are hard but have a relatively low apparent elastic modulus and ex-
hibit superelastic behavior. As an example, a nickel-titanium alloy, NITINOL
60, originally developed by the U.S. Navy, is evaluated for use in rolling ele-
ment bearings. A series of experiments is conducted in order to establish the
feasibility of using such materials for mechanical components, especially with
respect to applications involving high dynamic loads.

In this paper, an ordered intermetallic binary nickel-titanium alloy is intro-
duced that appears to satisfy Oberle’s requirement of high Modell while offer-
ing additional significant benefits such as greatly extended elasticity, immunity
from corrosion, tribological compatibility, and reduced density. Its feasibility
for use in bearings and components is evaluated through a variety of mechani-
cal and materials tests.

Materials: Background

Binary nickel-titanium (Ni-Ti) alloys are in widespread use in the medical and
dental industries in applications in which their biocompatibility and unique
superelastic and shape memory effect characteristics are readily exploited
[8,9]. More recently, in the aerospace industry, shape memory alloy activated
structures have been proposed and demonstrated for such applications as gen-
eral flow control, adaptive inlets and nozzles, variable geometry chevrons, vari-
able camber fan blades, and flaps and other hinged components [10,11]. These
applications capitalize upon the temperature dependent large reversible strain
change inherent in near equi-atomic Ni-Ti alloys (containing approximately
55 wt. % nickel) even when opposed by high constraining forces. The use
of such alloys in mechanical components is problematic on two fronts. Near
equi-atomic Ni-Ti alloys lack the dimensional stability required for precision
mechanical assemblies such as bearings and gears. When they are used above
or below their transformation temperature, large dimensional changes, due to
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shape memory effects, are observed. Further, such alloys have low hardness,
leading to high wear in tribological applications.

Equi-atomic Ni-Ti alloys, however, represent only a small fraction of the
compositions in this family. Within the Ni-Ti system, and in closely related
materials systems, there exist compositions that, when appropriately heat
treated and processed, exhibit high levels of hardness and dimensional stability.
For selected applications, the shape memory effect can be tailored so as to
occur well below conceivable use temperatures. An example of one such alloy
is the nickel-rich NITINOL 60 (60NiTi) alloy, which contains 60 wt. % nickel
(55 at. %) and 40 wt. % titanium. Whereas the more commonly known
NITINOL 55 (55NiTi) is soft and exhibits remarkable shape memory effects,
NITINOL 60 can be made dimensionally stable and is easily hardened to Rock-
well C 60 or higher through appropriate heat treatments. Recently, advanced
manufacturing methods have been used to produce bearing quality rolling ele-
ments from NITINOL 60 that display excellent tribological behavior [12,13].

Table 1 lists relevant material properties for 60NiTi alongside the shape
memory alloy 55NiTi and more conventional bearing materials. Although
60NiTi has about the same hardness as M50 tool steel and other bearing alloys,
it displays a relatively low apparent modulus, similar to that of titanium. This
yields a Modell (H/E) for 60NiTi that is about twice that of hardened steel and
which satisfies Oberle’s ideal of a bulk material with an enhanced Modell. In
addition to having a high Modell, 60NiTi also exhibits a certain characteristic
of shape memory alloys that is pertinent to applications in highly loaded con-
tacts, namely, superelasticity. Superelasticity is defined here as a material’s
ability to undergo large (more than 3 %) strains that are fully recoverable. Typ-
ical bearing steels exhibit recoverable strain limits of less than 1 %.

In the following sections, a series of experiments are presented that are
designed to determine the potential of a high Modell material such as 60NiTi
to offer enhanced performance in applications such as bearings, gears, or other
mechanical components. Hardness, tribology, fatigue, and basic materials tests
are considered. These sub-component and indirect tests are used to support the
concept of making shock resistant components utilizing high Modell materials.
Furthermore, this paper explores the potential of other such materials to offer
engineering solutions to longstanding problems and vulnerabilities facing pre-
cision mechanical systems.

Materials: Processing History

This study focused on a single composition of NiTi, namely, 60NiTi. Several
diverse processing paths were used to fabricate samples for the various tests used
to evaluate the potential of this material for bearings, gears, and other mechanical
components. The goal was not to determine the best form of 60NiTi but, rather, to
simply and conveniently generate a basic set of properties for this material.
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60NiTi balls were manufactured via a high temperature proprietary powder
metallurgy process roughly similar to that described in the literature [14]. Pre-
alloyed 60NiTi powder was hot iso-statically pressed into rough, spherical ball
blanks that were then ground, hardened, polished, and lapped to produce high
quality (grade 5) bearing balls 12.7 mm in diameter. A multi-step thermal pro-
cess (heat treatment) was used to enable rough grinding of the bearing balls in a
softened state followed by lapping to a very fine surface finish in a final hardened
condition. The finished 60NiTi ball specimens, shown in Fig. 1, were bright and
shiny in appearance and resembled conventional polished steel balls.

The 60NiTi plates were processed via two slightly different methods. In one
case, plates were processed by means of vacuum induction skull melting fol-
lowed by casting in graphite molds. Once removed from the molds, the ingots
were subjected to hot isostatic pressing to consolidate any internal voids remain-
ing from the casting process. Figure 2 shows a collection of castings from which
test specimens were cut. This material is referred to herein as “cast” 60NiTi. In
the second method, an electro-slag re-melt process followed by hot rolling was
used to produce a plate material, referred to herein as “hot-rolled” 60NiTi. All
samples, regardless of starting condition, were given a final hardening heat treat-
ment (980°C for 1 h) followed by oil or water quenching. Some preliminary prop-
erties of the 60NiTi were also measured in the as-received condition (i.e., cast or
hot-rolled), for comparison to the heat-treated material.

0 1

FIG. 1—Photograph of 60NiTi polished ball specimens prior to testing.
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FIG. 2—60NiTi cast ingots from which test specimens were fabricated.

The density was measured as 6.71 g/cm?, which is about 15 % lower than
the corresponding value for tool steel. Figure 3 shows the microstructure for a
cross section of the 60NiTi ball specimens in their final hardened and polished
condition. Hardness measurements indicated values in the range of 58 to 62 on

FIG. 3—Cross-section photomicrograph of a 60NiTi ball showing grain struc-
ture typical for powder metallurgy processed materials.
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the Rockwell C scale (HRC). Figure 4 shows representative photomicrographs
for several of the material conditions considered.

For comparison purposes, conventional bearing materials were also exam-
ined. Plates made from M50 tool steel, 440C stainless steel, and the cobalt
alloy Stellite 6B (in the precipitation hardened condition) were prepared and
tested. With regard to atmospheric attack, 440C stainless steel is considered a
corrosion-resistant bearing material, whereas Stellite 6B is considered
“corrosion-proof.” Additionally, indenter balls from bearing grade SizN, were
procured from a commercial source.

Experimental Evaluations of 60NiTi Procedures and Results

Several conventional and unconventional experimental tests were conducted in
order to determine whether a high Modell superelastic material such as 60NiTi

o . «—— “Long
transverse”

FIG. 4—Cross section of 60NiTi: (a) isometric view of hot-rolled material; (b)
microstructure of cast and hot iso-statically pressed material, and (c) micro-
structure of the cast and hot iso-statically pressed material after heat-treatment.
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can be a candidate material for mechanical components. These included con-
ventional hardness tests, Brinell damage threshold tests, compression tests,
rolling contact fatigue tests, and spiral orbit tribometer (SOT) tribology tests.
The primary goal of these tests was to evaluate the possibility of making bear-
ings and machine components from a superelastic and high Modell material
that can better withstand dynamic overload forces without incurring permanent
damage.

Hardness Test

Standard indentation (Rockwell C indenter) hardness tests were performed on
the 60NiTi samples in the as-received and hardened conditions. In this hardness
test, a pyramidal diamond indenter is forced into the sample under a 150 kg
load. The penetration depth after indentation is automatically measured and
reported as a numeric hardness value (HRC). Soft materials such as mild steel,
annealed nickel alloys, and titanium typically register in the HRC 15-30 range.
Hardened bearing steels typically yield values of HRC 50 to 65. The hardness
results for the hot-rolled material were essentially the same as those for the
cast material. Therefore, no distinction among these processing routes is made
hereinafter. The test material is simply designated as either “hardened” or “as
received.”

As-received 60NiTi was fairly soft and had a hardness value of about
HRC 24 to 30. Following hardening heat-treatment, its hardness increased to
HRC 58 to 60. Despite such a large increase in hardness, casual laboratory
measurements and observations suggest that the material was dimensionally
stable during the heat treatment, with no significant observed warping, shrink-
age, expansion, or distortion. For comparison, the hardness values for typical
bearing materials were also measured and are catalogued in Table 2. Samples
of 440 C stainless steel exhibited hardness that mirrored that of 60NiTi, with
the hardness ranging from HRC 58 to 60. M50 tool steel was a bit harder
(HRC 60 to 63). The precipitation hardened cobalt alloy Stellite 6B was
slightly softer (HRC 44 to 46). For long life and maximum load capacity, a
material hardness above HRC 55 is generally preferred for bearing and gear
applications.

TABLE 2—Rockwell C hardness for 60NiTi and typical bearing materials.

Material Rockwell C Hardness, HRC
Stellite 6B 44 to 46
440C 58 to 60
M50 60 to 63

60NiTi 58 to 62
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Brinell Indentation Hardness Test

The Brinell hardness test consists of pressing a large-diameter (12.7 mm) ball
into the surface of a plate of the test material beyond the yield strength, result-
ing in a round and permanent dent. The diameters of the ball and of the dent,
along with the load, are used to calculate the Brinell hardness. The higher the
number, the more resistant a material is to indentation damage. In these tests,
SizN, balls were used to indent plates of 60NiTi, 440C and M50 bearing steels,
and Stellite 6B. A multi-purpose load frame was used for this test. The test
load was applied gradually over a 120 s period and varied from 10 to 3000 kg
depending upon the material tested. The test setup is shown in Fig. 5.

The data (Table 3) indicate that 60NiTi had the highest Brinell hardness at
530, followed by M50 at 500 and 440C at 435. Stellite 6B exhibited the lowest
value, 310. Clearly, 60NiTi has excellent resistance to indentation damage, but
the Brinell number alone does not give a full picture of 60NiTi’s ability to
resist damage; this is more fully delineated in the following subsections.

A follow-on measurement was made with the Brinell test set up (Fig. 5) in
which discrete loads were applied to the plate specimens using SisN, and
60NiTi indenter balls at levels below those needed to cause dents. In these
tests, a low load was placed on the indenter balls and then removed. If no dent
was observed (visually), a new test was done using a higher load. The process

Load bar

L

~t'r',ki|'ﬁt'f-t'|"e WA

4/’ Indenter ball

Test plate

FIG. 5—Brinell hardness test setup used to press balls of SisN,4 or 60NITi into
various plate materials in order to measure the indentation resistance.
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TABLE 3—Brinell hardness (BHN) and Modell (BHN/E) for 60NiTi and typical bearing materials.

Material Elastic Modulus, GPa (MPsi) Brinell Hardness Number Modell Number
Stellite 6B 210 (30.4) 302 9.9
440 C 207 (30) 434 14.5
M50 207 (30) 493 16.4
60NiITi 100 (15) 531 37.9

was repeated until the damage threshold load was determined. Table 4 gives
these threshold loads, along with the corresponding stress values calculated
using the Hertz equations [1]. These values are of great interest in engineered
systems because threshold load and stress—not a hardness number—are used
to determine the machine design.

These results illustrate the value of using hard but highly elastic materials in
concentrated contacts. Stellite 6B was indented with SizN4 or 60NiTi balls at
loads above only 10 and 15 kg, respectively. 440C withstood 51 or 150 kg, and
M350 withstood 150 and 500 kg when loaded with SizN,4 and 60NiTi balls, respec-
tively. Hardened 60NiTi proved to be the most dent resistant by far, withstanding
552 kg against SizN4 and 1509 kg when contacted by the 60NiTi ball. Clearly,
using highly elastic materials such as 60NiTi for one or both contacting surfaces
leads to a dramatically enhanced loading capability. Such a loading capability
exceeds that expected based upon hardness alone. In order to better understand
the reasons for 60NiTi’s exemplary resilience, one needs to consider its supere-
lastic nature, and this is best illustrated through the standard compression test.

Compression Test

The most generally accepted and broadly understood test data come from sim-
ple compression tests conducted on small cylindrical samples. In this test,
5 mm diameter by 10 mm long cylinders of 60NiTi were placed between

TABLE 4—Hertz contact stresses and contact diameter at the threshold load for various plate and
indenter material combinations.

Threshold Peak Stress, Contact Diameter, Average Stress,
Plate Indenter Load, kgf (Ib) GPa (ksi) mm (in.) GPa (ksi)
Stellite 6B SizNy 10 (22) 2.06 (299) 0.30 (0.012) 1.37 (199)
440 C SizNy 51(112) 3.48 (504) 0.52 (0.021) 2.32 (336)
M50 SizNy 150 (331) 5.09 (738) 0.74 (0.029) 3.39 (491)
60NiTi SizNy 552 (1214) 5.56 (806) 1.36 (0.054) 3.71 (537)
Stellite 6B 60NiTi 15 (33) 1.56 (226) 0.42 (0.017) 1.04 (151)
440 C 60NiTi 150 (331) 3.33 (483) 0.92 (0.036) 2.22(322)
M50 60NiTi 501 (1102) 5.02 (728) 1.37 (0.054) 3.35 (486)

60NiTi 60NiTi 1512 (3327) 5.90 (856) 2.19 (0.086) 3.94 (571)
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hardened steel anvils in a servo-hydraulic test frame and deformed in displace-
ment control at an initial strain rate of approximately 1 x 10~* s~" while the
strain was measured as a function of applied stress. Repeated cycles were
imposed on the same sample to a constant upper stress level determined from
previous compression tests. The data are presented as stress versus strain, and
the strength, apparent stiffness, and recoverable strain levels were assessed
based on them. Figure 6 shows the compression test results for six repeated
stress cycles on the same hot-rolled plus hardened specimen.

When initially loaded in compression, the 60NiTi sample deformed as the
load increased in a slightly non-linear fashion up to the load limit capability of
the test fixtures, in this case ~2500 MPa. When the load was reduced, the ma-
jority of the strain was recovered, save for 1 %, most likely due to plastic de-
formation. Upon repeated loading, the sample deformed reproducibly between
the same limits, with only a small hysteresis observed between the loading and
unloading segments. Subsequent loading cycles showed little deviation from
this reproducible behavior.

Two important aspects of the material behavior were revealed from this
test. The first is that a small amount (~1 %) of non-recoverable strain occurred
during the very first loading event. The implications of this one-time initial 1 %
non-recoverable strain are discussed later. The other aspect is that 60NiTi with-
stood exceedingly large amounts of recoverable strain over repeated cycles,
with no observed degradation. Typical bearing steels can withstand only a few
tenths of a percent of strain with full recovery when the load is removed. The

-2500
25 °C - compression
6 cycles to 2340 MPa e —=
- 7,
-2000 — ——— Cycle1 T
Cycle 2-6 e

-1500

-1000

True stress, MPa

-500

0 -1 -2 -3 -4 -5 -6
True strain, percent

FIG. 6—Compression behavior of hot-rolled plus hardened 60NiTi. Note: The
maximum stress level is limited by the test fixtures, not the specimen.
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extraordinary levels of recoverable strain observed for 60NiTi are typical for
superelastic materials and help explain why such high loads were required in
order to achieve a dent in the Brinell test.

Rolling Contact Fatigue Test

Rolling contact bearing materials must possess acceptable rolling contact fa-
tigue (RCF) behavior. To evaluate the RCF performance, 60NiTi rods were cut
from the hot-rolled plus hardened plate using a wire electrode discharge
machine and ground and lapped to achieve an acceptable surface finish
(roughness ~ 0.4 um rms). These were placed into a standard Federal Mogul
style tester, lubricated by mineral oil, and loaded by three tool steel balls at
three load levels corresponding to 266, 356, and 429 ksi contact stress. The test
speed was 3600 rpm, and the time to first spall was evaluated as indicated by
accelerometer detection. The results are summarized in Table 5. For compari-
son, high quality, fully commercialized bearing steels can withstand about
500 ksi without experiencing fatigue failures.

The 60NiTi results varied widely. At the highest stress, 429 ksi, life ranged
from 2.2 to 8.4 h. Clearly, this stress level exceeds the capability of the currently
available rods. At 356 ksi, the life ranged from a low of 4.2 h to well over 169 h
in one test. At the lowest stress, 266 ksi, life ranged from 13.8 h to greater than
840 h. In this latter case, there was no failure and the test was intentionally
ended, and the fatigue life was deemed essentially infinite. Examination of the
spalls and close scrutiny of the rods using cross-sectional metallography
coupled with scanning electron microscopy and energy dispersive spectroscopy
x-ray analyses helped clarify the sporadic fatigue behavior observed.

Figures 7 and 8 show images of the wear tracks following rolling tests at
266 and 429 ksi, respectively. Under the low load, the wear was a mild
polishing-type wear. At the higher load, the failure appeared as a classical
fatigue spall likely originating at subsurface flaws, a characteristic common for
hard, limited ductility materials undergoing repeated contact. Cross-section
images of the microstructures shown in Fig. 4(a) revealed stringers of oxides
and other hard inclusions, residual porosity, and multiple coarse phases within
the NiTi matrix. The microstructure after the hardening treatment was essen-
tially the same as that shown in Fig. 9.

TABLE 5—Preliminary RCF life for 60NiTi rods (loaded against M50 steel balls, 3600 rpm, mineral
oil lubricant).

RCEF Stress Level, Ksi Wear Track Width, um RCF Life, h
429 850 £ 18 5.7+32
356 701—/-25 5.4 (typical)

266 540 13.8 to 841 (no failure)
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FIG. 7—Wear track surface following RCF test at 360 ksi; no failure observed.

FIG. 8—Spall damage on a hardened 60NiTi rod surface following testing at
580 ksi.
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FIG. 9—Optical micrograph of a cross-section of one of the hardened 60NiTi
RCF rods showing voids and second phase precipitates.

These flaws and the large variability in their size are undoubtedly contrib-
uting factors to the scatter and early failures seen in many of the tests. It is
likely that those samples that exhibited superior fatigue performance, nearing
that of commercial steels, had smaller subsurface defects than those with
shorter lives. Further fatigue tests are planned that will utilize higher quality
specimens made via powder metallurgy and other processing routes that will
reduce the size and density of such defects. Despite the variability, even the
current 60NiTi rods can be considered for modestly loaded applications with
respect to fatigue. Furthermore, given the poor quality of the tested material in
terms of the microstructure, the fatigue data are actually quite encouraging.

Spiral Orbit Tribometer Tribology Testing

The tribological behavior of 60NiTi in a lubricated rolling contact was eval-
uated using an SOT. In this test, a single powder metallurgy processed 60NiTi
ball was loaded between two rotating 440C steel disks, lubricated with syn-
thetic oil, and tested in a vacuum. The 60NiTi ball was marginally lubricated
with a small quantity (~25 pg) of oil. The test conditions fell within the bound-
ary lubrication regime that helped assess the tribological and tribo-chemical
compatibility of the material.

The SOT, depicted in Fig. 10 and described in detail elsewhere [12,15], is
basically a thrust bearing with one ball and flat races (plates). One of the plates
was stationary, and the other rotated to drive the ball into an orbit that was an
opening spiral. The ball contacted a “guide plate” at the end of each orbit that
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forced the ball back into its initial orbital radius. A piezoelectric force trans-
ducer supporting the guide plate sensed the frictional force that developed on
the ball as it slid on the rotating plate. During this contact, the coefficient of
friction was obtained from this force and the load imposed on the system. Prior
to testing, the ball specimen was dipped into a dilute oil-solvent solution,
depositing a thin (~25 pg) volume of lubricant onto the surface. Tests were
typically run for several thousand cycles, until the oil was consumed and fric-
tion rose. The number of test cycles, prior to a steep rise in friction, was used
as the indication of tribological performance.

Under these conditions, which are considered representative of precision
bearings, the performance (life and friction) was comparable to that observed
with 440C bearing balls. Figure 11 shows the friction results from several com-
parative tests. The results clearly show that 60NiTi met or exceeded the tribo-
logical capabilities of the standard 440C stainless steel. Typical lubricant
lifetimes were approximately 30 000 to 60 000 revolutions, indicating a slow
lubricant consumption rate. In one test (not shown) using both 60NiTi plates
and balls, the rig was permitted to run well beyond the complete consumption
of lubricant. The friction climbed to a coefficient of around 0.35 but was stable,
and no galling tendencies were observed.

Also shown in Fig. 11 are SOT results for solid Ti-6Al-4V balls and 440C
balls that had been previously sputter coated with a thin film of pure titanium.
Both of these ball material configurations aggressively degraded the lubricant
and experienced high friction and seizure within a few dozen revolutions.

0.4
_~— Ti film on 440C ball
i 0 orbits

c 03 T — Ti-6AL4V ball
£ 1000 orbits ;
B |
= a
e
= 0.2
B
(5]
=
8 440C steel ball —~ _
(3]

0.1

— -
Nitinol 60 ball — Running to failure
0.0 I I I
0 20 000 40 000 60 000
Orbit number

FIG. 11—SOT results for various balls running against 440C plates lubricated
with Pennzane 2001A oil.
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Discussion

The primary goal of this investigation was to assess the potential of highly elas-
tic, hard materials such as 60NiTi to satisfy the demands of tribological con-
tacts and to withstand extreme loading events in mechanical systems while
remaining undamaged. A series of novel and conventional experimental meas-
urements were used to provide input for such an assessment. The results of
these experiments are remarkably consistent and support the validity of using
hard superelastic materials for mechanical components.

The SOT tribology test results indicate that 60NiTi exhibits behavior com-
parable to that of high performance bearing steels. This result is welcome,
although somewhat unexpected, given the significant differences in the surface
chemistries of steels and 60NiTi. The long lubricant lifetimes exhibited might
also indicate that further improvements might be possible through a more
appropriate choice of lubricant or the use of additives tailored for nickel and ti-
tanium metallurgy. In addition, the tribology results indicate the potential for
reduced friction.

Figure 12 shows the friction coefficients for 440C and 60NiTi balls rolling
on 440C plates. The friction for 60NiTi is consistently lower than that for
440C. The exact reason for the lower friction with 60NiTi is not yet fully
understood, but it might be related to the superelastic behavior of the 60NiTi
ball in that the normal elastic deformation of the surfaces as they contact is

04
03—
So021
0.1 — _-— 440C steel ball
P “
g //
Nitinol 60 ball —
0.0 | | | |
0 50 100 150 200 250

Orbit number

FIG. 12—lnitial friction traces for a 440C steel ball and a 60NiTi ball rolling
against 440C plates. Both balls were lubricated with ~25 ug oil.
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better recovered than in steel ball materials, which experience deformation
losses (hysteresis). Based upon these considerations, the lower friction and
higher overall efficiency of bearings, gears, drives, and mechanical components
might be expected.

The results from the most basic standard Rockwell and Brinell hardness
tests offer little evidence that 60NiTi differs to any appreciable extent from a
common bearing material. The Brinell hardness of 60NiTi was around 530,
and its Rockwell C hardness was 60 to 62. These values compare closely to
those of M50 and 440C tool steels and indicate good prospects for the use of
60 NiTi in highly concentrated contacts.

The conventional compression test results illustrate the unique and unusual
deformation behavior of 60NiTi. The compressive behavior of 60NiTi was
found to differ substantially from that of other hardened bearing materials.
Hard bearing materials have a low strain to failure, typically 1 % or less. They
are stiff, unyielding, and brittle. 60NiTi, in contrast, is superelastic. Its stress
strain behavior is complex, as shown in Fig. 6. In the first loading cycle, strain
builds slowly over a broad strain range. At more than 5 % strain and 2.5 GPa
load, the test fixture had reached its contact load limit. The load was then
reduced, and we can see that at full unloading over 4 % of the strain was recov-
ered. Subsequent loading cycles exhibited only fully recoverable “elastic-like”
responses. In reality, this was superelastic behavior due to the formulation of
stress-induced martensite during loading and its transformation back to austen-
ite during unloading. In the current setup, the maximum allowable strain in
compression was not reached or measured. Relative to conventional bearing
steels, 60NiTi exhibited remarkably high levels of recoverable strain. It is hard,
yet it combines a low apparent modulus and an extraordinarily extended region
of recoverable deformation. Based upon the slope of the stress-strain curve and
the result from the Brinell threshold load limit tests, which showed permanent
deformation only above 5.7 GPa, one can extrapolate that the recoverable elas-
tic strain limit lies near 10 % strain. This will need to be verified by future
tests.

With respect to engineering applications, the superelastic behavior of
60NiTi offers significant benefits. Highly deformable materials that can also
withstand high levels of recoverable strain are more forgiving of overload
events. Under extreme loads, such surfaces will momentarily and elastically
deform, creating a relatively large contact area with commensurately low con-
tact stress and a reduced chance of permanent damage. Highly recoverable
materials can also better withstand debris-induced damage. For instance, in a
ball bearing, the superelastic nature of 60NiTi can allow a ball to overrun a
hard debris particle by temporarily deforming rather than incurring a perma-
nent dent through plastic flow. In order to realize this benefit, some pre-
straining (e.g., coining or forging) will be required before a component reaches
its finished geometry. This is necessary in order to eliminate the potential for
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plastic deformation as shown in the first loading cycle in Fig. 6. Such treatment
is common with high performance materials, and for 60NiTi it will ensure that
all the deformation that occurs in use is of the fully recoverable type.

The Brinell style indentation experiments used to determine the load
threshold for permanent damage provide compelling evidence that a superelas-
tic material can contribute to the improvement of mechanical components and
devices. The threshold load for damage for the 60NiTi system (ball and plate)
is at least 1 order of magnitude higher than that of the best hybrid bearing sys-
tem currently in use. The reason for this behavior can be best understood
through the contact stress modeling embodied in the Hertz equations. For a
given contact geometry, the stress between a ball and a plate is dictated solely
by the elastic modulus of the ball, the plate, and the load. Table 4 lists the
results. The lower stiffness of 60NiTi results in a larger deformed contact area,
and thus the peak and average stresses are reduced compared to those of mate-
rials with higher elastic moduli. NITINOL’s superelastic behavior enhances
this effect in two ways. First, its superelasticity causes it to appear to have an
even smaller “effective” modulus, further reducing peak stresses. Second, its
ability to recover extremely large strains results in extraordinarily high damage
threshold loads. The behavior of 60NiTi, as observed in this series of
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FIG. 13—Graphical depiction of the indentation load tolerance of various
bearing material combinations.
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experiments, is perfectly understandable once these effects are taken into
account. The combination of low modulus and high recoverable strain provides
load tolerance, and the high hardness gives good wear resistance.

In effect, the use of a high Modell material as postulated by Oberle in the
middle of the 20th century appears quite valid. 60NiTi’s additional attractive
properties, such as low density, intrinsic corrosion resistance, and non-
magnetic properties, add to the compelling case that it is a breakthrough in
mechanical component materials. Figure 13 graphically depicts the combined
benefits of this novel approach with respect to load damage tolerance and envi-
ronmental corrosion.

Summary Remarks

This paper presents a novel approach for improving the resiliency, debris and
shock load tolerance, and efficiency of mechanical components via the adop-
tion of emerging hard yet superelastic construction materials. Through a series
of conventional and unconventional materials tests, it has been shown that low
modulus, hardened superelastic materials, such as 60NiTi, can withstand
extreme loading conditions without incurring permanent surface damage. In
contrast, bearing and gear materials currently in widespread use readily sustain
damage at much lower load levels. The test results, when taken together, indi-
cate that the superior performance of loaded contacts made from this hard
superelastic material is directly related to its unique combination of high hard-
ness, significantly reduced “effective” modulus, and extremely high levels of
recoverable strain (superelastic behavior). Based upon the investigations, the
following specific remarks are made:

« The use of hardened materials with a modest effective elastic modulus
that exhibit superelastic behavior results in significantly enhanced load
capability for contacting surfaces.

« The extreme levels of recoverable deformation that occur when supere-
lastic low effective modulus materials such as 60NiTi are placed under
heavy contact loads result in larger Hertzian contact areas that effec-
tively distribute the load, reduce peak and average stresses, and prevent
contact damage.

e O0NIiTi appears to undergo a small amount of irrecoverable plastic de-
formation during initial loading. After that, it exhibits remarkably re-
versible, superelastic strain behavior, as evidenced by cyclic
compression tests. These observations indicate that some mechanical
working of the material, such as coining or forging, might be desirable
prior to use.

« When the exemplary load tolerance of 60NiTi is considered with its pre-
viously proven benign tribological behavior, a compelling case for sig-
nificantly enhanced machine component performance is expected.
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e When one considers that the 60NiTi material is the least complex
superelastic alloy currently available, it is likely that through alloying
and other developments, materials with greatly enhanced performance
will emerge.

Though much more research will be required before we can fully under-
stand 60NiTi material and its metallurgical relatives, the results obtained thus
far point to a very bright future for many applications in which extreme load-
ing is unavoidable. Further, it is anticipated that many other materials with
similar superelastic behavior will emerge to greatly expand the tools avail-
able to mechanical design engineers for problem solving and technological
development.
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ABSTRACT: A fractional percentage of a silicone compound was inadver-
tently introduced in one lot of Rheolube synthetic hydrocarbon grease used in
the spin bearings of our momentum control systems. As a result, a decision
had to made in a very short time as to whether the grease would meet the per-
formance and life requirements. To accomplish this, a series of tests were
undertaken to compare the performance of the subject grease or oil extracted
from it to compare to the baseline lubricant. These tests represented each
phase of bearing life: vibration, beginning of life, normal operational life, and
end of life. Included were two different wettability tests, two different types of
elastohydrodynamic lubrication tests and two different types of boundary tests.
Acceptance test data of existing units with and without the subject grease
were also used to determine how operational performance was affected. In
addition to this test data, the Honeywell/Hanks lubricant life model was
used to conclude that the subject grease would support our requirements.
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Nomenclature

ATP = acceptance test procedure
BOL = beginning of life
COF = coefficient of friction
CMG = control moment gyroscope
EOL = end of life
EHD or EHL = elastohydrodynamic lubrication
IV = induced vibration
NOL = normal operating life
OPL = operating preload
Ra= Roughness average
RPM = revolutions per minute
Iss = root-sum-square
RWA = reaction wheel assembly
SRV = Schwingung, Reibung, Verschleiz (German), oscillating, friction,
wear (English)
WAM = Wedeven Associates machine
Ue = entrainment velocity

Introduction

Honeywell uses Rheolube 2000 synthetic hydrocarbon grease in the bearing
systems of Reaction Wheel Assemblies (RWA’s) and Control Moment Gyro-
scopes (CMQG). Each of these devices must pass a rigorous acceptance test pro-
cedure (ATP) prior to delivery. The ATP data and factory family data is
routinely collected to characterize performance that may indicate potential
future problems, so any out-of-family test data observed is thoroughly eval-
uated. Recently an RWA exhibited an uncharacteristic emitted vibration spec-
trum after random vibration exposure based on factory characterization tests.
As part of the anomaly evaluation, a sample of grease was sent to the Aero-
space Corporation for chemical examination, a routine practice at Honeywell.
Results of the lubricant analysis showed that 0.5 % to 1 % of a dimethylphenyl
silicone compound known as OCF-452 was present in the lubricant; this com-
bination will henceforth be referred to in this report as the “subject” lubricant.
Anecdotal, conventional wisdom and some research data had previously
given the combination of silicones and hydrocarbons in a lubricant an uncertain
reputation, primarily due to the concern of dewetting of the bearing surfaces
and possibly bearing failure. The silicone presence now became a reason for
further investigation even though no unusual performance from units lubricated
with this grease formulation had been observed on the delivered hardware.
Honeywell launched an investigation to determine the impact on operating
performance over life of this surprise additive and to identify affected hard-
ware, specifically how many lots of grease were affected and how many units
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were lubricated with grease that had this surprise additive. Further investiga-
tion found that only one grease lot was affected however, 150 RWA units were
lubricated with the subject grease lot and were either in ATP, had been
shipped, or were installed and ready for launch.

Because of this, a determination needed to be quickly made as to whether or
not this formulation would support product performance and life requirements.

Approach

Short term performance data was available to address early life performance,
but many of the RWA’s have life requirements in excess of 15 years; therefore
a real time life test was not an option. Because of this, tests and analysis were
devised to evaluate the effects of the lubricant performance at “phases” for Be-
ginning of Life (BOL), during Normal Operating Life (NOL), and at End of
Life (EOL) of the bearing system.

Life Phase Evaluation

Test and analysis methods were devised to evaluate each phase of life and com-
pare performance of the standard and subject lubricant. Table 1 presents the
tests and analyses identified for this comparison.

TABLE 1—Phases of life.

Phase of Life Method To Address Test Description Lube State
Vibration SRV test High stress, oscilla- Solvent/oil dip,
tory, ball-on-plate test reduced grease
quantity
Beginning of Life ATP Induced vibra- Extensive review of Normal Lubrication
(BOL) tion and drag torque ATP data from units quantities &
data lubed from standard procedures
and subject grease
lubricated RWAs
WAM Boundary test Low speed ball-on- Solvent/oil dip,
plate boundary lube reduced grease
test quantity
Normal Operating WAM EHL test Optical ball-on-plate Solvent/oil dip,
Life (NOL) EHL Analysis EHL test reduced grease
quantity
Late Life-End of Aerospace EHL test Stick-out EHL test 10% normal grease,

Life (EOL)

Dynamic Wettability
test

Raceway wettability
check before and
after rotation

with reduced grease

quantity and no pre-oil

to simulate starved
lube condition

solvent/oil dip

no solvent/oil dip
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For each of the tests performed, the subject grease or oil extracted from the
grease was used and compared with the standard grease or oil. To simulate the
initial exposure of the bearing system to random vibration, Schwingung, Rei-
bung, Verschleiz—oscillating, friction, wear (SRV)—testing was performed,
which simulates the oscillatory motion of the ball against the raceway using a
ball and plate. Boundary lubrication properties for BOL were compared by per-
forming testing on the Wedeven Associates machine (WAM) test machine,
which was also used to determine the elastohydrodynamic lubrication (EHL)
film thickness for NOL at operating speed. The WAM test machine uses a ball
on disk similar to the SRV testing but with a rotating disk. A separate EHL test
fixture that had a 304 size bearing was used to measure the film thickness and
determine if EOL lubrication could be compromised in the subject grease.
Finally, a visual test was performed to determine the wetting ability of bearing
surfaces with oil from the subject grease and the ability to rewet the surfaces
after bearing operation.

In addition to these tests, acceptance test procedure (ATP) drag torque and
induced vibration (IV) data from the RWA’s undergoing test was evaluated.
This data set was used as an additional figure of merit for comparison to the
grease level testing results previously described for BOL. An EHL analysis
was also performed for comparison of the test results obtained for NOL
operation.

Test Methodology and Results

Vibration Phase

In the normal life cycle of a RWA or CMG, an exposure to random vibration
occurs due to launch. During this period, the wheels are not rotating so the balls
oscillate in one spot on the raceway with reasonably high loads and many oscil-
lation cycles. The test series addressed the question: Did the presence of the sil-
icone alter the vibration performance of the lubricant?

Nye Lubricants has an SRV tester that can apply different loads to a ball
on a plate, oscillate it back and forth across a surface, and detect changes in the
coefficient of friction (COF), Figs. 1(a) and 1(b). This test was chosen to simu-
late the motion between the ball and raceway during random vibration. This
test subjects the contact to pure sliding and is considered to be conservative
when compared with the motion in the RWA bearing that includes both rolling
as well as sliding at the ball/race interface.

A total of 32 tests were run consisting of standard oil and grease and the
subject oil and grease. Four test runs of each of these configurations were
performed with the 52100 and hybrid bearing materials, i.e., 16 runs for each
configuration. Testing was performed at 20 °C (contact disc temperature con-
trolled) at 100 Hz using 0.25 mm stroke of the ball on the disc.
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(b)

FIG. 1—(a) SRV linear reciprocating tribometer, Nye Lubricants. (b) SRV test
ball in holder and stationary plate.

For the all tests, consisting of grease and oil, a film was applied to the disk
using the appropriate oil-solvent mixture then drained vertically for a con-
trolled period of time before testing or application of the grease.

For the grease tests 0.5 % of the total bearing grease pack (about 10 mg)
was applied to the plate in the form of a disc onto which the ball was subse-
quently placed, Figs. 2(a)-2(c). This is a nominal-to-high range estimate of the
amount of lubricant expected to reside in the ball/raceway interface for a bear-
ing that has been operated prior to vibration.

The applied load was incrementally increased by 50 N every 2 min during
the test while monitoring the coefficient of friction. A COF of approximately
0.25 was used as the criteria for termination of each test. Once this value was
attained the elapsed test time was recorded. Figures 3(a) and 3(b) show plots of
the collected test data for the 52100 and CRU/Ceramic systems. It should be
noted that the load step profile was the same for each material combination.

The maximum load attained for these tests was 400 N (310 ksi for the 9/16 in.
ball on a flat plate) for the 52100 system and 450 N (370 ksi) for the hybrid
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(a) (b) (c)

FIG. 2—(a) Disc coated with subject oil: Drained, dewetted surface (left) prior
to test with a horizontally drained sample for comparison, (b) standard grease:
10 mg grease applied to disc; and (c) disc shown with ball for sense of scale.

system. Test times ranged from 15 to 3700 s for individual samples, and from
200 to 900 s for the four-sample average. The energy dissipated in the contact
during the test is proportional to the area under the load-time test profile.

Table 2 shows the total relative energy at termination, ranked highest to
lowest using the standard grease and 52100 combination as the reference. The
standard grease ranks highest in the hybrid configuration, followed closely by
the standard grease and 52100 material. Overall, the performance ultimately
ranked in the order of the original expectations: standard grease, subject grease,
standard oil, and subject oil.

The subject grease performance presented one surprise. Considering that
the bearing configuration during random vibration does have grease in the ball
contact locations, the grease test data is most applicable. The subject grease
with the 52100 system had the most repeatable results of all the tests; this con-
sistency was noted as well in an earlier round of preliminary tests, SRV1, at
Nye. For the subject grease, the standard deviation was 5 % of the mean energy
absorption, versus 35 % of mean energy absorption for the standard grease.
This subject grease performance is within the bounds of the performance of the
standard grease previously shown in Fig. 3(a). This characteristic is not thought
to be related to test system repeatability or lubricant application method, but an
interesting feature of the subject grease performance. The relative lifetimes for
the subject oil tests were about half that of the standard oil. Both are character-
ized by high standard deviations which are nearly equal to the mean value of
energy absorption for the sample of 4.

To date, we have not established the basis of equivalency between the accep-
tance test and the SRV test. In the applications using similar 9/16 in. balls, mean
and 3 sigma stresses during the 60 s acceptance random vibration are 193 ksi
and 278 ksi, respectively, compared to 270 ksi and 310 ksi, respectively, for
the average and max stresses experienced on the ball-plate contact during the
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FIG. 3—(a) SRV2 step load test results (52100). (b) SRV2 step load test results
(Cru/Si3Ny).
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TABLE 2—SRYV step load test results.

Ranking Total Energy Dissipated
in Contact Prior to Failure:
Mean of 4 Samples

Sample Ratio: Normalized to
Configuration Materials (Watt-s) 52100 Standard Grease
Oil + Grease (standard) ~ CRU/Si3S, 108,299 1.20
52100 90,007 1.00
Oil + Grease (subject) 52100 63,227 0.70
CRU/Si3S, 30,315 0.34
Standard Oil 52100 31,551 0.35
CRU/Si3S4 22,326 0.25
Subject Oil CRU/Si3S4 21,667 0.24
52100 14,296 0.16

400-800 s SRV tests where grease is used. For the purpose of judging health of
the bearings, we noted the bearing induced vibration (IV) signature tests show
no out-of-family spectrums related to the two lubricant populations discussed
later in this paper.

Beginning of Life (BOL) Phase Testing

For the BOL evaluation one of the first activities was to evaluate test data from
all the units lubricated with the subject lot of grease and compare those results
with units lubricated with uncontaminated grease lots. Operating drag torques
and bearing disturbance (induced vibration) signatures from hardware built
with the subject grease were used to determine if the lubrication system was
functioning as expected or if the bearings were potentially damaged.

During the BOL phase, the grease “channels” and runs in during bearing
operation. As the bearing runs in, bearing temperatures, drag torques, and emit-
ted disturbances begin to stabilize. Based on bearing models and test data an
assessment of bearing health can be made from the drag torque and induced
vibration from the bearings.

The ATP drag torque data evaluated was from 38 RWA’s with standard
grease and 38 RWA’s with the subject grease (measurements taken twice).
Evaluated data included operating speeds of 1000 and 6000 rpm as well as am-
bient, hot, and cold operating temperatures. The standard grease bearing lot to
lot drag torque difference can be greater than 20 %. In comparison, the largest
difference seen was 14 % more drag torque with the subject grease than with
standard grease (1000 rpm, cold test). The average drag torque increase with
subject grease was about 4 % throughout all testing. It was expected that some
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drag torque change could occur due to bulk property differences between the
two lubricants. The witnessed magnitude of change is either within the
expected deviation or it could be a real difference.

If it is a real difference, it is a very small increase compared with the
increase that would be expected if the EHL film were deficient. Figures 4(a) to
4(d) show the results of the drag torque comparison at 6000 rpm. Figures 5(a)
to 5(d) show the results of the drag torque comparison at 1000 rpm. Each figure
shows an assessment of the ratio of both median subject/standard grease drag
torque ratio as well as an assessment of the relative data set distribution
deviation.

On the basis of the results of the ATP drag torque test data, there is nothing
to suggest that the subject lubricant performs significantly different from the
standard lubricant for BOL.

Pre and post random vibration IV data was also evaluated for 15 RWA’s
with the standard grease and 12 RWA'’s with the subject grease. This data set
was collected via accelerometers installed on the unit during testing and pro-
vides responses over a spectrum of frequency that was generated by the bearing
system and structure.

Specific increments of frequency (N*f) are associated with defects located
on a specific component. Evaluation of the magnitude of the responses at spe-
cific frequencies indicates the bearing surface condition in regard to defects for
each bearing component (ball, inner race, outer race). As such, it is the best
non-intrusive method to assess the change in surface conditions due to random
vibration exposure. The energy of the defects located on a specific component
is assumed to be indicated by the root-sum-square (rss) of the magnitudes at
the defect frequencies associated with that component within the analyzed fre-
quency range.

Data were taken in a 0 to 2000 Hz frequency range and defect energy was
assessed for the inner race, outer race, and ball, Figs. 6(a)-6(c). The blue data
points represent RWA’s with standard grease. The red data points represent
RWA’s with subject grease. It is obvious that the two data sets (subject grease
and standard grease) are largely coincident with each other.

An additional assessment was made using the six largest peaks (regardless
of defect location) in a frequency range of 0 to 10000 Hz, Fig. 6(d). Again, it is
obvious that the two data sets (subject grease and standard grease) are largely
coincident with each other.

In addition to evaluation of flight unit drag torque and IV data, a test was
devised with Wedeven Associates in which their Wedeven Associates Machine
(WAM 9) would be used to perform a test that would simulate BOL boundary
lubrication of the bearing system, Fig. 7.

This testing was performed at ambient conditions using a 13/16 in. diame-
ter 52100 ball with a surface finish <1 p-in. Roughness average (Ra) and
52100 disc with a surface finish of 2 p-in. Ra.
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FIG. 7—WAM 9 test machine ball on disc configuration.

For these tests the surface of the ball and the disk were coated with a thin
film of virgin Pennzane® oil to simulate actual bearing processing. Subse-
quently, a thin film of the subject grease is placed on the surface of the disk
and the testing was initiated with 0 % slip for the first 60 s of testing followed
by inducing 2 % slip with a operating contact stress of 80 ksi.

Three test runs of both the subject and standard grease were performed
individually. The traction coefficient was monitored during the test and was
used as the indicator of test failure and termination, Fig. 8.

The time-to-failure ranged from approximately 1400 to 2400 s for the
standard lubricant and 950 to 1650 s for the subject lubricant. Comparing the
average time-to-failure for each lubricant to prior data acquired for the standard

WAMB 1796 |
0.20 4 WAMB1801 : mmuw:\
WAME1799
WAME1802 | I
|wanme 1798 |
015 1 |ncreasing traction typical | | ( [
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FIG. 8—Traction coefficient versus time to failure for subject and standard

grease.
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grease in 2005, the subject grease time falls in the middle of the data set,
Fig. 9.

These results suggest that the subject lubricant performance is in a family
with the heritage standard grease. A verification of this test data was made by
comparing the wear scars on the ball and on the plate after termination of the
test, Figs. 10(a) and 10(b).

The wear scars on the ball and the disc had similar features and width
dimensions regardless if the test was performed with the standard or subject
grease. This information further supported the test data that indicated the per-
formance of both lubricants was similar.

Normal Operating Life (NOL) Phase Testing

Normal operating life encompasses the vast majority of the life span. The bear-
ing drag torque is at the lowest level in this time of life. The grease has been
channeled during NOL and the bearing is now running on a film of oil that is
continuously supplied by the nearby grease pack. The biggest concern during
this phase is that a silicone compound may cause dewetting which starves the
inlet to the ball-to-race interface and allows direct ball-to-race contact, leading
to wear and reduced life.

To evaluate this, Wedeven Associates was engaged to perform elastohy-
drodynamic lubrication (EHL) testing using their WAM 9 test machine with
optical interferometry. This instrument measures the EHL film using interfer-
ometry through a semi-transparent rotating Pyrex disk that is coated with a
sputtered chromium film upon which the ball freely rolls. Knowing the index

Time to Elevation Traction Coefficient vs. Grease Lot

Hil

STANARD GREASE SUBJECT GREASE STANDARD STANDARD STANDARD STANDARD
LOT# GREASE LOT #2 GREASE LOT# GREASE LOT# GREASE LOT#

Grease Lot

g

g

E

E

Time to 0.15 Traction Cosff. fsec)

E & 8 8

FIG. 9—Average time to failure for subject grease and standard grease.
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WAMB1798
Pt

(b)

FIG. 10—(a) Ball and disc wear scar standard grease. (b) Ball and disc wear
scar subject grease.

of refraction of the lubricant and the number of interference fringes that are
observed, an assessment can be made of the operating film thickness between
the ball and plate; see Figs. 11(a) and 11(b).

This testing was performed at ambient conditions using a 13/16 in. diame-
ter 52100 ball with a surface finish <1 p-in. Ra. For these tests, the surface of
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(b)

FIG. 11—(a) Interferometry photograph of ball running on Pyrex disc. (b)
WAM 9 test machine EHL film thickness configuration.

the ball and the disk were coated with a thin film of virgin Pennzane® oil to
simulate actual bearing processing. Subsequently a thin film of the subject
grease was placed on the surface of the disk and testing performed with a 0 %
slip condition between the ball and disc, i.e., freely rotating ball driven by
the disc. A total of eight different configurations were run of both the subject
and standard lubricant operating at entrainment velocities (Ue) of 0.09 m/s,
0.28 m/s, 0.85 m/s, and 2.54 m/s with a Hertzian contact stress of 80 ksi, Figs.
12(a)-12(d). The maximum entrainment velocity was limited by the test equip-
ment capability. For the outer race this range encompasses the entrainment ve-
locity for both the 101 and 304 size bearings at nominal speed. For the inner
race the maximum tested entrainment velocity was approximately 70 % for a
101 bearing and approximately 40 % for a 304 bearing at nominal speed.



183

HANKS ETAL., doi:10.1520/STP103909

S0 8T 0 ‘600 = 211 SSAUNINY} WY 2SDAS pADPUDIS (D) *SJU C§'() ‘8T"() ‘60" () = 2[1 SSAUYIIY} Wjif a5DI.LZ
102lqng (9) “Spu $G 7 =9 SSauyoy] wijLf asva.d 102lqns (q) “sju ¢z =2/ SSauyo1y) wjif asva.d piopuvi§ (v)—gl ‘Ol

1] (2)
SPLOSS ‘aun] SpuUcoes ‘aun)
oot o ot 0004 oot ok
r L L =
L 1 =
. D 500 = N
= B e ] =
& ¢ M- T Lo .
. n
2 3 |ee=t - ﬁ“.mrl 1 . E
r ool s ey ] ‘e _m_ . ol 8
z ’ 2 e pCahe o Sl R
5 a5l ET0 =N 1 S z
g |
a R Y E
- m. R 4
H Y . 3
- ’
.
= 5 ses g =an = §
o ol licd sseain pelung -
By SIS | wﬁ—ug - Sy e G %
N = p80] i S e =
@ (e)
SPUOISE B SPUCIAS AL
0001 001 o 0001 oo ol
i 1 " - »
! #se31 plEpURIS -
- =
: .
= m ."“th' Cag. .. W
L ] = - %
ool S oot
R ol ep Soiae Sl 3 e T 3
» E E]
! . 3 \ " . 3
asea palgng i ; £ bt I BRLLES 3 &
wezp I « § A AR o
H F
e, i L™ H sl * R e | #
\ L | « > - m
. e
L e
mvguy anmnduey OSS/WHG TR - gy sngsdue, .
" v esent o s e 98s/W S Z=a0 'y b o




184 STP1542 ON ROLLING ELEMENT BEARINGS

The data presented show a decrease in film thickness the first 200 to 300 s
in which lubricant is channeling and the oil film in the ball to disc contact is
stabilizing. For an entrainment velocity of 2.54 m/s, the subject lubricant forms
approximately 40 % more film thickness.

Over the entrainment velocity range, the subject grease formed as much or
more stabilized film thickness than the standard grease; This data set is sum-
marized in Fig. 13. The subject grease formed a thicker film at the upper and
lower end of the entrainment velocity, however, it had a similar film thickness
between 0.28 and 0.85 m/s as the standard lubricant.

The results of these tests show that the subject lubricant will form a similar
or better film during NOL of the bearing system.

End of Life (EOL) Phase

If the film of standard oil, initially applied to the bearing, is gradually replaced
by oil containing the silicone, eventually the oil lubricating the ball-race inter-
face has roughly the same concentration of silicone as the oil in the grease.
This can be thought of as near end of life and would be the worst case condi-
tion for dewetting potential, resulting in EHL breakdown and ball-to-race
contact.

With support of The Aerospace Corporation, an EHL film thickness test
was performed with the standard and subject grease with a special test fixture,
Fig. 14. The fixture used a 304 size bearing that was lubricated with a known
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FIG. 13—Stabilized EHL film thickness versus entrainment velocity summary.
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FIG. 14—The Aerospace Corporation EHL tester.

amount of lubricant less than the initial grease pack installed in the bearing at
beginning of life.

The reason for this was to simulate a limited oil supply from the grease.
The bearing preload was set and monitored using a load cell to ensure the oper-
ating preload was in the range of interest. Additionally, gap sensors were used
to determine the amount of deflection that occurs from zero to operating speed.
Knowing the contact angle of the bearing and the deflection due to operation,
the lubricant film thickness could be determined. Testing was performed at a
speed of 6000 rpm and an ambient lab temperature of 75 °F. Tests on both the
standard and subject lubricant were run up to 1900 h, Fig. 15.

These tests are still in progress at the writing of this paper. The film thick-
ness measurements in tests stabilized between 400 and 600 h. For the subject
lubricant, the average film thickness was approximately 20 p-in., which is
approximately twice the value of the data obtained to date for the standard
lubricant. The results of this data set also support the information from the
WAM boundary testing that the film thickness of the subject lubricant is as
good or better than the standard lubricant.

Wettability

There was concern that the silicone would cause permanent dewetting of the
bearing contact surfaces. Static wettability tests showed that an oil sample
extracted from the subject grease dewet bearing surfaces that were initially
wet, but the question of whether operation of the bearing after dewetting of the
surface reversed the condition remained.
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Standard & Subject Grease EHL Film
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FIG. 15—EHL film thickness of subject and standard grease on Aerospace test
fixture.

A test was set up using a 305 size bearing which has a raceway running
contact area that can be easily seen to ascertain wettability. First the bearing
was cleaned and dipped in a solvent to standard oil mixture which did not
show dewetting of the raceway as expected, Fig. 16.

Following this, a small quantity of oil extracted from the subject grease
was applied to the running surface of the rings, which resulted in dewetting.
The bearing was then rotated by hand 50 times and the contact surfaces were
observed. It was found that the surfaces that were initially dewet from the sili-
cone oil had become wet once again immediately and after a specified elapsed
time in hours.

These results were contrary to the initial thought that once the surfaces
were dewet by a contaminant, they would not wet again. This data set provided
additional confidence that the presence of silicone in the lubricant at the levels
noted would not result in permanent dewetting of the critical contact surfaces
of the bearing.

Lube Life Model

Before we could select test methods for evaluating each life phase we had to
have a mental model of how bearing lubrication works to help us define how a
new additive may affect performance during each phase. Figure 17 shows no-
menclature regarding EHL film generation. The following model was devel-
oped based on both the standard Hamrock/Dowson fully flooded EHL film
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model [1] and testing performed by Cann, Damines, and Lubrecht [2] that dem-
onstrated a relationship between specific bearing operating parameters and a
starvation correction factor that is applied to the Hamrock/Dowson calculation
to calculate EHL film thickness under starved inlet supply conditions.

The EHL film thickness that is generated when the depth of oil on parts is
not limited by oil supply is predicted by multiplying the fully flooded Ham-
rock/Dowson EHL film equation result by the appropriate starvation correction
factor.

The starvation correction factor is a function of starvation degree. The gen-
eral equation for starvation degree is:

Starvation degree (SD) =C* y * V * OPL'? /f(H..)

As shown in the Fig. 17, H. is the average oil depth on parts (ball, race)
away from the contact. When the oil supply rate to the bearing components is
adequate, the oil depth on parts is relatively constant at a given temperature
and speed because the loss mechanisms are a function of depth. Because, in a
properly greased spin bearing, the oil supply rate is adequate to provide an oil
depth that creates a constant film thickness for multiples of the life require-
ment, this is the oil depth condition that the bearing runs in for most of its use-
ful life (NOL, normal operating life). The C value in the above equation is
chosen with test data taken under these NOL conditions and the H., term is
removed from the equation. As such, it is an empirically derived constant for a
given bearing system.

There are normally two time periods that a bearing could run with less than
steady state oil depth on parts.

- If inadequate free oil is applied to the bearing at Beginning of Life
(BOL), it will take some time (perhaps thousands of hours) for the oil
depth on the parts to increase to the steady state value because the flow
rate of oil from grease is relatively small. Honeywell normally provides
free oil to the bearing parts with a solvent/oil solution dip prior to final
grease lubrication.

» As End of Life (EOL) is approached, the supply rate becomes too small
to maintain the oil depth on parts needed to create the Normal Operating
Life (NOL) film thickness. Once the depth of oil is no longer adequate to
provide an inlet depth necessary to create a sufficient film, metal to metal
contact occurs and drag torque increases. Bearing failure of high speed
bearings, based on operational experience, follows a few years later.

As previously mentioned, the starvation degree equation has been cali-
brated for Honeywell bearings based on test data (capacitance measurement,
axial deflection, thermal conductance, temperature difference between inner
and outer race) in the NOL condition. In addition, the relationship between
starvation degree and starvation correction factor has been determined using
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TABLE 3—Starvation correction factor vs starvation degree.

Regime Regime Description SD Range SCF Equation SCF Range

Flooded Film Thickness Increasing 0-1.4 1.0 1.0
with SD Increase

Flooded to  Film Thickness Increasing 1.4-2.28 1.239-0.1705+SD 1.0-0.85

Starved with SD Increase

Starved Film Thickness Decreasing ~ 2.28-6.0  (2.225-0.323%SD)/(SD*®®)  0.85-0.085
with SD Increase

Starved Film Thickness Constant >6.0 0.288/(SD"%%) <0.085

data generated by others [1,2]. This relationship is non-linear and discontinu-
ous. Table 3 shows the relationship.

The operational regime with most risk of not creating adequate oil film is
the starved regime described as Film Thickness Constant. This is the regime in
which the inlet depth is approximately equal to the film thickness. In other
words, the “shape” of the oil on the parts is a constant, not having adequate
time to move before next component pass.

There are 3 potential deleterious effects of the silicone oil.

« The steady state oil depth is less with the subject grease, due to higher

oil loss rate and/or lower supply rate at a given speed and temperature.

» The surfaces de-wet resulting in very little oil depth on parts.

« The silicone/Pennzane® oil mixture properties are inadequate to produce

an adequate EHL film thickness.

The worst case test for the first potential effect is to operate a bearing with
no free oil (low oil depth on parts) in the worst starved regime discussed above.
This can simulate an EOL condition (low oil depth on parts). This test was run
in the Aerospace EHL test fixture. A description of the results of that testing is
shown on Fig. 15. The subject grease created a film thickness similar to that of
the standard grease at beginning of the highly starved test when oil depth on
parts was at a minimum.

The test that refutes the second potential effect is the Dynamic Wettability
Test.

The Aerospace EHL testing and the WAM EHL testing both refute the
third potential effect. In fact, the Subject grease created somewhat more film
thickness than the standard grease.

Test and Analysis Results Summary

Several tests were performed in this investigation that showed the level of sili-
cone present in the lubricant was not of concern. Data from these tests were
validated by evaluation of flight unit data as well as performing analysis. The
following summarizes the results of these activities:
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The SRV testing revealed two characteristics of the subject grease that are
of interest to the comparative application of the standard and subject grease to
the RWA/CMG application. First, the minimum lifetime for both the standard
and subject grease are similar because, though the subject grease has a 20 %
lower mean life it also has a tighter life scatter. This characteristic was
observed on the original SRV test series. Second, both the standard and subject
oil-only relative lifetimes are a fraction, roughly 30 %, of the grease lifetimes,
with the subject oil-only exhibiting greater scatter, a possible area of interest.
To judge the impact of the scatter we looked at the RWA BOL spin bearing
noise spectrums to judge the presence of bearing impact and found none to be
present.

Boundary testing with the WAM test machine showed a time of 1220 s for
the subject grease to attain a traction coefficient of 0.15; this value compared
to the average time of 1225 s for prior tests performed on standard grease sam-
ples. The latest standard lubricant average time to failure was 1780 s. Overall,
comparing the test results the standard lubricant time to failure enveloped the
non standard lubricant time. This data set is also validated by the visual inspec-
tion of the wear scars on the balls after completion of each test, all of which
look very similar.

EHL testing using the WAM machine indicates the initial film thickness of
both grease types is elevated at the beginning of the test. It is suspected that the
additional film thickness during this time may be due to the early life presence of
grease thickener in the EHD contact. Eventually, the thickener is expelled from
the contact and film thickness becomes a function of oil properties. Both grease
types show a steady EHD film after approximately 200 s from test start. For an
entrainment velocity of 2.5 m/s the standard grease had ~28 % lower film thick-
ness (~80 nm) than the subject grease. For entrainment velocities of 0.85, 0.28,
and 0.09 m/s both lubricants had film thicknesses of ~60 nm after 1000 s. The
data collected also suggest that the higher the entrainment velocity the thicker
the initial film thickness for the first 100 s. Overall, both lubricants have similar
film thickness until the entrainment velocity reaches 1.5 m/s, at which the film
thickness of the subject grease is greater than the standard lubricant.

EHL testing performed using the Aerospace test machine shows that the
film thickness of both lubricants may be close to stabilization at approximately
800-1000 h. It is possible that it would further increase with time as the depth
of oil on parts increases if the steady state depth had not been reached. The
standard lubricant, at test termination, has a film thickness of 10-12 pin., which
compares to 20 uin. for the subject grease at test termination.

Static wettability tests show than an initially wet surface can be dewetted
from silicone oil in the levels experienced. Subsequent operation of the bearing
with the dewetted surfaces present demonstrates that mechanical action causes
surfaces to become wet once again. It is certainly plausible that the level of the
silicone present can affect the outcome of this test. If higher levels of silicone
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were present, the threshold at which this would occur is unknown and further
testing would be required.

Review of RWA drag torque and post-random vibration induced vibration
data reveals that there is no significant difference between the bearings with
subject grease and bearings with standard grease.

Some customers had the ability to replace the spin bearings on their hard-
ware and have chosen to do so. To date one customer has chosen to fly three of
their RWA’s with the subject lubricant based on the results of this test data. In
addition to this there are three additional units that have been in operation prior
to findings of this investigation and have been functioning normally for over
2.0 years.

Conclusions

Several tests were undertaken to simulate the life of a bearing and the condi-
tions it is exposed to over this timeframe to determine if the subject lubricant
could have deleterious effects on performance or meeting life. All of the testing
that was performed in this investigation shows that the subject grease with the
particular silicone contaminant in the quantities noted performed as good or in
some cases, better than the standard grease. This has also been validated by on-
orbit data from three units that have been in operation for 2.0 years and are
functioning normally.
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